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I nvestigations on wear and friction in the SI engine valvetrain

The engine valvetrain system operating under ifgefft oil lubrication conditions, caused by anancect installation of the gasket
between the block and the head, was tested. The faihe @nalysis was to determine the wear intensity @sistance to motion in
camshaft bearings. A model including a camsha#tirihgs, tappet-valve-spring subassemblies and & glathe lubrication system was
developed. It was used to determine the bearingsl@ad the amount of oil supplied. The volumetricrveddahe camshaft journals and
bearing covers was measured. For the estimated engim, the wear rate and resistance to motion werapared for the cases of the

engine with correct and incorrect lubrication.
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1. Introduction

The proper operation of the internal combustionireng
is conditioned by the correct operation of all @smpo-
nents, especially critical ones, such as the valiret The
valvetrain contributes to about 6 to 10 percenthef total
frictional losses in the engine [4]. Excessive s&sice to
motion and wear of mating valvetrain elements tesul
increased fuel consumption, increased oil contatitindy
wear and combustion particles, local temperatwse and
increased noise and vibration levels that may &ffee
wear and friction in feedback.

was found that the composition of lubricant-deriyedtec-
tive films formed with used oils significantly déffs from
that formed with fresh oil, which may explain impeadl
wear characteristics and reduced friction of o#ediin the
tests.

In ref. [4], attempts to reduce frictional lossasdirect
acting mechanical bucket tappet type valvetrainsudh
surface finish, surface texture and applicatiodos¥ fric-
tion coatings are described. It was observed thebse
finish and surface texture could reduce frictidoakes, but
engine oil formulation also plays a significant ecollm-

The problems of the theory of wear of the moving- el provements were observed with non-friction-modifagts,

ments of the ClI engine valvetrain systems and tiadyais
of the phenomena occurring in the sliding contacivell as
the mathematical description of this processepasented
in the paper [18].

According to ref. [11], the running-in wear of anto-
tive cam-follower systems was assessed from testsed
out using a motored PSA TU3 cylinder head. The ghan

but with friction-modified oils the overall frictio was lo-
wer, however, no additional friction benefit coldé ob-
served with surface finish or surface texture. kswalso
found that implementation of proposed GF-4 low-
phosphorus properly formulated engine oils proaiheilar

or better wear protection as compared with GF-8 odn-
taining 0.1 percent of phosphorus.

in surface topography occurring through wear can be In ref. [1], the effect of viscosity on wear undandi-

a basis for establishing an objective method ofrvesalua-
tion.

According to ref. [12], preventing the valvetrairav in
engines is one of the most important propertiesnoéngine
oil. The antiwear performance of additives (suclastsless
dispersants, metallic detergents and zinc dithisphate —
ZDTP, which are commonly used today) and the imftee
of the interaction of the additives were evaluatieerein.
Also, the influence of calcium sulphonate and aerbased

tions of boundary lubrication occurring in the &rssimu-
lating the camshatft-lifter contact in an engine wested.
Viscosity reduction was shown to have a profouridogfon
wear, once a critical viscosity had been reachedvals
found that wear prevention occurs due to a mixtaireca-
lized elasto-hydrodynamic lubrication and surfadend
formed from the anti-wear additive. Their loss il in
an excessive wear.

According to ref. [6], camshaft bearing failure dam

phenate on the armscuffing performance in engine testscaused by an excessive wear. Under high load fie&-th

and in Falex wear tests were investigated. Fingllginter-
action of ZDTP, succinimides and calcium detergemd
their influence on valvetrain wear were studied.
According to ref. [3], motored single cam
valvetrain experiments were conducted to evallatenear
protection capability of several 0.05 wt% P contain
engine oils assuming that the oil is fresh. Theryeatec-
tion capability of vehicle drain samples was algaleated.
It was observed that oils used in the test providgatoved
wear protection capability coupled with reducedtfon. It

ness of the oil film decreases. If the minimum fiin
thickness is lower than the micro-asperities ontibaring
and journal surfaces, the hydrodynamic lubricatisn

lobecompromised and metal-to-metal contact between the

surfaces is established. Direct friction resultsapid wear
of the bearing material.

Another factor often causing the camshaft bearaily f
ure is the misalignment. The bearing and the cafnshe
faces should be aligned when the camshaft is ladtéh
the engine. However, distortions of the block, icel by

COMBUSTION ENGINES, 2018, 175(4)

53



Investigations on wear and friction in the SI engiaévetrain

the thermal or mechanical stresses, cause misadigrsnof

the bearings. Then, some of the camshaft bearitagste

operate in a constant metal-to-metal contact with jour-

nal surface and their lining wears rapidly. Thgatent of
the distorted camshaft bearings housings may bendec
tioned by oversize boring. Oversized camshaft beari
must be used in such engines.

Excessive wear of camshaft bearings may also
caused by oil starvation conditions at cold stdrthe en-
gine. The oil path to the camshaft bearings is longome
engines. Therefore it takes some time for coldt@iteach
the bearing surface. At each cold start the carhdbed-
rings operate in the absence of oil, causing ntetatetal
contact.

Oil starvation may be also a result from an exeessi

leakage of oil due to the large bearing clearahrceontrast
to cold start, a reduction of the oil pump pressuesed by
leakage occurs mostly with hot low viscosity oils.

Typical oil clearance of camshaft bearings is (050
0.002)D, where D is the bearing diameter [6].

For the long-term correct operation of the enginenyg
elements, it is critical to perform the necessayairs, in
addition to their utilization in the agreement witthcom-
mendations of the manufacturer. During their pen@nce,
a lot of attention must be paid to the processisdssembly
and assembly of components. Incorrect combinatios
components may result in serious disruptions in riée
paired engine and quickly lead to malfunctions. ©@héhe
examples is the incorrect placement of the gasketden
the cylinder block and the head of the internal loogtion
engine. This has led to a significant reductiothim amount
of oil fed to the camshatft bearings and then tdr theizing
and failure of the entire engine.
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Fig. 1. Exemplary waveforms of measured engine pavel torque as
a function of engine speed for the tested engine

The diagram of the valve lift as a function of tnegle
of camshaft rotation is shown in Fig. 2. This gregdho
shows the modelled course of pressure in the ostimdthe
initial phase of opening the outlet valve. A higlegsure
drop is then observed as a function of the angleaofshaft
rotation.
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The purpose of the present analysis was to iN&Stig rig. 2. The graph of valve lifts and modelled pressy in the cylinder as

the effect of limited lubrication of camshaft begy$ on the
resistance to motion and wear intensity under tmalitions
of the engine's working cycle.

2. Methods and materials

2.1. Engine and itsvalvetrain

a function of camshaft rotation for the testedieag

2.2. Camshaft bearings

The camshaft 4 has radial bearings in three hulgs 3,
of slide bearings made of aluminum alloy, lubrichteith
engine oil supplied through the stub 6 from thencig in
the cylinder head. Axial bearing is realized by neaf

The research object was the valvetrain of the foug sliding thrust bearing placed in hub 1.

cylinder SI R4 1.2 8V engine cooled with liquidedsin the
FIAT Punto Il from 2005. The cylinder diameter asttbke
for this engine was 70.8 x 78.86 mm, which corresieal
to the engine capacity of 1242 tnits compression ratio
was 9.8:1, and the brake mean effective pressurep
was of 1032 kPa. The engine, according to the naactuf-
er, achieved a maximum torque of 102 Nm at 2500 apth

a maximum power of 44 kW at 5000 rpm. Exemplary a)

graphs of measured values of engine power and ecagu
a function of rotational speed are shown in FigThey
were about 10% smaller than the values given byrtheu-
facturer.

The engine's timing was fixed, including one siafdt
and outlet valve per cylinder, driven by one carftsfighe
return of each valve was carried out by a stealevapring
cooperating with it. The steel camshaft was drifrem the
crankshaft via a toothed belt with a tensioner.

R )

1o - — )\

53

Fig. 3. Elements of the valvetrain system in the&tet@ engine a) on the

engine, b) outside the engine. 1, 2, 3 — bearingrsp 4 — camshatft, 5 — oil

main line for camshaft bearing, 6 — stub at thdepwif the oil channel in
the head
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2.3. Camshaft bearing lubrication system

For lubricating the bearings, engine oil suppliednf
the engine oil sump through the system of canals wgad,
under the pressure generated by a gear pump wemali
toothing. The wheel with external toothing with thember

This model contains a controlled volume of flowioidy
from the place of its supply (Inlet — Fig. 4a) ke tchannel
in the cylinder head, to its outlets (Outlet 1, I8t&, Out-
let3 — Fig. 4b) into the friction contact zonesciamshaft
bearings. The analyzed oil had physical propedieslar

of teeth z = 11 was placed at the end of the crankshaft and that of SAE 5W-40 oil, its molar mass was of 300

directly driven from it. It mated with the interntdeth of
the pump with the number of teeth z 13. The gearing
module was m = 4, and the operating tooth width Bas
13 mm. The working pressure of the oil was 70 kPidla
and 400 kPa at 4000 rpm of the internal combusiagine.

A linear dependence of oil pressure on the shafedp
was assumed. In fact, it is non-linear due to tbev fre-
sistance and operation of the pressure limitingevah the
oil bus. It was assumed that for existing presstiresover-
all efficiency of the pump is constant and amounot®.7,
and the pump's efficiency does not depend on theewaf
the oil transfer pressure.

The efficiency of the gear oil pump is determingtie
formula (1) [13]:

2 'wi) .2
31 — (r ) a1 —
w2

rwl(rwl - rWZ) - [(1 - (rwl/rwz))uz]

where: r,; = 0.5(z; + 2)m — the external radius of the
external gear wheelr,, = 0.5(z, + 2)m — the external
radius of the internal gear,,; = 0.5z, m — the radius of the
gear wheel with external teeth,, = 0.5z,m — the radius
of the gear wheel with internal gearing.

The u parameter is estimated from the formula13}:[

@)

Estimations of oil inlet velocity for individual otact

Q, = 0.5B (1)

U~ Ty /Zy

zones in bearings were made using a model developggh

using the finite element method and shown in Fig. 4

Fig. 4. Model of the controlled oil volume. a) @t) — place of oil supply
to the channel in the cylinder head, b) (OutleOutlet2, Outlet3) — oil
outlets into friction contact zones in camshatirfregs

kg/kmol, density of 856 kg/fnspecific heat of 2000 J/kgK,
dynamic viscosity of 0.013 kg/ms, and thermal exi@m
of 0.13 W/mK. The following boundary conditions wer
introduced:

a) mass flow 0.00035 kg/s,

b) a constant pressure of 400 kPa on the oil inlet

and an ambient pressure condition was introducetheat
outlets. On the remaining surfaces limiting the toalted
volume of oil, the condition of rigid smooth walisas
assumed, on which there is no liquid slip. The aggion
of a fluid flow with constant properties and comstéem-
perature of 353 K (which corresponds to the temtpeza
value of the motor thermal balance) was assumeld thi
allowed occurrence of turbulences (model k-

2.4. Theinfluence of the gasket position on oil flow

in the main line for camshaft bearing

The oil flow in the main line for camshaft beariisgaf-
fected by the flow resistance. In the case of cbrpdace-
ment of the gasket, it does not exceed the flowstasce
provided by the engine manufacturer. The engineiil
subject to filtration and has cleaning additivesitsnown,
so it is unlikely that debris and pollutions wikpnanently
deposit in the oil channels generating congestitbas im-
pede or even block the oil flow.

With the gasket correctly seated (Fig. 5a), thessro
sectional area of the pocket (Fig. 5¢) placed lgeémtering
the oil main line for camshaft bearings and supygyoil
them was of 146 mm(circumference of 49 mm).
When the gasket is in the wrong position (Fig. She
cross-sectional area of the above mentioned pobket
been reduced to approximately 9 ffaircumference 12

Fig. 5. An arrangement of the gasket relative ® llead, a) correct, b)
incorrect, c) enlarging the view of the pocket befentering the oil main
line for camshatft bearings
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2.5. The model of the tappets-camshaft-bearings assembly The inertia force was determined from the forméla (
The camshaft is subjected to a load from the torque

which is balanced by the moments of forces resyiiom By = (my +m¢ + 0.5m,)(d*h/d6*)w¢ ©)

the action of the tappets on the cam side surfaoesthe where: ) — valve mass, m- tappet mass, ym- spring

mass moment of inertia of the camshaft. The foraé the mass.

tappet's action on the shaft cam is a resultathefspring During the mating of the camshaft 1 with the tapp&t

force S, the inertial force Bof the valve, and in the case ofthe camshaft bearings are loaded substantiallh@site of

the outlet valve also the gas forcggdeting on it in the initial the bearing covers 3, the width of which is pradticcon-

period of its opening, as described by the fornfdja stant. Therefore, only the bearing covers 3 wersidered
The physical model of the tappets-camshaft-bearisgs in the physical model, and the bearings themselves

sembly is shown in Fig. 6. The geometry of a singfget modeled as short fixed bearings.

has been simplified to a cylinder with a finite dgim. Each The camshaft journal with the embedded wheel hef t

tappet was loaded with a force F which resultednfibe toothed belt 5 is loaded by (Fig. 7):

angular position and the rotational speed of thesteft. - force Ry = 200 N from the belt tension caused by the
F=S+B,+P, 3) tensioner 2 operation,

- force K resulted from a part of the drive torque on the
The spring force was determined from the formula (4 crankshaft 3 transmitted via the toothed belt She

S = k(h, + hy,) ) camshaft 1 and

the water pump drive shaft 4.
where: k = 18.89 N/mm — estimated spring rate; valve
lift, hso = 7 mm — measured initially loaded spring deflec-
tion.
The R force from the gas force acting on the outlet
valve was calculated from the formula (5):

Py = 0.25Td% e, Pg (5)

where: dye.— mean valve seat diameteg,pgas pressure in
the cylinder.

The course of pressurg ps a function of the rotation
anglea of the camshatft is shown in Fig. 2.

Fig. 7. Forces from the toothed belt loading therig pulley. 1 — toothed

pulley on the camshaft, 2 — tensioner, 3 — toofhdkey on the crankshaft,

4 — toothed pulley on the water pump shaft, 5 -thed belt. kK — force

from the toothed belt tension; = force resulted from the part of the
driving torque on the engine crankshaft

The force arm Ris determined by the formula (7)
R. = R, + h + (d%h/d8?) w? )

where: R — camshaft cam radius, h valve lift, . — cam-
shaft rotational spee@,— camshaft rotation angle.

The K force from the driving torque is estimated from
the formula (8):

Fr = 2d;0 YI=8F; 'Ry (8)

where: ¢, — pitch diameter of toothed pulley on the cam-
shaft.

iy _E The model of the tappets-camshaft-bearings assembly
b) was developed using the Finite Element Method é&ogva

Fig. 6a) The model of the tappets-camshaft-bearaggembly, b) The in Fig' 6. The surfaces of the bearing covers (B)Zlocat-
finite element grid. 1, 2, 3 — bearing covers wiked surfaces I()’cated on Qd in the plane c_ontalnmg cam roller bearings axese
the plane containing camshaft bearings axles, 4m shaft, 5 — tappet fixed. The model incorporates contact elementshemtat-
with fixed axis of rotation, £ . Fs, Fi, Fs, Fs, Fr, s — forces loading the ing surfaces of the cams, the shaft (4) and thet sarfaces
foothed bel tengion - force resuled fom the part of 1, cive torque’) U1S {2PPES (5), and on surfaces of the journélthe

) T! .
acting on the toothed pulley mounted on the camsRaf R, R; — reac- camshaft 4 and the beanng surfaces of the covels 3

tions in bearings 1, 2, 3 mating with them. The axes of the tappets (5) Haeen
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fixed. The tappets 5 have been loaded with forges,FF;, The load transmitted by the metallic contact of she-
Fi, Fs, Fe, F7, R, acting along these fixed axes. The cylinface unevenness in the bearing can be determioed tfrie
drical surface of the end of the camshaft 4 on twhlee formula (13):

toothed pulley is mounted has been loaded by theefo

resulting from the force \from the tension of the toothed Reon = pc(h)AO (13)
belt and the force{Hrom the part of the drive torque acting  The replacement Young's modulus was determined
on the toothed pulley mounted on the camshatft. from the formula (14) [19]:
The calculations were carried out for the selectegu-
lar position of the camshaft set for two valueshs rota- 1/E"= (1= vi)/E; + (1 = v3)/E; (14)
tional speed of the cam shaft: 750 and 2000 rpm. where: § = 210000 MPa, E= 70000 MPa Young's modu-
2.6. The modd of theresistanceto motion lus,v; = 0.3,v,= 0.33 — Poisson’s number for the material
The camshaft journals are subjected to frictiorimdpits ~ Of the camshaft journal and bearing shell, respeigtis, 7].
motion relative to bearing shells. The frictiondoe My The parameter values were assumed, as follows:

depends on the reaction in the i-th bearing, thendier of - Zs; = Zs; = Ra = 0.8 um — the average height of the
the journal B and the coefficient of friction f, which de-  surface asperities for the camshaft journal andbeir-
pends on many factors, in particular on the valueootact ing shell,

stresses § slip speed y surface layer properties, contact- og; = o, = 0.3-Ra = 0.24pm — the average standard
geometry, lubricant properties, if present, andghesence deviation of the surface asperities’ height for jitnernal

of environmental pollution and humidity. This igpresen- and the bearing shell.

ted by the formula (9): The average radius of surface asperities for cafinsha
journal (I = 1) and the bearing shell (I = 2) wagetmined

from the formula (15) [8]:
It was assumed that within the analyzed engineesycl _ 2
the level of pollution and humidity is constante thngine By = 0.05S;/Ra (15)
operates at the temperature of the heat balan¢kedabri-  where: §,,= 0.025-0.1 mm for steel precision ground outer
cating properties of the oil do not change. surfaces of cylindrical camshaft journals [8]. kshbeen
Two cases were considered: assumed, on the basis of initial tests of lappexibgs, that
1. The camshaft bearings operate in the presencelof @ie S, values for the lapped inner surfaces of bearing
supplied from the main line for camshaft bearir@ysd  shells made of the aluminium alloy are in the rad@®48—
then mixed or boundary friction conditions occutttie 0.1 mm.

contact zone. _ _ ~ The values of parametdd;; were within 0.039-0.625
2. The camshaft bearings operate in the absence of Hﬂ‘n, and of3s, within 0.0014-0.625 mm.

conditions and then the conditions of technicalty d The average density of surface asperities was -deter

Mr; = 0.5f(pg, v, oil, contact geometry) - R; - D;  (9)

friction occur. _ mined from the formula (16) [10]:
In the first case, the Greenwood-Tripp model was _
adopted to determine the resistance against mowveimen Ng; =Ny, = N/Ag (16)

the interface between inequalities of the matingfases
[10]. The actual contact surface is determined fritva
formula (10) [10]:

The number of asperities on the rough contact serfa
was estimated from the formula (17):

N = A,/(50 - Ra)? (17)

—_ _ 2 2 -
A“(h) - (nSBSOS) AO[FZ(h) (10) It was assumed that:
where: A — the average (contour) contact surface area the team average height of the contact surfaceritiepe
determined from the FEM model or from the formuld)( was determined from the formula (18) [10]:
bearing in mind that the camshaft journal radiuslise to
one of its bearing cover hold,= (h — Z;)/o, — norma- Zs = 7s1V2 (18)

lized average distance of the contact surfaces. - the team average standard deviation of the costaet

The average (contour) contact surface area was-dete ¢,.q asperities height was determined from the ditam
mined from the formula (11) [19]: (19) [10]:

Agi = LiDigjo ~ LiD; (1.52 \/ favd)/By g EZ]Ri) (11) oy = 651V2 (19)

) . = the team average radius of contact surface asgeeviths

where: L, — width, O — diameter, C- clearance of the i-th determined from the formula (20) [10]:
bearing.

Average contact stresses were determined fromathe f Bs_l = /Bst + B (20)
mula (12) [10]:

ula (12) 10} Its values may vary within the range of 0.0014-0.44
pc(h) = (16/15)16nvVZE* (n2By >0y *)Fso(h) (12) mm.
— the team average density of contact surface amgserit
was determined from the formula (21) [10]:
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n.=n 1\/5 (21) the thickness h of the oil film can be determineshf the
° : formula (28 ) [14]:

The functionF:,,(h) was approximated according to
Hnet 5/2( ) W pprox nd h = CH = C(1 + ecosH) (28)

the formula (22) [15]:

= _ - o =3 where: C = 0.05 mm — radial clearance in camstestihg,
Fé(h) = 0.1667 —0.0776h +0.7844h" ~ 0.2958h" + 8 —angleH = 1 + £cosB — dimensionless height.
0.0574h* — 0.0046h° (22) Knowledge of eccentricity e of the journal centedar

. _ . , tive to the bearing centre makes it possible temaine the
The functionF, (h) was approximated according to theygative eccentricity from the formula (29) [14]:
formula (23) [15]:

_ _ _ _ e=1¢/C (29)
F,(h) = 0.5003 — 0.8043h + 0.5258h* — 0.1728h* + he di o q ined f h
0.0281h% — 0.0018h5 (23) The dimensionless pressure was determine rom the

formula (30) [14]:
It was assumed that the mating bearing surfacessbad _
tropically oriented roughness, therefore the serfeaxture p = {p/[un(R/C)°} (30)
parametey was 1. where: p = Ry/(DL) — nominal pressure transferred by
Part of the reaction in the bearing transmittedHgyhy- hydrodynamic force in the contact area of the rliethka-
drodynamic force and the resistance to motion dégen ring surface with grease,4R- hydrodynamic force in the
on it was determined using the averaged Reynoldat&nn contact area of the metallic bearing surface wittage, R =

(24) for the bearing with rough surfaces [17]. D/2 — bearing radiugt [Pas] — dynamic viscosity of the
lubricant, n [rpm] — rotation speed of the camshaft
ah 1 ah a0 a h3 9
120, -+ 6U§(¢c£ + 0@) = @( xjﬁ) Because camshaft bearings can be treated as @t b
i( h_36_p) (24) ings, therefore simplified formula (27) can be ffiert sim-
az\" %y oz plified to the dimensionless form (31) [14]:

It was assumed that the value of the team avertage s L\20H _ 9 3 0P
dard deviation of the roughness heigiy is close to the 12m (B) e E( z E) (31)
value of the team average standard deviation oftinface With the following boundary conditions (32) [14]:
asperities’ height,, soog =~ o. '
Then the value of the oil film thickness coeffidien p=Dpaforz=+1 (32)
A = h/og for boundary lubrication is of 6.7, i.e. it is higr ; .
than 1, which makes it possible to estimate vahfethe the solution has the form (33) [14]:
pressure effect coefficients, = @, from the formula (25) p = Pa + (61/0,)(L/D)*H™3(0H/ d)(z* — 1) (33)

[9. 10, 17]: The radial component of the reaction in the beawag

0, =0,=1+ c(pA—ﬁp (25) determined by the formula (34) [14]:

For the parameter valye= 1, the estimated parameters’ftr = 1V\ZIC°§? = —(L/D)?*[4me?/(1 — €?)?]LDpn(R/
values are ¢= 0.9 and § = 0.56, respectively. Then the C)? = [ /2 (ROcav 1 cos0dxdz (34)

. 7 -L/2J0
estimated values f the pressure effect coefficignts: @, . ,
are equal to 1.31. The tangent component of the reaction in the bgarin

For the value of the coefficient higher than 5 and the Was determined by the formula (35) [14]:
parameter valug = 1, the shear stress effect coefficient Wag . = Wsind = (L/D)z[nzs/(l _ 82)3/2]LDHH(R/C)2 _
estimated from the formula (26) [9, 10, 17]: L/2

RO
¥ psinBdxd 35

Bs = (0rs/0R)?1.126e~025A — (Gg,/0g)?1.1266~0254 iy ly " peinddxdz ¢
Angle deviation of the plane containing the beadmnis

(26)  and the journal axis from the direction of extertaéd
Because there is a dependensg:= og,VZ = op;V2 operation was determined from the formula (36) {14]
g1e_c8efficient value\ = 6.7 corresponds to the coefficient ® = arctg(0.25mV1 — e2e 1) (36)
S - .

The coefficient value\ = 6.7 corresponds to the contact Assuming that it occurs (37):
coefficientp. =1 [9, 10, 17].

For the so-determined coefficients, the formula) (&4 [Frr] = Reon + Ry (37)
simplified to the form (27): and (38):
10h _ 0 (p % 9p) 0 (4 hidp Frr = fyRy+fgyR (38)
6UR6<p - Rd(p( Xu Rd(p) + 62( Z az) @7) " HEH T dry Teon

where: §i, — the technically dry friction coefficient between
steel and aluminium alloy, one can determine vabfahe
force R, and the coefficient of hydrodynamic resistange f

In order for the average Reynolds equation to beed
sionless, convenient for numerical solution, selvei@en-
sionless quantities were introduced. For the glidiearing,
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The friction torque under the mixed friction comalits
in the camshaft bearing was determined from thentiet
(39):

Mpp = (Rconfidry + RHfH)R (39)

It was assumed, that the value of the technicatly d

I = (Ah/s) = Kp;

where:Ah — linear wear, s — wear length.

The value of the linear wear intensity for camshaft
bearings operating under mixed friction conditionas
estimated as equal to 818 m/m, which was close to the
values obtained during the wear tests of the énicpair of

(44)

friction coefficientfiy, at the contact zone of the camshaft,o -ontact type: steel ring — AK9 alloy block ligated

journal surface with the bearing cover surface wlase to
0.46, obtained during the wear tests of the frictjpair
consisting of steel disc and pin made from the alum
casted alloy AK12 in the presence of air [2].

with diesel oil with the addition of RME [16]. Dung the
tests the force of 228 N loaded the block with ditan of
10 mm. The determined value of the coefficient Kswa
200 1/Pa.

In the case where the operation of the i-th canishaf |, turn, for the operation in technically dry fimb con-

bearing takes place in the conditions of lack bfod then
the friction torque in the i-th bearing is detergdnfrom the
formula (40):

MTi = O'SfdryRiDi (40)

The total friction torque in the camshaft beariigsle-
termined from the formula (41):

Mr = 2155 My

2.7. The model of wear in the camshaft bearings

The journals made of steel had higher hardnessttiean
material of the mating surfaces of the bearing coveade
of aluminum alloy. Therefore, in further analysiswas
assumed that under the mixed friction conditionky ahe
bearing covers were worn, and the journal wear avag-
ted. It was also assumed that the wear of beanmghni-
cally dry friction conditions was dominated by twear of
the bearing covers.

The volumetric wear was determined on the basthi-of

(41)

ditions, the value of the K coefficient was estiethto be
close to the value obtained during the wear te$tthe
friction pair of contact type: steel disc — pin readf the
AK12 aluminium alloy in the presence of air. Thdueaof
linear wear intensity was obtained from formula)(45d it
was of 7.9210°° m/m.

I = (Ahp—d/sp—d) = [Zmp—d/(pAp—d)]/Sp—d

where:Z,,_q4 = 0.01 g — mass wear of pin,= 2700 kg/m

— density of AK12 alloyA,_4 = 78.5 mm — disc-pin con-
tact area, sy =250 m — wear length [2]. The force loading
the pin with a diameter of 10 mm was 106 N. Thesdet
mined value of the coefficient K was of 588 1/Pa.

(45)

3. Resear ch results and discussion

3.1. Camshaft bearingslubrication system
The obtained characteristics of the gear oil punigh w
internal toothing are shown in Fig. 8. In the ramdecon-

ameters P measured using a micrometer in J = 5 diame8idered engine speeds, its rise increases lindztly the

rical planes of the i-th bearing. As a referenbe, diameter
Do measured in the plane of division of the i-th lreg@awas
taken as practically not worn.

The volumetric wear was determined from the formula

(42):
z; ~ BD; (D — ) - X2 Dy)

Knowing the volumetric wear;2f the bearing cover,
the diameter of the journal;the reaction Rand the linear

(42)

wear intensity J; or wear indicator K in the i-th bearing, it

is possible to estimate the number of engine cydléom
reaching the failure of the camshaft bearings.

pressure p in the range of 70—-664 kPa, and theiegifiy of
the pump Qin the range of 15.7—-149.2 mis

() [KP3] Qs [mMmM3/s]

700 150

600
120

500
90
= 400

g

=
e 300

Q, [mm*/s)

60

200

30
100

0 0
0 1000 2000 3000 4000 5000 6000
n [obr/min)

The formula (43) [19] was used to estimate the I’m'meig. 8. The courses of pressure and efficiencyhefdear oil pump with

N of engine cycles:

Zi = AVt = AcilhiViavet = AcilpimDingyet =
Aci[(Ah/s)pi]TtDinalvet = Aci(Ah/S) (Ri/Aci)'lTDnavet =
KRiT[Dinavet - N= navet = Zl/(KRlT[Dl) (43)

where:v,; = [;Viave — linear wear speed;,ye = DN, e

internal toothing as a function of engine speed

The obtained oil pressure distributions for the riztary
condition at the inlet in the form of a mass floi0o00035
kg/s are shown in Fig. 9. For the boundary conditib the
inlet in the form of a constant pressure of 400, ktha

— average slip speeg; = R;/A.; — average (contour) con- pressure (_Jlist_ribu_tions_are _shown in Fig. 1Q and ftd_m/
tact pressure, A— average (contour) contact surface~R Velocity distributions in Fig. 11. The obtained atge
reaction in the i-th bearing.Ja— average camshatft rotatingpressure values may indicate the possibility ofitaion,

speed.

The linear wear intensity,land the wear indicator K in
the i-th bearing can be determined from the formdi)
[19]:

but may also be a result from numerical causes fighees
show that the distributions at the oil outlets &mmshaft
bearings differ from each other in both speed amdgure.
The most difficult conditions prevail in this regpeat the
outlet 1.
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Fig. 9. The oil pressure distribution for the boandcondition on the inlet in the form of mass floM@0035 kg/s, a) for the oil main line, b) at ihlet, c)
at the Outletl, d) at the Outlet2, e) at the OBtlet

2 o cc0z gmi
— —
S0 = d)

Fig. 10. Distribution of the oil pressure for theundary condition at the inflow in the form of anstant pressure of 400 kPa, a) for the oil maie, Ib) at
the inlet, c) at the Outletl, d) at the Outlet2aieghe Outlet3

e) = oocrs

)
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Fig. 11. Distributions of the oil flow velocity fahe boundary condition on the inflow in the forfraaconstant pressure of 400 kPa a) for the oihmai
line, b) at the inlet, c) at the Outletl, d) at @etlet2, e) at the Outlet3

3.2. Loading of camshaft tappet 3.3. Loading of camshaft bearings

The obtained graphs of speed, acceleration of tapyk The obtained reaction values in camshaft bearirggs a
the F force acting on it are shown in Figs 12a-fe 3peeds a function of rotational angle for its average tiotzal
reached the value of 1 m/s, and accelerations egiattie speed of 750 rpm and belt tension of 200 N are shiow
value of 700 m/s Figure 12c shows the vibrations causedFig. 13, and for belt tension of 50 N in Fig. 1dia@ruple
by the action of valve springs in the model andncldr reduction of the toothed belt tension value mayulteis
pressure. a reduction of bearing reactions up to 25%. Ondtier
hand, the graph obtained for the average rotatispedd of
the camshaft equal to 2000 rpm and the belt tersfi@00 N
is shown in Fig. 15. Here the highest reaction eslwere
obtained (up to 1800 N).

1500

a) e
- 1200
. 900
2 - = —R3
» w
w 600 —R2
" —R1
b) 300
o 0
F 0 60 120 180 240 300 360
- a [OWK]
“— 1 Fig. 13. The reaction values in camshaft bearirgys dunction of the
c) - rotational angle for its average rotational speeds0 rpm and belt tension

of 200 N
Fig. 12. The waveforms of a) speed, b) acceleraifahe tappet, c) force
F acting on the tappet as a function of the roteti angle of the camshaft

COMBUSTION ENGINES, 2018, 175(4) 61



Investigations on wear and friction in the S| engiaéretrain
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Fig. 14. The reaction values in camshaft bearirgs dunction of the

rotational angle for its average rotational speeeb0 rpm and belt tension

of 50 N

FIN]

0 60 120 180 240 300 360

@ [OWK]

Fig. 15. The reaction values in camshaft bearirgs dunction of the
rotational angle for its average rotational speéd@0 rpm and belt
tension of 200 N

3.4. Contact pressurein camshaft bearings

The distributions of contact pressure on the sedauf
the bearing covers for the selected fixed camgbadition
and the rotational camshaft speed value of 750 &pen
shown in Fig. 16, and for 2000 rpm in Fig. 17. Madues
of the average contact pressure do not exceed 5 MPa

3.5. Friction torque in camshaft bearings
The course of the technically dry friction torquethe
camshaft bearings as a function of the camshadtiontal

angle, for two values of rotational speed equal30 rpm
and 2000 rpm are shown in Figure 18. The resistémce
the latter is almost twice as high as for the finsé.

30
25
20
15

M e
10

——MT2000

My [Nm]

5

0
0 60 120 180 240 300 360

a[OWK]

Fig. 18. The technically dry friction torque in csimaft bearings as
a function of its rotational angle, for two valuet camshaft rotational
speed equal to 750 rpm and 2000 rpm

To illustrate the effect of changing lubricationndd
tions, changes in the friction torque in the mastded
bearing No. 3 for mixed friction and technicallyydriction
at the contact of the journal with the bearing cowere
analyzed. Two cases of camshaft rotational speed56f
rpm and 2000 rpm were considered.

For mixed friction conditions, for which the initia
thickness of the oil film fis 2Ra = 1.6um, and the dis-
placement resulting from the deformation of surfase
perities is equal t&h = 0.7um, the obtained value of the
relative eccentricity was=[C—(hy/2-Ah)][C " = 0.976. The
calculations were carried out, assuming the avevadiee
of the radius of surface asperitiBs = 0.014 mm. The
following parameters were determined: values oftdsr
Rs, Reons Frra Frrs @and Rys, average contact stress, p
angle @5, resistance coefficientyf, resistance moments
Mtrz and Mrs. In Table 1 are presented the results of cal-
culations.

S | b) * | )% |

Fig. 16. The distribution of contact pressure orieges of the bearing covers for the rotationakdpaf the camshaft equal to 750 rpm

a)l Ib)l Ic)" I

Fig. 17. The distribution of contact pressure orieges of the bearing covers for the rotationakdpaf the camshaft equal to 2000 rpm
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The calculated values of average contact stress@s p of the head and on the side of the bearing covenibi¢
bearing 3 are similar to those determined in th&RBo- traces of rubbing through the camshaft journalswéicer,
del, for both considered camshaft speeds, i.e.rgg0and the degree of wear from the side of the bearingiwas
2000 rpm. much higher and the highest in the bearing 3. Tlearw

In both analyzed cases of mixed and technically dwjistribution in bearing 1 was the most uneven, Whiould
friction, it was noticed that the 2.7 fold increaseghe cam result from the distribution of contact pressure &me load
roller rotation speed was accompanied by almoss#me on only one side of the bearing. In bearings 2 anthe
increases in the maximum bearing load and the maxim stresses were more evenly distributed and thedo#et on
friction torque. The change of mixed friction tehaically both sides of the bearings.

dry caused an almost 3.5-fold increase in the tasige to The results of the volumetric wear measurements of
motion for both considered rotational camshaft dpee bearings are given in Table 2.
Table 1. Calculated values of forceg Reons Frrs, Frrs and Ry, average Table 2. Results of volumetric wear measuremenkeafings
contact stressgpangle®s, resistance coefficientid, resistance moments K Z: IRiul Zo |Romd Zz |Rame] Ni N, N
Mrra and M [/Pa] | [mr]| [N] [[mm [ N] [T [N | (1| [ | [
N | R | Ps |Reons| @3 | Frra|Frra| Rus | fus | Mrrs| M3 2110 3407652987224339155
5.8a107| [0-21|300| 31.56 7001443211100 673 51574115328

[rpm] | [N] |[MPa]| [N] |[rad] | [N] [[N] | [N] | [] |[Nm] |[Nm]

750 | 1399 2.91 | 310] 0.13p1384)184)1074)0.038 2.20| 7.71 The volumetric wear Zincreased, although not directly

2000 | 1768 3.67 | 310| 0.1321753| 237|1458(0.063| 2.81| 9.76 proportiona| to the average |0aq_l\Bof the bearings_ The

calculated number of NN, and N cycles of the engine
operation until failure in the case of technically friction
was almost three times lower than in the case ofethi
friction.

3.6. Wear of camshaft bearings
The worn camshaft bearing shells from the headaide

shown in Fig. 19. The worn bearing shells from ltkearing

cover side are shown in Fig. 20. Both surfaceshenside 4. Conclusions

1. Incorrect positioning of the gasket relativethe head
can cause a 16-fold decrease in lubricating oil/fioto
the camshaft bearings.

2. The model of the tappets-camshaft-bearingsnasge
developed using the Finite Element Method allowes th
correct estimation of the average contact presslies
in the bearings.

3. The volumetric wear and resistance to motiomndi-
vidual camshaft bearings increase with the loae, th
course of which for each bearing is different dgrthe
engine operation cycle.

4. The increase in the rotational speed resultthénin-
crease in the total resistance to motion in theetedin
and also the increase in the wear intensity ofirloé
vidual camshaft bearings.

5. In technically dry friction conditions occurgnn cam-
shaft bearings with wrong gasket position in relatio
the head, the number of motor cycles to failure ey
three times lower than in case of correct gasksitipo-
ing enabling mixed friction in these bearings.

Fig. 19. Appearance of worn bearing bushings ofsteft slide bearings
on the cylinder head side, a) bearing 3, b) bgatirc) bearing 1

|

Fig. 20. Appearance of worn bearing bushings of calter bearings on
the side of bearing covers, a) bearing 3, b) hga2j c) bearing 1
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