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ARTICLE INFO  Sources of renewable energy have been increasingly used all over the world. This kind of energy is highly 

desirable because of its unlimited availability. Unfortunately, renewable energy production very much depends 

on weather conditions. Consequently, it is necessary to store the produced excess energy in order to use it when 
needed. There is a technology able to produce a hydrogen/methane fuel from excess renewable energy, which 

may be stored. This technology is called the Power-to-Gas technology (P2G). Since the efficiency of this 

technological process depends on the hydrogen fraction in the renewable energy fuel, there is a need to increase 
this fraction. Concurrently, the gas microturbine technology is increasingly widely used in various industries 

(aviation, energy, automotive, military, etc). The P2G technology and the gas microturbine technology are likely 

to be integrated in the near future and, as mentioned above, the hydrogen fraction in the methane-hydrogen fuel 
will tend to increase. In order to power a gas microturbine with the methane-hydrogen fuel, it will be necessary 

to modify the combustor to avoid an excessive temperature increase and flashbacks. In this paper it is proposed 

to apply an autonomous internal exhaust gas recirculation system to resolve the hydrogen combustion problems 
indicated above. The operating principle and the proposed design of the recirculation system and the latter’s 

impact on the combustor’s operating parameters and emissivity (NOx and CO) are presented. 
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1. Introduction 

1.1. Integration of power-to-gas technology and gas 

microturbine technology 

An increase in electricity supply from renewable energy 

sources, especially from wind turbines, hydroelectric power 

plants and photovoltaic panels, can be observed in the pow-

er generation sector. Renewable energy sources present 

many advantages, such as unlimited energy production. 

One of the major drawbacks of all the energy sources is that 

the energy production is not constant over time, being vari-

able and intermittent mainly due to weather conditions. 

This problem can be addressed by storing the excess energy 

and using it when convenient. It is possible to transform 

(through hydrolysis) the excess electrical energy into hy-

drogen and then to produce methane (using carbon dioxide, 

previously generated hydrogen and electrical power in  

a process called methanation). Finally, the two gases, i.e. 

hydrogen and methane, are mixed to obtain a renewable 

fuel. This technology is called “power-to-gas” (“P2G”) [1]. 

The presence of methane gas in the renewable fuel makes 

the production of the latter less efficient than if solely hy-

drogen was used, but it is necessary because of the specific 

properties of hydrogen – hydrogen is more difficult and 

dangerous to store and transport and more demanding as 

regards its use in power devices [2]. In order to optimise the 

use of this renewable source energy, the percentage of hy-

drogen in the renewable fuel produced using the P2G tech-

nology needs to be increased. 

Today, gas microturbines are increasingly often used in 

various industry sectors: in aviation to power drones, in the 

automotive industry to extend a car’s range (e.g. Jaguar 

CX75, Pininfarina H600, etc.), in the energy industry to 

generate electrical (and heat) power for house applications, 

and so on [3]. Gas microturbines present many advantages, 

such as low noise level, cheap operation, limited number of 

moving parts, low emissions, etc. [4]. Consequently, the use 

of gas microturbine technology has spread to many industry 

sectors. 

It can be beneficial to integrate the P2G technology and 

gas microturbine devices. For this purpose the efficiency of 

P2G should be increased by using a more hydrogen en-

riched fuel and the combustors of the latter need to be 

adapted. The use of a more hydrogen enriched fuel pro-

vokes higher local combustion temperatures and higher 

flame velocities [5], whereby if the combustors were un-

modified, this would result in local overheating and in-

creased NOx emissions and provoke flame flashbacks in the 

direction of the fuel injection zone. All of this would have 

an adverse effect on the operation of the microturbine de-

vices. 

1.2. Exhaust gas recirculation applied to gas micro-

turbines 

In order to avoid the problems connected with the use of 

a more hydrogen enriched fuel in gas microturbines, con-

ventional (diffusion) gas microturbine combustors must be 

made capable of reducing the combustion temperature and 

moving the combustion zone towards the exhaust outlet (to 

avoid flame flashbacks). In order to propose a solution to 

the above problems, a review of the literature on the subject 

was carried out and is presented below. 

Guethe et al. [6] investigated the impact of exhaust gas 

recirculation (from the turbine outlet to the compressor 

inlet) in gas turbines. Turning back exhaust gases entails  

a reduction in the amount of oxygen in the combustion zone 

and an increase in carbon dioxide concentration. From the 

point of view of the chemical combustion process the re-
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duction in the amount of combustion zone oxygen limits the 

concentration of O radicals which drive the combustion 

process. It is noted that carbon dioxide is not a gas “perfect-

ly inert” in the combustion process. This means that some 

of the carbon dioxide present in the combustion process is 

subject to a certain reaction. The latter was identified as: 

OH + CO ↔ H + CO2. Thus carbon dioxide can react with 

hydrogen atom H which is one of the radicals in the com-

bustion process. Thanks to this reaction one can reduce the 

amount of hydrogen radicals in the combustion process and 

at the same time increase the OH and CO species. The 

research carried out by Liu et al. [7] drew attention to the 

fact that hydrogen radical H is involved in the combustion 

process in the following reaction: H + O2 ↔ O + OH. Giv-

en that carbon dioxide reduces the amount of the hydrogen 

radicals present, the above-mentioned reaction is also re-

duced. This, in turn, limits the generation of O and OH 

substances (which are also radicals), whereby the combus-

tion process reaction is significantly affected. According to 

Guethe et al. [6] and Liu et al. [7], limiting the concentra-

tion of hydrogen and oxygen radicals in the combustion 

zone carbon dioxide has a strong impact on the combustion 

process by inhibiting the combustion reaction, which results 

in a reduction in the combustion temperature and in a de-

crease in the laminar flame speed. 

Ditaranto et al. in [8] showed that owing to the higher 

specific heat capacity of steam the use of steam dilution to 

limit the combustion temperature in gas turbine combustors 

is more effective than the use of nitrogen dilution. Hence by 

introducing a species whose specific heat capacity is higher 

than that of air one can reduce the combustion temperature 

in a gas turbine combustor. The recirculated turbine exhaust 

gases contain pure exhaust gases. The latter consist mainly 

of carbon dioxide and steam. Above 550 K the specific heat 

capacity of carbon dioxide and steam at a constant pressure 

is higher than that of air at the constant pressure [9–11]. 

Near the liner of the gas microturbine combustion chamber 

the temperature ranges from 770 K to as high as 2300 K 

[12]. The evolution of the specific heat capacity of the 

above-mentioned species at the constant pressure of 1 bar is 

presented in Fig. 1. 

 

Fig. 1. Heat capacity of air, carbon dioxide and steam at constant pressure 
of 1 bar 

 

In the combustion chamber operating conditions the 

specific heat capacity of the exhaust gases at a constant 

pressure is higher than that of the air supplied to the com-

bustion chamber. Therefore the exhaust gases recirculated 

into the combustion zone will be able to absorb more com-

bustion heat, whereby the temperature in the combustion 

zone will decrease. Hence it can be concluded that thanks to 

the physical action of the exhaust gases it will be possible 

to reduce the combustion temperature peak and gradient. As 

a result, the rate of combustion of the laminar flame will 

also be reduced (according to van’t Hoff’s law, as the tem-

perature of a chemical reaction decreases, the reaction rate 

also decreases). Preliminary analyses indicate that the rein-

troduction of some of the exhaust gas into the combustion 

zone would provoke a reduction in both combustion tem-

perature and flame speed. 

Shi et al. [13] carried out research on a burner equipped 

with an Internal Flue Gas Recirculation (IFGR) system and 

demonstrated that by reintroducing some of the exhaust gas 

into the burner’s air inlet one can increase the combustion 

zone volume, causing a reduction in combustion tempera-

ture, whereby the emission of nitrogen oxides can be re-

duced. The temperature reduction strongly depends on the 

combustion volume increased. 

It emerges from the above that the introduction of an 

exhaust gas recirculation system into the gas microturbine 

combustor is an interesting solution. The presence of ex-

haust gases acts physically and chemically on the combus-

tion process, limiting its combustion temperature, peak 

combustion temperature and combustion velocity. The 

recirculation of exhaust gases into the gas microturbine 

combustor would potentially reduce the combustion tem-

perature and velocity, whereby hydrogen could be added to 

the fuel while keeping the nominal operating parameters 

and emissivity. Moreover, by adding more hydrogen to the 

fuel a reduction in the emission of carbon species, such as 

hydrocarbons and carbon monoxide, would be achieved. 

For the purpose of internal exhaust gas recirculation it is 

proposed to create a pipe system integrated into the com-

bustor, able to autonomously move the exhaust gases from 

the exhaust outlet into the combustion zone. This concept is 

detailed in part II of this paper. 

Other studies show that the application of exhaust gas 

recirculation may have a negative effect on the combustion 

process. These studies are presented below. 

The fact that the exhaust gases contain some carbon 

monoxide needs to be taken into consideration. Jadidi et al. 

[14] and Taamallah et al. [15] presented the adiabatic tem-

peratures of selected combustibles. The adiabatic combus-

tion temperature of carbon monoxide is very high in com-

parison with that of hydrogen and can reach 2450 K. This 

temperature is higher than the adiabatic combustion tempera-

ture of methane fuel (2250 K) or hydrogen fuel (2400 K). 

This is why as a result of the recirculation of exhaust gases 

containing carbon monoxide the combustion temperature 

can increase in comparison with the case without recircula-

tion. 

One should also note that the recirculation of exhaust 

gases provokes a replacement of some of the “fresh” air 

coming from the compressor by a portion of the “hot” ex-

haust gases in the primary combustion zone. This results in 

an increase in the enthalpy of the gases supplied into the 
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combustion zone, increasing the peak temperature and the 

temperature gradients in the primary combustion zone. 

Gieras [12] presented a concept of adapting the liner’s 

holes to optimise the combustion process in a jet micro-

turbine. In this way the mass flow passing through the 

combustor is effectively modified in various operating 

conditions. The introduction of an IFGR system into the 

combustor can modify the combustion process by creating 

or extending a combustion zone with an air-fuel equiva-

lence ratio close to unity. This phenomenon can be respon-

sible for an increase in combustion temperature. 

The above three arguments show that the introduction of 

some of the exhaust gas into the combustion zone can have 

an opposite effect to the intended one. The replacement of 

some of the fresh air coming from the compressor by a part 

of the hot exhaust gases in the primary combustion zone 

and the potential modification of the air-fuel equivalence 

ratio may be responsible for an increase in combustion 

temperature. 

It emerges from the above literature review that the in-

troduction of an autonomous recirculation system (IFGR) 

into the gas microturbine combustor can have a positive or 

negative effect on the combustion process, particularly in 

the case of hydrogen enriched fuel. In order to determine 

the effect of the IFGR system on the combustion process 

(with and without hydrogen addition), the research present-

ed below was carried out. 

1.3. Novelty of this research 

In the last decade of the 20th century a new approach to 

combustion, dedicated to industrial furnaces, was devel-

oped. This combustion method, referred to as High Tem-

perature Air Combustion (HiTAC) [16], was developed by 

the Japanese company Nippon Furnace Kogyo (NFK) [17]. 

Other similar combustion technologies, diversely referred 

to as: Flameless Combustion (FLC), Flameless Oxidation 

(FLOX) and Moderate and Intense Low-oxygen Dilution 

(MILD) [18], were subsequently developed. All these 

methods are based on injecting hot air and fuel at high 

velocity into the combustion chamber. The air-fuel mixture 

temperature is higher than the auto-ignition temperature of 

the fuel. A recirculation zone is generated whereby the 

combustion products are diluted with the exhaust gases. As 

a result, the combustion zone spreads throughout the cham-

ber volume. The temperature field is much more homoge-

neous than in the case of conventional combustion. Thanks 

to the homogeneous combustion zone the emissivity of NOx 

and CO species is reduced [19]. All these combustion tech-

nologies are often grouped under the designation “MILD 

combustion” [18]. The MILD combustion process can be 

widely applied to various energy devices [20]. Recently this 

technology was studied to be applied to gas turbines [16] 

and even to gas microturbines [21]. The major challenge of 

conducting MILD combustion in a gas (micro)turbine is to 

keep the combustor inlet temperature above the auto-

ignition temperature of the fuel [22]. This challenge inhibits 

the application of MILD combustion to gas microturbines. 

Considering this difficulty, an alternative concept to the 

MILD combustion design, suitable for the conventional gas 

microturbine combustor burning a more hydrogen enriched 

methane fuel is proposed in this paper. 

The power-to-gas technology and the gas microturbine 

technology are very useful and widely used. In order to 

better integrate the two technologies, an effort must be 

made in the near future to increase the hydrogen fraction in 

the fuel mixture used in the gas microturbine. According to 

the presented literature review, this goal can be achieved by 

incorporating an autonomous internal flue gas recirculation 

system into the gas microturbine combustor. The aim of the 

present research was to assess through numerical analyses 

the usefulness of applying IFGR to a gas microturbine for 

the purpose of burning a more hydrogen enriched fuel.  

A conventional diffusion combustor was designed and then 

its design was modified by adding a pipe system enabling 

the autonomous exhaust gas recirculation inside the com-

bustor. The following were assessed: 

 the possibility of effecting autonomous IFGR inside the 

gas microturbine combustor 

 the modification of the combustor’s main operating 

parameters (the total pressure drop and the total exhaust 

gas temperature) by the IFGR system 

 the impact of the IFGR system on the temperature field 

in the combustion zone 

 the impact of the IFGR system on the CO and NOx 

concentrations in exhaust. 

Each of the evaluations was carried out for the hydrogen 

mass fraction in the methane fuel ranging from 0 to 0.5. 

The study was conducted using the numerical tools de-

scribed further in this paper. 

The novelty of this research consists in numerically in-

vestigating a novel IFGR system applied to the gas micro-

turbine to evaluate its positive or negative impact on the 

combustor operation. 

2. Case study combustor and operating conditions 
A reference combustor was designed for a 40 kW gas 

microturbine powered by methane fuel. The combustor’s 

approximate operating parameters are presented in Table 1. 

The combustor is schematically shown and described in 

Fig. 2. 

 
Table 1. Reference gas microturbine and combustor operating parameters 

Parameters Combustor inlet Combustor outlet 

p∗ [Pa] 324992.333 311992.640 

p [Pa] 306584.082 301133.803 

T∗ [K] 433.834 1185 

T [K] 426.666 1175.062 

c [m/s] 120 155 

cs = 4.874 ∙ 10−3 kg

s
; ṁ = 0.251

kg

s
 

 

The first main objective of this study was to assess the 

possibility of effecting autonomous internal exhaust gas 

recirculation by adding a pipe system. The challenge con-

sisted in moving exhaust gases from the combustor outlet 

zone to the top part of the liner. The pressure drop occur-

ring in the combustor made this task difficult. Many IFGR 

pipe systems were analysed to find the ones most suitable 

for this application. Two IFGR systems (presented below) 

were selected. 



 

Numerical study of internal flue gas recirculation system applied to methane-hydrogen powered gas microturbine combustor 

66 COMBUSTION ENGINES, 2023;192(1) 

 

Fig. 2. Cross sectional view of 3D model of reference combustor 

 

Figure 3 shows the first modified combustor equipped 

with an IFGR system (case A). In this case, a pipe system is 

installed between the liner and the combustor’s external 

housing, whereby some of the exhaust gas can be trans-

ferred from the combustor outlet zone to the top part of the 

liner. The difference between the total pressure at the com-

bustor outlet and the static pressure at the top of the liner is 

used to enable exhaust gas recirculation. Figure 4 shows the 

second modified combustor equipped with the IFGR system 

(case B). In this case, the mixing pipes are modified in two  

 

Fig. 3. Cross sectional view of 3D model of modified combustor (case A) 

 

Fig. 4. Cross sectional view of 3D model of modified combustor (case B) 

ways. Firstly, pipes taking some of the exhaust gas from the 

combustor outlet and introducing it into mixing pipe air are 

added to the mixing pipes. This design exploits the differ-

ence between the total pressure at the combustor outlet and 

the static pressure inside the mixing pipe. Secondly, the 

interior of the mixing pipes is shaped into a venturi, which 

increases the pressure difference and improves exhaust gas 

recirculation. 

3. Numerical methods 

3.1. Computational domain mesh system 

3D combustor models were created using Solid Edge 

and the Ansys pre-processor [23]. Mesh generation is  

a major step in the simulation of the combustor. As it yields 

accurate results, the tetrahedral mesh structure is often used 

for gas microturbine combustor simulations [24–28]. The 

tetrahedral mesh can be applied to a complex geometry 

while maintaining acceptable values of quality parameters 

(skewness, orthogonality and aspect ratio). Recently, the 

polyhedral cell mesh has been intensively developed. Simi-

larly as the tetrahedral mesh, polyhedral cells give relative-

ly accurate results at better quality parameters [29–31].  

A polyhedral mesh with the maximum cell length of 0.8 mm 

was selected for this study. After mesh volume generation 

the obtained mesh was improved by selecting the value of 

0.45 as the desired minimum orthogonal quality. Finally, 

boundary layers were generated in order not to exceed the 

Y+ value of 300. According to the literature [24–25], the 

obtained grids (and the numbers of elements) constituting 

the calculation domains are sufficient to provide reliable 

results. The computational domain is shown in Fig. 5. Table 

2 shows the quality parameters of the mesh. 

 
Table 2. Mesh quality parameters 

Case Number 
of cells  

[millions] 

Maximum 
aspect ratio 

Maximum 
skewness 

Minimum 
orthogonal 

quality 

Reference 5.8 38.3 0.895 0.435 

Case A 7.0 35.8 0.900 0.432 

Case B 6.4 62.0 0.895 0.200 

 

Fig. 5. External view of computational domain (external view is similar in 
all cases) and the mesh view in longitudinal cross sections for each com- 

 bustor cases 
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3.2. Mathematical model 

The simulations performed in this study were based on 

the CFD Ansys code [32]. The following processes: the 

turbulent flow, the non-premixed combustion in the gas 

phase and the radiative heat exchange, taking place within 

the calculation domain, were modelled as part of this study 

of the gas microturbine combustor. 

The realizable k-ε model [12, 33] was used to model the 

turbulent flow through the combustor. This model is  

a Reynolds Averaged Stokes-Navier model (RANS). The 

realizable k-ε turbulence model is widely used to model 

flows in many industrial applications. This model yields 

acceptable results at a low computational cost. The en-

hanced wall treatment was enabled. The enhanced wall 

treatment makes it possible to fully resolve the flow on the 

wall boundary when Y+ is less or equal to 1, or to apply the 

enhanced wall function when Y+ is greater than unity. The 

enabled wall treatment model is a good compromise when 

wall phenomena are not of crucial importance for the stud-

ied flow properties, as it is the case in this study. 

In the studied combustor cases the radiation model had to 

be enabled to model the heat exchanges inside the calculation 

domain, next to the heat transfer via conduction and convec-

tion. Radiation needs to be modelled in order to perform an 

accurate simulation and it is one of the most complex phe-

nomena to be modelled. The Discrete Ordinate model [12, 

25], which considers the calculation domain as a grey body, 

was used to model the radiation phenomena. The two major 

radiation absorbers and emitters in the combustor are steam 

and carbon dioxide. To perform a correct radiation simula-

tion, it is necessary to use the Weighted Sum of Grey Gases 

method [12]. Emissivity coefficients extracted from the 

benchmark exponential wide-band model [34] were used in 

the simulation. The total gas phase absorption coefficient was 

calculated from the total emissivity with the mean path 

length calculated from the characteristic cell size. Wall emis-

sivity was set to unity, which is a typical recommendation in 

gas microturbine combustor simulations [35]. 

The non-premixed steady diffusion flamelet [36] model 

was used to model turbulent combustion. In this model the 

flames in a turbulent flow are considered as a set of steady 

laminar flames referred to as “flamelets”. Using this model 

one can apply a detailed chemistry model taking into ac-

count the kinetics effects. This combustion model also takes 

local turbulence phenomena into account through strain 

rates. A look-up table is generated before the calculations 

are run. Using the look-up table one can present the flame’s 

all physical and chemical properties as a function of the 

mixture fraction in each location in the calculation domain. 

The local mixture fractions are determined on the basis of 

the flow turbulence. Hence the model enables one to deter-

mine the flame properties as a function of the mixture frac-

tion and the local turbulence. The model yields sufficiently 

accurate results at a moderate computing cost. 

The flamelets used in the non-premixed combustion 

model were generated on the basis of the detailed GRI-

MECH 3.0 chemistry mechanism [37]. This mechanism 

takes into account 53 species involved in 325 reactions. 

From the GRI-MECH 3.0 website [37] the mechanism data 

and thermodynamic data files were freely downloaded and 

then inserted into the Ansys Fluent software using the non-

premixed combustion model dialogue window. Before 

generating the flamelets, the hydrogen (H2) and methane 

(CH4) mass fractions in the fuel had been selected. In this 

study the hydrogen mass fraction evolved from 0 to 0.5 at  

a step of 0.1. For this range of the hydrogen mass fraction 

in the fuel the selected GRIMECH 3.0 mechanism gives 

sufficiently accurate results [38]. The oxidizer (air) compo-

sition was simplified to the 0.23 mass fraction of oxygen 

(O2) and the 0.77 mass fraction of nitrogen (N2). For each 

fuelling case individual set of flamelets was created. Based 

on the individual flamelet sets, the individual probability 

density function (PDF) tables were generated. 

Finally, boundary conditions were determined. The inlet 

is the “mass flow” and the outlet is the “pressure outlet” 

(the values of the respective quantities were taken from the 

combustor design calculations).The x-velocity at the outlet 

was initially assumed to be the same as the velocities im-

mediately upstream of the outlet plane and scaled appropri-

ately to respond to the overall mass conservation. At the 

outlet plane (∂φ/∂x)exit = 0. At the calculation domain’s 

wall the no slip condition was enabled and the velocity 

values were set to zero. Near to the wall the flow is more 

affected by molecular viscosity than by turbulence phe-

nomena. The wall function method presented in [39], which 

uses algebraic formulations to link the quantities at the wall 

to those occurring further away, was applied. The boundary 

conditions are described in Table 3. 
 

Table 3. Boundary conditions obtained from simulations 

Boundary 

condition 

designation 
Type Parameters 

Air inlet Mass-

Flow 
Inlet 

Mass flow = 0.251 kg/s | Turbulent Intensity = 

15% | Turbulent Viscosity Ratio = 10 | Total 
Temperature = 433.834 K | Mean Mixture Frac-

tion = 0 | Mixture Fraction Variance = 0 

Fuel inlet Mass-

Flow 

Inlet 

Mass flow = variable (see Table 4) | Turbulent 

Intensity = 15% | Turbulent Viscosity Ratio = 10 | 

Total Temperature = 300 K | Mean Mixture 
Fraction = 1 | Mixture Fraction Variance = 0 

Exhaust Pres-

sure 
Outlet 

Static Pressure = 0 Pa | Turbulent Intensity = 15% 

| Turbulent Viscosity Ratio = 10 | Backflow Total 
Temperature = 300 K | Mean Mixture Fraction = 

0 | Mixture Fraction Variance = 0 

Wall Wall Stationary Wall | No Slip | No Heat Exchange | 

Internal Emissivity = 1 | Opaque Wall | Diffuse 

Fraction of Radiation = 1  

Operating 

conditions 
– Operating pressure = 301133.803 Pa | Gravity off 

 

The second-order discretization [25] with the pressure-

velocity coupled method and the pseudo-transient option 

enabled [40] was applied. The pressure-based solver [25, 

40] was used for these series of simulations. Once the setup 

was completed the simulations were run. 

In order to determine the fuel mass flow to be supplied 

into the combustor as a function of the hydrogen mass frac-

tion in the fuel it was assumed that the total energy supplied 

into the combustor in the reference case (methane powered) 

had to be maintained. The lower heating values (LHV) of 

methane and hydrogen (LHVCH4 = 50 MJ/kg and LHVH2 =  

= 120 MJ/kg [1]) were used in formula 1. The calculation 

results are presented in Table 4. 



 

Numerical study of internal flue gas recirculation system applied to methane-hydrogen powered gas microturbine combustor 

68 COMBUSTION ENGINES, 2023;192(1) 

     cs

iH2massfraction = 

    =
LHVCH4∙cs

0_H2mass_fraction

LHVH2∙H2mass_fraction+LHVCH4∙(1−H2mass_fraction)
 (1) 

 
Table 4. Fuel mass flows as function of hydrogen mass percentage in fuel 

H2 mass percentage [%] 𝐜𝐬

𝐢_𝐇𝟐𝐦𝐚𝐬𝐬_𝐟𝐫𝐚𝐜𝐭𝐢𝐨𝐧  [kg/s] 

10 0.004252 

20 0.003787 

30 0.003413 

40 0.003107 

50 0.002851 

4. Results and discussion 
As part of this study, the ability to effect autonomous 

exhaust recirculation was analysed for various hydrogen 

mass fractions in the methane fuel. The impact of the IFGR 

system implementation on the pressure drop and on the 

combustion processes was assessed by analysing the tem-

perature fields, the air-fuel equivalence ratio and the evolu-

tion of CO and NOx concentrations in exhaust. 

4.1. Exhaust gas recirculation rate 

The numerical simulation results for the three cases are 

discussed in this subsection. Numerical simulations showed 

that it was possible to obtain autonomous exhaust gas recir-

culation inside the gas microturbine combustion chamber at 

the maximum global rate of 0.53%. The IFGR system was 

found to affect the combustion processes without signifi-

cantly modifying the combustor operating parameters. The 

pipe air, fuel and exhaust gas flows through the combus-

tor’s mixing pipes for different cases and different hydro-

gen mass fractions in the methane fuel are presented in 

Table 5. Figure 6 shows the recirculated exhaust gas mass 

flows for cases A and B and different hydrogen mass frac-

tions in the methane fuel. 

 
Table 5. Mass flows after IFGR system implementation 

Case Mass flow 
leaving all 

pipes [kg/s] 

Exhaust mass 
flow recirculated 

by IFGR [kg/s] 

Fuel mass flow 
entering in all 

pipes [kg/s] 

Air mass flow 
entering in all 

pipes [kg/s] 

R00H2 3.706E–02 0 4.874E–03 3.219E–02 

R10H2 3.582E–02 0 4.252E–03 3.156E–02 

R20H2 3.502E–02 0 3.787E–03 3.124E–02 

R30H2 3.449E–02 0 3.413E–03 3.108E–02 

R40H2 3.425E–02 0 3.107E–03 3.114E–02 

R50H2 3.433E–02 0 2.851E–03 3.148E–02 

A00H2 3.751E–02 8.236E–04 4.874E–03 3.263E–02 

A10H2 3.613E–02 8.749E–04 4.252E–03 3.188E–02 

A20H2 3.541E–02 8.703E–04 3.787E–03 3.163E–02 

A30H2 3.490E–02 8.577E–04 3.413E–03 3.149E–02 

A40H2 3.460E–02 8.588E–04 3.107E–03 3.149E–02 

A50H2 3.463E–02 8.373E–04 2.851E–03 3.178E–02 

B00H2 2.538E–02 1.344E–03 4.874E–03 1.916E–02 

B10H2 2.476E–02 1.269E–03 4.252E–03 1.924E–02 

B20H2 2.417E–02 1.208E–03 3.787E–03 1.917E–02 

B30H2 2.383E–02 1.188E–03 3.413E–03 1.923E–02 

B40H2 2.347E–02 1.154E–03 3.107E–03 1.920E–02 

B50H2 2.316E–02 1.126E–03 2.851E–03 1.919Ev02 

 

Fig. 6. Recirculated exhaust gas mass flows 

 

The simulations yielded the recirculated exhaust gas 

mass flows for each of the combustor cases. IFGR ratios 

were calculated from equations 2 and 3. IFGR% stands for 

the ratio of the recirculated exhaust gas mass flow to the air 

mass flow passing through the mixing pipe, while IFGR%* 

stands for the ratio of the recirculated exhaust gas mass 

flow to the exhaust gas mass flow leaving the combustor. 

Figure 7 shows the calculated IFGR ratios. 

 

IFGR% =
Recirculated exhaust gas mass flow

Air mass flow passing through mixing pipe
∙ 100 (2) 

IFGR% ∗=
Recirculated exhaust gas mass flow

Exhaust gas mass flow leaving combustor
∙ 100 (3) 

 

 

Fig. 7. a) IFGR ratio and b) IFGR* ratio 

 

Firstly, it appears from the above that the IFGR% and 

IFGR%* ratios in case B are higher than in case A, regard-

less of the hydrogen mass fraction in the methane fuel. 

Figure 7 shows that in case A the IFGR% ratio ranges from 

2.52 to 2.75%, whereas in case B it ranges from 5.87 to 

7.01% . In case A the IFGR%* ratio is in the range of 0.32–

0.34%, versus 0.44–0.53% in case B. The difference be-
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tween these cases is due to design differences. In case A the 

recirculation of exhaust gases is accomplished by creating  

a pressure difference between the collection and injection 

locations. The difference between the total pressure (in the 

location where the exhaust gases are collected) and the 

static pressure (in the location where the exhaust gases are 

released) is exploited. In case B the recirculation of exhaust 

gases is driven not only by the total-static pressure differ-

ence, but also by an additional pressure difference generat-

ed by the venturi shaped mixing pipe. Due to this difference 

in the IFGR system design the amount of recirculated ex-

haust gases is greater in case B than in case A. 

Secondly, one should note that in case A the IFGR rati-

os are constant, whereas in case B the IFGR ratios decrease 

as the hydrogen mass fraction in the fuel increases. In both 

cases this observation is fully concordant with the IFGR 

system design. In case A exhaust gases are recirculated by  

a pipe system located between the liner and the combustor’s 

external housing, while in case B the IFGR system is direct-

ly connected to the mixing pipe inside the liner. The modi-

fication of the fuel’s composition by adding hydrogen to the 

methane results in the diminution in the density of the fuel 

in the fuelling pipes and provokes an increase in the veloci-

ty of the fuel leaving the fuelling pipes. Once the fuel enters 

the mixing pipe, its velocity decreases, while its static pres-

sure increases. In case B this results in a reduction in the 

pressure difference in the venturi fuelling pipe section, 

whereby the recirculated exhaust gas mass flow decreases 

as the hydrogen mass fraction in the fuel increases. In case 

A the IFGR system is independent of the phenomena aris-

ing inside the mixing pipes, whereby the IFGR ratios are 

constant regardless of the hydrogen mass fraction in the 

fuel. 

Finally, let us consider the risk of IFGR system over-

heating depending on the IFGR system design. In case A, 

the IFGR system is a set of pipes located between the liner 

and the combustor’s external housing. This design reduces 

the risk of IFGR system overheating since the set of IFGR 

pipes is constantly cooled by the air exiting the compressor. 

In case B, the IFGR system is located in the combustor 

outlet zone, far from the main combustion temperature, 

whereby the risk of IFGR system overheating is reduced. In 

both cases the IFGR system design reduces the risk of 

IFGR system overheating. 

Summing up, it is possible to achieve autonomous ex-

haust gas recirculation inside a gas microturbine combustor 

for various hydrogen mass fractions in the fuel if an ade-

quate IFGR pipe system is used. The IFGR ratios are con-

stant in case A, while in case B the ratios decrease as the 

hydrogen mass fraction in the fuel increases. The case B 

IFGR system enables quantitatively larger exhaust gas 

recirculation than case A, regardless of the hydrogen mass 

fraction. In case A the IFGR%* ratio is about 0.33%, while 

in case B this ratio amounts to about 0.50%. In both cases 

the IFGR system design reduces the risk of IFGR system 

overheating. 

4.2. Impact of IFGR system on pressure drop 

In this subsection the total pressure drop in the combus-

tion chamber is analysed. Figure 8 shows the total pressure 

drop for each combustor case and for various hydrogen 

mass fractions in the fuel. The total pressure drop is calcu-

lated from equation 4. 

∆p∗ =
p2

∗ − p3
∗

p2
∗

∙ 100 (4) 

 

Fig. 8. Total pressure drop 

 

Firstly, it can be noticed that regardless of the hydrogen 

mass fraction the pressure drop (ranging from 10.00% to 

10.05%) is most advantageous in the reference case, inter-

mediate (10.50–10.56) in case A and highest (10.74–

10.78%) in case B. The total pressure drop in gas micro-

turbine combustors of this type often amounts to about 10% 

[12]. The total pressure drop was expected to be higher in 

the IFGR cases than in the reference case as the IFGR pipe 

systems are extra elements, constituting additional sources 

of flow resistance, added to combustors A and B. 

Secondly, it should be noted that the total pressure drop 

is quasi-constant in each case at the increasing hydrogen 

mass fraction in the fuel. This was also expected as the total 

pressure drop is closely connected with the combustor de-

sign. 

Finally, the total pressure drop evolves from 10.00% 

(the reference case with pure methane fuel) to 10.78% (case 

B at a 0.3 hydrogen mass fraction in the fuel). The total 

pressure drop was found to increase maximally by about 

0.78%. This increase in total pressure drop is very low 

considering the fact that the combustor internal design was 

modified. The differences in pressure drop between the 

considered IFGR cases can be neglected. Hence one can 

conclude that the IFGR system does not significantly affect 

the total pressure drop in the combustor. 

Summing up, the implementation of the IFGR system 

into the combustor at various hydrogen fuelling options has 

no significant effect on the total pressure drop. This is  

a positive finding as keeping a low total pressure drop in 

the gas turbine combustor is one of the major challenges in 

designing. The fact that the IFGR system has no impact on 

this parameter is important since this means that the com-

bustor’s operating pressure will not be altered when the 

IFGR system is implemented. 

4.3. Impact of IFGR system on temperature field 

In the first part of this subsection the homogeneity of 

combustion static temperature is discussed. The designed 

combustors were considered as three-dimensional objects. 

In order to interpret the combustion phenomena occurring 

inside the combustion zone a representative plane for ob-

serving them had to be chosen. The selected plane corre-
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sponded to the longitudinal cross section of the combustion 

chamber. The combustion static temperature field in each of 

the combustor design cases is shown below for pure me-

thane fuelling (Fig. 9) and for a 0.5 hydrogen mass fraction 

in the methane fuel (Fig. 10). 

 

Fig. 9. Combustion static temperature field for pure methane fuelling 
option 

 

Fig. 10. Combustion static temperature field for 50% hydrogen mass 

percentage in fuel 

 

Firstly, when comparing the combustion static tempera-

ture field (Figs 9 and 10) for the three cases, one can see 

that the hot spots are largest in the reference case, smallest 

in case B and intermediate in size in case A, regardless of 

the hydrogen mass fraction in the fuel. In all the cases the 

hot spots are located in the top part of the liner and along 

the liner’s internal walls. In case A the temperature field is 

situated at the central top part of the liner in the place where 

the exhaust gases are introduced into the combustion zone, 

the temperature gradient is lower and the hot-spot area is 

reduced in comparison with the reference case. In case B 

the static temperature field in the top part of the liner is 

more homogeneous and the hot spots are smaller than in the 

reference case and in case A. In case B, combustion zone 

homogenization in the top part of the liner occurs in the 

whole section, not only in the central location (as in case 

A). This is due to the fact that the exhaust gases are mixed 

with fresh air in the mixing pipes. According to this visual 

analysis, case B is characterized by the best combustion 

static temperature field homogeneity, regardless of the 

hydrogen mass fraction in the fuel. 

Secondly, when hydrogen is added to the fuel, the tem-

perature gradient and the size of the hot spots increase. 

Thanks to the introduction of the IFGR system more homo-

geneous and smaller hot spots than in the reference case are 

obtained. 

The visual observations are supported by the static tem-

perature uniformity index on the mentioned-above plane, 

calculated for each of the cases at various hydrogen mass 

fractions. The uniformity index was calculated from formu-

la 5. 

 

UIarea
plane

= 1 −
∑ [(|Tfacei

− Taverage|) ∙ Ai]
N
i=1

2 ∙ Taverage ∙ ∑ [Ai]
N
i=1

 (5) 

 

The values of the area weighted static temperature uni-

formity index (UI) are presented in Fig. 11, which validates 

the visual analysis carried out above. Case B is character-

ized by the best static temperature homogeneity, while the 

reference case shows the worst homogeneity, regardless of 

the hydrogen mass fraction in the fuel. When hydrogen is 

added to the fuel, homogeneity degradation occurs. The 

uniformity index values are very similar, which indicates 

that the IFGR system does not significantly affect the glob-

al static temperature homogeneity on the investigated plane 

of the combustor. 

 

Fig. 11. Area weighted static temperature uniformity index for selected 

cross section 

 

Summing up, thanks to the implementation of the IFGR 

system the combustion static temperature field is moderate-

ly homogenized and the size of the hot spots is reduced, 

especially in case B. This applies to all the hydrogen mass 

fractions in the fuel. The size of the hot spots and the tem-

perature gradient increase with the amount of hydrogen 

added to the fuel. This applies to the selected representative 

cross section, but not necessarily to the whole volume of 

the combustor. 

In the second part of this subsection, the maximum 

combustion static temperature is investigated. Figure 12 

presents the combustion maximum static temperature oc-

curring in the combustor. 
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Fig. 12. Combustion maximum static temperature in combustors 

 

Firstly, it can be noticed that the maximum combustion 

static temperature in the reference case and that in in case A 

are comparable, regardless of the hydrogen mass fraction in 

the fuel. In case B the maximum combustion static tem-

perature is higher than in the reference case and in case A. 

The similarities between the reference case and case A stem 

from the fact that the amount of air supplied into the com-

bustion zone is similar in both cases (see Table 5) and the 

recirculated exhaust gas mass flow is lower than in case B 

(see Fig. 7). As the IFGR ratio is low in case A, the chemi-

cal and physical effects (described in the Introduction) of 

the exhaust gases on the combustion zone are very poor and 

additionally, not only the reference case air mass flow 

through the liner, but also the air-fuel equivalence ratio and 

the combustion volume are maintained. This contributes to 

the maximum combustion static temperature similarity 

between the reference case and case A, regardless of the 

hydrogen mass fraction in the fuel. In case B the maximum 

combustion static temperature is higher than in the refer-

ence case and in case A and also the IFGR ratios (see fig. 7) 

are higher than in case A, but they are still very low (the 

IFGR%* ratio amounts to about 0.5%). This may indicate 

that the expected positive (chemical and physical) effects 

on the combustion processes are seriously limited. Consid-

ering that the mass flow of the recirculated exhaust gases is 

low, the exhaust gas enthalpy and the carbon monoxide 

reburn enthalpy added to the primary combustion zone can 

be neglected. According to the results presented in Table 5, 

in case B the air mass flow passing through the mixing 

pipes (primary combustion air) is reduced in comparison 

with the reference case and case A. For example, in the 

pure methane fuelling mode the primary air mass flow 

amounts to about 3.2E–2 kg/s in the reference case, to 

about 3.3E–2 kg/s in case A and to only about 1.9E–2 kg/s 

in case B. The primary combustion air mass flow modifica-

tion in case B was identified as a major factor contributing 

to a change in combustion static temperature. The modifica-

tion of the air supplied into the liner can affect the air-fuel 

equivalence ratio repartition in graduated combustion. An 

increase in the maximum combustion static temperature 

would indicate that there is a zone inside the liner where the 

air-fuel equivalence ratio is close to the stoichiometric 

condition (case B). This hypothesis will be tested in the 

next section of this paper. 

Secondly, it can be noticed that the maximum combus-

tion static temperature increases as the hydrogen mass frac-

tion in the fuel is increased. The maximum combustion 

static temperature evolves from 2234–2248 K to 2371–

2390 K. An increase in the maximum static temperature by 

about 140 K occurs when pure methane fuelling is changed 

to fuelling with a 0.5 hydrogen mass fraction in the fuel. 

The methane maximum adiabatic combustion temperature 

is 2250 K [14, 15], which corresponds to the result obtained 

in the cases with pure methane fuelling. The hydrogen 

maximum adiabatic combustion temperature is 2400 K [14, 

15], which corresponds to the results obtained in the case 

with a 0.5 hydrogen mass fraction in the fuel. The increase in 

combustion temperature was expected for the hydrogen en-

riched fuel and the obtained results are consistent with the 

chemical and physical combustion properties of the fuel. 

Summing up, one should note that the maximum com-

bustion static temperature is lowest in the reference case 

and highest in case B, regardless of the hydrogen mass 

fraction in the fuel. At the same time the maximum com-

bustion static temperature results for case A are closely 

comparable with the ones for the reference case. It emerges 

from the discussion of the results that the maximum com-

bustion static temperature modification can be linked to the 

air-fuel equivalence ratio modification. This hypothesis will 

be tested in the next section of this paper. The addition of  

a 0.5 hydrogen mass fraction to the methane fuel provokes 

a rise in the maximum combustion static temperature by 

about 140 K. This observation is consistent with the chemi-

cal and physical combustion properties of the fuels.  

In the third part of this subsection, the exhaust total tem-

perature is analysed. This is one of the most important pa-

rameters describing a combustor. The evolution of the aver-

aged exhaust gas total temperature is presented in Fig. 13. 

 

Fig. 13. Averaged exhaust gas total temperature 

 

Firstly, it can be noticed that the averaged exhaust gas 

total temperature is highest in case A, lowest in case B and 

intermediate in the reference case, regardless of the hydro-

gen mass fraction in the fuel. In each of the fuelling cases 

the exhaust temperature values are relatively close. For 

example, in the pure methane fuelling mode the exhaust 

total temperature ranges from 1225 K to 1230 K. According 

to the preliminary simplified combustor calculations (see 

Table 1), the exhaust total temperature was to amount to 

about 1185 K. The relative difference in exhaust total tem-

perature between the simplified gas microturbine design 

calculation result and the simulation result for the reference 

case amounts to about 3.65%. Considering that the design 

calculation model was much simplified and did not take 

into account the combustion chamber’s shape which has  

a major impact on combustor exhaust total temperature, this 

difference is acceptable. Moreover, the difference in exhaust 
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total temperature between the reference case and the IFGR 

cases is negligible, regardless of the hydrogen mass fraction 

in the fuel. The fact that the exhaust total temperature re-

mains at the same level in all the studied cases is highly im-

portant as it indicates that the implementation of the IFGR 

system will not alter this combustor operating parameter. 

Secondly, one should note that the exhaust total temper-

ature drops from the range of 1225–1230 K (pure methane 

fuelling) to the range of 1210–1213 K (for the 0.5 hydrogen 

mass fraction in the fuel). This means that the exhaust total 

temperature decreases by 15–17 K when hydrogen is added 

to the fuel. The decrease can be due to two factors: 1) a fuel 

supply calculation inaccuracy and 2) the fact that the addi-

tion of hydrogen to the fuel results in an extension of the 

flammability range and in incomplete combustion in the 

liner. This hypothesis needs to be tested since if incomplete 

combustion occurred in the liner, this would increase the 

risk of combustion in the turbine part of the gas micro-

turbine. Although the decrease in exhaust total temperature 

can be neglected in terms of value, there is a need to check if 

this temperature drop stems from incomplete combustion. In 

the next subsection, for all the hydrogen mass fractions the 

total air-fuel equivalence ratio (in the combustion chamber) 

will be compared with the air-fuel equivalence ratios defin-

ing the range of flammability of the air-fuel mixture. 

Summing up, one should note that the IFGR implemen-

tation does not significantly affect the exhaust total temper-

ature, regardless of the hydrogen mass fraction in the fuel. 

When hydrogen is added to the methane fuel, a small de-

crease in exhaust total temperature occurs. Even though the 

decrease is negligible, it should be checked if it is linked 

with incomplete combustion in the liner (due to a flamma-

bility range extension caused by the addition of hydrogen to 

the fuel). This hypothesis will be tested in the next section 

of this paper. 

From the above observations one can conclude that the 

implementation of the IFGR system into the gas micro-

turbine combustor does not significantly affect the combus-

tion temperature homogeneity and the exhaust total temper-

ature, but it has an impact on the maximum combustion 

static temperature (especially in case B). The positive effect 

is that the exhaust total temperature is not significantly 

altered when the IFGR system is implemented. The fact 

that the combustion static temperature homogeneity is not 

significantly affected by the IFGR system implementation 

is of neutral consequence. Finally, the conservation or even 

augmentation (case B) of the maximum combustion static 

temperature when the IFGR system is implemented is  

a negative effect. This effect is probably due to the modifi-

cation of the air-fuel ratio, which will be checked in the 

next subsection of this paper. 

4.4. Impact of IFGR system on lambda ratio 

This section is divided in two parts. The first part is ded-

icated to the analysis of the air-fuel equivalence ratio, 

aimed at explaining the increase in the maximum combus-

tion temperature in case B. The air-fuel equivalence ratios 

occurring in the combustion chamber were determined on 

the basis of the liner air and exhaust gas mass flow reparti-

tion and the combustion properties of the fuel (methane and 

hydrogen) [41–43]. The oxygen present in the exhaust 

gases was taken into account in the air-fuel equivalence 

ratio calculations. The air-fuel equivalence ratio values are 

presented in Table 6. The primary zone is the liner’s part 

which air and exhaust gases (coming from the IFGR sys-

tem) enter. The hole series I to IV are perimetrical hole 

series located on the liner, enabling combustion to occur. 

The cooling hole series are holes located in the liner’s end 

part, letting cooling air in. The “IFGR out” designation in 

table 6 is the liner outlet air-fuel equivalence ratio after 

some of the exhaust gas is taken by the IFGR system. 

According to Table 6, the air-fuel equivalence ratios are 

closest to unity after liner hole series no. II. Figure 14 shows 

the air-fuel equivalence ratios for the second liner hole series. 

One should note the decrease in the amount of oxygen 

supplied into the primary combustion zone in IFGR com-

bustion case B in comparison with the reference case and 

case A. As a result of this decrease the augmentation of the 

 
Table 6. Air-fuel equivalence ratios 

 Case λPrim.zone
Total  [–] λHole I

Total  [–] λHole II
Total  [–] λHole III

Total  [–] λHole IV
Total  [–] λCool.hole

Total  [–] λIFGR out
Total  [–] 

R00H2 0.38 0.53 1.20 1.35 2.01 2.96 2.96 

R10H2 0.39 0.55 1.24 1.40 2.10 3.09 3.09 

R20H2 0.40 0.56 1.28 1.44 2.16 3.18 3.18 

R30H2 0.40 0.57 1.30 1.47 2.21 3.25 3.25 

R40H2 0.41 0.58 1.33 1.50 2.25 3.32 3.32 

R50H2 0.42 0.60 1.36 1.53 2.29 3.37 3.37 

A00H2 0.39 0.54 1.21 1.36 2.02 2.97 2.96 

A10H2 0.40 0.56 1.25 1.41 2.10 3.09 3.09 

A20H2 0.41 0.57 1.29 1.45 2.16 3.18 3.18 

A30H2 0.42 0.59 1.32 1.49 2.22 3.26 3.25 

A40H2 0.42 0.60 1.34 1.52 2.26 3.33 3.32 

A50H2 0.44 0.61 1.37 1.54 2.30 3.38 3.37 

B00H2 0.24 0.40 1.10 1.27 1.97 2.97 2.96 

B10H2 0.25 0.42 1.15 1.32 2.05 3.10 3.09 

B20H2 0.25 0.43 1.18 1.36 2.11 3.19 3.18 

B30H2 0.26 0.44 1.21 1.39 2.16 3.26 3.25 

B40H2 0.26 0.45 1.23 1.42 2.20 3.33 3.32 

B50H2 0.27 0.45 1.26 1.44 2.24 3.39 3.37 
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Fig. 14. Air-fuel equivalence ratios located after second liner hole series 

 

total air-fuel equivalence ratio is delayed. Regardless of the 

hydrogen mass fraction in the fuel, case B has the lowest 

total lambda after the second liner hole series, which is 

closest to unity, especially in the pure methane fuelling 

mode. This observation is consistent with the temperature 

evolution described in the previous section. The augmenta-

tion of the maximum combustion static temperature in case B 

is connected rather with the modification of the air mass flow 

than with the exhaust gases recirculated by the IFGR system. 

The second part of this section is dedicated to determin-

ing the evolution of the combustion zone in the studied 

combustor cases when hydrogen is added to the fuel. The 

fuel combustion ranges were determined [41–44] and com-

pared with the air-fuel equivalence ratios in the liner’s top 

part and its end part. As a result, it was found whether the 

combustion conditions were met in the two parts of the 

liner. The results of this analysis are presented in Table 7. 

Firstly, according to the results presented in Table 7, the 

conditions in the primary combustion zone are met in the 

reference combustor and in the case A combustor when the 

hydrogen mass fraction in the fuel is larger than 0.2. 

Whereas in case B the combustion conditions in the prima-

ry combustion zone are not met. The main objective of the 

primary zone is to assure good air-fuel mixing in order to 

obtain a homogeneous mixture. Generally, combustion 

processes should be limited in this zone. When hydrogen, 

amounting to a 0.2 mass fraction, is added to the fuel, com-

bustion occurs in the primary zone in the reference case and 

in case A. Only in case B combustion does not occur in the 

primary zone. This is due to a primary zone air mass flow 

reduction connected with the venturi shaped mixing pipes 

(Table 5). As regards the displacement of the flame into the 

top zone of the liner, the IFGR system case A does not 

present any advantages (in comparison with the reference 

case) and in case B the combustion conditions are not met 

in the top part of the liner (but this is just due to the primary 

air mass flow reduction). 

Secondly, the addition of hydrogen to the fuel provokes 

an increase in the air-fuel equivalence ratio at which com-

bustion can occur. According to the data presented in Table 

7, beginning with the first hydrogen addition (a 0.1 mass 

fraction) the value of the total lambda at the combustion 

chamber’s outlet is lower than the maximum lambda value 

at which fuel combustion can occur. This applies to the 

reference case and the IFGR cases. The addition of hydro-

gen alters the combustion design in the liner: combustion 

occurs in the whole liner, even in the cooling zone. When 

hydrogen is added, the temperature of the exhaust gases 

drops (Fig. 13) because the combustion is not complete yet. 

There is a risk that the combustion process will continue 

after the mass flow leaves the combustion chamber in the 

turbine. This risk cannot be reduced by implementing the 

IFGR system since the latter does not modify the final total 

air-fuel equivalence ratio. 

Summing up, one should note that the increase in the 

maximum combustion static temperature in IFGR case B 

stems from the air-fuel equivalence ratio modification. 

When hydrogen amounting to a mass fraction of over 0.2 is 

added to the fuel, the combustion conditions in the primary 

zone are met in the reference case and in IFGR case A. In 

IFGR case B the combustion conditions in the primary zone 

are not met for the whole range of hydrogen additions. The 

drop in exhaust total temperature after hydrogen addition is 

the consequence of a combustion range extension resulting 

in a combustion zone expansion even to the turbine’s inlet. 

 
Table 7. Primary air zone and exhaust zone lambda vs flammability limit lambda 

Case λmin [–] λPrim.zone
Total  [–] State λIFGR out

Total  [–] λmax [–] State 

R00H2 0.592 0.38 No combustion 2.96 1.985 No combustion 

R10H2 0.510 0.39 No combustion 3.09 3.441 Combustion 

R20H2 0.442 0.40 No combustion 3.18 4.656 Combustion 

R30H2 0.384 0.40 Combustion 3.25 5.685 Combustion 

R40H2 0.334 0.41 Combustion 3.32 6.569 Combustion 

R50H2 0.291 0.42 Combustion 3.37 7.335 Combustion 

A00H2 0.592 0.39 No combustion 2.96 1.985 No combustion 

A10H2 0.510 0.40 No combustion 3.09 3.441 Combustion 

A20H2 0.442 0.41 No combustion 3.18 4.656 Combustion 

A30H2 0.384 0.42 Combustion 3.25 5.685 Combustion 

A40H2 0.334 0.42 Combustion 3.32 6.569 Combustion 

A50H2 0.291 0.44 Combustion 3.37 7.335 Combustion 

B00H2 0.592 0.24 No combustion 2.96 1.985 No combustion 

B10H2 0.510 0.25 No combustion 3.09 3.441 Combustion 

B20H2 0.442 0.25 No combustion 3.18 4.656 Combustion 

B30H2 0.384 0.26 No combustion 3.25 5.685 Combustion 

B40H2 0.334 0.26 No combustion 3.32 6.569 Combustion 

B50H2 0.291 0.27 No combustion 3.37 7.335 Combustion 
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4.5. Impact of IFGR system on CO and NOx concentra-

tions  

The CO concentrations in exhaust were calculated from 

formula 6 and are presented in Fig. 15. 

CO =
COmole_fraction

1 − H2Omole_fraction

∙ 106 (6) 

 

Fig. 15. CO concentrations in exhaust 

 

Firstly, the CO concentrations show a decreasing trend 

from the reference case to case B. For all the IFGR cases 

CO concentrations are below 10 ppm. The decreasing val-

ues of CO concentrations correspond to an increase in the 

maximum combustion static temperature and to the recircu-

lation of some of the exhaust gas mass flow. This reduction 

in CO concentrations can be due to two facts: 1) the com-

bustion temperature increases from the reference case to 

case B and so the concentrations decrease and 2) some of 

the CO present in the exhaust gases is recirculated into the 

combustion zone and this CO is reburnt, which results in  

a reduction in CO concentration in the IFGR cases. The CO 

concentration trend is maintained for the whole range of 

hydrogen mass fractions in the fuel. 

Secondly, the CO concentrations decrease as hydrogen 

is added to the fuel, regardless of the combustor case. This 

is due to the augmentation of the maximum combustion 

static temperature (see Fig. 12) and the degradation of 

combustion temperature homogeneity (see Fig. 11), result-

ing from hydrogen addition. 

Finally, the reduction in CO concentrations is connected 

with the augmentation of the maximum combustion static 

temperature, which occurs in all the IFGR cases (especially 

in case B) and when hydrogen is added to the fuel. 

The NOx concentrations in exhaust were calculated 

from formula 7 and are presented in Fig. 16. 

NOx =
NOmole_fraction + NO2mole_fraction

1 − H2Omole_fraction

∙ 106 (7) 

Firstly, as regards NOx concentrations, they increase 

from the reference case to case B. In this kind of power 

devices NOx concentrations are strongly linked with the 

thermal NO mechanism. As the maximum combustion 

temperature increases from the reference case to case B 

(Fig. 12), so do NOx concentrations. This is consistent with 

the CO concentrations and the maximum combustion tem-

perature evolution. The NOx concentration trend is main-

tained for the whole range of hydrogen mass fractions in 

the fuel. 

 

Fig. 16. NOx concentrations in exhaust 

 

Secondly, the NOx concentrations decrease as hydrogen 

is added to the fuel, regardless of the combustor case. This 

is due to the augmentation of the maximum combustion 

static temperature (see Fig. 12) and the degradation of 

combustion temperature homogeneity (see Fig. 11), result-

ing from hydrogen addition. 

Finally, the increase in NOx concentrations in exhaust is 

connected with the augmentation of the maximum combus-

tion static temperature, which occurs in all the IFGR cases 

(especially in case B) and when hydrogen is added to the 

fuel. 

Summing up, the implementation of the IFGR system 

results in a reduction in CO concentrations and at the same 

time in an increase in NOx concentrations. The most re-

markable changes in pollutant concentrations in exhaust 

occur in case B. The changes are due to the increase in 

combustion temperature. The temperature augmentation is 

connected with the air-fuel equivalence ratio modification 

in the IFGR cases and with the increase in the hydrogen 

mass fraction in the fuel. The IFGR system does not affect 

the emissivity of the combustor through the expected chem-

ical and physical effects (described in the Introduction) 

because the exhaust gas mass flow is too low to have  

a significant effect on the combustion process. The ob-

served pollutant concentration modifications resulting from 

the implementation of the IFGR system are connected with 

the modification of the air-fuel equivalence ratio in the 

combustor’s liner. 

5. Conclusion 
The observations and conclusions relating to the imple-

mentation of an autonomous IFGR system into the gas 

microturbine in the context of the co-combustion of higher 

hydrogen enriched methane fuel are listed below: 

 it is possible to achieve autonomous exhaust gases re-

circulation inside a gas microturbine combustor at vari-

ous hydrogen mass fractions in the fuel by applying an 

adequate IFGR pipe system; 

 the maximum exhaust gases recirculation is obtained in 

combustor case B, regardless of the hydrogen mass frac-

tion in the fuel; 

 the IFGR ratios are constant in case A, whereas in case 

B they decrease as the hydrogen mass fraction in the 

fuel increases; 

 the IFGR system design reduces the risk of overheating 

the IFGR pipes; 

 the IFGR system implementation into the combustor 

does not significantly affect the total pressure drop at 
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various hydrogen fuelling options – the combustor’s 

pressure operating parameters are not altered when the 

IFGR system is implemented; 

 the implementation of the IFGR system into the gas 

microturbine combustor does not significantly affect the 

combustion temperature homogeneity at a constant hy-

drogen mass fraction in the fuel; 

 the addition of hydrogen to the fuel results in the degra-

dation of combustion static temperature homogeneity in 

the reference case and in the IFGR cases; 

 the implementation of the IFGR system provokes max-

imum combustion static temperature augmentation, es-

pecially in case B, regardless of the hydrogen mass frac-

tion in the fuel; 

 the addition of hydrogen to the fuel provokes maximum 

combustion static temperature augmentation in all the 

combustor cases; 

 the maximum temperature augmentation, especially in 

case B, is due to the fact that the local air-fuel equiva-

lence ratio approaches unity owing to the IFGR system 

design; 

 for a constant hydrogen mass fraction in the fuel the 

exhaust total temperature in the reference case and in 

the IFGR cases is comparable; 

 the addition of hydrogen to the fuel results in a decrease 

in the exhaust total temperature in all the combustor 

cases; 

 the exhaust total temperature drop after hydrogen addi-

tion is due to a combustion range extension provoking  

a combustion zone expansion even to the inlet of the 

turbine; 

 when hydrogen amounting to a mass fraction of over 0.2 

is added to the fuel, the combustion conditions in the 

mixing pipes are met in the reference case and in IFGR 

case A; 

 in IFGR case B the combustion conditions in the mixing 

pipes are not met for the whole range of hydrogen addi-

tions; 

 the implementation of the IFGR system results in  

a reduction in CO concentrations and at the same time 

in an increase in NOx concentrations (especially in case 

B); 

 the addition of hydrogen to the fuel results in a reduc-

tion in CO concentrations and at the same time in an in-

crease in NOx concentrations (especially in case B); 

 the pollutant concentration modifications are connected 

with the increase in combustion temperature; 

 the IFGR system does not affect the emissivity of the 

combustor through the expected chemical and physical 

effects (described in the Introduction) because the ex-

haust gas mass flow is too low to have a significant ef-

fect; 

 the observed pollutant concentration modifications 

resulting from the implementation of the IFGR system 

are connected with the modification of the air-fuel 

equivalence ratio in the combustor’s liner. 

The investigated IFGR system enables the recirculation 

of exhaust gases, but the recirculated exhaust gas mass flow 

is too low to act as expected on the combustion processes. 

The observed temperature and pollutant concentration mod-

ifications result from the modification of the combustion 

air-fuel equivalence ratio due to the modification of the 

combustor design. The autonomous IFGR system does not 

seem to be an efficient way of improving the combustion 

process in the gas microturbine combustor with or without 

adding hydrogen to the fuel. This concept would work if the 

recirculated exhaust gas mass flow was increased, for ex-

ample, by an additional pumping system [12], but this 

would entail powering the latter and so power losses would 

occur. At this stage of the investigations, the MILD com-

bustion design seems to be one of the most promising ways 

to reduce the combustion temperature and so the emissivity. 

 

Nomenclature 

Ai  area of facet defining analysed surface [m
2
] 

c  air stream velocity [m/s] 

CO  carbon monoxide concentrations in exhaust 

[ppm] 

COmole_fraction  carbon monoxide mole fraction [–] 

cs  fuel mass flow for pure methane fuelling mode 

[kg/s] 

cs

i_H2mass_fraction  fuel mass flow for hydrogen mass fraction i 

in fuel [kg/s] 

H2mass_fraction
 hydrogen mass fraction in fuel [–] 

H2Omole_fraction water vapor mole fraction [–] 

IFGR%  primary zone combustion IFGR ratio [%] 

IFGR% ∗ global combustion IFGR ratio [%] 

LHVCH4
  lower heat value of methane fuel [kJ/kg] 

LHVH2
  lower heat value of hydrogen fuel [kJ/kg] 

Mass percentage [%] = Mass fraction [–]  100 

ṁ  air mass flow entering combustor [kg/s] 

ṁfuelling_pipe  air mass flow passing through fuelling pipes 

[kg/s] 

NOmole_fraction  nitrogen oxide mole fraction [–] 

NOx  nitrogen oxides concentrations in exhaust [ppm] 

NO2mole_fraction
  nitrogen dioxide mole fraction [–] 

p∗  total pressure [Pa] 

p2
∗  total pressure at combustor’s inlet [Pa] 

p3
∗  total pressure at combustor’s outlet [Pa] 

∆p∗  total pressure drop in combustor [%] 

UIarea
plane

  area averaged uniformity index [–] 

Taverage  average static temperature in analysed cross-

section [K] 

Tfacei
  static temperature on i-th facet defining analysed 

surface [K] 

Tmax  static maximum temperature in combustor [K] 

T3*  total exhaust temperature [K] 

T*  total temperature [K] 

λHole_serie_i
Total   total air-fuel equivalence ratio for i-th hole 

series location [–] 

λmax(min)  explosive limit air-fuel equivalence ratio [–] 
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