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The swirl ratio influence on combustion process and heat transfer in the opposed
piston compression-ignition engine

In order to maximise engine heat efficiency an engines charge flow must be properly designed -especially its swirl and tumble ratio.
A two-stroke compression-ignition opposed piston engine reacts to engine swirl differently compared to a standard automotive engine
with axially symmetric combustion chamber. In order to facilitate direct fuel injection, high-pressure injectors must be positioned from
the side of combustion chamber. Depending on the combustion chamber geometry the swirling gases impact greatly how the injection
stream is formed. If the deformation is too high the high temperature combustion gases can hit the piston surface or get into gaps
between the pistons. This greatly affects the heat lost to the pistons and raises their local temperature. More atomised injection stream is
more prone to swirling gas flow due to its reduced droplet size and momentum. The paper presents simulation results and analyses for
different intake process induced swirl ratios and different types of combustion chambers in an experimental aviation opposed piston

engine.

Key words: opposed, two-stroke, combustion, heat, diesel

1. Introduction

The compression ignition engines are more thermody-
namically efficient than the SI engines, even though the
theoretical thermodynamic cycle seems less efficient at first
glance (heat capacity is higher for the constant pressure
heat addition). Higher efficiency is achieved because of the
lean combustion and higher compression ratio — not feasi-
ble in SI engines due to knock combustion phenomena.
Lean combustion in an CI engine ensures better isolation of
hot combustion gases from cold combustion chamber walls.
This is the reason why proper injection, intake, exhaust and
combustion process design is important for the heat loses.
Additionally, some energy can be recuperated with turbo-
compressor. In order to isolate hot combustion gases from
chamber walls an indentation in the piston is introduced.
During the injection, nearly all gas mixture is enclosed by
that indentation. Additionally, squeezing all gas into small
confined volume creates a “squish” phenomena which am-
plifies swirling motion and turbulence properties. The
smaller the combustion chamber active area the smaller the
heat flux will be. This is why it is favourable to make more
spherical combustion chamber as sphere has the best vol-
ume to surface ratio

The swirling motion of the gas is defined by axial swirl
and radial swirl called “tumble”. In order to estimate the
swirl ratio, an axis of rotation have to be known. The swirl
ratio can be calculated with formula:

_ 60 =¥imi[(xi—xc)vi-(i-ycluil (1

ST 2mn ¥ymyl(x—xc)?-(yi-yc)?]

where C = (X, Y¢ Zc) represents the center of mass of the
whole combustion chamber gas region [1].

2. Materials and Methods

The paper presents the simulation results of thermody-
namic CFD hypothetical two stroke compression ignitions
opposed engine simulations, that is being designed for use
in light aircraft. High power to weight ratio and thermal
efficiency are the key values of the engine. Designing a

new engine is bound to many uncertainties and variables. In
order to investigate engine working cycle phenomena, the
simulation is split into combustion and intake/exhaust parts
(Fig. 1).
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Fig. 1. Information flow diagram for engine work cycle optimization
simulations

The gas transport simulation is intended to find optimal
intake and exhaust windows geometry for a required mass
that needs to be transported into combustion chamber, re-
quired swirl, tumble and minimal energy loses. In order to
find out what swirl ratio will be best for a given load a
combustion simulation is conducted with variable swirl
ratio as an initial condition. The combustion simulation
therefore stars after intake windows close and finishes be-
fore the exhaust windows open. It allows for combustion
chamber geometry and injection parameters optimization,
maximising engine heat efficiency and minimizing heat
flux through chamber walls. This paper presents mainly the
impact of varying swirl ratio on combustion process. The
simulations were performed in the AVL Fire software.
Throughout the optimization process many combustion
chamber geometries were developed. Some of them are
presented in Fig. 2. Geometry v4 is the simplest one with
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symmetry in all perpendicular planes. Geometries v4, v7
and v8 are further improvements, with increased sphericity
of piston bowl and with flow disturbing edges defor-
mations.

Fig. 2 Geometry versions of the combustion chamber

They intend to change the rotation axis of initially cyl-
inder axial swirl. Geometry v6 is designed for only one
injector. Table 1 shows engine parameters. Study [2] pre-
sents similar engine with swirl ratio analysis.

Table 1. Engine parameters

Bore 65.5 mm
Stroke 76.4 mm
Displacement volume 514607 mm’
TDC comb. cha. volume 21850 mm®

Compression ratio 24.5

Connecting rod 125 mm
Crankshafts axis distance 325.1 mm
Crank angle shift 24° CA
Crankshaft rotational speed 4000 min-1

The simulation starts at angle 610° CA and ends at 800°
CA. The initial parameters presented in Table 2 are set for
angle 610° CA.

Table 2. Simulation parameters and initial conditions

Parameter Value
Simulation range 610-800° CA (720°=TDC)
Pressure 194634 Pa
Temperature 428 K
Turbulent kinetic energy 30 m%/s’
Turbulence length scale 0.0013 m
Turbulent dissipation rate 20769.2 m%/s’
Laminar flame speed Maghalchi & Keck

EGR composition 0.63

Lower heating value 43,400 MJ/kg

Cylinder temperature boundary 373 K

condtition

Piston temperature boundary 443 K

condtition

Heat transfer wall model Standard wall function
3. Results

The increase of axial swirl rotational speed tends to
higher redirection of the fuel stream from its axial hole
direction due to higher local tangential velocities. Also,
higher turbulence provides better atomization of the fuel
droplets and higher combustion flame front area. This leads
to faster combustion and higher thermodynamic efficiency.
On the other hand, if the swirl ratio is too negative effects
can occur. Increasing high swirl increases the pumping
loses. The hot post combustion gases can be scattered

throughout the colder combustion regions, intensifying the
heat transfer to the combustion chamber walls. During the
combustion and gas expansion phase the increased heat
transfer leads to decreased thermodynamic cycle efficiency.
The heat addiction process is not as isochoric and the gas
expansion process is not as adiabatic. Additionally, high
swirl ratio means higher local gas velocity close to the
chamber walls. This increase the heat transfer coefficient
what also increase the heat transfer. Similar conclusions
were drawn studies [3, 4].

Fig. 3. Relative efficiency and swirl ratio for different geometries

Around 60 cases were calculated for different combus-
tion chambers and injection parameters. Some trends can be
distinguished when we compare the results. Figure 3 pre-
sents how relative efficiency changes with the change of
swirl ratio. All Geometries show similar trend, where in-
creasing swirl ratio increases the relative efficiency up to
certain maximum point and any further increase decreases
the efficiency. This happens because after certain point the
increased convective heat transfer has bigger impact than
increase of turbulent flame speed and reaction rate.The heat
loses seem to follow a linear trend with the increase of swirl
ratio. This is because the heat transfer coefficent is fairly
proportional to the increase of tangenal near wall velocity.
All geometries follow a steady linear trend of relative heat
loss vs. swir ratio.

Fig. 4. Relative efficiency and swirl ratio for different geometries
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Figure 5 presents simulation results for geometry v4. Swirl
ratio = O result in poor flame surface propagation, low
flame velocity and poor injection atomisation. Two injec-
tion streams meat at the middle of combustion chamber and
expand uniformly in all directions. Increasing the swirl ratio
causes the injection streams to deflect from their axial di-
rection. This causes an increased flame front surface and
faster combustion.

Fig. 5. Injection and combustion visualisation for 4 different switl ratios
and different crank angle potions

Increasing the swirl ratio higher cause the hot gases to
flow between the in-between pistons gaps increasing heat
loses to pistons and cylinder walls. Therefore, it is im-
portant to choose the optimal swirl ratio for a given case.
Another study of an opposed piston dual injection engine
also shows that there is an optimal swirl ratio for maximum
IMEP [5].

Figure 6 shows that increasing the swirl ratio leads to
faster combustion process and to higher maximum rate of
heat release. This is the biggest factor for the thermal effi-
ciency increase. The values of heat release are high com-
pared to study [6] where lower compression ratio engine is
investigated but the trend of swirl ratio impact is similar.

Piston heat load
In order to analyse the heat load in comparative way the
heat flux was recorded (Fig. 7). It is clearly visible that the
increase of swirl ratio increase the heat transfer rate
throughout the whole cycle. The heat rate peaks near the
end of the injection process when nearly all fuel is burned
and hot gases come close to combustion chamber walls.
The time integration of heat flux gives the total cumula-
tive energy transferred via convection through the chamber
walls (Fig. 8). The increase of swirl ratio increases the total
chamber walls heat transfer as the gas temperature and heat
transfer coefficient increase. Most heat is transferred

through the piston walls, as they compose most surface area
of the combustion chamber during the combustion phase.
There is no cylinder head so instead most heat is loaded on
the pistons. This is the main reason why it is essential to
predict convective heat transfer loads in the design process
of the engine.

Fig. 6. Rate of heat release in respect to the crank angle for different swirl
ratios

Fig. 7. Heat rate through combustion chamber walls at different crank
ankle positions

Fig. 8. Cumulative heat transferred through combustion chamber walls at
different crank angle positions

The results show that the heat flux can vary vastly with
the change of swirl ratio, injection parameters and combus-
tion chamber geometry. It is very important not to exceed
the temperature limits if the piston materials. The tempera-
ture affects piston strength limits and its thermal expansion.
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Also, if the temperature is too high the oil density and its
lubrication abilities decrease. This causes high cylinder
wear what decreases engines service life.

Emmision

The ECFM-3Z+ combustion model allows detailed post
flame chemistry, especially the NOx emission. Figure 9
presents the NO mass fraction against the crank angle for
different swirl ratios. The increase of swirl ratio leads to
more turbulent therefore faster combustion further increas-
ing the in-cylinder peak gas temperature. Therefore, the
increase in swirl ratio tend to increase the NO emission.
Following studies show similar trend [7, 8].

Fig. 9. Mean NO mass fraction at different crank angle positions and
different swirl ratios

Soot deposes in the regions of rich mixture in certain
temperatures. Because in CI engines diffusion flame is
dominant, soot forms in the local rich regions. Due to the
high temperature and lean conditions soot a vast amount of
soot burn long after the injection process (Fig. 10).

Fig. 10. Mean soot mass fraction in respect to the crank angle for different
swirl ratios

Increasing the swirl ratio decreases the amount of soot
formed, because better mixture turbulization increases the
chance of succesfull post flame combustion. The soot levels
are high for all cases when we compare it to european
automotive standards.

Study [9] shows an opposite trend for a different engine,
because the injection fuel has much higher contact with
combustion chamber bowl walls. The main idea of chamber
being designed is to limit this contact as much as possible.
Figure 11 shows that with the increase in swirl the CO
emission decreases both for a maximum value and final
value after combustion and expansion process. Increasing
swirl ratio has negative effect on NO emission and positive
effect on soot and CO formation. Similar considerations can
be found in [10, 11].

Fig. 11. Mean CO mass fraction against crank angle position for different
swirl ratios

4. Discussion
The distance between the injection stream and chamber

walls has a big impact on combustion process. If the fuel
meets cold chamber wall before it evaporates it may not be
combusted leading to incomplete combustion. This has nega-
tive effect on exhaust emission and indicated power. Even
during combustion when the flame front meets cold chamber
walls the heat efficiency drops dramatically, as the heat is
inevitably lost via cooling. The shape of combustion chamber
also induces swirl, tumble and squish. The swirling flow has
a big influence on fuel stream trajectory, fuel atomisation and
evaporation and combustion process itself including the
turbulent flame speed. Piston induced squish forces the mix-
ture into small spherical piston bowl. Decreased gas inertia
increases the swirl rotational velocity. After heat addition
with increased temperature the gas kinematic viscosity in-
creases too. This makes the swirl dissipate faster and further
decrease its rotational velocity through the gas expansion
process. Higher swirl makes the injection fuel stream deflect
more (fig. 5). The fuel droplet atomisation is better and the
flame surface area increases. The larger the flame surface
area the faster the combustion process, making the thermal
efficiency higher. If the swirl ratio is too high the efficiency
decreases. As the heat loses to the walls linearly increase
with the swirl ratio, the combustion speed increases with
decreasing gradient until its maximum. Also, high swirl ratio
tends to force the hot gases to the gap between the pistons,
decreasing the heat that is transformed into pressure. When
we increase the swirl ratio the combustion process is faster
and makes the heat addition process more isochoric and the
overall heat efficiency is higher. The increased heat transfer
coefficient negatively impacts the engine conditions. In-
creased heat transfer increases the heat load on the pistons. In
such engine, it is important to maintain piston temperature
below its limits. High Hotspots can occur in some locations,
intensifying soot and hydrocarbons emission. To sum up:

— for simulated cases swirl ratio between 1 and 1.5 gives
best efficiency with acceptable amount of heat load to
the pistons,

— increasing swirl ratio has negative effect on NO emis-
sion and positive effect on soot and CO formation,

— for the perpendicular to cylinder axis injectors orienta-
tion the swirl ratio has a big influence on the injection
trajectory.
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Nomenclature

CI
DI
CA
EGR

compression ignition
direct injection

crank angle

exhaust gas recirculation

SI
TDC
IMEP

spark ignition
tom dead center
-indicated mean effective pressure.
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CFD numerical simulation of the indirect cooling system of an internal combustion
engine

The paper presents an analysis of the fluid flow in the cooling system of an internal combustion engine with oposite pistons.
The purpose of the work was to optimize the flow of fluid through the channels located in the engine block. Simulation studies and
subsequent iterations were performed using Ansys Fluent software. Two-equation k-epsilon turbulence model was used in the simulation
model. Boundary and initial conditions were taken from previously made simulations conducted in AVL Boost software. The average
wall temperature of the cylinder and the temperature of the outer walls of the cylinder were assumed for simulations. The results of the

analyzes were graphically illustrated by the speed streamline distribution of velocity fields and temperature.

Key words: Ansys Fluent, combustion engine, computational fluid dynamics CFD, cooling system

1. Introduction

CFD method is one of the most rapidly growing nowa-
days. It is used in all areas of life. Beginning with medicine,
by simulating blood flow in major arteries and finishing
with the engineering activities, i.e. simulations of the flow
around the obstacle. CFD allows to reduce the cost of pro-
ducing an item. Rather than producing and testing an object
by experimentation, it can be tested using the simulation
tools. CFDs provide the opportunity for modification
of geometry, changing boundary conditions and observing
their impact on the key parameters. Both fluid and energy
flows can be analyzed [1, 3].

The internal combustion engine generates the energy
contained in the gas pressure and the heat from the combus-
tion of the fuel in each cycle. On one hand the energy of the
gas pressure is converted to mechanical energy. On the
other hand, heat energy must be drained out of the system.

Cumulating of heat energy can lead to an increase in the
thermal loads of individual engine components, thus accel-
erating their wear and tear. Too low or too high heat energy
directly affects the combustion process, significantly wors-
ening it. Therefore, it was decided to carry out a numerical
studies using the CFD method to calculate the amount of
heat flowing from the combustion chamber to the cooling
system, through the fluid jacket placed in the engine block.
As a research object, a research three cylinder engine with
a opposite pistons was used [5].

2. CFD simulations

The element that receives the heat from the system in
the internal combustion engine is the fluid (working medi-
um). There are two different methods of receiving the ener-
gy: forced or gravitational, air or coolant. In the presented
engine with opposing arrangement of the pistons (Fig. 1)
the cylinders are placed in the block (wet bushings). In each
of the cylinders between intake and outlet windows,
the cylinder wall is in contact with the cooling fluid.
The heat generated during the combustion of the fuel is
transported to the outlet manifold (through the outlet win-
dows) along with the hot exhaust gases and to the cylinder
walls. Then the energy is taken over by the cooling fluid

and then transported to a radiator in which the energy
is dispersed into the environment [6, 8].

Fig. 1. CAD model of the engine

The engine with opposing pistons is a three-cylinder
unit that will be used to drive lightweight gyrocopters. The
engine will be characterized by a power of 100 kW, with a
capacity of about 1600 cm®, with a diesel cycle. The unit
will have three cylinders with opposing pistons positions
and two crankshafts facing each other. The engine will be
equipped with a piston timing system and a direct diesel
injection system to the inside of the cylinder.

CFD computer method was used to calculate the effi-
ciency of a fluid jacket (Fig. 2) of the designed engine. The
jacket geometrical model was created by "subtract" opera-
tion from the previously designed engine block, the "emp-
ty" part of the cooling channel was removed.

Fig. 2. CAD Model of fluid jacket

Computer fluid mechanics simulations were performed
using ANSYS software in ver. 13.0.
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The preparation of a simulation model using ANSYS
software consisted of the following steps [7]:
— geometry preparation in CAD environment,
— geometry importing into the Geometry module,
— computational grid generation in Mesh module,
— assumption of the initial and boundary conditions,
— carrying out simulations of the heat flow,
— analysis of results.

2.1. Grid generation

The CAD model of the fluid jacket (Fig. 2) was trans-
ferred from CATIA V5 software in STP format. This is
a standard format for exchanging product model data. STP
files are used to store 3D image data in ASCII format,
in accordance with ISO 10303-21 standards. Thus obtained
geometry was imported to the Geometry module. This
module allows for preparation of a model to generate a
calculation grid and to modify the geometry, or perform
boolean operations. In addition, the module can be coupled
with CAD software, enabling live geometry updating in
ANSYS after changes made in CAD model. Figure 5 shows
the geometry model of the jacket in Geometry module [2].

Fig. 3. Computational grid of fluid jacket model, with a minimum element
size of 0.4 mm

Fig. 4. Cross-section of computational grid of fluid jacket model, with a
minimum element size of 0.4 mm

Such prepared geometry was imported into the Mesh
module. This module allows to generate a computational
grid based on the finite element method FEM. It is one
of the most important steps in creating a CFD simulation.
It depends on the correct definition of resolution, dimen-
sions and number of calculation elements. This stage should
be carefully analyzed as it is a parameter that has a measur-
able impact on the accuracy of the obtained results and the
time of calculations. Optimal selection of grid resolution
depends largely on the complexity of the analyzed object,

its size and the thickness of the walls. Figure 3 shows the
target grid of the model consisting of over 6,000,000 ele-
ments, and Fig. 4 shows the cross-section of the grid
through the rib (channel along the cylinder axis).

2.2. Initial and boundary conditions

Simulation studies of the amount of heat received from
the combustion chamber to the cooling system were made
using ANSYS software in FLUENT module. Calculations
were based on pressure-based solver. It is used for calculat-
ing the streams of incompressible and slightly compressible
flows, with low flow velocity. In this approach, the ob-
tained solution of the equation of pressure or equation of
pressure correction is obtained from the equations of conti-
nuity and momentum. The model also includes the energy
equations that allows the flow of heat energy and tempera-
ture recording at selected points. A k-omega (2 equ), SST
viscosity model was also selected. This model (k-omega),
well reflects the turbulent flow in the boundary layer, but is
very sensitive to turbulent magnitudes in free flow.
As a coolant fluid, water was assumed, but as the material
of engine block the aluminum was selected and the as
the material of cylinder a steel was chosen.

Fig. 5. The geometry model of the jacket in geometry module in Ansys
Fluent

Boundary and initial conditions were taken from previ-
ously conducted simulations using AVL Boost software.
The engine work was simulated for the state of operation of
full load for a 4,000 rpm crankshaft rotational speed.
The folowing assumptions were made:

— the cylinder wall surface:
— wall temperature: 480 K (average cycle temperature),
— wall thickness: 5 mm,
— engine block surface:
— wall temperature: 323 K,
— wall thickness: 5 mm,
— injectors placement surface (,,injectors” selection):
— wall temperature: 480 K,
— wall thickness: 5 mm,
— inlet surface (,,inlet” selection):

— temperature: 363 K,

— mass flow rate of the coolant: 0.3 kg/s,

— turbulence intensity: 5%,

— turbulence viscosity coefficient: 5%,

— outlet surface (,,outlet” selection):

— temperature: 368 K (value assumed as the starting pa-

rameter),

— turbulence intensity: 5%,
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— turbulence viscosity coefficient: 5%,
— jackets surface outer/inner of cooling channels in block
(,,wall” section):
— walls temperature: 323 K,
— wall thickness: 5 mm.

2.3. Calculations models

2.3.1. Influence of computational grid

In order to verify the influence of the size of the compu-
tational grid elements on the results of the simulations,
a number of elementary mesh grid were developed for the
geometry of the basic model. In all cases, the number of the
elements was changed. Because of the flow phenomena,
the most important place, with the smallest cross-sectional
area, has been found, to be ribs running along the smooth
surface of the cylinder.

Simulations were started with a mesh size of approxi-
mately 2 mm in the rib area, resulting in a total number of
elements less than 600,000, ending in a 0.4 mm element
size, resulting in a total number of approximately 6 million
elements. Figure 4 shows the calculation grids with a min-
imum element size of 0.4 mm and figure 6 shows an inter-
mediate mesh of 0.8 mm.

Fig. 6. Computational grid of fluid jacket model, with a minimum element
size of 0.8 mm

2.3.2. Influence of turbulence

During the simulation a momentum equations and two-
equation k-epsilon turbulence model were used. The k-
epsilon model was adopted, with standard wall functions.
Implicit coefficients such as were assumed [4]:
— C2-Epsilon = 1.9,
— TKE Prandtl Number =1,
— TDR Prandtl Number = 1.2,
— Energy Prandtl Nubmer = 0.85.

In order to verify the effect of turbulence on the quality
of simulation results, the turbulence intensity factor was
changed. This ratio was in the range of 5 to 10%.

2.3.3. Geometrical calculations models

In order to optimize the flow of thermal energy during
combustion of the fuel dose and transfer it to the cooling
fluid, more than 20 geometric models were used for simula-
tion tests. The different models differed in the intake and
outlet diameters, the inlet and outlet manifold inclination
angle, the water jacket splits individually for each cylinder,
the enlargement and reduction of the fluid capacity above
and below the ribs, the gradual gradation of the intake outlet
channels, as to achieve a uniform flow in each of the cylin-
ders or the assembly of the two inlet and outlet nozzles.

Among all analyzed models, the following versions can
be distinguished:
— basic model used to determine the effect of calculating
grid size and turbulence (Fig. 5),
— individual cylinder flow model (Fig. 7).

Fig. 7. Model with individual cylinder flow

— model with variable geometry of the intake and exhaust
channels (Fig. 8),

Fig. 8. Model with variable geometry of the intake and exhaust channels

— model for reducing flow resistance (Fig. 9),

Fig. 9. Model for reducing flow resistance

— final model with the variable cross-section of the intake
manifold at the cylinder inlet, double outlet channels with
integrated joint outlet and inclination inlets of all ribs
(Fig. 10).

Fig. 10. Final model

2.4. Simulations results

10
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Figures 11 to 17 show the results of the simulation stud-  working medium and the temperature fields on the model
ies in the form of the distribution of velocity fields of the  walls in the cylinder region.

Minimum element size:

0.6 mm 0.4 mm

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 11. Distribution of velocity and temperature fields for the computational grid with a minimum element size of 0.8 mm (left side) and 0.6 mm (right side)
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Turbulent Intensity 5% Turbulent Intensity 10%

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of pressure fields in cross-section through ribs (cross section in middle part)

Distribution of kinetic energy of turbulence

Fig. 12. Visualization of the effect of turbulence intensity on the computational model
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Basic model

1 inlet / 1 outlet 2 inlets / 2 outlets

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 13. Comparison of distribution velocity fields across the ribs and temperature fields for the basic model, one inlet and outlet (left side) and two inlets and
outlets (right side)
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Model with individualized flow in cylinders

1 inlet / 1 outlet

2 inlets / 2 outlets

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 14. Comparison of distribution of velocity fields across ribs and temperature fields for model with individualized flow in cylinders, one inlet and outlet

(left side) and two inlets and outlets (right side)

14

COMBUSTION ENGINES, 2017, 170(3)



CFD numerical simulation of the indirect cooling system of an internal combustion engine

Model with the variable geometry of the intake and outlet channels

Graduated collectors Graduated collectors, split cylinders

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 15. Comparison of distribution of velocity field across ribs and temperature fields for model with variable geometry of the intake and outlet channels
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Model with reduction of flow resistance

Without splitting the cylinders With cylinder splitting

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 16. Comparison of the distribution of velocity fields across the ribs and the temperature fields for the model with reduction of flow resistance
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Final model

m = 0.15 kg/s m = 1.5 kg/s

Distribution of the speed streamline

Distribution of velocity fields in cross-section through ribs (cross section in middle part)

Distribution of temperature fields on cylinder walls

Fig. 17. Comparison of distribution of velocity fields across the ribs and temperature fields for the final model, for two mass flow rates
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3. Summary and conclusions

During the simulations tests of the heat flow from
chemical reactions that’s occurs during the fuel combus-
tion, more than twenty different channel designs were ana-
lyzed in the engine cooling system. Each model was ana-
lyzed in the range of two to four design variants, i.e.
for different flow rates and different combinations of inlet
and outlet of the working medium. This article presents five
representative models. These models were constructed
using CAD software, using CATIA V5. Subsequent ver-
sions differed in shape and size of the inlet, outlet channels,
number of inlets and outlets channels, arrangement of inlet
and outlet channels (on one and other side of the model),
shape of channels along the cylinder axis etc.

Using ANSYS software, a computational grid was de-
veloped, numerical research was performed and results
were transformed into color graphs. During the numerical
tests for all models, identical initial and boundaries condi-
tions and the size of the computational grid in the critical
elements, as in the basic model, were assumed. Boundary
and initial conditions were established on the basis of pre-
viously conducted research.

Based on the analysis of the results of the simulation
tests, it can be stated that the distribution of the flow of the
working medium is not evenly distributed in the heat transfer
space from the cylinder (vertical ribs). This condition can be
observed in different velocities distributions for all investi-

gated cases. Depending on the calculation version, the most
intensive flow occurs in the area of the intake channel and in
the ribs between the intake and outlet channels (between the
cylinders) the velocity of the medium drops almost to zero.
This directly translates into uneven temperature distribution
on the cylinder walls, where for the extreme case, the differ-
ence for a single cylinder reaches almost 50°C.

The unevenness of the heat transfer from the cylinder
wall will result in an increase in mechanical stress between
the same wall in different thermal conditions.

The smallest spread of velocity values (and thus the in-
crease in thermal stability - the reception of heat energy
from the walls) is observed in the channels located along
the cylinder axis for the last, final case. Therefore, this
version seems to be the most optimum version. The small-
est spread of the velocity fields between cylinders reflects
in the smallest temperature difference on the cylinder walls.
This state will directly result in an even mechanical stress
distribution in the cylinder block in the area of the individ-
ual cylinders.
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Nomenclature

CAD computer aided design
CFD computational fluid dynamics

FEM Finite Elements Method
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Diagnosing the automobile starting system

This article presents a new method for analysing the torque of an internal combustion engine using registered electromechanical
runs and magnetic field distribution in a starter. The aim of the study was to develop a model of the starting current of an internal
combustion engine and carry out verification tests on real objects. The developed model allows to simulate the shutdown of individual
cylinders. Experimental research was conducted using the Bosch FSA 740 equipment for four internal combustion engines under
variable operating conditions. During testing, the starting current and relative compression in cylinders were recorded. Simulating the
variable load of the starter, the magnetic induction distribution of the magnetic induction was recorded in the feed slot. The research will

be used to develop a method of diagnosing the starter and determining the torque of the internal combustion engine.

Key words: starter, starting current, diagnostics, Matlab, engine torque

1. Introduction

Because of the growing environmental requirements of
the automotive industry, a lot of attention is paid to main-
taining the engine and its equipment in proper technical
condition, guaranteeing air pollution as low as possible. In
addition, new technical solutions are introduced to reduce
emissions. In the case of the starter system, it is commonly
used in new vehicles with a start-stop system that reduces
fuel consumption and the emission of toxic components
into the environment, while increasing the number of starter
starts by 50%.

The starting system is the only device in the vehicle that
is not monitored as a pilot light or information on the on-
board computer. Damage to it affects the ecology in terms
of the start-up phase and passenger safety when the engine
is stopped [4, 5]. It is therefore desirable to develop models
and diagnostic patterns that allow the in-service supervision
of the starting system.

A frequent damage to starters is the wear of brushes and
bushes. In the works [1, 7, 8], the authors attempted to
diagnose the boot system using neural networks. The results
confirm the possibility of diagnosing the condition of the
starter brushes using a single-directional neural network. In
reference [2] a wear model of the starter bearing system is
developed. This model can be used to describe and interpret
the actual operating processes as well as evaluate the dura-
bility of the starter bearings. The vibroacoustic studies of
the starter [6] have confirmed the possibility of using a
vibroacoustic signal to assess the technical condition of the
pacemaker. Work [9] analyses the effect of engine torque
variations on the engine startup process using electric and
pneumatic starters. The relationship between the momen-
tary torque values and the crankshaft rotational speed was
determined. It has been found that the degree of non-
uniformity of instantaneous speed is dependent on the value
of the torque component of the number of engine cylinders
and the power of the starting system.

2. Analysis of engine torque

Movement resistance associated with the operation of
the internal combustion engine significantly limits its tech-
nical indicators. When calculating the torque moments of

the internal combustion engine, the resistance torque gener-
ated by the individual engine functionalities must be taken
into account.

The total anti-torque of the motor can be represented by
the pattern:

Ma—l:Mf+Mg+Mi+Maux (l)

adding up the moment values of: My — friction, M, — gas
forces, M; — inertia forces of the internal combustion en-
gine, M,x — auxiliary devices.

An important component of the torque is the friction
torque My, resulting from the frictional forces accompany-
ing the engine, including the piston travel and the rings
mounted on the cylinder liners, as well as the frictional
forces associated with the pivot movement with respect to
the pan in the main and the main bearing.

The moment of friction can be expressed as:

Ve

M= o 2)
V. — engine displacement, p;— friction force acting on the
piston with respect to the surface unit.

Variability of the torque during one engine cycle is due
to the compression of the load in the individual cylinders
and is caused by the gas pressure acting on the surface of
the piston crown, connecting rod bearings and the main
crankshaft bearings. Changes in resistance torque values
from gas forces follow the formula:

_ . Asin@+ucos@
Mg(a) = —Sr (sm(p + —ﬁ_(mmpw)z)

(p1 (@) + pz(a + 21) + p3(a+ 31) + paa+ 41) — 4py)  (3)

S — piston head surface area, r — crankshaft crank radius, @
— angle of rotation of the crankshaft, p; (I =1, 2,3,4) — in-
stantaneous pressure in individual cylinders, py — ambient
pressure.

Coefficients:

e

p=1 A= @)

e — mischievousness, 1 — length of connecting rod, r — con-
necting rod radius.
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The moment of inertia, which accompanies changes in
engine speed, also has a significant effect on the resistance
of the engine. The moment of inertia of the internal com-
bustion engine can be represented by the formula:

Izr(l)rz thvtz

Vil | Iyop?
+ + 2Tk IOk )
2 2 2 2 2 2

1(1)1«2 Irmr2

I — torque reduced to the axis of the starter rotor, I, — mo-
ment of inertia of the rotary masses of the internal combus-
tion engine reduced to the axis of the crankshaft, I, — mo-
ment of inertia of the connecting rod relative to the axis
passing through the centre of gravity and perpendicular to
the connecting rod plane, I, — moment of inertia of the start-
er, m; — mass of the piston and the piston pin, my — mass of
the connecting rod, Vi — instantaneous linear velocity of the
centre of gravity of the connecting rod, m, — instantaneous
angular velocity of the connecting rod, V, — instantaneous
linear velocity of the piston, ® — angular velocity of the
crankshaft, ®, — angular velocity of the starter

At the moment of resistance there is also the moment
resulting from the work of auxiliary equipment, necessary
for the proper functioning of the engine: cooling, lubrica-
tion and fuel systems. In order for auxiliaries to function,
they must be supplied with sufficient energy. During nor-
mal operation of the engine, this energy reduces the availa-
ble power of the engine, while the start-up of the engine
must be provided by the start-up system, which must bal-
ance it, and the excess power generated by the engine is
expected to result in effective movement. Calculations
based on empiric engine attachments relate to established
operating conditions (temperature and load), their use for
startup conditions may be misleading because of differ-
ences in the assumptions for which they were designated.

The moment of the auxiliary devices can be represented
by the formula:

Myp = wa + Mop + Minj + M, + M, + Mopr (6)

where M is, respectively, the moment of: M,,, — the water
pump, M, — the oil pump, M,, — the injection pump, M, —
the alternator resistance, M — the compressor air, M, —
the oil pump resistance.

The tangential forces for different motor states are
shown in Figures 1-3.

Fig. 1. Crank tangential forces in a smooth-running motor

Fig. 2. Crank pin effort — no burning in two cylinders

Fig. 3. The tangential force — no burning in four cylinders

3. Equations of the electric starter circuit of the car
Diagnostics is based on the analysis of the start and stop
torque components of the engine. The equations describing
the moment include the following.
The electric piston equation takes the form:
Oy diy

Eg = (R, + Rp) - ia(a) + (Za _) -

5 gt e 0@ ()

where: Eg — electromotive force unloaded battery [V], R, —
resistance of the armature winding [€2], Rg — internal re-
sistance of the battery [Q], d'¥,/dt — voltage induced in the
armature windings [V], i, — current of the armature [A], z, —
number of coil windings of the armature, ¢,— main magnet-
ic flux of the armature circuit [Wb].

The mechanical system consisting of a starter rotor, gear
and crankshaft has one degree of freedom. Therefore it is
possible to describe it in one equation by reducing all the
forces and moments to the axis of the starter rotor. The
basis for determining the form of the equation is Formula 8§,
resulting from the principle of the conservation of mechani-
cal energy:

dE ,
EA_ N 8)

E — mechanical energy of the whole system, N — the result-
ing power of the driving and thrust forces

E=2 ©
(10)

where: I — the incident moment of inertia of all the masses
in motion reduced to the starter axis, M — the resulting

N=M-w
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torque of the drive and thrust forces reduced on the starter
axis

d Iw12~ _
) < w
or:
2
a | er + do [ =M+ Myt + Mjggs (12)

dor 2 dt

M. — magnetic moment produced in the starter, M, — en-
gine torque, reduced to the starter axis, M)y, — moment of
mechanical and magnetic losses of the starter, ¢, — angle of
rotation of the starter rotor.

A system of differential equations (12), describing at
any time the process of starting a combustion engine:

do, _ 3
dt ’
ﬂ_ Uy —ki—iR - cw,¢,
dt 8¢, 5¢y,
Z, 5i +ZWW (13)
2
, W~ dl
dwr C¢al - Ma—t - Mloss - Trd(pr
dt I(¢,)
Assuming that: ¢, =y, i =y, ©; =y3
dyi _
|( @ )3
dya _ Uo—ky2—R(2 T)—cy3da(y3)
{ dt 2ad$a (y2)+2y dm (72) (14)

2 diyy)
|d£ _ C¢:(yz)}'z—Ma—:(}'zfyl'T)—y%'Tyll—Mloss 03.52)

dt 1(¢r)

In order to solve the system of differential equations, a
program was written in the Matlab environment, on the
basis of which the angular velocity, magnetic flux and cur-
rent waveforms were derived, as shown in Fig. 5.

In this study, the current drawn by the starter during
power-up is analysed. The simulation of the current flow on
the PC is similar to that obtained from direct measurements.
Using the data obtained from the above program regarding
the starting current as a function of time, the curve I = f{(t)
was analysed. After feeding the data into "starter.exe.",
waveforms were plotted. Figure 4 shows the value of cur-
rent changes during start-up obtained by computer simula-
tion. The first part of the chart, which represents the maxi-
mum current increase (Fig. 6), deserves special attention.

Fig. 4. Graph of the current drawn by the starter as a function of time

Fig. 5. Solution of the system of differential equations (1 — angular veloci-
ty, 2 — magnetic flux, 3 — current waveform)

Fig. 6. Initial start-up phase

With a function that approximates the starting current, a
definite integral can be calculated in the time interval of 0—
0.09 s. The starting current size can be a characteristic pa-
rameter for various starter faults, as confirmed in the re-
search part of the work.

4. Modelling the characteristics of the starting
current in Matlab

The analysed system of first order differential equations
was discretised, and then decoded numerically by means of
the fourth-order Runge-Kutta method with the integration
step. This method is commonly considered to be effective
and corresponds to a compromise between the accuracy of
solutions and the time of numeral simulations. In this case,
the method was implemented in the Matlab environment.

A program was written that allows modelling current
consumption by the starter for the engine’s variable anti-
torque. The program includes equations describing anti-
torque in a four-cylinder internal combustion engine.

A characterisation of the starting current is shown in
Fig. 7.

Fig. 7. Starting current characterisation for a four-cylinder engine

5. Experimental verification tests

In experimental research, the size of the starter circuit
was measured using the BOSCH FSA 740 apparatus. Using
the FSA device, the starting current measurements and
indirect pressure measurements in individual cylinders
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(relative compression) were performed. The results of the
measurements are shown in Figures 8—13.

Fig. 8. Starting current for all spark plugs

Fig. 9. Relative compression for all spark plugs

Fig. 10. Starting current with one spark plug removed

Fig. 12. Starting current for two spark plugs

Fig. 11 Relative compression for one spark plug current for two spark
plugs

Fig. 13. Relative compression for two spark plugs

6. Summary

Analysis of the effect of starter failure can correct the
indirect pressure measurement of the compression. Experi-
mental research has allowed the results to be verified from
the model thanks to the simulated changes in the tightness
of the individual cylinders.

The registered starting current for one spark plug was
confirmed by the absence of compression pressure in the
unsealed cylinder. When two cylinders are unsealed, there
is a change in the starting current, which confirms change
of the torque in individual cylinders.

Nomenclature

CI

compression ignition

CNG compressed natural gas

LPG liquified petrolum gas
SI spark ignition

DI  direct injection
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Influence of after-treatment systems on NO, emissions in diesel engines

The article discusses the results of bench tests that monitor the increase of NO, emissions in the heavy duty vehicles engines’
exhausts as a result of the use of particulate matter filters. The use of passive particulate matter filters inevitably leads to an increase in
NO, emissions from the engine. The particularly intensive increase in the emissions occurs when SCR reactors are shut off, which is still
a common practice among drivers. NO, concentrations in exhaust gases of DPF-equipped engines reach concentration dangerous for
human health and life. The causes of the NO, formation in the vehicles’ exhaust systems, the harmfulness of this chemical, and the results
of NO, measurements in different tests, are discussed. In addition, the effect of the presence of this compound on the accuracy of opacity

measurement is discussed.

Key words: emissions measurements, after-treatment system, particulate filters

1. Introduction

The systematic decrease in pollutants emissions limits
in Heavy Duty vehicles engines has led to significant ex-
pansion of the exhaust after-treatment systems in these type
of engines. A number of systems designed to reduce the
selected exhausts component may be included in the ex-
haust system of an engine compliant with the Euro VI limit.
The most popular are the Diesel Oxidation Catalyst (DOC),
which reduces CO and THC concentrations in the exhaust
gases, Selective Catalyst Reactors (SCRs) that reduce NOy
emissions in the exhaust gas by the chemical reaction that
occurs on the catalytic converter between NO, and the urea
solution fed from the outside to the converter. SCRs type
reactors are equipped with Ammonia Slip Catalyst (ASC),
which is a system for reducing excess ammonia produced in
SCR.

Another exhaust after-treatment system is the Diesel
Particulate Filters (DPF) that reduce the particulate number
emissions and the mass of solid particles contained in the
exhaust gases. Heavy Duty vehicles usually are equipped
with kind of them as so-called, passive filters. Passive par-
ticulate filters are coated with a catalyst layer to facilitate
the oxidation of the soot particles contained in the exhaust
gases. Typically, in such processes, the reaction (1) be-
tween the soot particles and the NO, contained in the ex-
haust gases, is used:

C +2NO, — CO, + 2NO (1)

For this reason, the proper amount of NO, is needed for
the proper functioning of the DPF filter. Nitrogen oxides
(NOy) contained in the raw exhaust gases coming from
outlet port of cylinder head consist mainly of nitrogen oxide
(NO). This is an unstable compound formed at high tem-
peratures during the combustion process in the cylinder. At
ambient temperature NO is gradually converted to NO,,
which is a form of nitrogen oxides that is more natural to
lower temperatures. The exhausts, having left the engine
outlet port are immediately cooled which favours conver-
sion of NO into NO,, especially in the presence of ozone.
We may notice that in the engine without exhaust after-
treatment system, the predominant majority of the emitted
nitrogen oxides leaves the engine exhaust pipe as NO and
the share of NO, in the NO, emitted is only a few percent.

For engines equipped with DPF, the systems need more
NO, for their operation. This makes it easier by the catalyst
layer on PDF core converting part of NO formed during
fuel combustion in the cylinder into NO,. The share of
NO,'s created that way in the NO, amounts to tens of per-
cent. For this reason, NO, leaving the DPF-equipped en-
gine’s exhaust system, owing to the high NO, content, may
be completely unlike the NO, composition measured before
DPF. On the other hand, in the shorter scale of time and in
the NO, concentrations measured in street conditions, a
DPF-equipped engine and one not equipped with this sys-
tem will emit nitrogen oxides with completely different
toxic properties. When comparing NO and NO,, the proper-
ties of the latter one should be considered more toxic. Espe-
cially unpleasant are its irritating properties and the ability
to create aerosols with droplets of condensed moisture in
the cooled exhaust gases. So far, because of low NO, con-
tent in NO,, no significance attention has been paid to the
toxic properties of this gas, considering the NO toxic prop-
erties as representative for NO.

2. NO, properties

NO contained in the exhaust gases is generated in the
combustion chamber of the engine, where the high tempera-
ture during fuel combustion and the oxygen excess contrib-
ute to its formation. As a result of the decrease of the tem-
perature of the exhaust gases in the expansion stroke, there
occur conditions for oxidation of the part of NO contained
in the exhaust gas, to the NO, form according to the reac-
tion (2). However, this reaction is slow enough, compared
to the duration of the expansion and exhaust stroke, that
only a small fraction of NO may be oxidized at this time.

2NO+02—>2N02 (2)

At ambient temperature NO, it is a brown, strongly tox-
ic gas with a sharp odour reminiscent of chlorine gas.

Nitrogen dioxide can irritate the lungs and cause less re-
sistance to respiratory infections such as influenza. Pro-
longed or frequent exposure to concentrations that are sig-
nificantly higher than normal in the air can cause an in-
creased incidence of acute respiratory illness in children. It
contributes to reducing the immune system and increasing
the risk of lung infections, as well as exacerbating asthmat-
ic symptoms and conjunctivitis. Air pollution from vehicle
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engines contributes to serious health problems such as
chronic respiratory diseases, bronchial asthma, allergies,
cancer, and even an increased mortality rate.

Road transport, power industry and local heating systems
are the main sources of nitrogen dioxide emissions. In large
urban areas, characterized by heavy traffic and the absence of
power industry, the predominant importance for NO, emis-
sions has vehicle exhaust gases; therefore, the highest pollu-
tion most often occurs in the vicinity of busy roads.

Gaseous NO, diffuses into the epithelial lining fluid
(ELF) of the respiratory epithelium and dissolves, and
chemically reacts with antioxidant and lipid molecules in
the ELF; NO,'s health effects are caused by the reaction
products or their metabolites, which are reactive nitrogen
species and reactive oxygen species that can drive broncho-
constriction, inflammation, reduced immune response, and
may have effects on the heart.

Acute harm due to NO, exposure is only likely to arise
in occupational settings. Direct exposure to the skin can
cause irritations and burns. Only very high concentrations
of the gaseous form cause immediate distress: 10-20 ppm
can cause mild irritation of the nose and throat, 25-50 ppm
can cause edema leading to bronchitis or pneumonia, and
levels above 100 ppm can cause death due to asphyxiation
from fluid in the lungs. There are often no symptoms at the
time of exposure other than transient cough, fatigue or
nausea, but over hours inflammation in the lungs causes
edema. Chronic exposure to NO, can cause respiratory
effects including airway inflammation in healthy people
and increased respiratory symptoms in people with asthma.

NO; is classified as an extremely hazardous substance
in the United States as defined in Section 302 of the U.S.
Emergency Planning and Community Right-to-Know Act
(42 U.S.C. 11002), and it is subject to strict reporting re-
quirements by facilities which produce, store, or use it in
significant quantities[2]. The U.S. EPA has set safety levels
for environmental exposure to NO, at 0.1 ppm, averaged
over one hour, and 0.053 ppm, averaged annually.

However, NO, concentrations in exhaust gas of vehicles
and near roadways are appreciably higher than the ones
measured in considerable distance from the road. In fact, in-
vehicle concentrations can be 2-3 times higher than meas-
ured at nearby area-wide monitors. Near-roadway (within
about 50 m) concentrations of NO, have been measured to be
approximately 30 to 100% higher than concentrations away
from roadways. Individuals who spend time on or near major
roadways can experience short-term NO, exposures consid-
erably higher than measured by the current network. Approx-
imately 16% of U.S. housing units are located within 91 m of
a major highway, railroad, or airport (approximately 48 mil-
lion people). Studies show a connection between breathing
elevated short-term NO, concentrations, and increased visits
to emergency departments and hospital admissions for res-
piratory issues, especially asthma.

3. Testing of engines
3.1. NO, emissions

In order to determine the NO, emissions from the average
diesel engine, the engine was tested on engine test bench.
Basic technical data of the tested engine are shown in Table 1.

Table 1. Technical data of tested engine

Number of cylinders 6 in-line
Displacement [dm’] 12,8

Rated power 380 kW
Maximum torque 2300Nm

Common Rail
SCR, DOC, DPF, ASC

Fuel injection system
Exhaust after-treatment system

Fuel type Diesel oil
Emissions limit Euro VI
Date of engine manufacture 2014
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Fig.1. NO,/NOx ratio in tested engine

The tests were carried out on a typical test bench
equipped and designed for the engine type-approval tests of
the pollutants emissions from the engine outlet system.
Figure 1 shows the course of the NO, concentration share
in the NO, concentration on the general characteristics of
an engine operating in the ETC cycle. This graph shows
that NO,/NOjy ratio (NO, share in NO,) increases with de-
creasing engine speed. This is primarily due to the decrease
of the exhaust gas temperature with the reduction of the
engine speed and the increasing the time of the exhaust gas
flow from the combustion chamber to the point at which the
NO, concentration was measured. Greater flow times of the
expanded and cooled exhaust gas through the engine ex-
haust system favored a greater conversion of NO to NO,.
The meridian-like character of the isolines shown in Figure
1 indicates that the conversion rate of NO to NO, is little
dependent on the change in engine load. Apparently, the
rise in exhausts temperature caused by the increase of en-
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gine loading is compensated by a drop in the air-fuel ratio
and lower oxygen content in the exhaust gas. This can be
traced on the Figure 2. It is clear from this figure that the
main factors influencing the conversion intensity of NO to
NO, are the temperature of the exhaust gas and the air-fuel
ratio.
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Fig.2. NO,/NO, ratio versus exhaust gas temperature (Ty,) and O,
concentration

It is clear from Figs 1 and 2 that the best conditions for
the formation of NO, in exhaust gases are at high concen-
trations of O, in the exhausts and their low temperature.
Such conditions exist when the engine is running on idle.
Their opposite state to the idle is where the exhaust gas
temperatures reach the highest values and the concentration
of oxygen in the exhausts reaches the lowest possible value.
Then NO,/NO, ratio reaches the lowest values.

The courses shown in Fig. 1 were measured in an en-
gine with a non-functioning SCR system caused by the
cutting off the flow of urea solution into the reactor. This
was intended to simulate the operating state of the engine,
which we deal with when drivers of vehicles, in wrongly
perceived savings, decide on such a step. By analysing the
NO, concentration in the exhaust system of the tested en-
gine, it can be seen that as a result of PDF use, it increased
(Fig. 3) from an average of 29 ppm before PDF to 230 ppm
after PDF, thus nearly eight times. In section 1 on this arti-
cle there was written that NO, concentration greater than
100 ppm can cause death.

On Figure 1 are shown the results of tests with the SCR
reactor inoperative. For comparison, on Figure 4 are shown
the results of NO, testing in the engine with a functioning
SCR reactor. Comparing Figures 1a) and 4, it can be seen
that the NO, share in NO, has been noticeably reduced. The
nature of the NO,/NOj relationship from the engine speed
and torque has not changed, but the ratio has decreased by
about 30%.

On Figs 5 and 6 are shown the results of NO, concentra-
tion measurement and the specific emissions of this engine
operating as in the conditions shown in Fig. 1b. Comparing
Figures 1b and 5, we find that the highest concentrations of
NO, in the tested engine are near the rated rotational speed,
i.e. near the highest occurring exhaust temperatures. The
impact of the engine loading on the NO, concentration is

rather secondary. It appears that despite the significant
degree of NO-NO, conversion at low engine speeds, the
highest NO, concentration is obtained at the highest speeds
that are precisely where the tested engine has the highest
concentrations of NO, emissions. In terms of the similarity
of NO, and NOy, courses, the graphs of these concentra-
tions are quite similar.
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Fig. 3. Concentration of NO, in ETC cycle
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Fig.4. NO,/NO, ratio versus speed and torque of the engine equipped
with SCR

On Fig. 7 there are compared two speed characteristics
of the NO, and NO, concentration measured at a constant
engine load. This figure clearly shows how both of these
exhaust components depend on engine speed.

On Fig. 6 are drawn NO, specific mass emissions. This
figure is a reversal of the trend shown on the NO,/NOj ratio
graph (Fig. 1b). Where the NO,/NO, ratio is the highest
(high engine loading at low engine speed), the NO, specific
emissions is the smallest. And vice versa - where the
NO,/NOjy ratio is the smallest (low engine loading at high
speed) the NO, specific emissions is the highest.

In order to determine the actual emissions of nitrogen
oxides, tests were carried out in the cycles foreseen for this
purpose in Euro V and Euro VI standards. The results of
these tests are summarized in Tables 2-5. By analysing the
NO,/NOj ratio in each cycle, it can be seen that the ratio is
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0.5 to 5.5% for raw (untreated) exhaust gases, from 42 to Table 4. Emissions in WHSC cycle [¢/kWh]
52% at the PDF outlet (without SCR) and 30 to 53% in the Pollutant Without With
exhaust gases purified by PDF and SCR. The differences DPF and SCR DPF and SCR
between the NO,/NO, ratios measured for each cycle result ng g;ig g’(l)gé
primarily from different engine operating conditions, pro- C02 0533 0019
ducing, inter alia, close to twofold greater work performed N,O 0,107
by the engine in the ETC cycle compared to the WHTC THC 0,146 0,002
cycle.
Table 5. Emissions in WHTC cycle [g/kWh]
2500 Pollutant Without With
‘ LV DPF and SCR DPF and SCR
| NO, [ppm] / ] T(;%: NO, 6,663 0,051
2000 7 U NO, 0,367 0,027
- | /Zoo ﬁ ; 300 E co 2,628 0.013
E £— - THC 0,189 0,003
Z 1500t v
) \ e 200
8 / The NO, concentration in the exhaust gases of an en-
§ 1000 / 100 300 r gine equipped with SCR reached 2 ppm. In the engine
1 j X 400 without SCR this level exceeded 200 ppm. In both cases,
500 < ' these are multiple times the EPA limit laid down in [2]. For
i 500 . L )
— ? NI this reason, the NO, concentration in the engine exhaust gas
0 ‘ LN ‘ . system should be considered hazardous to human health
600 800 1000 1200 1400 1600 1800 and should be monitored by appropriate regulations.
SPEED [rpm] .
3.2. Effect of NO, on the exhausts opacity
Fig. 5. NO, concentration in exhaust gas measured downstream of NO; is a reddish-brown gas whose absorption band of
afertreatment system (without SCR) electromagnetic radiation is in the visible region. Its molar
light absorption coefficient as a function of wavelength A
[4] ranges from 5.5 X 10 m*molecule at A = 400 nm, to
0.5 x 10 m*/molecule at A = 600 nm. A slight effect of
temperature on the absorption coefficient was observed in
the range from -30 °C to + 124 °C. In the commercial
q
/
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Fig. 6. Specific emission of NO, in the engine not equipped with SCR 4. M1, o/ 9
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Table 2. Emissions in ETC cycle [g/kWh] 500 700 900 1100 1300 1500 1700 1900
Pollutant Without With DPF and With SPEED [rpm]
DPF and SCR without SCR DPF and SCR
NO, 5,747 5,089 0,080
NO, 0,030 2.651 0,024 Fig.7. Engine speed characterystic at constant loading T=1000 Nm
;OO (1)’(1)2(5) 0,010 g’g;(l) opacimeters using tungsten filament lamps and normal UV-
THC 0.162 0,005 0.015 absor.bmg optical glass, we cig eygpect light absorption by
NO; in the range (0.5-5) X 10~ m“/molecule.
Table 3. Emissions in ESC cycle [¢/kWh] 'Dl'le to the low' level of the exhgusts opacity in the .low-
Pollutant Without With DPF and Wit emissions CI engines, the resoll'mo'n o.f the conventlor'lal
DPF and SCR without SCR | DPF and SCR opacimeter, the stability of the indications and the noise
NO, 5,730 5,548 0,265 must be adjusted to allow for measurements in these en-
NO, 0,190 2,317 0,096 gines. The catalytic exhausts after-treatment systems such
co 0,374 0,001 0,014 as oxidation reactors (DOCs) or particle filters (DPFs) may
0 0.007 0.096 cause an increase of NO, concentration in NO,. The NO
THC 0,095 0,001 0,037 x x: 2
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absorbs the green light that is used in traditional opacime-
ters. The presence of NO, in the exhaust gases increases the
indications of the current opacimeters from 0.00016 to
0.00024 m™'/ppm NO,, depending on the width of the band
transmitted by the sensor [4].

0.25

0.20

k [1/m]

0 200 400 600 800
NO, [ppm]

1000

Fig. 8. Opacity versus NO, concentration in exhaust gases in ESC and
WHTC cycles

In the tested engine, the NO, concentration many times
exceeded the value of 1000 ppm, hence the values of the
light absorption coefficient should be reduced by the corre-
sponding correction. The values of these coefficients are
close to the coefficient of the polynomial describing the
regression line shown in Fig. 8, which shows the relation-
ship of the light absorption coefficient k and the concentra-
tion of NO, contained in the exhaust gases determined
during the ESC cycle. The AVL 439 opacimeter was used
in the study. Very high correlation coefficient R = 0.994
between NO, concentration and k value was noted. For
comparison, in the same test, the correlation coefficient
between NO and k was 0.05 and between NO, and k — 076.

The light absorption coefficient measured by the
opacimeter consists of the component associated with the
presence of particulate matter in the exhaust gases and the
component associated with the presence of NO, in the
exhausts. Fig. 8 shows the dependence of the exhausts
opacity coefficient on the concentration of NO, contained
in the exhaust gases. The subject tested was an Euro III

engine equipped with DPF. The high value of the
correlation coefficient obtained indicates that the value of
the light absorption coefficient k measured by the
opacimeter depends primarily on the concentration of NO,
in the exhausts rather than on the concentration of the light-
absorbing particles in the opacimeter. With some
approximation it can be assumed that the field shown under
the diagram (Figure 8) represents the opacity component
associated with the presence of NO, in the exhaust gases
while the component representing the correct opacity of the
exhausts is presented as the width of the graph shown in
Fig. 8. From the Fig. 8 it appears that for low
concentrations of NO, (up to a dozen of ppm) that are
encountered in the case of the engines without PDF and
SCR-equipped engines, the presence of NO, in the exhaust
gases does not have practical significance for the
measurement of the exhausts opacity. The problem begins
with engines equipped with PDF but without SCR. In the
tested engine, for the ETC cycle, the average concentration
of NO; in the test was 230 ppm, which means that for this
NO, concentration the exhausts opacity was 0.06 1/m (Fig.
8), while the opacity component caused by the presence of
NO, in the exhaust gases was about 0.04 1/m. This means
that the exhausts opacity measurement in these conditions
was subject to a 66% error. For this reason the opacimeters
indications should be corrected for the presence of NO, in
the exhaust gases. Looking at Figure 8, we can infer that the
opacimeter correction coefficient used in the test should be
no more than 0.00024 m™'/ ppm NO,.

4. Conclusions

1. The use of passive particulate filters in the engine ex-
haust system results in an increase in NO, emissions in
exhaust gases

2. NO, concentrations in exhaust gases of DPF-equipped
engines reach life and human health threatening values
reported by EPA. For this reason, this exhaust gas com-
ponent should become a major concern for ecologists
and environmentalists.

3. The presence of NO, in the exhaust gases can cause
significant measurement errors during measuring ex-
hausts opacity.

4. In order to avoid any possibility of making an error
during opacity measurement, it is necessary to use pre-
viously developed correction factor.

Nomenclature

CI compression ignition

DI direct injection

DOC diesel oxidation catalyst
ESC  European stacionary cycle
ETC  European transient cycle
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The analysis of thermal state of catalytic converter depending on fuel supply
and engine load using thermo-vision

The paper discusses the problem of thermal state of three-way catalytic converter depending on engine load with spark ignition
fueled with gasoline and natural gas. The measurements on the test bench were performed, during which the temperature of the exhaust
gases in the exhaust system was measured with the help of thermocouples, and at the same time, the track of the thermal state of the
catalytic converter was monitored using thermo-vision camera. The stable work of engine with different rotation speed and values of
load was considered together with transient states. The results of the measurements were presented in forms of charts and selected ther-

mo-grams, qualitatively presenting the issue of thermal state of the catalytic converter.

Key words: catalytic converter, thermo-vision, thermal state, emissivity

1. Introduction

The degree of conversion of the toxic exhaust gas com-
ponents by the catalytic converter depends primarily on the
composition of the fuel-air mixture and catalytic converter
temperature. For proper operation of the catalytic converter
it is required to heat it up to 300°C [1, 7, 8]. The operating
time is also important, because chemically aggressive
fumes and variable temperature values cause aging of the
converter which results in a decrease in conversion rate and
increase of light-off temperature [7, 8].

The thermal state of the catalytic converter results from
the engine's operating parameters, such as the load and the
rotational speed. In the first phase, after the engine's cold
start, there occurs high heat loss in the exhaust fumes re-
sulting from increased heat exchange between the cold
engine elements located in the exhaust gas flow path and
exhaust gases. Because of its high heat capacity, the catalyt-
ic converter causes a significantly greater temperature re-
duction of fumes than the conduit between the outlet mani-
fold and the catalytic converter [12, 14]. Measurements
made during engine warm-up, both idle and under load,
showed a constant fumes temperature of 50°C behind the
catalytic converter for about 50-60 seconds after starting
the engine, despite a very rapid rise in exhaust fumes tem-
perature before the catalytic converter. This relationship
indicates the intense heat transfer of the fumes into the
converter cores. At this time there are no exothermal reac-
tions of oxidation of CO and HC [14]. The catalytic con-
verter warm- up period to operating temperature is depend-
ent on the operating conditions of the engine and may last
up to several minutes [14]. However, even after the engine
has been warmed up, the operating conditions of the con-
verter are not stable. This is directly due to the characteris-
tics of the engine's performance in the vehicle, which is
characterized by frequent changes in rotational speed and
load, which directly affects the exhaust gas temperature.

Therefore, continuing previous work, the catalytic con-
verter's thermal state was measured using a thermo-vision
camera, taking into account the different load conditions of
the engine, as well as the fuel supply with petrol and natural

gas. During the experiment, the acoustic data was collected
and will be analyzed in a separate article.

2. Measurement stand

The measurements were performed on an engine dyna-
mometer fitted with a straight four-cylinder spark ignition
engine (Fiat 170A1.00) of the displacement of 900 cm’.
The engine has a maximum power of 30 kW (at rotation
speed 5500 rpm) and a maximum torque of 65 Nm (at rota-
tion speed 3000 rpm). The engine exhaust system was fitted
with a serially manufactured three-way catalytic converter.
In an insulated catalytic converter casing, two ceramic
support monoliths were fitted of a circular cross-section
(diameter of approx. 90 mm) and the length of approx. 75
mm each, divided by a gap of approx. 8 mm. The distance
between the exhaust manifold and the catalytic converter
was 250 mm. During the measurements, the engine was
fueled with unleaded fuel (LO 95) and natural gas.

Due to the specific purpose of the investigations the
temperature was measured at exhaust manifold and behind
the catalytic converter. The coolant temperature in the cyl-
inder head was also measured serving the purpose of vali-
dation of the engine temperature and intake air temperature
monitoring the ambient conditions (engine operating condi-
tions). The temperature measurements were performed with
K thermocouples and the results were continuously record-
ed by NI card with the measurement resolution of 2 s.

At the same time the recording of the thermal state of
the catalytic converter was realized with a thermo-graphic
camera (Flir T335). Prior to the measurement, the following
parameters were set in the camera: emissivity of the object
under investigation, ambient temperature (reflected appar-
ent temperature), atmospheric temperature, air humidity
and distance from the object tested [6]. That is why the
main measurements were preceded by preliminary meas-
urements consisting of the determination of the thermal
emission rate on the surface of the elements on which the
thermal state was recorded (the determined emission coeffi-
cient on the surface of the catalytic converter was € = 0.75)
and determining appropriate temperature ranges and operat-
ing parameters of the thermo-graphic camera.
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Additionally, the excess air coefficient A was measured
and recorded along with the exhaust gas composition
downstream of the catalytic converter with a 5 — gas ana-
lyzer Capelec CAP 3201.

Besides that, acoustic data was collected using the
SVAN 948 sound level meter and the Zoom H4n recorder.
Equivalent sound pressure level in 1/3 octave bands and
audio signal was recorded. The time interval using a sound
level meter was set at 30 s, thus obtaining 6 samples from
each engine cycle.

3. Thermo-graphic measurements

Thermo-vision (thermo-graphy, thermal imaging) deals
with the detection, registration, processing and visualization
of infrared radiation [11]. It is currently considered one of
the most interesting diagnostic and observation methods. It
is used in the power industry, construction, metallurgy,
environmental research, medicine, scientific research and
many other fields [2, 3, 4, 9, 10]. The wide use of thermo-
vision is due to a number of advantages of measuring sys-
tems based on thermal analysis of the tested objects. One of
such important advantages is the non-contact and non-
invasive measurement of the examined objects, which in
most applications, is a fundamental criterion for the use of
thermal imaging.

Devices for measuring the energy of the examined ob-
ject are thermo-vision cameras, consisting of an optical
system, an infrared radiation detector, an electronic ampli-
fication path, a processing and a visualization. Flir T335
thermo-vision cameras are used for measurements that are
included in the work. The camera's operating temperature
range is —20 to +650°C and the temperature measurement
error is 22°C or #2% of the measured value. The camera
used is equipped with a microbolometric matrix with a
resolution of 320 x 240 pixels, a 25 x 18.75° lens and is
characterized by a sensitivity of N.E.T.D. 0.05°C.

In thermo-vision measurements we use the emission of
electromagnetic radiation by every object whose tempera-
ture is greater than absolute zero. The electromagnetic spec-
trum is divided into a number of wavelength areas that are
distinguished by the methods used for radiation detection.
There is no fundamental difference between radiation in
different bands of electromagnetic spectrum. All of them
are subject to the same laws and differ only in wavelength.
In thermo-graphic studies, part of the electromagnetic spec-
trum is used in the infrared range. The value of the emitted
energy increases with the increase in the object tempera-
ture, which allows it to measure its temperature by measur-
ing the emitted energy value, especially in the infrared
radiation band. The intensity of electromagnetic radiation
depends on the temperature and features of the surface of
the object [13]. The resulting thermo-gram is a representa-
tion of the temperature distribution on the surface of the
observed object.

Unfortunately, this method is endangered by a very
wide range of errors, which are due both to human factors,
measurement conditions, and the nature of measurement as
well as to the technology used. Despite such great possibili-
ties of thermo-vision, it is extremely easy to make wrong
measurements or misinterpret the received thermo-grams.
That is why it is crucial to optimize the selection of parame-

ters to eliminate measurement errors. The energy received
by the thermo-vision device does not only depend on the
object's temperature but also on the emissivity of the sur-
face. Radiation comes also from the environment and is
reflected by the object tested. To measure the temperature
accurately using a thermo-vision camera one should make
up different sources of radiation by entering specific pa-
rameters such as (Fig. 1):

— emissivity of the object,

— ambient temperature (reflected apparent temperature),

— atmospheric temperature,

— relative humidity,

— distance of the object tested from the camera.

Emissivity is the most important, from a practical point
of view, parameter of the object necessary to carry out
proper measurement of the thermo-vision device. This is a
measure of the intensity of the radiation (surface area) emit-
ted by the object to the radiant intensity of the black body
surface at the same temperature [5, 11]. Although emissivi-
ty depends on many factors, there are tables of values for
this parameter in the literature for different materials. In
this case it should be noted that the values given in the
tables are only guidelines and may differ from the object
being measured. In order to obtain the exact emissivity
value for a specific study it becomes necessary to determine
it oneself.

GEPARING OF THE THERMO-VISION CAMERA\

INITIAL MEASUREMENTS OF:

o Emissivity € of tested objects

o Ambient temperature /reflected apparent
temperature/

o Atmospheric temperature

o Relative humidity

o Distance to the tested object from the camera lens

]

INTRODUCTION OF PRE-MEASURED PARAMETERS
TO THE DEVICE

RESEARCH IMPLEMENTATION ALONG

WITH THE REGISTRATION OF THERMOGRAPHS

THERMOGRAPH PROCESSING
AND ANALYSIS OF RESULTS

Fig. 1. Thermo-graphic measurement algorithm
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During the measurements the emissivity of the test sur-
faces was determined using a thermo-vision device. In
order to determine the emissivity of a given surface, a tape
of known emissivity (¢ = 0.95) should be placed on its
fragment, which will constitute the measurement base. At
the same time, the tape's emissivity is entered into the cam-
era's settings. After waiting for some time to warm up a
given surface (the material emissivity is measured at a tem-
perature higher than the ambient temperature), the tempera-
ture on the tape surface is measured by the thermo-vision
camera. This value will be the actual temperature. In the
next step, the emissivity is being changes until the values
measured on the tape and the test surface are the same. The
emissivity set in this way corresponds with the emissivity
of the surface of the object being measured

The ambient temperature (reflected apparent tempera-
ture) is the reflected radiation from the test object or objects
in its environment. Proper compensation of reflected radia-
tion is particularly important for objects of low emissivity
and when there is a strong heat source near the object [5,
11].

Distance is the distance separating the object from the
camera. It serves to compensate both the influence of the
radiation of the atmosphere itself, but also for absorption
and diffusion of radiation through the atmosphere between
the camera and the object tested [5, 11].

4. Results and analysis

For each kind of fuel the measurements started in the
same ambient conditions, while the thermal state of the
catalytic converter was recorded after the engine was
warmed up. On the basis of preliminary measurements, for
the main measurements, the engine working with a constant
speed of 3000 rpm was selected. The load was changed
from 40 Nm to 10 Nm and then from10 Nm to 40 Nm, with
a 10 Nm measurement step. For each engine load, the
measurement duration was approximately 5 minutes. Regis-
tration of results was conducted continuously. All of the
graphs presented in the work include the measurement
results as a function of time.

The coolant temperature values in the cylinder head and
the intake air of the engine for the two series are shown in
Fig. 2. These measurements were used to verify the repeti-
tion of the engine conditions on the stand and the engine's
thermal state.

Fig. 2. Air temperature in intake manifold and coolant temperature in the
cylinder head

During the supply of the engine with petrol, the exhaust
gas temperature in the exhaust manifold varied between
730°C and 660°C, while in the pipe behind the catalytic
converter from 660°C to 550°C. During the supply of the
engine with natural gas, adequate temperature ranges were
710°C to 630°C for the exhaust manifold and 630°C to
520°C for the exhaust pipe. Changing the load, both for
smaller and larger ones, resulted in a 20 K change in ex-
haust manifold temperature for a petrol powered engine and
about 30 K for a gas powered engine for about 10-14 sec-
onds. During the next few minutes of engine working with
constant load a further slow change in temperature followed
of about 10 K. Changes in the exhaust gas temperature
behind the catalytic converter are considerably higher than
in the exhaust manifold and are much slower, as illustrated
in Fig. 3.

Fig. 3. Exhaust gas temperature in the exhaust manifold and in the pipe
behind the catalytic converter

The smaller the engine load is, the higher the exhaust
gas temperature difference is between the exhaust manifold
and the pipe behind the catalytic converter. This is directly
related with the mass of exhaust gases flowing through the
exhaust system and therefore with their velocity which
results in the time at which heat is exchanged between
exhaust gases and exhaust system components.

As the load is reduced in the range of 30 to 10 Nm, the
difference between the exhaust gas temperature values for
the petrol and natural gas powered engine increases a can
be seen both in the exhaust manifold and in the pipe behind
the catalytic converter. This is due to the constant value of
the air excess coefficient (A = 1) of the air — gas mixture
(Table 2) and the decreasing air excess coefficient from
1.16 to 1.08 for the petrol — air mixture (Table 1) together
with decreasing load in this range. The types of fuel used
are characterized by a significant difference in the stoichio-
metric constant (which was taken into consideration during
the gas analyzer calibration for each type of fuel). If the
petrol powered engine was powered with Lambda sensor
feedback, the exhaust gas temperature difference for both
fuels would be similar for different loads. For a 40 Nm
load, the natural gas supply system was not sufficiently
efficient and the Lambda was 1.18—-1.28, which was also
reflected in the exhaust gas temperature values.
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At the same time, recording of the temperature distribu-
tion across the surface of the entire catalytic converter al-
lows you to observe the differences in the degree of heating
of its components. The amount of emitted energy results,
among other things, from the materials used and the num-
ber of layers. There are insulating mats on the surface of
both cores which limit the amount of radiation, but the
occurrence of the same layers does not affect the value of
the temperature difference. Therefore, the analysis of imag-
es from the thermo-vision camera gives the possibility of
conducting a comparative analysis of a qualitative nature.

Table 1. Emissions of exhaust components measured behind catalytic
converter — petrol powered engine

HC NO,
Load CO CO, [ppm (0)3 [ppm | Lambda
[% vol] | [% vol] vol] [% vol] vol]
40 Nm 0 13.3 3 2.30 1893 1.121
30 Nm * 0 13 0 2.77 1061 1.149
30 Nm 0 13 1 2.77 913 1.150
20 Nm * 0 13.3 1 2.25 684 1.119
20 Nm 0 133 1 2.24 603 1.118
10 Nm * 0 13.7 0 1.58 395 1.081
10 Nm 0 13.7 1 1.57 328 1.080
20 Nm * 0 133 6 2.29 542 1.121
20 Nm 0 13.3 2 232 556 1.122
30 Nm * 0 12.9 4 2.96 673 1.161
30 Nm 0 12.9 0 2.95 714 1.160
40 Nm * 0 13.2 7 241 1318 1.128
40 Nm 0 133 4 2.36 1440 1.125

*right after load change

Table 2. Emission of exhaust components measured behind catalytic
converter — natural gas powered engine

HC NO,
Load CO CO, [ppm (0)3 [ppm | Lambda

[% vol] | [% vol] vol] [% vol] vol]
40 Nm 0 10.2 10 2.61 1062 1.179
30 Nm * 0 11.5 13 0.10 923 1.005
30 Nm 0 11.6 12 0.04 482 1.001
20 Nm * 0 11.6 14 0 44 0.999
20 Nm 0 11.6 12 0 41 0.999
10 Nm * 0 11.6 12 0.03 187 1.001
10 Nm 0 11.6 11 0.08 212 1.004
20 Nm * 0 11.6 12 0.06 497 1.003
20 Nm 0 11.6 13 0.05 511 1.002
30 Nm * 0 11.6 13 0.07 795 1.004
30 Nm 0 11.6 12 0.03 689 1.001
40 Nm * 0 9.6 9 3.68 615 1.269
40 Nm 0 9.5 10 3.82 560 1.282

*right after load change

The curves in Figures 4 and 5 show the minimum, max-
imum and average temperatures read from the thermo-
grams according to the procedure described in [14] for the
first and second catalytic converter cores for both fuels
respectively. The temperature values on the surface of the
first core are higher, and so the minimum is about 15-30 K,
the maximum is about 40-55 K, and the average is 25-30
K, regardless of the fuel used. Similarly, for both fuels and
on both cores, the mean difference between the minimum
and average values is 50—60 K. On the other hand, the delta
for the average and maximum values for the first core is
between 90-110 K and the second is about 70-90 K. The
thermograms show the causes of numerical differences
(Fig. 6). The temperature distribution on the surface of the
first core is very different, while for the second it is evenly
distributed, with much lower temperature gradients. The

maximum intensity of the maximum values, resulting in
large differences between cores, occurs in the initial part of
the first core, where, despite the sealing mat, there is a
direct contact between the incoming exhaust gas and the
core housing and its heating.

Fig. 4. Temperature values on the surface of the first core derived from
thermo-grams

Fig. 5. Temperature values on the surface of the second core derived from
thermo-grams

Considering the influence of the fuel used in the engine
and the composition of the fuel — air mixture on the exhaust
gas temperature, the thermo-grams of the exterior surfaces
of the catalytic converter show much less difference in
temperature than the thermocouples measured in the interi-
or of the exhaust system. In addition, the curves of mini-
mum values are characterized with high fluctuations that
makes it impossible to determine the difference clearly. On
the other hand, for the other curves, the tendency associated
with the load and composition of the fuel — air mixture
described for the thermocouple value occurs, though with-
out clear demarcation.

The exhaust gas behind the catalytic converter (Fig. 3)
and the surface of the catalytic converter (Fig. 4, Fig. 5)
during the whole measurement obtained values that clearly
indicate that the catalytic converter reached the correct
temperature for proper operation. The carbon dioxide con-
tent of the exhaust gas reflects the chemical composition of
the fuels (Table 1 and Table 2). Due to the different compo-
sition of the mixture, it is not possible to compare directly
the emissions of toxic components of the exhaust gases
with the environment depending on the fuel that the engine
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was powered with. In both cases of measurement, there was
no carbon monoxide emission behind catalytic convertor to
the atmosphere, while emission of hydrocarbons was very
low, however, higher values were obtained when the engine
was supplied with natural gas. This can result from the
composition of the mixture and the main constituent of
natural gas, i.e. methane, whose conversion rate in the cata-
lytic converter is considerably lower than that of the higher
hydrocarbons [15]. Emission of nitric oxides correlates with
engine load and mixture composition.

Fig. 6. Thermo-graphic images selected from the measurements — petrol
supply, load: 40 Nm, 30 Nm, 20 Nm, 10 Nm

During the analysis of the thermo-grams, besides the
temperature values for the individual converter cores, the
maximum temperature for the entire catalytic converter was
also read. This value was present on the diffuser, which is
the first element on the flow path of the exhaust gas through
the catalytic converter, and in addition, the exhaust gas has
direct contact with the walls. In addition, there is a change
of shape, and in the immediate vicinity of the area with the
highest temperature there is the cover, also occurs a shel-
tered section (a kind of recess), where radiation is reflected
between the adjacent surfaces. Due to the shield also the
impact of ambient conditions is limited. As a result, the
maximum temperature is significantly higher than the tem-
perature on the converter cores casing. That is why this
temperature was compared to the temperature measured by
the thermocouple behind the catalytic converter (Fig. 7 and

Fig. 8). The values obtained are less than 5 to 28 K. Be-
cause of the lack of insulating elements, the nature of the
curve is more consistent with the exhaust gas temperature
than the cylindrical surface in which the cores are.

Fig. 7. Comparison of temperature values in the pipe behind the catalytic
converter with the maximum from thermo-grams — for petrol

Fig. 8. Comparison of temperature values in the pipe behind the catalytic
converter with the maximum of thermo-grams for natural gas

The intensity of electromagnetic radiation depends on
the temperature and characteristics of the surface of the
observed object. Therefore, for each object the emissivity
should be individually determined. The measurements
presented in this paper were focused on the heat state of the
catalytic converter, so during the preliminary measurements
the surface emissivity of the catalytic converter was set at €
=(0.75. As the temperature in the exhaust manifold was also
measured using a thermocouple, it was reasonable to com-
pare thermo-grams for the exhaust manifold surface as well.
The use of the thermo-vision camera settings for the cata-
lytic converter concerning other parameters (ambient tem-
perature, atmospheric temperature, relative humidity, dis-
tance of the examined object from the camera) was appro-
priate because the tested objects were in the same atmos-
pheric conditions and distance from the measuring device.
Using the same emissivity, however, would result in a seri-
ous measurement error. The surface of the cast iron exhaust
manifold is much more dull than the surface of the steel
sheet converter housing, therefore the emissivity of the
manifold is € = 0.93. Use of the emissivity of the converter
relative to the exhaust manifold results in a difference in
temperature results of about 15%. Figure 9 shows the com-
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parison between the exhaust gas temperature at the exhaust
manifold and the maximum temperature read from the
thermo-gram (Fig. 10) with the specific emissivity for the
manifold (¢ = 0.93) and the catalytic converter (¢ = 0.75).

Fig. 9. Comparison of temperature values for exhaust manifold derived
from thermocouple and thermo-graphic images (different emissivity)

Fig. 10. Thermo-graphic image of the engine exhaust manifold (emissivity
£=0.93)

5. Conclusions

The exhaust temperature depends primarily on the load
on the engine, but also on the composition of the fuel - air
mixture and the type of fuel used. Measurements of the
thermal state of the catalytic converter at the engine bench
were made after the engine was warmed up. The exhaust
gas temperature behind the catalytic converter and the cata-
Iytic converter surface indicate that during the entire meas-
urement the converter reached the correct temperature for
proper operation. However, taking into account the effect of
the engine load on the difference between exhaust gas tem-
perature between the exhaust manifold and the pipe behind
the catalytic converter, the distance between the exhaust
manifold and the device will be of great importance for the
conversion rate achieved in the converter. Especially during
the operation of the vehicle in urban conditions when most
of the time the engine is running at low load or idle speed.
The use of ceramic monolith is advantageous in this case
because of its lower thermal conductivity and greater spe-
cific heat compared to the metal monolith.

The amount of heat radiated outside will always be
smaller than the actual amount inside the device being test-
ed, therefore, thermo-vision measurements are a qualitative
and not quantitative method whose main advantage is being
non-invasive. In the case of a catalytic converter, the insu-
lating mats between the converter cores and the casing also
have an effect on the temperature distribution on the surface
of the converter. Nevertheless, the nature of the changes
recorded by the thermocouples and the thermo-vision cam-
era was the same; resulting from the conditions of the en-
gine operating . The thermo-grams show differences in the
degree of heating of the individual parts of the catalytic
converter depending on the conditions set.

A very important aspect during thermo-vision meas-
urements is to determine the correct operating parameters
of the camera which depend on the ambient conditions and
the emissivity of the tested objects. However, despite many
parameters affecting the quality of thermo-vision, this tech-
nique proves useful in the thermal analysis of various ob-
jects, including engine components.
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Testing of the fleet of the vehicles with diesel engines fed by BIOXDIESEL fuel

The paper presents results of testing of the fleet of the parcel delivery vehicles, equipped with the Diesel engines fed by biofuel
BIOXDIESEL, manufactured on the way of the ethanol esterification process of the waste vegetable and animal fats, with the addition of
the standard diesel fuel and pure ethanol. The comparison results of the vehicles test bed on the beginning of the testing and at the end of
the testing, when vehicles were fueled with standard diesel and testing biofuel. The results of the testing at non-stationary states are also
presented. The paper presents also results of the drivers evaluation of the performance of the vehicles based on the questionnaire.

Presented results show that the BIOXDIESEL fuel is fully replaceable to the standard diesel fuel.
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1. Introduction

According to Polish and European law, it is allowed to
add to the fuel specified for Diesel engines, up to 7% of
biocomponents, according to calorific value. Such
biocomponents currently are only the fatty acid methyl
esters (FAME). Current standards and legal acts regarding
quality of biofuels, as well as from tax point of view,
require only FAME.

From the other hand, the other type of biocomponents,
especially fatty acid ethyl esters FAEE, manufactured from
waste animal and vegetable fats, and fully renewable
bioetanol, are at least as valuable from engine performance,
environmental aspects, and quality point of view.

Currently methanol, which is used as a feedstock to
produce FAME is obtained from fossil resources. It is also
worth to mention, that methanol and its vapors are toxic.

Replacement of methanol with ethanol allows
production of FAEE, which chemical and physical
properties are beneficial from fuel point of view. Also the
products of combustion of FAEE are less harmful to the
environment in comparison with FAME [1].

According to the current Polish law, the selected fleet of
the vehicles is defined as a group of at least 4 vehicles,
agriculture tractors or other off-highway machines or group
of locomotives or ships, equipped with the engines which
can be fueled with liquid biofuel. The vehicles should be
used by the same user. The law allows, that the properties
of the fuel can be different than stated in standards or other
legal requirements.

2. Description of the testing fuel

For testing of the fleet vehicles the experimental fuel
BIOXDIESEL has been used. This new fuel is a blend of
the Fatty Acid Ethyl Esters (FAEE) with addition of
standard Diesel fuel and bioethanol. There are also
additives, which are improving cold flow properties of the
fuel.

Due to lack of the standards in Poland and in Europe
regarding FAEE, the physical and chemical properties of
the BIOXDIESEL fuel are compared with the PN-EN
590:2013 standard, which describes diesel fuel quality
parameters. FAEE quality is also compared with the PN-EN
14214 standard, which regards FAME only.

In the USA, Brasil and India the methyl or ethyl esters
are not distinguished in the standards, which are describing
fuel parameters. The biofuel just has to meet standard
requirements, eg. ASTM D6751 in the USA, ANP 42 in
Brasil or IS15607:2005 in India.

Table 1 presents selected quality parameters of the
BIOXDIESEL fuel (results obtained by the authors)
compared with PN-EN 590 and PN-EN 14214+A1.

Table 1. Selected quality parameters of the BIOXDIESEL fuel compared
with standards for Diesel fuel and for FAME

PN-EN 590:2013 PN-EN
Properties of requirement 14214+A1
Parameter Units BIOXDIESEL requirement
fuel . . I
min max min max
Cold Season Season
Filter r°Cl _17 dependent dependent eg.
Plugging eg. intermediate intermediate
Point -10°C -10°C
Cetane 519 sl 51
number
Density at 3
15°C kg/m 868 820 845 860 900
Flash °C 24 55 101
point
Viscosity
at 40°C 2.33 2 4.5 3.5 5
Calorific |y 38.5 428 38
value

The fatty acid ethyl esters were obtained on the way of
transesterification of the waste animal (pork and poultry)
fats, waste vegetable fats, eg. used frying oils and small
addition of fresh rapeseed oil with bioethanol in the
presence of alkali catalyst (KOH). The selection of
feedstock for production of FAEE used for BIOXDIESEL
fuel is described in [6].

The application of waste animal fats as a feedstock for
biodiesel production is a subject of an intensive research
also around the world, eg. [2, 3].

The BIOXDIESEL used for feeding the engines of the
fleet vehicles used for the testing is a blend mate of about
70% of biocomponents (FAEE and bioethanol) and about
30% of diesel fuel with additives.

COMBUSTION ENGINES, 2017, 170(3)

37



Testing of the fleet of the vehicles with diesel engines fed by BIOXDIESEL fuel

3. Description of the fleet vehicles used for testing

The fleet used for testing consisted of 15 parcel delivery
vehicles. The vehicles have been used on different duty
cycles: 5 vehicles were operated in the cities, 5 in long
distances and 5 vehicles in the mixed duty cycles. Table 2
describes the fleet vehicles and their engines.

Table 2. Description of vehicles and engines used for fleet testing

Engine . .
Make, Year of displacement M?O:le%_me Mi)(()rzrlllgel ne
model build [ccm_], no of (BHP] [Nm]
cylinders
Citroen 2011 2200, 4 cyl 100 250
Jumper
Citroen 2011 1560, 4 cyl 75 185
Berlingo

4. Testing procedures of the fleet vehicles fed with
BIOXDIESEL fuel

The vehicles have been thoroughly examined before
start of the testing.

On the day of fuel replacement, the engine performance
was evaluated on the vehicle test bed, when vehicles were
fed with standard Diesel fuel. Also the engine performance
in non-stationary condition was measured according to the
procedure described in [1] and [5].

Just before filling the vehicles’ fuel tanks with
BIOXDIESEL fuel the oil, oil filters and fuel filters were
replaced with the new ones.

Then the vehicles were tested with in non-stationary
conditions according to [1] and [5] again with the experi-
menttal fuel. Also the vehicles engine performance was
tested on the vehicle test bed.

In the middle of the test the vehicles engine perfor-
mance was measured in non-stationary states.

Then at the end of the test vehicles were tested in non-
stationary conditions and on the vehicle test bed with
BIOXDIESEL fuel and after replacement with standard
Diesel fuel.

4.1. Description of the testing in non-stationary
conditions

The testing procedure is described in details in [1] and
[5]. The testing in non-stationary conditions consists the set
of rapid acceleration and deceleration of the engine from
idling to maximal speed, back to idling. The engine is
loaded by the moment of inertia of moveable parts of the
engine.

The cyclodynes are the curves drawn on the engine
torque — engine revolution plane. It is possible to draw
cyclodynes in the angular acceleration — engine crankshaft
rotational velocity, when the information about polar
moment of inertia of the engine is not known. For
comparison purposes it is possible to use the angular
acceleration - engine speed plane.

The cyclodynes remain loops, which positive part is
drawn when accelerating and negative part during
deceleration. The area of the positive part of cyclodynes is
related to the energy generated by the engine during
acceleration (depend calorific value of the fuel and
efficiency of burning of the fuel), while negative part of the

cyclodyne depends on overall condition engine and quality
of lubrication oil in the engine.

4.2. Description of the on the vehicle test bed

The performance of the vehicles was evaluated in co-
operation of ECU-PROJECT company, on the 4DW test
bed manufactured by Dynoproject. This test bed is able to
test the vehicles with maximum power of 1000 BHP and
maximum torque of 1000 Nm and results are corrected
according to DIN 70020.

The torque and power vs. engine crankshaft revolution
graphs have been obtained for each of the vehicles.

5. Description of the vehicles performance
evaluation based on the questionnaire
The drivers of the vehicles were obliged to fill in the
questionnaire describing their subjective opinion about
vehicle’s performance. They had to provide their opinion
about following vehicles’ performances:
— Traction of the vehicles (acceleration of the vehicles and
driving with load);
— Engine performance (cold start, hot start, engine noise
and exhaust evaluation);
— Vehicle’s tachometer at the beginning of each drive,
date and type of the duty (urban, extra urban, mixed);
— Information about amount of the fuel filled;
— Information about the service or repair activities.
The engine and vehicle’s performance was evaluated
based on the 3 grades: low, middle and high.

6. Results

The results consisted a set of data obtained on the
vehicle test bed and also results of the data coming from the
testing in non-stationary conditions.

6.1. Results of the vehicles performance measured on
the vehicle test bed

Table 3 presents results of measurement of peak engine
power and peak engine torque measured on the test bed for
selected vehicles at the end of the test. It is noticeable, that
the maximum power for Berlingo vehicles is about 8%
lower when fueling with BIOXDIESEL fuel in comparison
with standard diesel fuel. Similar trend can be observed for
torque measurement. This can be explained with the fact,
that the calorific value of BIOXDIESEL fuel is 10% lower
than standard Diesel fuel.

Table 3. Examples of results of the vehicle test bed obtained for selected
Citroen Berlingo vehicles, obtained at the end of the test

Standard diesel fuel BIOXDIESEL fuel
Max Power Max torque | Max Power Max torque

BHP(RPM) Nm BHP(RPM) Nm
Berlingo_1 76(3135) 187.7(2256) | 69.6(3030) 173.3(2200)
Berlingo_2 76.6(3096) 186.9(2255) | 68.2(2993) 170.6(2213)
Berlingo_3 77.9(3067) 191.8(2181) | 68.8(3058) 169.9(2173)
Berlingo_4 76.8(3080) 188.5(2222) | 68.4(3045) 167.1(2194)
Berlingo_5 74.9(3112) 180(2253) | 66.9(3035) 160.8(2243)
Berlingo_6 76.3(3087) 188.4(1964) | 68.7(3033) 166.3(2266)
Berlingo_7 73(3054) 179.7(1981) | 66.3(3157) 164.5(2229)
Berlingo_8 75.3(3061) 187.8(2205) | 69(3012) 172.6(2172)
Average 75.6(3204) 185.6(2177) | 68.0(3041) 167.8(2213)

In Table 4 results of measurement of the peak power
and torque measured on the test bed for are presented. It is
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noticeable, that the maximum power for Jumper vehicles is
about 7% lower when fueling with BIOXDIESEL fuel in
comparison with standard diesel fuel. Similar trend can be
observed for torque measurement, the torque drop when
fueling with experimental fuel is about 8% lower in
comparison with standard Diesel fuel, even though the
calorific value of BIOXDIESEL is lower by 10% than
Diesel fuel.

Table 4. Examples of results of the vehicle test bed obtained for selected
Citroen Jumper vehicles, obtained at the end of the test

1 ON 2 BIOXDIESEL
Max Power Max torque Max Power Max torque
BHP(RPM) Nm BHP(RPM) Nm

Jumper_1 | 116.5(3146) | 279.4(2709) | 105.4(3350) 244.6(2733)
Jumper_2 | 113.5(3050) 282(2627) | 102.7(3142) 248.9(2659)
Jumper_3 | 115.6(3014) | 283.5(2691) | 109.3(3000) 270.5(2618)
Jumper_4 | 109.8(3208) | 266.8(2638) | 105.13171) 259.3(2607)
Jumper 5 | 116.7(3045) | 285.5(2666) | 108.8(3252) 259.9(2725)
Average | 114.42(3092.6) | 279.44(2666.2) | 106.26(3183) | 256.64(2668.4)

6.2. Results of the vehicles performance measured
in non-stationary conditions

Due to shorter measurement procedure the testing in the
non-stationary condition took place also in the middle of
the long term test.

Figure 1 shows examples of cyclodynes obtained for
one of Citroen Berlingo vehicles in the beginning of the test
(start day), while figure 2 shows the results of the
measurement obtained at the end of the test.

Fig. 2. Results of the testing in non-stationary conditions, end of the
testing; top — BIOXDIESEL fuel, bottom — standard Diesel fuel

The outcome of the test in non-stationary condition is
the value of the area of the positive part of the cyclodyne
loop. The area is proportional to energy conversion of the
fuel. Tables 5 and 6 present the area of the cyclodynes
obtained at different stages of the test for Berlingo and
Jumper vehicles. One can notice, that similarly to the
results of the vehicle test bed measurements, the
performance of the vehicles was about 8% lower when
using the BIOXDIESEL fuel than standard diesel fuel.

Table 5. Results of the testing the group of Citroen Berlingo vehicles
in non-stationary conditions — area of cyclodynes

10N 2 BIOXDIESEL|3 BIOXDIESEL{4 BIOXDIESEL| 5 ON
Vehicle Pl P1 P1 P1 Pl
[rad/s] [rad/s] [rad/s’] [rad/s’] [rad/s’]
[1/min] [1/min] [1/min] [1/min] [1/min]
Berlingo_1{ 1316313 | 1213310 - 1274083 1418216
Berlingo_2| 1280899 - - 1251420 1391665
Berlingo_3| 1351733 | 1265174 0 1255458 1341255
Berlingo_4| 1307915 | 1237558 1286056 1270063 1376368
Berlingo_5| 1316467 | 1222883 1215428 341941 1462068
Berlingo_6| 1328186 - - 1189034 1346919
Berlingo_7| 1302171 1182546 - - -
Berlingo_8| 1338380 | 1226060 1267457 1300205 1368112
Berlingo 9| - - 1270898 1286918 1387675
Average 1317758 1224588 1259959 1271140 1386535

Fig. 1. Results of the testing in non-stationary conditions, start day of the
testing; top — standard Diesel fuel, bottom — BIOXDIESEL fuel
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Table 6. Results of the testing the group of Citroen Jumper vehicles in
non-stationary conditions — area of cyclodynes

December), this means the end of the test took place in
colder weather conditions. There were no problems with

1 ON |2 BIOXDIESEL[3 BIOXDIESEL@ BIOXDIESEL| 5 ON hot start of the engines. The drivers did not observe s in
Vehicle |11 Py P P 1 exhaust gases smoke during acceleration or during driving
[rad/sz] [rad/sz] [rad/sz] [rad/sz] [rad/sz] with heavier load.
[1/min] [1/min] [1/min] [1/min] [1/min]
Jumper_ 1214621 1163422 1241925 1349096 1340930 Table 8. Results of drivers’ evaluation of Citroen Jumper performance
umper_2[1357113 1138616 1459679 1391904 1509587 with fueling with BIOXDIESEL (averaged)
[umper_3[1261361 1183280 1228581 1315499 1263977
Jumper_4[1336754] 1246477 1303827 1365905 1377638 Vehicle | Accelera [ Drive C‘(”lft;[:” Hotstartof | o o
Average [1292462 1182949 1308503 1355601 1373033 dtion | withload | o | the engine
L. . . Jumper_1 | 100% 100% 29% 85% 71% | 81%
6.3. Description of the vehicles performance evaluation Jumper 2| 89% 94% oa% 100% T100% T 100%
based on the questionnaire Jumper 3 | 100% | 100% 7% 67% | 50% | 100%
The numerical values describing maximal engine power Jumper_4 | 100% 100% 100% 100% 1 100% | 100%
or maximal engine torque are not giving the full image of [ jumper 5| 94% 86% 77% 89% 78% | 83%
the vehicle performance in everyday operation. It was also Average | 97% 96% 61% 88% 80% | 93%

necessary to collect the opinions of the drivers about
driving the vehicles fueled with standard and experimental
fuel.

In order to make the subjective opinions comparable the
drivers had to evaluate the vehicle’s performance on the
base of the questionnaire:

— Traction of the vehicles (acceleration of the vehicles and
driving with load);

— Engine performance (cold start, hot start, engine noise
and exhaust evaluation);

Above questions were evaluated in three grades: low,
middle and high.

The questions below were additional, which helped
analyzing the data:

— Vehicle’s tachometer at the beginning of each journey,
date and type of the duty (urban, extra urban, mixed);

— Information about amount of the fuel filled;

— Information about the service or repair activities.

Assuming, that the ‘law’ value is scored by O points,
‘medium’ as 50 points and ‘high’ as 100 points, the results
of the evaluation for the group of Citroen Berlingo are
presented in Table 7.

Table 7. Results of drivers’ evaluation of Citroen Berlingo when
fuelling with BIOXDIESEL (averaged)

Table 9. Comparison of fuel consumption of the selected Citroen Berlingo
and Citroen Jumper before the test (standard diesel fuel) and with

BIOXDIESEL fuel
Diesel fuel Diesel fuel
August - December 2014 February - July 2015
Vehicle
amout Covered Fuel amout Covered Fuel
of fuel | distance | consumption of fuel distance consumption
[dm?] [km] [dm*/100km] [dm?] [km] [dm?/100km]
Berlingo | 971 | 2804 9.6 124 1073 116
Berlneo |31 | 3531 8.8 - - -
Jumper 1 | 1901 18795 10,1 546 4235 12,9
Jumper 2 | 1037 10611 9.8 1129 12505 9,0
BIOXDIESEL BIOXDIESEL
. August - December 2015 February - April 2016
Vehicle amout Covered Fuel amout Covered Fuel
of fuel | distance | consumption | of fuel distance consumption
[dm®] [km] [dm*/100km] | [dm’] [km] [dm’/100km]
Beﬂl‘“g" 173 | 1460 11,9 175 1738 10,1
Berlneo | 312 | 3503 8.9 276 | 2812 958
Jumper 1 - - - 389 3152 12.3
Jumper 2 - - - 538 4598 11.7

] Accelera- Dr‘ive Cold start HOF start )
Vehicle tion with of Fhe of t'he Noise | Exhaust
load engine engine

Berlingo_1 100% 100% 100% 100% 100% 100%
Berlingo_2 100% 100% 100% 100% 100% 100%
Berlingo_3 50% 50% 50% 50% 50% 50%
Berlingo_4 100% 100% 94% 100% 98% 97%
Berlingo_5 50% 100% 100% 100% 50% 48%
Berlingo_6 100% 99% 100% 100% 100% 42%
Berlingo_7 51% 52% 90% 100% 100% 100%
Berlingo_8 50% 50% 100% 100% 100% 50%
Berlingo_9 100% 100% 86% 100% 88% 94%
Berleo 1 100% | s1% 69% 04% | s1% | o4%

Average 80% 80% 89% 94% 84% 78%

Evaluation of the vehicles’ performance during the fleet
testing was very positive. The drivers did not observe a lack
of power, poor acceleration of the vehicles or excessive fuel
consumption. No major problems were observed with the
cold start of the engine (the test was carried from August to

Table 9 presents comparison of fuel consumption
recorded one year before the start of the test, using standard
Diesel fuel and during the test with BIOXDIESEL fuel.

7. Summary and conclusions

Unlike the vehicles performance measurement on the
vehicle test bed or testing the engines in non-stationary
conditions, the drivers did not see a drop of performance of
the vehicles when fueling with the BIOXDIESEL fuel. The
difference of the maximal engine power and torque did not
influence the daily operation of the vehicles. No major
maintenance problems were observed. It is worth to
mention, that the parcel delivery vehicles are operated in
difficult duty cycle: high number of start and stop of the
engine per day, driving mainly in urban conditions.

It is worth to notice, that in case of the Berlingo’s, the
maximum power of the engines appears in lower engine
speed when fueling with BIOXDIESEL in comparison with
the standard diesel fuel.

Also the fuel consumption of the BIOXDIESEL fuel is
not significantly different to standard Diesel fuel.
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Presented results of testing the engines fueled with the

BIOXDIESEL and Diesel show:

— similar efficiency engine feeding BIOXDIESEL and
Diesel,

— fuel consumption, vehicles behaviour in everyday
natural operation remained the same for standard Diesel
and BIOXDIESEL,;

— lack of linear relations between calorific value of
biofuel and the peak power of the engine related to the

standard diesel fuel confirms more efficient combustion

of BIOXDIESEL fuel.

Analysis of presented in this paper results of the road
testing, vehicle test bed measurement, testing in non-
stationary conditions and evaluation of vehicle performance
by the drivers in day by day operation entitle to state, that
the BIOXDIESEL fuel is very advanced, and can be used as
an alternative fuel for all Diesel engines.

Nomenclature

FAEE - fatty acid ethyl esters
FAME - fatty acid methyl esters
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Selection of an algorithms controlling operation of supercharged compression
ignition engine with additional fueling with CNG gas

The article presents an issues concerning selection of controlling algorithms for operation of supercharged compression ignition
engine fueled additionally with CNG gas, including implemented control procedures, adjustment algorithms and operational algorithms.
As the result, the engine which is run in dual fuel system operates under control of two controllers, factory ECU controller, governing
fueling with the base fuel (Diesel oil) and all fueling parameters, and the second controller for gaseous fuel supply. Priority of operation
of the controllers relates to fueling with Diesel oil, while the gas is treated as supplementary fuel. Due to possibility of usage of factory-
made original ECU controller as used with Diesel oil supply; it has been presented proposal of its software in form of array algorithms.

Key words: compressed natural gas, dual fuel engine, work parameters, toxicity, smoke, engine controlling

1. Introduction

The main objective of the study was to assess a possibil-
ity of reducing smoke in exhaust gases by small additive of
CNG natural gas. Reduction of the smoke in exhaust gases
leads to reduction of emission of PM particulate matter,
component of exhaust gases considered as highly toxic and
the most severely restricted by international regulations
concerning the problem of toxicity of exhaust gases [1, 36,
11-13, 16]. At the same time, the smoke comprising soot as
its main component, is actually generating a big problem in
operation of compression ignition engines in transient,
urban driving conditions, especially during winter season
[2, 10, 12, 15]. Excessive smoke, and thus emission of
particulate matter under these conditions result in increased
frequency of DPF filter regeneration, what reduces its ser-
vice life and generates emission of toxic compounds during
the regeneration. The utilitarian objectives of the study
were to evaluate potential for partial substitution of liquid
fuel by gas, to determine what are safe shares of the gas
assuring correct operation of the engine and maintaining its
service life, as well as developing of a map with control
parameters of dual fuel engine in scope of fueling with
Diesel oil and gas, which would be possible to be imple-
mented in traction engines. Developed maps can be used to
programming of already existing control systems, govern-
ing operation of EUS engine, or to construction of a new
systems during adaptation of traction engines to dual fuel
supply, provided that these engines are equipped with elec-
tronic injection systems of liquid and gaseous fuel.

The research was performed within framework of the
Project No. PBS1/A6/13/2012 funded by NCB&R on a
serial engine of Fiat 1.3 MJT type. The study assumes that
the main control parameters for dual fuel engine supply
should be:

— division method of unit dose of Diesel oil in range of
quantity and size of partial doses;

— injection advance angle of the first initial dose and delay
angles of remaining doses;

— size of the dose and injection parameters of natural gas.

These parameters were investigated in complete range
of engine operation, what results from its destination as a
traction engine. It has been assumed that total dose of Die-

sel oil should vary from nominal dose of traditional fueling
within limits of about 40% for minimal engine load, and up
to about 70% in area of maximal engine loads. Assumed
dose resulted from necessity to ensure knocking-free engine
operation in complete field of engine operation, and to
maintain temperature of exhaust gases within acceptable
limits. Such assumptions should assure failure-free opera-
tion of dual fuel engine over a long period of time. High
energetic shares of natural gas at partial engine loads, up to
60%, should ensure a significant operational exchangeabil-
ity of liquid fuel by gas, what due to difference in price of
the both fuels should bring significant operational savings
of the engines.

2. Research stand

As object of the research work was used supercharged
compression ignition engine of FIAT 1.3 MIT type, des-
tined to powering of passenger cars from compact class.
The engine is equipped with second generation, direct in-
jection system Common Rail (CR) with division of the
dose, so called Multi Jet. The Multi Jet injection technology
enables active changing of injection characteristic of Diesel
oil, resulting in reduction of engine noise, reduction of
harmful emissions and improved engine performance. In
this engine is used turbocompressor with constant geome-
try. Controlling of boost pressure is performed with use of
wastegate valve, based on pressure of intake manifold. The
supercharged air is cooled. The FIAT 1.3 MJT engine com-
plies with EURO 4 emission standards, owing to EGR
valve with cooler of recirculated exhaust gases. Technical
parameters of this engine are presented in the Table 1.

Table 1. Technical specification of Fiat 1.3 MJT engine [19]

Engine type 1.3MJT
Bore X stroke 69.6 x 82 mm
Displacement 1248 cm®
Number of cylinder 4
(Compression ratio 18

Maximum power 51 kW przy 4000 rpm
Maximum torque 180 Nm przy 1750 rpm
Injection system Common Rail
Number of valve per cylinder 4

Timing system DOHC
[Exhaust gas recirculation EGR valve
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a)

b)

Fig. 1. Intake manifold and test stand of Fiat 1.3 MJT engine:a) intake
manifold, b) engine Fiat 1.3 MJT

The engine was adapted for simul-
taneous combustion of two fuels —
natural gas and Diesel oil. It was used
a prototype inlet manifold with four
injectors of gas, enabling sequential
injection of gas in area close to inlet
valves. Moreover, it have been in-
stalled additional pipes (with coolant,
supplying gas and air), and wiring
harness connecting gas supply installa-
tion with the ECU and with the engine
[17, 18, 20]. View of prototype mani-
fold and the engine is shown in the
Fig. 1.

Commercially available system of
Oscar-N Diesel SAS type was used in
adaptation of the engine [20]. It is a
system of sequential ignition of gas
(CNG or LPG) developed by Eu-
ropeGas Company, destined to com-
pression ignition engines. The main
components of this system are present-
ed in the Fig. 2.

In result, the engine run in dual fuel
supply system operated under control
of two controllers: factory-made ECU-
po, controlling the neat fuel (Diesel oil)

and all parameters of the supply, and ECUcyg controller for
fueling with gas. Operational priority of the controllers
concerns fueling with Diesel oil, while the gas is treated as
a supplementary fuel [18].

3. Selection of algorithms to controlling operation of
dual fuel engine

Additional controllers used with dual fuel systems in
compression ignition engines are generally of all-purpose
character and are dedicated to various engines. Such con-
trollers comprise necessary software for strategic and con-
trolling procedures, but in practical application they can
differ in their availability, with suitable interfaces to these
procedures and their abilities to shaping appropriate opera-
tional characteristics. The control system used in the re-
search work required usage of two controllers, factory made
ECUpp controller, governing injection of Diesel oil and
other fueling parameters, and ECUcyg controller, to feeding
with gas and performing injection of gas in accordance with
programmed operational characteristics. The controller
enables displaying of the following messages about exceed-
ed preset parameters. Below is the list of all monitored
messages:
— maximal temperature of exhaust gases,
— maximal level of knocking,
— lacking thermo-couple,
— high or low temperature of the reducer,
— low pressure of gas,
— low or high MAP pressure,
— low or high voltage of battery,
— low temperature of gas,
— low rotational speed of the engine,

Fig. 2. Scheme of installation of CNG supply of OSCAR-N Diesel SAS type [20]: 1 — controller, 2 —
power supply of the system- inverter 24V/12V — DC/DC, 3 — emulator TPS, 4 — buzzer, 5 — switch, 6
— wiring harness, 7 — measuring Tee, 8 — MAP sensor, 9 — injectors, 10 — reducer, 11 — knocking
sensor, 12 — thermocouple, 13 — filter of violate phase, 14 — sensor of reducer’s temperature, 15 — pipe
— pressure in the manifold, 16 — pipe — low pressure of gas, 17 — pipe — low pressure of gas, 18 — pipe
— heating of reducer, 19 — high-pressure pipe — supply of gas from bottle
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— high rotational speed of the engine,

— high outlet temperature of exhaust gases,

— high level of knocking,

— lacking rotational speed,

— braking with engine,

— too short injection times of gas,

— too long injection times of gas,

— electro-valves switched on,

— pilot injection,

— emergency switch-off the system,

— recorded errors of the system, (message is displayed
when in the controller’s memory are written errors),

— emulators active.

Obviously, it would be possible to develop a single con-
troller which would govern program of engine fueling, but
it would require stipulations with many engine manufactur-
ers, and due to it, such method of controlling would not be
all-purpose. The Oscar-N Diesel SAS system, along with
the controller, features many advantages such as: precise
and safe supply with gas, easy installation of gaseous sys-
tem, sequential mode of injection, short injection times,
control of injection pressure of the gas, and ability of emu-
lation of “accelerator pedal”, programmable control algo-
rithms of array type, and operational algorithms, which in
all states and conditions of engine operation can jointly
control injection of gas in dual fuel engine with compres-
sion ignition. Control of Diesel oil injection was accom-
plished on the basis of factory controller without interfering
with its controlling parameters. Such approach in the re-
search process should reflect commonly used, classical way
of accomplishment of commercial dual fuel installations in
compression ignition engines.

Selection of parameters of the control algorithms to dual
fuel engine has comprised the following control functions:

* Control of opening times of injectors and values of
injection advance angle for individual portions of Diesel
oil: Pilot, Pre, and Main;

e Control of fuel pressure value in Common Rail and
value of boost pressure inside inlet manifold (accom-
plished by control of turbocompressor unit),

* Control of opening time of CNG gas injectors.

Above mentioned parameters were controlled in function of

position of accelerator lever (ACC — accelerator) and rota-

tional speed of the engine (n).

The tables of the above algorithms have 81 fields in 9 x
9 coordinate system. Tables 2—4 show values of the control
algorithms of opening times of injectors for individual
portions of the dose of Diesel oil at dual fuel supply. Speci-
fied values take into consideration reduction of total quanti-
ties of injected Diesel oil due to additive of gas, in relation
to the engine run on neat Diesel oil. Using colours are
marked in the tables such areas of the control parameters
having influence on reduction of beneficial effects resulting
from additive of CNG gas.

Tables 5-7 show values of the control algorithms of in-
jection advance angle for each portions of Diesel oil dose at
dual fuel supply. These values are similar to the values used
in the engine run on Diesel oil only. There was none possi-
bility to change value of this parameter in course of the

investigations. It resulted solely from algorithms written
and executed for supply with Diesel oil by factory-installed
controller of the engine. As in case of the previous arrays,
with colour are marked areas of control parameters having
influence on reduction of beneficial effects resulting from
additive of CNG gas.

Table 2. Control algorithm of opening time of Diesel oil injectors for Pilot
dose at dual fuel supply of the engine

Pilot injection timing — diesel oil [us]

100 320 (350 ) O 0 0 0 0 0 0
75 220 {350 O 0 0 0 0 0 0
55 315 1350 O 0 0 0 0 0 0
40 315 [345] 0 0 0 0 0 0 0
30 310 ) 0O 0 0 0 0 0 0 0
20 310 ) O 0 0 0 0 0 0 0
15 310 | 325)] O 0 0 0 0 0 0
10 320 (330 O 0 0 0 0 0 0

5 320 | 330 O 0 0 0 0 0 0
ACC [%] 1000 | 1500 | 2000 25.00 3000 [ 3500 | 4000 | 4500 | 5000
Engine speed n [rpm]

Table 3. Control algorithm of opening time of Diesel oil injectors for Pre
dose at dual fuel supply of the engine

Pre injection timing — diesel oil [us]

277 1274 {240 O 0

277 274 {240 O 0

277 | 274 | 240 | 255 | 215

278 | 275 | 255 | 265 | 215

285 | 278 | 275 | 265 | 220

280 | 280 | 275 | 270 | 220

288 | 300 | 280 | 275 | 225

(=] fo) fe] e} for) [l Fan) fan]
[=] fel [e] ) o) [l fe) fen]

300 | 320 | 330 | 280 | 230

310 | 330 | 335 | 285 | 235

(=]
(=)

1000 | 1500 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000

0,
SeClel Engine speed n [rpm]

Table 4. Control algorithm of opening time of Diesel oil injectors for Main
dose at dual fuel supply of the engine

Main injection timing — diesel oil [us]

100 780 | 830 | 910 | 910 | 860 | 725 | 670 | 655 | 605
75 750 | 780 | 850 | 810 | 790 | 725 | 670 | 625 | 600
55 630 | 680 | 730 | 705 | 685 | 620 | 620 | 610 | 590
40 5951 600 | 670 | 660 | 640 | 585 | 575 | 565 | 540
30 555 ] 570 | 620 | 630 | 600 | 535 | 540 | 545 | 530
20 505 | 525 | 590 | 560 | 540 | 495 | 495 | 490 | 480
15 475 | 500 | 545 | 510 | 495 | 460 | 470 | 480 | 465
10 440 | 460 | 500 | 460 | 450 | 430 | 440 | 450 | 430
5 345 | 355 |1 390 | 380 | 380 | 360 [ 355 | 415 | 400
ACC [%] 1000 | 1500 | 2000 25‘00 3000 | 3500 | 4000 | 4500 | 5000
Engine speed n [rpm]

Table 5. Control algorithm of injection advance angle of Diesel oil for
Pilot dose at dual fuel supply of the engine

Angle advance of injection pilot [°]
100 12 | 48 | - - - - - - -
75 10 | 48 | - - - - - - -
55 8 19 | - - - - - - -
40 8 19 | - - - - - - -
30 7 - - - - - - - -
20 8 — - - - - - - -
15 8 16 | - - - - - - -
10 8 19 | - - - - - - -
5 8 18 | - - - - - - -

ACC [%] 1000 | 1500 {2000 25_00 3000 |3500| 4000 | 4500 | 5000
Engine speed n [rpm]
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Table 6. Control algorithm of injection advance angle of Diesel oil for Pre
dose at dual fuel supply of the engine

Table 9. Control algorithm of opening time of CNG gas injectors at dual
fuel supply of the engine

Angle advance of injection Pre [°]

Pilot injection timing — CNG [ms]

100 8 8 10 17 25 - - - - 100 1010 10] 1520120201 20] 20
75 8 8 10 17 22 - - - - 75 10 1,0 10] 1,5]120]20]20]20]20
55 6 7 9 14 20 28 32 - - 55 1010 1,5]1,5]1201(20]207]20]20
40 6 7 8 12 19 28 30 - - 40 10 15[ 1,5]120(201(20]20]20]20
30 5 7 8 11 19 26 29 - - 30 10 15[ 1,5]120120]20]2071]20]20
20 5 7 8 12 18 25 29 — — 20 1,51,5(120]20(201]20]20]20] 20
15 5 7 9 12 18 25 29 - - 15 1,5 120 ]120]20[20]20]20]20]20
10 6 7 10 13 18 25 29 — — 10 20 120 (20 ] 20 (20| 20201 20] 20

5 6 7 10 13 18 25 29 - - 5 20 [ 20 |20 ] 20 (20 20]20]20]20

1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000 1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000
ACC [%] - ACC [%] -
Engine speed n [rpm] Engine speed n [rpm]

Table.7. Control algorithm of injection advance angle of Diesel oil for
Main dose at dual fuel supply of the engine

Table 10. Control algorithm of fuel pressure in Common Rail at dual fuel
supply of the engine

Angle advance of injection Main [°]

Boost pressure [mbar]

100 3 3 5 9 15 21 24 | 27 | 28 100 | 1700 | 1840 | 1880 | 2000 | 2000 | 1960 | 1900 | 1780 | 1700
75 2 3 4 9 13 20 | 23 25 | 27 75 | 1580 | 1760 | 1860 | 2000 | 1920 | 1880 | 1860 | 1720 | 1660
55 2 ? 3 6 10 17 | 21 24 | 26 55 | 1440 | 1580 | 1620 | 1820 | 1860 | 1840 | 1820 | 1680 | 1620
40 1 D D 4 10 16 19 | 22 | 25 40 | 1280 | 1400 | 1520 | 1750 | 1700 | 1640 | 1620 | 1600 | 1540
30 1 D D 3 9 15 18 | 21 25 30 | 1200 | 1260 | 1400 | 1640 | 1620 | 1600 | 1540 | 1520 | 1450
20 1 1 ? 4 9 15 17 | 20 | 25 20 | 1120 | 1140 | 1320 | 1500 | 1440 | 1500 | 1480 | 1480 | 1360
15 1 D 2 3 9 15 17 | 20 | 23 15 | 1050 | 1100 | 1280 | 1360 | 1400 | 1440 | 1430 | 1420 | 1320
10 2 D) 3 6 9 15 17 | 20 | 23 10 | 980 | 1050 | 1200 | 1280 | 1380 | 1400 | 1390 | 1380 | 1280
5 2 D 3 6 9 15 17 | 20 | 23 5 900 | 1000 | 1100 | 1190 | 1240 | 1220 | 1210 | 1200 | 1200

1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000 ACC | 1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000

ACC [%] Engi d [%] Engine speed n [rpm]
gine speed n [rpm]

Table 8 shows values of control algorithms of fuel pres-
sure in Common Rail of Diesel oil at dual fuel feeding.

Table 8. Control algorithm of fuel pressure in Common Rail at dual fuel
supply of the engine

Fuel pressure [bar]

100 750 | 830 | 1000 | 1100 | 1210 | 1380 | 1590 | 1590 | 1590
75 730 | 810 | 990 [ 1100 | 1200 | 1360 | 1580 | 1550 | 1520
55 690 | 790 | 980 | 1105|1200 | 1310 | 1370 | 1360 | 1360
40 630 | 740 | 960 | 1090 | 1180 | 1200 [ 1200 | 1190 | 1140
30 580 | 680 | 930 [ 1040|1090 | 1100 | 180 | 1050 | 1040

20 490 | 520 | 750 | 930 | 1020|1000 | 980 | 910 | 910

15 440 | 470 | 620 | 790 | 910 | 920 | 880 | 840 | 840

10 390 | 430 | 500 | 650 | 750 | 790 | 790 | 780 | 780

5 300 | 390 | 440 | 540 | 610 | 690 | 680 | 660 | 650

ACC [%] 1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000

Engine speed n [rpm]

Table 9 presents values of control algorithms for open-
ing time of CNG gas injectors. Although values of the
opening times are practically at the same level, in practice
the value of injected gas has undergone a bigger change. It
results from fact of continuous correction of injection pres-
sure of the gas based on pressure change in the intake mani-
fold. Despite such adjustment, share of the gas in total
quantities of supplied fuel varies significantly. At low en-
gine loads share of the gas is bigger and decreases with
increasing engine load.

It was very important to develop an algorithm to control
value of air boost pressure in the intake manifold. In order
to restrict emissions of the particulate matter and smoke, it
was necessary to verify operation of turbocharger assembly,
and its controlling to assure supply of the same mass of the
air at dual fuel supply as in case of fueling with Diesel oil
only. Values of control algorithm of the boost pressure are
presented in Table 10.

As seen from performed studies, system of additional
supply with gas, co-acting with factory controller of Diesel
oil, for which the control algorithms are presented above,
has got several disadvantages limiting full usage of benefi-
cial effect of addition of CNG gas. The disadvantages in-
clude, among others: division of dose into three partial
doses Pilot, Pre and Main, too small size of Pre dose, incor-
rect injection advance angle of Pre dose, too big delay in
injection of Main dose, lacking control over recirculation of
exhaust gases and lacking possibility of control over super-
charging (volumes of supplied air) [18]. Supply of addi-
tional fuel in form of gas is resulting, as a rule, in shift of
operational point of the engine in control algorithms of
Diesel oil to direction of lower loads, as a result of smaller
amount of air supplied to the engine (reduction of boost
pressure and simultaneous increase of EGR). Since two
fuels (Diesel oil + CNG) are supplied to the engine for
proper engine load in conditions of reduced quantity of
supplied air, it results in increased level of smoke in ex-
haust gases at some points of engine operation [16, 17].
Also in case of additional fueling with CNG gas, division
methods of Diesel oil dose as implemented in the factory
controllers, as well as advance angle of individual portions
of the dose, are unsuitable for system of the dual fuel sup-
ply. In the control algorithms of Diesel oil, shown in Tables
2 to 7, using colour are marked areas of incorrect control
parameters.

The above mentioned drawbacks necessitate interfering
with software of the factory controller, or developing con-
troller of gas in such way as to allow such overlapping
correction of control parameters of Diesel oil, which would
allow proper method of dual fuel supply of the engine.
These changes are aimed at full use of positive effect of
addition of gas in combustion process of Diesel oil. Below
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are presented control algorithms of Diesel oil, taking into
account proposed changes in parameters of control algo-
rithms contained in the Tables 2 to 7, in tables marked with
colour. They concern the following changes:

— completely switched off Pilot dose,

— increased size of portion of Pre fuel dose.

In Tables 11 to 12 are presented proposed values of the
control algorithms of opening times of injectors for indi-
vidual portions of Diesel oil for dual fuel supply (Table 11).
Whereas, increase in value of switched off Pilot dose was
seen in area marked with more dark colour in the Table 3.
Proposed value of opening time of injectors is not the sum
of the values from Tables 2 and 3, because in these Arrays
are included values of control times, while during evalua-
tion of the times from Table 11, mass of injected fuel per
cycle was summed up. Considering specifics of control
process of injectors operation, control time of injector oper-
ation after summation of the doses will always be lower
than sums of the times. In turn, in area marked in lighter
colour in the Table 3, increase in value of portion of the
dose Pre occurred at the expense of reduced value of por-
tion of the dose Main. Hence, are seen differences in con-
trol times both in Table 11 and Table 12, relative to the
values specified respectively in Tables 3 and 4.

Table 11. Corrected control algorithm of opening time of Diesel oil injec-
tors for Pre dose at dual fuel supply of the engine

Pre injection timing — CNG [ps]

100 | 400 | 405 | 375 | 375 | 370 | O 0 {00100

75 | 400 | 415 [ 375 | 375|375 | O 0 100700

55 | 380 | 400 | 380 | 380 | 375 | 375|365 | 0,0 | 0,0

40 | 365 | 395 | 380 | 380 | 375 | 375 | 365 | 0,0 | 0,0

unchanged in relation to the values presented in Table 6. In
order to accelerate combustion process of portion of dose
Main it was proposed a slight increase of the injection ad-
vance angle for this portion of the dose (Table 13) in rela-
tion to the values included within coloured area of Table 7.
In addition, due to extended injection time of the dose Pre,
real interval between end of the injection for portion of
dose Pre, and beginning of injection of portion of dose
Main will be much shorter than it would be resulted only
from correction of the injection advance angle for portion
of dose Main. Such approach was taken to restrict unfavor-
able phenomenon of ,reduction of oxygen concentration”
by combusted gas contained in combustion chamber (igni-
tion of gas occurs practically at beginning of self-ignition of
dose Pre) before start of combustion of dose Main. This
phenomenon has an effect on result of combustion of por-
tion of dose Main in reduced concentration of oxygen, what
leads to increased smoke in exhaust gases.

In case of numerical values of the algorithms: control-
ling fuel pressure in Common Rail, opening time of injec-
tors of CNG gas, and air boost pressure inside intake mani-
fold, none corrections were introduced for dual fuel supply
in relation to Tables 8, 9 and 10. In particular, the control
algorithm of air boost pressure inside intake manifold was
especially developed during the experimental research, and
the values presented in the Table 10 are values modified
with respect to values programmed in the factory controller
of Diesel oil.

Table 13. Proposed control algorithm of injection advance angle of Diesel
oil for Main dose at dual fuel supply of the engine

Angle advance of injection Main [°]

30 | 360 | 390 | 385 | 380 | 380 | 375 | 370 | 0,0 | 0,0 100 | 4 4 6 11 17 | 21 24 | 27 | 28
20 | 375|390 | 380 | 380 | 380 | 375 | 370 | 0,0 | 0,0 75 3 4 5 11 15 | 20 | 23 | 25 | 27
15 | 385 | 400 | 385 | 385 | 380 | 380 | 375 | 0,0 | 0,0 55 3 3 4 8 12 | 20 | 24 | 24 | 26
10 | 400 | 405 | 390 | 390 | 380 | 380 | 380 | 0,0 | 0,0 40 2 3 3 6 12 19 | 22 | 22 | 25
5 | 405 | 405 | 400 | 390 | 385 | 380 | 380 | 0,0 | 0,0 30 2 3 3 5 11 18 | 21 21 25
ACC|1000 | 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000 20 2 2 3 6 11 18 | 20 | 20 | 25
[%] Engine speed n [rpm] 15 2 3 3 7 11 | 18 | 20 | 20 | 23
10 3 3 4 8 11 18 20 20 23
Table 12. Corrected control algorithm of opening time of Diesel oil injec- 5 3 3 4 8 11 18 20 20 23
tors for Main dose at dual fuel supply of the engine ACC 1000 [ 1500 | 2000 | 2500 [ 3000 | 3500 | 4000 | 4500 | 5000

Main injection timing — CNG [ps] [%] Engine speed n [rpm]

100,0| 780 | 830 | 865 | 865 | 815 | 725 | 670 | 655 | 605

75,0 | 750 | 780 | 795 | 760 | 745 | 725 | 670 | 625 | 600

55,0 | 630 | 680 | 675 | 655 | 640 | 620 | 620 | 610 | 590

40,0 | 595 | 600 | 615 | 625 | 605 | 585 | 530 | 565 | 540

30,0 | 555 | 535 | 585 | 585 | 565 | 500 | 505 | 545 | 530

20,0 | 505 | 500 | 555 | 525 | 515 | 475 | 475 | 490 | 480

15,0 | 475 | 500 | 515 | 485 | 475 | 445 | 450 | 480 | 465

10,0 | 440 | 460 | 465 | 440 | 410 | 410 | 405 | 450 | 430

5,0 | 345 | 355 | 365 | 365 | 355 | 335 | 325 | 415 | 400

ACC|[1000 ] 1500 | 2000 | 2500 | 3000 | 3500 | 4000 | 4500 | 5000

[%] Engine speed n [rpm]

In Table 13 are presented proposed values of control al-
gorithms of injection advance angle for individual portions
of Diesel oil dose at dual fuel supply. The same as it was
occurred in case of value of Pilot dose of liquid fuel, when
the Pilot dose is switched off, the algorithm will not include
value of injection advance angle. Presented here, proposed
values of injection advance angle for the dose Pre were

Use of additive of gas and discussed changes in control-
ling of dual fuel engine resulted in significant changes in
smoke in exhaust gases and emission of particulate matter,
which was the primary objective of the research work per-
formed within framework of the Project No.
PBS1/A6/13/2012 financed by NCB&R. changes in the
smoke were investigated in static conditions, at the points
determined by Mo-n (torque — rotational speed) representa-
tive for NEDC driving test [14].

Relative changes in the smoke, in comparison with Die-
sel oil, obtained at the points of NEDC test, were calculated
from the formula:

3Sp =100 DFS_SDO [%] 3)
DO

where: O0Spr — relative change in smoke in exhaust gases
with correction of air output and with opening time of gas
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injector of 2.0 ms, Spr — smoke in exhaust gases from dual
fuel engine at opening time of gas injector of 2.0 ms, Spo —
smoke in exhaust gases from engine run on Diesel oil.

Relative changes in smoke shown in the Fig. 3 show at a
big reduction of smoke both in conditions of urban driving
Point 1-15, as well as extra-urban driving Point 16-20.
Reduction of the smoke in urban conditions, especially
when driving in low temperatures, will contribute to pro-
longed periods between successive regenerations of PDF
filter, what will reduce emissions of toxic compounds gen-
erated during purification of this filter [9, 12, 15]. In addi-
tion, signaled by a drivers failure rate of engines with as-
sembled DPF filters will be decreased, while operational
periods between successive purifications of the DPF filter
will be extended.

Fig. 3. Changes of smoke in exhaust gases of dual fuel engine at points
simulating NEDC test in relation fueling with pure Diesel oil: correction of
air output, opening time of gas injector 2.0 ms

Reduction of the smoke is accompanied by reduced
emission of particulate matter, what is shown in the Fig. 4.
Especially high differences are present at a higher engine
loads, Points 19 and 20, when the absolute emissions of
exhaust gases are the highest. Relatively lower changes in
the PN number of emitted particulate matter at partial en-
gine loads, simultaneously with big changes in smoke
shown in the Fig. 3, suggest that additive of gas causes
emission of particulate matter with smaller mass (diameter)
with respect to emission at traditional fueling. However,
these issues require another detailed investigations.

Fig. 4. Comparison of total PN number of particulate matter in exhaust
gases of Fiat 1.3 MIJT engine fueled traditionally and in dual fuel system:
correction of air output, opening time of gas injectors 2.0

To important issues in operation of dual fuel engines be-
longs replacement of Diesel oil by gas. With constant open-
ing time of gas injectors, such replacement is dependent on
engine load, what is seen in the Fig. 5. Increase in share of
gas at a higher engine loads would require active change in
opening times of gas injectors, what complicates control of
dual fuel engines. In addition, possibility of knocking com-
bustion at maximal engine loads should also be taken into
considerations. These issues were considered as the main
assumptions adapted to the accomplished research work, in
which share of gas at maximal engine loads was conscious-
ly limited.

60 ]
2500 rpm |
50 .k\ py =4.5 bar|
tinj.g = 2 mMS—|
T 40 [
=30
+
20 \\\ﬂ
10

40 80 120 160
M, [Nm]

Fig. 5. Changes of gas energy share depending on engine load by fueling
with diesel oil and dual fuel: gas injectors opening times 2 ms, fixed gas
supply pressure 4.5 bar

4. Summary

In the presented research work on dual fuel supply it
have been used two controllers, factory made ECU control-
ler for Diesel oil and additional controller for gas of Oscar-
N Diesel SAS type, produced by Europe Gas Company.
Control algorithms for gas as presented above were used in
controlling of gas. Controlling of Diesel oil dose requires
reprogramming of the factory controller or usage of addi-
tional controller for Diesel oil with proposed control algo-
rithms, which will take over governing function over injec-
tion of liquid fuel after switching to dual fuel supply.

A special patch-type controller can be also produced for
simultaneous control of injection of Diesel oil and gas. The
basic functions of the Oscar-N Diesel SAS controller can be
utilized in control section of gas, which have been tested
and have confirmed correct and safe operation of the engine
at gaseous fueling.

In adaptations of the engines to dual fuel supply, it is
recommended to supply gas to intake manifold as close as
possible to inlet valves. The system should be functional
both with LPG gas and CNG or LNG. Depending on a type
of used gas, a suitable components of the system like tank,
reducer, high-pressure pipes, refueling valves and gas flow
shut-off electro-valves should be used.

Performed research work has shown that there are real
possibilities of reduction of the smoke and particulate mat-
ter in modern, high-speed compression ignition engines at
low adaptation costs and small modifications in design of
the engine. Additional aspect of proposed adaptation is
possibility of alternate operation on Diesel oil or in dual
fuel system, while maintaining all performance parameters
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of the engine, what could have important meaning in case
of insufficient number of gas filing stations.

Obtained results of the research work show that dual
fuel supply systems with small additive of gas can be also
successfully used in future in low capacity engines, used as
power units in passenger cars. It can be confirmed by re-
sults of the research work performed on Fiat 1.3 MIJT en-
gine.
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The effectiveness of fault detection in common rail injectors examination methods

The article presents the effectiveness tests of fault detection in common rail injectors. 40 injectors with different wear levels were
tested. Testing was made on two test benches of a completely different design. Research includes comparison of accuracy,
reproducibility and testability to detect specific defects. A device was created for visualization of the fuel injector spraying steam.
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Introduction

The aim of the following article is to evaluate the
workshop methods of testing injectors used in modern
compression ignition engines. Various test benches and
devices for fuel atomization process visualization were used
to evaluate the effectiveness of the damage detection. Not
only injectors are evaluated in terms of fuel dosage but also
in the shape of the stream or atomization of droplets. A
widely used automatic test in 4 operating points may lead to
confusion when deciding about the reconditioning of the
injector. The examinations expanded with injector
characteristics in a wide range of parameter changes
coupled with experience of machine operator leads to more
precise diagnostics and can even indicate malfunction of
other engine components or improper engine maintenance.

1. Injector testers

Test bench is a device designed for, among others,
injector examination. It provides conditions necessary for
injector to work and allows its working properties
measurement. Test Benches are used in injector repair
workshops in several stages of injector reconditioning
process such as:

— Introductory examination of injector in purpose of
defect verification

— Regulation of injector

— Check operation after repair

— IMA code assignment

Injector testers are also useful in car workshops. In
many cases it is impossible to set a clear engine diagnosis.
Testing benches are tools that help to determine, whether
the defect is caused by injectors and which one exactly.
Another application of test benches are science researches
and development works.

In purpose of testing of injectors, instead of using diesel
oil, required calibration fluid is used. Its properties are
precisely determined by ISO 4113 standard or other
standards created by producers on a basis of ISO 4113.

The injected fuel quantity, and the return quantity are
basic quantities measured by the test benches. The most
common method of testing injectors is measuring the
injector parameters in 4 operating points. The first
operating point is a full load dosage, which simulates work
of the injector during engine's full load. The second
parameter is an emission dosage, which corresponds to the
medium load of the engine. The next measured dose is an

idle dose (LL). The last measured dose is a pre injection
dose. The manufacturer of injectors determines conditions
for those tests, like fuel pressure and actuation time. The
ranges of correct dosage values are also provided. This kind
of test is relatively fast and allows to diagnose most of
injector's malfunctions. However, the diagnose of some of
the malfunctions is impossible, since in the real operation
injectors work in the whole range of pressures and actuation
times. More precise method is to determine the
characteristics of injector working with many operating
points. In this case, a problem with interpretation of the
results appears, because manufacturer does not share
characteristics of injectors in working order. Moreover,
such measurement may even take couple of hours, so it's
problematic in case of workshop use. The additional test,
carried out as the first one, is the leak test. It is carried out
with maximum operating pressure and without actuation.
This test enables to check the nozzle and control valve
tightness. Leaks flowing through fuel return port are
measured automatically, while other leaks, especially the
nozzle leak, are supposed to be checked visually by the
machine operator.

Two test benches were used in order to carry out this
research. The first one is STPiW 3. It is available in the
laboratory of Gdansk University Of Technology. The
second device is Bosch EPS 200, provided through courtesy
of Motogab injectors reconditioning workshop. These
machines differ when it comes to their research capabilities.
The main difference is the method of measurement of a fuel
quantity. This measurement in case of Bosh EPS 200 is
performed with a turbine flowmeter. The advantage of this
device is a real time measurement, which speeds up the
time of a test. In case of STPiW 3 fuel quantity is measured
indirectly through measurement of hydrostatic pressure of
calibration fluid injected to the measuring cylinders.

1.1. Bosch EPS 200

The Bosch EPS 200 (Fig. 1) is an automatic injector
tester. It has a compact design but allows to test only one
injector at a time. It consists of a high pressure pump Bosch
CP3, which pumps the test oil to a rail. The rail is equipped
with a piezoelectric pressure sensor and a pressure control
valve.

The built-in two-chamber calibration fluid reservoir has
a capacity of approximately 7 litres. The fluid used in the
test is drained into the first chamber where larger impurities
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are deposited. In the second chamber, the test oil is brought
to the correct test temperature and then fed to the high
pressure pump. The most important element of the device is
the turbine flowmeter, because it directly reflects on the
accuracy of measurements.

Fig. 1. Bosch EPS 200

The flowmeter measures the injected fuel quantity or the
return quantity, depending on the setting of the valves
directing the streams flowing out of a tested injector.

Measurements are possible only in an automatic mode,
which is controlled according to the test procedure
specified for each kind of injector. This makes the
workshop test, comfortable and fast, and greatly limits the
possibility of human error. On the other hand, in laboratory
conditions, it also limits testing capabilities. [2]

In the case of piezo injectors, to ensure their proper
operation, it is important to determine the threshold voltage
for the piezo actuator. During exploitation, the nature of the
piezo stack and the components directly associated with it
may be changed and the ISA code designated at the factory
may become wrong. The Bosch EPS can check the
adequacy of this code and take it into account when the
impulses are generated during the test. Furthermore, the
construction of the piezo injectors requires increased return
back pressure (approximately 10 bar) which EPS provides.

1.2. STPiwW 3

STPiW 3 is designed for testing pumps, injectors,
pressure sensors and control valves which occur in common
rail systems and systems with distributor pump.
Construction of the test bench allows simultaneous testing
of four injectors. Figure 3 shows the layout of the device.
The fuel system has all the elements that can be found in a
system of a car. The electric feed pump (1) supplies
calibration fluid through the filter (2) to the high pressure
pump (POI1). This is the 3-plunger radial-piston pump
Bosch CP1H. It is driven through toothed belt by the
induction motor (SIL). The motor is powered by the
inverter (FAL) that provides smooth and precise speed
control. The pump is controlled by the cut-off valve
(ZAW?2) and the pressure regulator valve (ZAW3). The rail
(K) is equipped with the pressure sensor (CCl) and the
pressure control valve (ZAW1). Pressure value in a high
pressure system is controlled by the electronic module (D2)
which controls all valves on the basis of a sensor reading.
Tested injectors connected by flexible cables are placed in

the injected fuel quantity measuring cylinders (H). On the
right side, there are cylinders that measure the return
quantity (I). All return pipes are connected to the return
collector (9) from which the liquid flows into the main tank
(4). Injectors control the pulse generator (D1), which is set
by the software on the computer connected to the device. In
order to maintain accuracy of the tests and comparability of
the results, it is necessary to keep the fluid temperature
constant. This is done by the system, marked by dotted line,
consisting of the heater (6), the electric pump (7) and the
cooler with the fan (WEN1).

Fig. 2. STPiW 3

Quantity measurement begins with the measurement of
hydrostatic pressure of the liquid in the measuring cylinders
(H). Subsequently, the motor driving the pump is started.
When the pump speed is stabilized, the pressure is adjusted
to the setpoint. In the next stage, the injectors starts
injecting the calibration fluid into the measuring cylinders.
The standard measuring cycle is set to 1000 injections. At
the end of the series of injections, the hydrostatic pressure
is measured again. Based on the pressure difference, before
and after a test, the software calculates the amount of liquid
that has increased during the test. Afterwards the volume is
divided by the amount of injections which determines the
injected fuel quantity.

The great advantage of this device is capability of
setting parameters such as:

— fuel pressure,

— actuation time,

— frequency of injections,
— amount of injections,
— pump speed,

— fuel temperature.

This allows to examine the injectors at every point of
operation and allows to determine the characteristics
according to different parameters. Because of the reasons
mentioned above, the STPiW device has bigger testing
capabilities and a wider use in research.
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Fig. 3. Scheme of STPiW device

2. Observed causes of measurement errors

2.1. Measurement error of pre injection test
During examination in automatic mode, according to the
injector card, measurement inaccuracy was noticed while
performing the VE test. The measurements was carried out
with the Bosch injector number 0445110021. Settings,
according to the injector card, were as follows:
— Pressure 80 MPa,
— Actuation time 160 ps,
— Number of impulses 1000,
— Frequency 20 Hz
The results of 20 measurements that were performed under
the conditions shown above, are presented in the Fig. 4.
Standard deviation was relatively high and amounted:
c = 0.266.

Fig. 4. Outlines of VE test before test modification

During those tests, little amount of fluid (about 2 ml)
was injected to the measuring cylinder in time of one

measurement. Precision of the test would be better if the
number of impulses in time of one test was increased. Such
modification would lead to increase of a measured volume.
During consecutive examinations the number of impulses
was increased to 4000. The distribution of results after the
test modification is presented in the Fig. 5.

Fig. 5. Outlines of VE test after test modification

In that way the standard deviation decreased more than
twice to the value ¢ = 0.103.

The change of parameters has given expected results, so
the following VE measurements was performed with 4000
impulses.

2.2. Error of the first measurement

In order to increase accuracy of measurements, every
test was repeated several times. It was noticed that the
result of the first measurement, which was carried out
immediately after setting the injector on the test bench, in
many cases was significantly different from the other
results in many cases. The first hypothesis to explain this
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phenomenon was an influence of the injector and its
components’ temperature on injected fuel quantity. It was
thought that results stabilized after the injector was heated
to the calibration fluid temperature. In order to examine
influence of the temperature on the injector operation, the
injector was cooled down to the temperature of 5°C,
afterwards it was mounted on a bench. The injected fuel
quantity was measured as the components were warming
up. The measurement of temperature was carried out with a
digital pyrometer in two places. In the upper part, near the
fluid supply connector, and in the lower part, near the
nozzle nut. The calibration fluid temperature was stabilized
at 40°C. Table 1 shows the measurement outcomes.

Table 1. Influence of the injector’s temperature on injected fuel quantity

No temp. top [°C] temp. bottom [°C] dose [mm*/injection]
1 5.5 5.5 51.2
2 10.2 7.5 514
3 14.8 11.1 51.3
4 23 17.4 51.2
5 27.1 25.9 50.9
6 29.4 27.7 51.3
7 31.3 29.5 51.2
8 34.8 30.4 51.1
9 35.2 30.7 51.4

As it is presented in the Table 1, the temperature of the
injector has no recognizable influence on the fuel quantity
and has nothing to do with the error mentioned above.

It was also noticed that if the injector had previously
been examined on the test bench, the error of the first
measurement did not occur. Due to the fact that the
injectors have not been used for a long time, such results
could be caused by accumulation of deposits and slight
corrosion which reduced the ease of movement of the
injector components.

2.3. Devices comparison
Main differences between researched devices are
presented in the Table 2.

Table 2. Main differences between test benches

Bosch EPS STPW
Quantity measurement with | Quantity measurement indirectly through
the turbine flow meter measurement of hydrostatic pressure of
calibration fluid injected to the
measuring cylinders
Automatic measurement mode

Automatic measurement
mode only

Abilities to increase return
pressure and to generate
impulses based on IMA code
(piezo injectors)
Possibilities to test 1 injector
at a time

Lack of these abilities

Possibilities to test 4 injector at a time

In order to compare the accuracy and reproducibility of
the measurements, a series of 12 measurements was carried
out on both devices. The solenoid injector with a catalogue
number 0 445 110 021 was used to carry out the tests. The
following graphs (Figs 6-9) presents the results of the tests.
Green lines indicate results obtained on the Bosch EPS and
grey lines stand for the STPiW device. The minimum

permissible quantity is marked with a black line, while the
red is the maximum. If injector test results are within the
range between these lines, the injector retain its correct
work parameters.

The first VL result is vitiated by a gross error, which is
marked with a red point (Fig. 6). It will not be considered in
calculations.

Fig. 6. VL test (actuation time 1300 us, pressure 130 MPa)

Fig. 7. EM test (actuation time 500 ps, pressure 80 MPa)

Fig. 8. LL test (actuation time 600 us, pressure 25 MPa)
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Fig. 9. VE test (actuation time 160 ps, pressure 80 MPa)

Table 3 shows the juxtaposition of standard deviations
of the measurement series depending on the device and the
type of test. The arithmetic mean of the standard deviations,
which is a measure of the precision, is in the last row of the
table. It is very clear that the tests performed with Bosch
EPS are more precise and more reproducible. It is also
noticed that the standard deviations for the VL tests
performed on both devices is much higher than the standard
deviations for the other tests. The difference is not due to
lower precision of testers in these conditions, but rather to
lower precision in the injector dosage at such high pressures
and injection times, as the flow process inside the injector is
more turbulent.

Table 3. Standard deviations of measurements

Bosch EPS STPiW
VL 0.1088 0.3688
Lol =}
8 EM 0.0386 0.1404
=
sz LL 0.0894 0.1380
ZIES
VE 0.0526 0.1505
Averagt? st'andard 0.0724 0.1994
deviation

Table 4 presents the results of average injected fuel
quantities. It is clear to see that the results of tests
performed by these machines differ insignificantly. In the
case of the examined injector, STPiW always indicates
slightly lower values. However, considering the other
injector's tests, this dependence is not a rule.

Table 4. Average results of measurements

Bosch EPS STPiW
VL 69.82 69.10
=l
g .8
B 5 EM 18.61 18.12
o .©
o
5=
S g LL 4.42 431
<E
VE 3.63 3.36

Return quantity was considered in the case of mentioned
comparison. This quantity has no direct influence on the

engine's operation, so there is no requirement for the
injector dosage to be precise. For this reason, the
discrepancies in the measurement results do not reflect the
precision of the measuring equipment because they are
caused by the nature of the injector work. Therefore, the
measurement accuracy of the devices cannot be compared.
Fig. 10 presents the distribution of the return quantity
measurement results during the VL test.

Fig. 10. Return quantity in VL test (actuation time 1300 us, pressure
130 MPa)

3. Description of the complete injector
characteristics interpretation

The test method at 4 operating points is fast and able to
detect most of the faults. However, considering the fact that
the injector is operating over the entire span of actuation
times and pressures, some defects may remain undetected
during the standard test. It often happens after improper
injector reconditioning, in which not all of damaged parts
have been replaced, and the injector was adjusted just to
pass the test. Determining the characteristics in many
operating points is much more time-consuming than the
standard test.

Full characteristics allows detection of any injector
work area where the injector works improperly. On the
other hand this measuring method requires testing the
injector at multiple operating points leading to a significant
prolongation of the test time.

Due to a lack of comparative characteristics, the
evaluation of correctness of obtained characteristics consist
on checking the parallelism of the sections between two
operating points. Owing to the fact that these sections
correspond to short time difference, they are treated as
straight lines. They should be as parallel to each other as
possible. However, in some cases, significant deviations
and even intersections are visible, what is unacceptable.
The excessive deviations or the line intersection testify to
malfunction of the injector.

The test performed on the injector with number 0 445
110 200 is an example which shows the influence of the
complete characteristics interpretation on the injector
diagnosis. The injector passed short 4-points test. However,
complete characteristics, as shown in Fig. 11, excluded a
positive result of injector diagnosis.
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The characteristics clearly illustrate the areas of
operation where intersections of the pressure lines occurred.
As already mentioned, this is an unacceptable failure.

Fig. 11. Characteristic of improper injector work 0 445 110 200

The characteristics above shows that the injector’s
malfunctions occur especially in the actuation time between
200 and 300 ps and 450 and 600us.

This is proof that the basic test may be insufficient in
many cases. In practice, even if the injector completed the
first test successfully, an improper working range of the
engine could occurred.

Close attention should also be paid to situations in
which the characteristics have disturbances especially at
high pressures. Due to a leakage of the injector and an
excessive return of fuel, the pump is unable to produce high
pressure in the fuel rail. Hence the results are falsified
(characteristic overlap of high pressure lines corresponding
to too low fuel quantities) (Fig. 12). In order to obtain
required pressure for the injector, a need to increase the
rotational speed of a pump appeared (Fig. 13).

The following characteristics present the situation
described above while testing the Denso RF7J 13H50
injectors.

Fig. 12. Characteristic with pump speed 800 rpm

Fig. 13. Characteristic with pump speed 1100 rpm

4. Examination of the Bosch 0 445 110 084
injectors

The objects of the study in this section are Bosch CRI 1
solenoid injectors with number 0 445 110 084. The

injectors derive from the Renault Laguna with a 2.2 dCi
engine. The engine failure occurred at around 220,000 km.
The first symptoms of the failure was loss of power, then it
was and then impossibility to start the engine.

The examination of the injectors was carried out on the
STPiW test bench. The outcomes of the tests are presented
in Tab. 5.

Table 5. Test results of injectors no 0 445 110 084

Test Injection| Presure Dose [mm*/injection]
tme Measurement | Reqired
Injector no
us MPa 1 2
Tightness 0 140 210.7 295.2 35+35.0
VL Dose 67 71 72.1 ¥#4.0
Return 1100 135 167.9 182.5 | 40.0 £22.0
EM 500 50 13.5 13.2 8325
LL 500 30 4.9 4.8 34420
VE 260 50 39 33 1.8 +1.3
Test result Negative |Negative

It can be seen clearly that the injector fault can be
already identified during the leak test. The injector number
1 has the return quantity 3 times bigger than the maximum
permissible value, while the injector number 2 exceeds that
value more than 4 times. This first test may already exclude
the injector from further examination because this test is
sufficient to determine its fault. Despite this fact, further
tests have been carried out in order to observe the effect of
leaks on the injected fuel quantity. During a full-load test
with a standard pump drive setting at 800 rpm, it was not
possible to reach a preset pressure of 135 MPa because of
too little pump flow in relation to the sum of the injected
fuel quantity and the leaks. The pump had been set at 1100
rpm, what increased the pump's output and allowed to
maintain the preset pressure.

By analysing the results from tab. 5, it can be stated that
the injector malfunction did not affect the results of full
load test. The idle dosage has been slightly increased, but
within permissible limits. On the other hand, the emission
dosage and the pre-injection dosage were too high.

Inability to start the engine was caused by too big fuel
leakage through the injectors, which consequently did not
allow the pump rotating with low rotational speed (resulting
from the rotational speed of the starter) to build up the
pressure in the rail necessary for proper injector activation
and engine start-up.

a) b)

Fig. 14. Damage of the valve seat a) injector no 1, b) injector no 2
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Fig. 15. Damage of the valve ball

Figure 14 presents the control valve seat. The ring
around the hole is the sealing surface. The quality of this
surface is crucial to maintain valve tightness. The pictures
show radial grooves caused by cavitation erosion. In
addition, Figure 15 shows the ball of the first injector. The
irregularity of the ball’s surface #s also causes leaks. These
are the main causes of the injectors’ malfunction the large
return quantity.

a) b)

Fig. 16. The guiding surface of needle a) injector no 1, b) injector no 2

Fig. 17. Needle corrosion

Fig. 16 presents the needles of both injectors,
specifically their guiding surfaces. There is a strong
abrasive wear at the place where the co-operation with the
nozzle occurs and deep dents caused by contamination.
These impurities could be caused by corrosion of the needle
surface, where pitting spots are visible (Fig. 17). Wear of
the cooperation surface resulted in greater clearance of the
precision pair such as needle and nozzle. In consequence
the clearance caused additional leaks and increased ia the

return quantity. Analogous wear can be observed in the
case of the second precision pair, i.e. the control valve body
and the plunger. Fig. 18 shows damage of plungers.

Fig. 18. Damages of valve plungers

Fig. 19. Corrosion of the needle and the guiding sleeve

Figure 19 shows the corrosion damage of the upper part
of the needle and the guiding sleeve. Corrosion has
occurred in places that do not work with other parts, so it
has no effect on the operation of the injector. On the other
hand, further corrosion can lead to fuel contamination with
corrosion products and damage other components.

Fig. 20. Fuel spray pattern of a damaged injector

In addition, the spray pattern of the injector number 1
was documented (Fig. 20). The streams formed by the two
upper holes are characterized by a larger cone angle than
the others. Considering the amount of reflected light from
these streams it can be inferred that they contained a higher
injected fuel quantity. The spraying from the lower hole is
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severely opened from the beginning, while the sprayed
droplets have not yet reached the wall of the visualization
chamber. This means that spreading speed of the droplets
flowing from the lower hole is smaller than those from the
remaining holes. The reason for such phenomenon is
because the flow through this channel is disturbed by the
unevenness of its geometry, which may be due to internal
sediments.

Conclusions

The standard 4-point injector test can detect most of the
faults. Sometimes, however, it is required to have a full
feature consisting of multi-point measurements, because in
actual conditions the injector is operating and must perform
at full pressure and opening times.

Comparative testing of test benches has shown that
Bosch EPS is characterized by greater accuracy and
precision of measurements, while STPiW has wider

research capabilities and allows for arbitrary parameter
setting during testing. Differences in the method of
measuring the fuel dose and the course of the control pulses
influence the divergence of the results obtained with these
devices.

The visualization station, despite the simplicity and low
cost of execution, allowed to observe and document the
macro structure of the fuel spray jet. The instrument has
made it possible to diagnose faults related to the quality of
fuel spraying and to integrate it with the test bench in a
laboratory of the Faculty of Mechanical Engineering, the
device also has a didactic value. In spite of listed above
wear an corosion demages the main injector problem are
deposites [3]. The best method to limit the occurrence of
the above phenomena is the application of effective
detergent fuel addetives.

Nomenclature

VE  pilot dosage
EM emission load dosage

LL  idle dosage
VL  full load dosage
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Inflammability evaluation of hydrocarbon fuels mixtures formed directly
in the combustion chamber

The proposed article involves an investigation of the processes taking place during the preparation of mixed fuels that are combined
directly before combustion. The fuel dose formed in this way must take into account the qualitative and quantitative composition of the
fuels and the amount of air in the process. Given that liquid fuels similar to gasoline (e.g. methanol, ethanol, butanol) are characterized
by different properties, their comparison would be useful in order to use their ratio to influence the combustion process. The process of
fuel preparation plays a decisive role in this issue.

The article describes abilities of modelling the injection of various fuels simultaneously to the combustion chamber for creating fuel
mixture directly before ignition. First part of the article consists of analysis of light hydrocarbon fuels mixing abilities, supported with
present research data. Next part describes the evaluation of execution of the assumed system — two fuel injectors with analysis of spray
penetration. The modelling of the injection and spray was performed in the AVL FIRE 2014.2 environment and the results were present-
ed. The injection possibility was proven by injecting the fuel to the combustion chamber model. Local values of air-fuel ratio, density and
ambient pressure were presented to better understand the potential in mixing fuels directly before ignition. The conclusion includes
description of fuel mixing abilities, influence of various fuels on creation of a stratified mixture and definition of controllability of charge

ignition.

Key words: fuel injection, mixing fuels, hydrocarbon fuels, combustion chamber

1. Introduction

Combustion processes are considered mainly in terms of
a mono-fuelled combustion. Processes of preparation and
combustion of gasoline-like fuels are widely described in
literature.

Dual-fuel mixtures are crated mostly in the earlier pro-
cess (for example, a mixture of ethanol and gasoline or
petrol and methanol [12, 17]) and are burned most often in
stoichiometric conditions. The way of preparing such
a mixture causes it to have specific physico-chemical pro-
perties (viscosity, surface tension and density closely define
specific contents of different hydrocarbon groups) [12, 22].
In such a situation, sprays of drops with small, homogene-
ous dimensions are obtained. Figure 1 shows a typical pro-
cess of fuel flow from the injector [2].

The air with high temperature is "incorporated" into the
fuel spray. The hot air causes fuel evaporation, and as a
result the length of the spray is reduced. After the initiation
of combustion, a slight reduction of the spray takes place
and then its length stabilizes before the end of the injection.
The diffusion flame is formed in the areas where the mix-
ture reaches a value close to stoichiometric. The rich flam-
mable mixture zone is an area in which the formation of
particulate matter is initiated. This results in a significant
concentration of soot in the diffusion flame of the burned
fuel. The pre-flame zone (outer) is "responsible” for the
formation of nitrogen oxides [3].

Gasoline is a mixture of over 100 different hydrocar-
bons having different molecular structure and different
boiling points. Most often the structure of gasoline consists
of about 55% paraffins (single-bond C-C), around 35%
aromatic hydrocarbons (benzene rings) and a maximum of
up to 20% olefins (double bond C=C). Paraffins are com-
plex components with low molar mass: these are e.g. n-
butane, 2-methyl-pentane and 2,2.4-trimetyl-pentane (iso-

octane). Aromatic hydrocarbons contain 4 to 8% toluene
and around 4% xylene.

The oxidizing additives used in gasoline increase its oc-
tane number. The influence of additives on the octane num-
ber is dependent on the fuel composition. Gasoline is en-
riched with alcohols (R-O-H, where R is the HC group) and
ethers (R-O-R). Alcohols are mainly methanol (MeOH),
ethanol (EtOH), isopropanol (IPA) and t-butanol (TBA).
Due to the weak solubility of methanol in gasoline in the
presence of water, it must be used together with TBA as
a co-solvent. Ethers used as additives include mainly: me-
thyl tert-butyl ether (MTBE), tert-amyl methyl ether
(TAME) and ethyl tert-butyl ether (ETBE).

Use of previously proposed fuels to determine the prop-
erties of the mixtures, requires knowledge of their physico-
chemical properties. Physical properties of such fuels
should play an important role in the mixing processes.

The distillation curve of gasoline, taking into account
that gasoline is a mixture of different hydrocarbons, is
shown against the background of basic fuels (Fig. 1).
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Fig. 1. Distillation curve of gasoline and other fuels [1]
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Also the physico-chemical properties of all the analysed
fuels are known. Although o-xylene, presented in Figure 2,
has a boiling point close to the last value of boiling point
for gasoline, it was also qualified in the study as a stand-
alone fuel submitted to mixing. The coefficients for deter-
mining fuel vapour pressure were presented e.g. by [7] and
they can be used in the equation [1]:

In(p;)) = A-B/(T; + C) (1)

where A, B, and C are Antoine constants for pure compo-
nents (e.g. water, methanol or ethanol) obtained from litera-
ture data.
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Fig. 2. Fuel vapours pressure

The exchange of mass between the surface of the fuel
drop and the gaseous medium (air) occurs due to molecular
and turbulent diffusion. The molecular diffusion is the
spontaneous mixing of fuel and air particles as a result of
concentration gradient dc/dr, which excites the flow of heat
and, induced by this, the flow of mass (thermo-diffusion).
In case of creating a flammable mixture diffusion caused by
a gradient of concentration of components is of crucial
significance. Molecular diffusion, characterised by diffu-
sion coefficient (Dyy), is of vital importance in case of the
lack of flow or laminar flow. In this case, mixing of the
components is caused by random movement of their parti-
cles. In case of turbulent flow, the mass exchange is more
intense due to the movements of particles in normal direc-
tion. The turbulent diffusion coefficient (Dy) has much
higher value than the Dy, coefficient. During the diffusion
of vapour from the surface of the drop of fuel, surrounded
by turbulent air jet, the surface layer & consists of the first
sub-layer, contacting the surface of the liquid, and the sec-
ond layer located on the outside of the first. In the first sub-
layer a molecular diffusion takes place, and on the other
layer — it's mainly turbulent diffusion.

Many publications [e.g. 1, 20] claim that penetration of
sprays chosen for testing fuels shows a similar linear scope.
This indicates similar physical properties of these fuels. At
the same time, it should be noted that such similarity is
a positive feature, as it can alter the properties of ignition of
mixtures without a significant change in parameters of their
atomisation. These changes are visible only during signifi-
cant heating of fuels (above 373 K). Then the penetration of
pentane and ethanol is lower by about 10% [1].

The effect of flow turbulence can be characterized by
the Reynolds number (Fig. 3):

Re = p-u-d/pt 2)

where p — is density, Y — kinematic viscosity of liquids, d —
diameter of the injector aperture, u — flow rate.

The lowest Reynolds number (at constant flow parame-
ters) can be observed for butanol (laminar flow at low tem-
peratures of the fuel).
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Fig. 3. Reynolds number of selected fuels [1]

The fuels selected for analysis are characterized by
a Weber number above 50. With the increasing tempera-
ture, this value also increases: for o-xylene it is 120 and for
the remaining fuels much more (for iso-octane — 230) at
a temperature of about 453 K. These figures result from the
specificity of the adopted characteristic values, requiring
calculation of We number [1].

In publication [15] it was shown that the Weber num-
bers for ethanol and gasoline are similar for fuel tempera-
tures ranging from 275-450 K. Further increase of the tem-
perature causes an increase of Weber number for ethanol
above 500 (in temperature of 500 K), while for petrol it is
about 300 (temperature 500 K). This means that at high
temperatures of the fuel the so-called catastrophic break-
down of ethanol drops occurs.

Ohnesorge number is convergent with the data con-
tained in the publications [4, 8] and amounts to about 6- 107
to 1.6-107 at the temperature of about 283 K, and decreases
to a value of about 6- 10~ for temperature of 463 K.

Indication of these differences is a basis for the conclu-
sion that the created drops of fuel will also have different
diameters, which will contribute to their diversified evapo-
ration.

Combustion in dual-fuel systems of fuel mixtures creat-
ed immediately before ignition makes it possible to deter-
mine the combustion air factor, which will be the resultant
of the ratio of both fuels:

Majr
A= Lyimj+Lym, &)
where: L, and L, are stoichiometric air requirements for
combustion of fuel 1 and 2, m — is weight of fuel, respec-
tively 1 and 2, m,;, — is the weight of air. The share of one
of the fuels can be calculated from the following:

Wopz2m;

“)

U = <
m2
Wop1mi+Wopom,

Determination of inhomogeneity of the mixtures created
immediately before combustion leads to the assessment of
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production of soot originating from the inhomogeneity of
the charge in the process of mixing the air-fuel charge. The
global index of uniformity is referred to as [18]:

U, =1-o0dloy, ®))

where 0 determines the standard deviation of the fuel mass
distribution, and 0, is defined as the standard deviation of
the completely inhomogeneous charge (fuel and air):

_ A ©

G =
nh T AF

However, the U; parameter is not fully representative of
the possibility of determining the distribution of fuel vapour
with division into rich and lean zones. Also the analysis
associated with post-processing of the images from such
a process is required. This index takes the maximum value
equal to 1 for completely homogeneous mixtures. It is
a good indicator of mixing fuels proposed for tests in the
current research.

2. Motivation

The process of combustion of liquid fuels (gasoline,
ethanol, methanol, n-butanol and its mixtures) is character-
ized by high variability of the thermodynamic conditions.
The process of combustion of liquid fuels may be continu-
ous or cyclical. In the first case there are stabilized thermo-
dynamic conditions, and in the other case — the conditions
are changing. Due to significant changes in combustion
conditions (temperature, pressure), the process of preparing
the mixture is short, which is one of the main causes of its
unrepeatability. In such a short time the initial physical
processes of mixing fuel with air and the pre-flame pro-
cesses take place (chemical evaporation of fuel and its
thermal decomposition). During this period the reactions
and processes leading to formation of toxic components
also begin take place. Some scientists assume [27] that
oxidation and products of thermal decomposition of the
liquid fuel molecules can be important intermediate stages
in the formation of particulate matter.

The dominant trend concerning combustion of liquid
fuels is delivering them in the form of previously created
mixtures: e.g. gasoline-ethanol or gasoline-methanol in
various proportions. It is justified from chemical perspec-
tive to create mixtures with very specific proportions in
order to ensure the homogeneity of such a mixture.

However, there are no descriptions in the literature of
possibilities of creating mixtures of fuels directly before
their combustion in open or closed chambers. Knowing that
liquid hydrocarbon fuels (similar to gasoline) have different
properties, it is reasonable to mix them in such a way that
the proportions can influence the combustion process. Cur-
rently this is not possible, because the composition of fuels
(proportions) is strictly defined prior to combustion. Differ-
ent parameters of volatility, vapour pressure or octane
number can provide a method of controlling the process of
their combustion in a wide range. However, before such
combustion can take place, it is necessary to recognize both
the physical and chemical processes of mixing such fuels
immediately before ignition.

3. Research methodology

The research was performed by means of computer aid-
ed simulation using the AVL Fire 2014.2 software envi-
ronment.

The combustion chamber used in the research was mod-
eled to comply with the assumed engine parameters, listed
in the Table 1.

Table 1. Modeled engine technical data

Parameter Unit Value

Type - Piston engine, 4-stroke, spark ignition
Cylinder number - 1

Displacement cm’ 385

Compression ratio - 10.2

Bore mm 83

Stroke mm 71.2

The research consisted of performing the direct fuel in-
jection events into the modeled combustion chamber
through two separate injectors. The indicative view of the
injectors positioning in the combustion chamber is present-
ed in Fig. 4.

Three combinations of fuels injected with separate in-
jectors were used:

— gasoline from both injectors,
— gasoline and methanol,
— gasoline and iso-pentane.

The injectors were oriented so their axes formed a 45°
angle with the cylinder axis. Each simulation included
single injections of constant mass of fuel. The injections
were open for aconstant amount of time (CA-wise) and
were initiated with the same timing. The injectors' and
spray parameters are listed in Table 2.

Table 2. The parameters of injectors and spray

Parameter Unit Value

Injectors type - Outward opening

Nozzle apex angle deg 95

Spray angle deg 10

Nozzle outer diameter mm 2

Nozzle inner diameter mm 1.5

Spray type — hollow cone

Injection beginning deg CA 35 before TDC

Injection end deg CA 25 before TDC

Injected mass per event mg 30

Drag law model - Schiller-Naumann

Fuel evaporation model - Dukowicz ('Gasoline')
Multi-component (others)

Fuel breakup model — Wave

The Schiller-Naumann drag law model Cd is an empiri-
cally evaluated equation for calculating drag coefficient in
drag force acting on the flowing particles in fluid with Re
ranging from 0.2 to 1000. It is described with the equation:

cd= %(1 + 0.15Re687) (7)

where Re is the Reynolds number. For the Re > 1000 the
Cd has the constant value of 0.44 [5].

The Dukowicz evaporation model describes the heat
and mass transfer processes on the droplet-fluid border. The
model is based on the following assumptions:

— spherical symmetry,
— quasi steady gas-film around the droplet,
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— uniform droplet temperature along the drop diameter,

— uniform physical properties of the surrounding fluid,

— liquid-vapor thermal equilibrium on the droplet surface.
The vapor mass flux (f,s) to local surface heat flux (q)

ratio is, according to the Dukowicz model, calculated as per

formula (8):

fos — ®)

Js hoo_hs_(hvs_hgs)(Yvoo_sz)
where By is mass transfer number, h,, is enthalpy in parti-
cle far-field condition, hg is enthalpy at particle surface, hyq
is enthalpy in vapor conditions at droplet surface, hgg is
enthalpy in ambient gas conditions at droplet surface, Y,
is vapor mass fraction in particle far-field condition, Yy is
mass fraction in vapor conditions at droplet surface [5].

The Multi-component evaporation model is the exten-
sion of the Abramzon-Sirignano approach. The difference
to single-component cases is that the mass transfer of every
component is taken into account separately, whereas the
heat transfer remains a global mechanism. The resulting
mass flow rate then is the sum of the single contributions:

m= YN m ©)

The distribution of the components inside the droplet is
assumed to be homogeneous [5]. This model is required to
be used in multi-fuel spray calculations.

The Wave breakup model describes the spray into drop-
let breakup behaviour. Initial spray assumption is that the
blob injection is realized (initial droplet size is similar to
the nozzle diameter). The quasi-continuous fuel stream is
broken up to droplets as per Wave model. It assumes that
the growth of an initial perturbation on a liquid surface is
linked to its wavelength and toother physical and dynamic
parameters of the injected fuel and the domain fluid. For the
high pressure injection systems (high spray velocity) the
size of the product (parent) droplets is set equal to the
wavelength of the fastest growing or most probable unsta-
ble surface wave. For lower velocities, the Rayleigh type
breakup is applied [5].

Fig. 4. The indicative view of positioning the direct injection fuel injectors

The model engine data are presented in Table 1, where-
as the combustion chamber view with positioned injectors
in it in Fig. 4. The visible two injectors are mounted instead

of valves. Such configuration of the fuel injection into the
area of centrally positioned spark plug (Fig. 5) allows the
execution of spray-guided type mixture creation.

Fig. 5. The part-section view of the combustion chamber with outlined
spark plug in the centre of the chamber

In the AVL Fire 2014.2 software using the Fame En-
gine+ module the displaceable mesh was created (Fig. 6), in
which the following selections were assigned:

— piston buffer,
— piston moving
— piston non_moving.

The created mesh of size of 211 thousand cells (Table 3)
served as the model for injection and spray analysis of
various fuels.

Fig. 6. The displaceable mesh of combustion volume for fuel spray simula-
tion

Table 3. The computational mesh parameters

Mesh info Value
Number of nodes 203732
Number of surface faces 40240
Number of tet cells 2200
Number of hex cells 160022
Number of pyramid cells 15908
Total number of cells 211406
Surface area 0.027 m”
Volume 0.0003362 m’

4. The fuels' injection and spray processes analysis
The presented simulations concerning fuels' spray cover
the injection analysis of gasoline, ethanol and iso-pentane
in various configurations of their delivery to the combus-
tion chamber. Varied properties of these fuels, presented in
point 2 and Table 4, point at possibilities of air excess ratio
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shaping in combustion chamber during their direct mixing
before ignition.

Table 4. Physical and chemical properties of fuels

Parameter Unit Fuel
Gasoline Ethanol Iso-pentane
Chemical formu- - C8H15 CszOH C5H12
la
Composition % 86,14,0 52,13,35 87,130
(C,H,0)
Research octane - 95 [29] 106 [14] 100 [21]
number
Density@ 20°C kg/m® | 744.6 [29] 790.9 [29] 616 [28]
Lower heating MlJ/kg 43.5[11] 27.0[11] 4491 [10]
value
Viscosity mm?%s | 0.4-1[16] 1.32[19] 0.35 [23]
@25°C
Dynamic viscos- | mPas 5.29 [26] 1.104 [25] 0.22
ity @ 25°C
Surface tension N/m 0.022 [9] 0.0223 0.016[6]
[25]
Enthalpy of kJ/kg 373 [29] 840 [29] 342 [23]
evaporation
Stoichiometric - 14.6 [11] 9.0 [11] 38.1 [6]
A/F ratio
Saturation kPa 31[11] 13.8 [11] 128 [13]
pressure at 38
deg C
Flash point °C —45 t0-38 21.1[11] =50 [23]
[11]
Auto-ignition °C 420 [11] 434 [11] 468 [23]
temp.
Boiling point °C 32.8 [29] 78.4 [29] 27.9 [28]

The conducted research, due to its basic character, is
aimed at identification of the air-fuel mixture creation
changes during simultaneous injection of both fuels. In this
research only the conditions of combustible spray build-up
in the spark plug area are analyzed. The charge creation
conditions were analyzed mainly in the aspect of the time
required for the creation of combustible mixture as well as
spacious relations in the combustion chamber concerning
the fuel sprays' range. Due to the assumed method of fuel
supply (direct injection with outward-opening injectors) the
mixture creation is being considered through the fuel
movement (spray-guided). Because of this, the assumed
fuel injection is at 685°CA (35° before TDC).
The stoichiometric mixture creation was based on the
assumption, that in dual-fuel injection, this coefficient is
referred to the value for gasoline. Thus during ethanol or
iso-pentane injection the air demand for these fuels' com-
bustion was not included.
The fuels' spray analysis with two injectors participating
begun with simultaneous injection of gasoline only (Fig. 7).
The fuel spray analysis was conducted in the range from the
start of injection to the point of piston's TDC. The area
around the spark plug was subjected to research (the section
of combustion chamber was selected to allow for the obser-
vation of the fuel spray) referred to fuel droplets distribu-
tion and air excess ratio of the A/F mixture (defined as
equivalence ratio). The gasoline injection and spray effects
in uniform A/F mixture creation on both sides of the com-
bustion chamber (diverse areas in Fig. 7 result from the lack ) . . .
. . . o Fig. 7. The development of the gasoline streams in the two-injectors
of symmetric Secnop_ of CombUStlon chamber). At 5 (_:A system (combustion chamber section concerns the 1/A\ quantity); the
before TDC the conditions which correspond to the stoichio- droplet color indicates its type of fuel (gasoline)
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metric mixture flammability are reached (air excess ratio
corresponding to the value of 1). The specific position of
the injectors in the combustion chamber causes the A/F
mixture to not cover the whole combustion chamber. Such
distribution of mixture results in the creation of stratified
charges, thus allowing for lean mixtures combustion.

The combustion analysis of various fuel mixtures (gaso-
line and ethanol) implies that the method of creating the
mixture is conditioned by its physicochemical properties.
Higher density of ethanol, thus lower fuel outflow velocity
from the injector nozzle (Figs 8 and 9) results in the retar-
dation of the A/F mixture creation for this fuel. Thus, the
gasoline and ethanol mixture creation should be more effec-
tive compared to gasoline only. Such mixture creation char-
acteristics was observed during the analysis of gasoline and
ethanol injection (Fig. 10).
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Fig. 8. The effect of the initial fuel droplet density during outflow from the
injector on the fuel type during injection
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Fig. 9. The effect of the initial fuel droplet velocity during outflow from
the injector on the fuel type during injection

The analysis of dual-fuel spray (gasoline and ethanol)
points to the gasoline spray reaching the spark plug area
quicker. In addition, the spayed ethanol remains more com-
pact, because the created mixture covers much less space in
the initial spraying period than the gasoline-air mixture.
This indicates that the mixture creation in the spark plug
area (the air excess ratio enhancing flammability) including
gasoline and ethanol is performed with a significant gaso-
line advance. To minimize these differences, a correction
would be required for the injection timing of ethanol.

Fig. 10. The development of the gasoline (red spheres) and ethanol (blue
spheres) streams in the two-injectors system (combustion chamber section
concerns the 1/A quantity
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Fig. 11. The development of the gasoline (red spheres) and iso-pentane
(green spheres) streams in the two-injectors system (combustion chamber
section concerns the 1/A quantity

The injection of isopentane, whose physicochemical
properties are different from previous fuels, will result in
different spray. The isopentane density is lower than that of
gasoline, meaning that its mixing with air already starts
after a few degrees of CA from the injection initiation. The
isopentane spray area is significantly larger than the area of
gasoline spray (Fig. 11). In the area of spark plug at 5° CA
before TDC the isopentane dictates what flammability point
of the mixture will be achieved. Its evaporation at this time
is significantly higher than of gasoline as can be seen on the
section of combustion chamber around the spark plug.

Based on the above analysis it was determined, that the
injection and mixing of both fuels directly before ignition
lets spatially shape the air excess ratio in the spark plug
area. The injection of two different fuels significantly
changes these relations.

5. Fuel mixing analysis

Successive analysis conducted in this area concerns the
quantitive coefficients of mixture creation. They contain the
global values of analyzed variables. Due to the various
values of injected fuels evaporation enthalpy, the tempera-
ture values inside the cylinder are subject to changes (Fig.
12). The temperature value change at gasoline and ethanol
injection is approximately 3 K (circa 0.5% difference at
715° CA, indicating theoretical ignition point) versus gaso-
line-only injection. Even higher temperature changes were
noted during gasoline and isopentane injection. In this case
the temperature drop is of 10 K was registered, and its share
is about 2%. These are the mean values related to the whole
combustion chamber, which points to significant tempera-
ture drop around the spark plug area.
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Fig. 12. The cylinder pressure and temperature value course during com-
pression and decompression strokes

Diverse coefficients of fuels' spray are the result of their
properties. Due to its lower density, isopentane shows a
greater range in typical fuel injection phase (up to 715° CA)
(Fig. 13), what was confirmed in spatial research of the
atomized fuel spray. The value of isopentane spray range is
higher at about 8%, and of ethanol at 2% versus that of
gasoline (at 715° CA).

In following part of the spraying process the range de-
creases, because a significant part of the isopentane fuel
dose already evaporated.

The analysis of the absolute value of these fuels evapo-
rated mass confirms the previous results (Fig. 14). It was
stated that the mass of evaporated fuels (gasoline and etha-
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nol) is 31% lower than the evaporated mass of gasoline
alone, whereas the mass of evaporated fuels: gasoline and
isopentane is 31% higher than the evaporated mass of gaso-
line. Absolute mass values of evaporated fuels point at the
twice as high value of evaporated gasoline and isopentane
(20.9 mg) versus evaporated gasoline and ethanol (10.8
mg). The amount of evaporated gasoline is at 14.3 mg.
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Fig. 13. The effect of the fuel stream range changes on the fuel type during

injection and spray to the combustion chamber

Obtained results of evaporated fuel mass allow to de-
termine its total share in injected fuel dose. At 715° CA the
shares of evaporated mixtures are:

a) gasoline — 32%

b) gasoline and ethanol — 18%

c) gasoline and isopentane — 34%.
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Fig. 14. The effect of the evaporated dose quantity in the combustion
chamber on the fuel type during its injection and spray

This implies that mixing fuels before ignition allows for
reducing the fuel evaporation speed by 25% (gasoline and
ethanol) or increasing this speed by 46% (gasoline and
isopentane) versus the standard gasoline injection. This
means that gasoline-isopentane mixture lets achieve almost
double (92%) the evaporated mass than the gasoline-
ethanol mixture.

The analysis of the above results allows to determine
the amount of evaporated fuel during injection (Fig. 15).
Due to the gasoline-ethanol mixture properties, its evapora-
tion is the slowest and during injection 2% less fuel evapo-
rates than during gasoline-only injection. The gasoline-
isopentane mixture evaporates quicker and at the end of the
injection the evaporated fuel value is 4% higher compared
to gasoline-only injection (almost 5% to gasoline-ethanol
mixture).
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Fig. 15. The effect of the unevaporated dose quantity in the combustion
chamber on the fuel type during its injection and spray

Different fuel properties mean that it is important to
create the fuel mixture before its combustion directly in the
combustion chamber. The analysis presented above points
to the significance of this issue in the aspect of searching
for solutions lowering the fuel consumption and limiting
the CO, emission.

6. Summary
The paper describes the research conducted in AVL Fire

calculation environment, which is focused on a new direct
fuel injection solution. The current knowledge about inter-
nal combustion initiated by direct injection fuel supply
systems was considered and the dual direct injection fuel-
ling system was introduced.

The research concerns the effects of using three differ-
ent fuels in combination with gasoline for separate direct
injection on spray and flammability of the created mixture
directly before ignition.

It was shown that it is possible to shape the air excess
ratio in the area of the spark plug by injecting different
fuels. Isopentane and ethanol injected through a separate
injector than the gasoline have various effects on the air-
fuel mixture in the area of combustion initiation. The quan-
titative properties of the spray were presented and the ef-
fects described.

The air excess ratio value in the spark plug area depends
on:

fuel density — its increase causes limitation of the fuel

outflow from the injector nozzle, and as a result — the li-

mitation of fuel spray range,

— injection timing of different fuels — different fuel prop-
erties, which means: enthalpy of evaporation, density,
specific heat and stoichiometric A/F ratio cause differ-
ent flammability condition in the spark plug area.
Further research directions include:

— various injection crank angles analysis of both fuels in
order to find required flammability in the area of spark
presence,

— proper injectors positioning in order to find feasible and
optimal solution to execute the dual fuel injection,

— effects on combustion by using described fuel supply
system in combination with different fuels.
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Nomenclature

A/F  air-fuel ratio m, fuel mass evaporated

CA  crank angle m, fuel mass remaining

CI compression ignition S penetration

CNG compressed natural gas SI spark ignition

DI direct injection T temperature

LPG liquified petrolum gas TDC top dead center
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Determining the environmental indicators for vehicles of different categories
in relation to CO, emission based on road tests

The article discusses the possibility of determining the environmental indicators for vehicles of different categories in relation to CO,
emissions. These are called toxicity indicators because they concern the compounds: CO, THC and NO,. Three Euro V compliant
vehicles with different propulsion systems types were used for the study: a 0.9 dm’ urban passenger car with a SI engine and a start-stop
system, a 2.5 dm’ off-road vehicle with a CI engine, and a city bus with a hybrid drive system in series configuration and a CI engine
with a displacement of 6.7 dm’. Measurements were made in actual operating conditions in the Poznan agglomeration using a portable
emissions measurement system (PEMS). The paper presents the characteristics of the operating time shares of vehicles and propulsion
systems as well as CO, emissions depending on the engine load and crankshaft rotational speed for individual vehicles. The determined
toxicity indicators allowed to indicate their usefulness, to make comparisons between tested vehicles, and to identify directions for
further work on the application and interpretation of these indicators.

Key words: CO, emission, combustion engines, PEMS, RDE, toxicity indicators

1. Introduction

Combustion engine pollutant emission tests are no long-
er conducted exclusively on engine dynamometer stations.
Research conducted on emissions in real operating condi-
tions, referred to as RDE — real driving emissions, is essen-
tial. For heavy-duty vehicles (HDVs) these tests have been
a part of their type approval for several years [3]. They are
required for service conformity assessment. For passenger
cars (PC) the road measurements will become required
from 1 September 2017 in accordance with the Euro 6c [2].
Testing in real driving conditions allows a thorough as-
sessment of the ecological indicators in the full range of the
internal combustion engine’s operating parameters, which
has not been previously tested in laboratory measurements
[4, 7, 8]. In addition, these tests allow for the performance
assessment of not only the internal combustion engine but
also the entire drive system (e.g. hybrid). The drive system
ecology depends on two main factors: the type and effec-
tiveness of the exhaust aftertreatment system and the com-
bustion process in the cylinder.

The emissivity and efficiency of the combustion engine
depends to a large extent on the exothermic oxidation reac-
tion quality. Its course is complex because it deals with
issues described in organic chemistry (fuel), inorganic
chemistry (combustion products) and physical chemistry
(equilibrium and speed) [6]. Piston engines are most often
powered with liquid fuels (diesel, petrol). For this reason, in
the combustion process it is important not only to mix the
fuel with the oxidizer, but also to ensure quick fuel evapo-
ration. In this aspect gaseous fuels, such as natural gas
(NG), are preferred because they are already in the form of
a volatile gas [5]. However, gaseous fuels are generally
characterized by lower caloric content.

According to the theory of absolute rate of combustion
[1], each chemical reaction proceeds according to a scheme
which will be described by the simplest elementary reaction
between the two reactants A and BC. If reactants A and BC
are involved in the reaction and AB and C are produced as
a result of the reaction, the A-B-C complex, referred to in

the literature as the transitional complex, is always present
on the path. This scheme is written as:

A + BC — active complex A-B-C — AB + C @)

The basic condition for the process (1) is the contact
during particle collisions. In addition, the appropriate spa-
tial orientation and also for the particles to possess the en-
ergy of activation E. During combustion the rate of reaction
depends exponentially on the temperature. This relation is
expressed by the Arrhenius equation in the form:

k=A @xp(—RET] )

where there are two constants: the pre-exponent A and the
activation energy E. The physical meaning of both constants
is due to existing theories of matter construction [2]. Never-
theless, because of the complexity of these theories the val-
ues of these constants are usually determined experimentally.

Affecting the combustion process in a combustion en-
gine can have a positive impact on its environmental indica-
tors and performance parameters. Therefore, modern engi-
neered constructions use many advanced technical solutions
to improve the combustion process. These are primarily:
high pressure direct injection systems with staggered dose,
variable valve timing systems, turbocharging, as well as
inlet manifold solutions that ensure adequate swirling when
filling cylinders with the fuel dose [9]. Frequently men-
tioned systems have a smooth adjustment of their operating
settings and operate interdependently.

2. Use of CO, emissions in the assessment of toxic
emissions

The ecological indicators of the vehicle are based pri-
marily on specific emissions — the mass of the harmful
substance that is released relative to the work performed
(also used in the assessment of machines with internal
combustion engines) and the road emission — the mass of
the harmful compound that is released relative to the dis-
tance traveled. Special indicators of the emitted flue gas
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component mass in relation to the work performed are more
commonly being adopted for operated machinery (e.g.
plowed area, truncated tree volume, etc.). The emission
indicators determined in such a way sometimes make it
difficult to compare between vehicles, as it depends on the
type of drive system used (e.g. hybrid), the operating condi-
tions (e.g. urban or highway drive), driving style, etc.

The primary combustion product in an internal combus-
tion engine is CO,, which is classified as a harmful com-
pound. Its content in the flue gas depends on the amount of
fuel burned and the quality of the oxidation process. Other
harmful compounds in exhaust gases, also characterized as
toxic, are formed during incomplete or imperfect combus-
tion, and in the presence of high temperatures and pres-
sures. The emission limits included in the type approval
standards refer to the CO, THC (NMHC + CH,), NO,, PM,
PN, and also NHj; in vehicles equipped with SCR (selective
catalytic reduction). The only product that does not affect
air pollution is water vapor.

By analyzing the characteristics of the piston engine op-
eration, the fuel oxidation mechanism and the formation of
toxic compounds, it can be assumed that the CO, emission
rate is a measure of the combustion process efficiency.
Comparing the emissions of toxic compounds with CO,
emissions, it is possible to determine the toxicity indicators
M,; that characterize a particular engine or drive system (if
non-exhaust gas purification systems are also used in the
system). Such ecologically defined indicators enable an
efficient comparison between different combustion engines.
The quantitative toxicity indicator is defined as:

c .
M, =bE 6
€co,

where: M — dimensionless toxicity indicator [-], j — the
toxic compound, for which the emission indicator has been
determined, b — a constant (for CO, THC and NO, = 103,
for PM = 105), €rpE, j — Specific or road emission or emitted
mass of the toxic compound j determined as a result of
emission testing [g/(kW-h); g/(km); g], €co, — specific or
road emission, or CO, mass determined as a result of emis-
sion testing (same as €., ;) [g/(kW-h); g/(km); g].

3. Research methodology
Research in the actual vehicle operating conditions is
becoming more and more common. This type of research is

a) b)

useful in assessing both the ecological indicators and the
operating parameters of the drive systems, e.g. in construc-
tion or optimization. Road tests have been carried out to
assess the validity of the discussed considerations for the
determination of toxicity indicators from motor vehicles.
Three Euro V compliant vehicles were used for the meas-
urements, with different types of drive systems (Table 1,
Fig. 1). A passenger car with a 0.9 dm’ two-cylinder SI
engine and an active start-stop system was designated as
vehicle A. The second test vehicle (vehicle B) was an off-
road 2.5 dm® CI engine pick-up. Vehicle C was a city bus
with a CI engine and a hybrid drive in series configuration.
The engine's displacement was 6.7 dm’, and the power of
the electric traction motor used was 240 kW.

Testing of vehicles A and B in real traffic conditions was
performed on the same test route No. 1 (Fig. 2a). New Eu-
ropean Driving Cycle (NEDC) guidelines were included in
its selection. In some parts of the route there were a number
of intersections, which made it possible to map the highly
urban driving conditions. In addition, sections on which the
vehicle could accelerate to higher speeds were selected,
which allowed to simulate suburban travel and to the main
communication arteries. The total length of the test route
was 11.6 km. The third vehicle was tested on Route 2 se-
lected according to its purpose (Fig. 2b). The route covered

Table 1. Vehicle technical parameters

Fig. 1. Tested vehicles: a) vehicle A, b) vehicle B, c) vehicle C

COMBUSTION ENGINES, 2017, 170(3)

Tested vehicle
Parameter - - -
Vehicle A Vehicle B Vehicle C
Eneine tvpe/fuel 4-stroke, 4- stroke, 4- stroke,
neme typertue SIGasoline | CI/Diesel CI/Diesel
Displacement
[dm’] 0.9 2.5 6.7
Compression ratio 10 15 17
Max. power
(KW1/[rpm] 64/5500 140/4000 209/2300
Max. torque 145/1800 400/2000 1008/1200
[N-m}/[rpm]
Aftertreatment TWC DOC/DPF | DOC/SCR/DPF
system
Series hybrid
Startsto drive, electric
Drive system svs temp Conventional motor with a
R4 power of 240
kW
Vehicle curb
weight [kg] 1300 2 500 24 000
©)
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b)

a)

Fig. 2. Routes used in RDE tests: a) route No. 1 for vehicle A and B, b) route No. 2 for vehicle C [11]

the urban operating conditions, including bus stops. The
total route distance was 12.2 km. All measurements were
made on weekdays, in the morning. This was to achieve
similar and comparable traffic and congestion conditions.

SEMTECH DS mobile device was used in the evalua-
tion of the toxicity indicators. It is used in real operating
conditions and is classified as a portable emissions meas-
urement system (PEMS). The analyzer kit allows measur-
ing emissions from both SI and CI engines that meet the
norms Euro 3 and above. Its principle of operation is shown
in Fig. 3. The exhaust gases are sampled out of the exhaust
gasses main mass flow, the sample’s temperature is kept at
191°C. Then they are directed to the set of analyzers: flame
ionization detector (FID) — for THC measurement, non-
dispersive detector ultra violet (NDUV) — NO, measure-
ment, non-dispersive detector infra red (NDIR) — COy
measurement. In the last stage, the measurement of the
oxygen content of the exhaust gas by electrochemical
method is carried out. The instrument enables synchroniza-
tion with the GPS positioning system, LAN connection and
meteorological data system, as well as communication with
the vehicle’s OBD [10].

Fig. 3. SEMTECH DS operating schematic [10]
4. Real driving emissions results

4.1. Analysis of the vehicles and combustion engines
operating conditions

Based on the recorded speed profiles of the individual
vehicles, their operating time share characteristics in the
speed-acceleration (V-a) parameters were determined.

Vehicles A and B were tested on the same route at a similar
time of day, resulting in similar characteristics. The regis-
tered average speeds of these cars were 44.3 km/h and
37.4 km/h respectively. Therefore, Figure 4 shows the dis-
tribution of the vehicle A's operating time share only. The
total time spent stationary for passenger cars in the test
reached the same value of 13.7%. Maximum speed reached
during test did not exceed 22 m/s (79.2 km/h). The greatest
share of operating time occurred in the speed intervals
(8 m/s; 20 m/s) for acceleration (—0.8 m/s%; 0 m/sz) and
(0 m/s*; 0.8 m/s>), where the recorded share of operating
time for vehicle A was — 19.1% and 29%; and vehicle B —
16.3% and 28.7%. For driving at a constant speed in the
interval (16 m/s; 20 m/s) the time share was 11% and 5.9%
respectively.

Fig. 4. Shares of vehicles operating time in speed and acceleration com-
partments during road tests

68

COMBUSTION ENGINES, 2017, 170(3)



Determining the environmental indicators for vehicles of different categories in relation to CO, emission based on road tests

In the study of the city bus, the maximum share of oper-
ating time of 43% was recorded for vehicle being station-
ary, which was due to the vehicle's operation characteristics
(servicing bus stops) and the traffic conditions in the city
center. The maximum speed recorded on the measurement
route was 12.2 m/s (43.9 km/h). The highest share of oper-
ating time occurred in the speed ranges of (0 m/s, 8 m/s) for
acceleration (0.8 m/s%, 0 m/s®) and for (0 m/s%, 0.8 m/s?).
In the remaining speed and acceleration ranges, the deter-
mined time share values did not exceed 2.8%.

When analyzing the emission of the tested vehicles, it is
important to know the internal combustion engines operat-
ing parameters, as shown in Fig. 5. The time share charac-
teristics are shown in coordinates of the crankshaft rotation
speed to engine load. The petrol vehicle had the highest
share of 50% operating time for rotational speeds in the
range of (1800 rpm, 2600 rpm) with the engine load not
exceeding 20%. In the load range of more than 80%, the
assigned value of operating time share was 12%. The en-
gine characteristic had an effect on the resulting distribution
of the work area of the engine, especially the torque curve,
which is characterized by small values in the engine speed
range of less than 1600 rpm.

The compression ignition engine used in vehicle B had
the largest variation of operating parameters. The highest
share of operating time was recorded for engine speeds not
exceeding 1000 rpm at engine loads of up to 20%, which
constituted 29.1% of the total operating time. For the same
load in the speed range (1000 rpm, 2600 rpm) the operating
time share of 44.7% was determined. The large value of
this time share was derived from the characteristics of the
internal combustion engine — high torque is reached from
the idle speed already. In the remaining single compart-
ments, the shares of operating time did not exceed 3%.

The hybrid drive used in vehicle C had a significant in-
fluence on the obtained distribution of the engine operating

time share characteristics for that vehicle. Moreover, the
engine was loaded with additional torque associated with
the operation of functional systems (e.g. pneumatic system
and the air conditioning). The highest value of 40.6% was
found for the lowest engine speed range of (20%; 40%). In
the performed test conditions, the speed range of
(1000 rpm, 1400 rpm) for load range (0%; 80%), in which
the total time share value of 31% was registered, had the
most significant impact on the overall results. This was
mainly due to the interaction with the electric motor in the
hybrid drive, which converted the engine torque into elec-
tric power. For the same reasons the lowest rotational speed
and load range the time share was only 2%.

4.2. Ecological results analysis

In order to determine the tested engines toxicity indica-
tors, it is useful to determine their CO, emissions depend-
ing on the operating conditions of the internal combustion
engines (Fig. 6). Based on the characteristics, it can be
stated that the analyzed harmful compound emission inten-
sity of vehicle A depends primarily on the load. For speeds
above 1400 rpm with loads in the range (80%, 100%) as
well as speed (1800 rpm, 3400 rpm) and loads (60%, 80%)
CO, emissions are greater than 7.4 g/s (maximum 14.2 g/s).
For vehicles labelled B and C, equipped with CI engines,
the emission characteristics are clearly dependent on engine
speed and load. In both cases, the maximum CO, emission
occurred at engine load above 80%: for vehicle B it was
29.7 g/s at speed (3000 rpm, 3400 rpm) and for vehicle C it
was 32.4 g/s for maximum crankshaft rotational speed.
However, it should be noted that the engine operating time
shares in these compartments were below 3%. In single
compartments where the registered maximum engine oper-
ating time share was recorded, the emissions were respec-
tively: A (u; = 35%) — 2.9 g/s; B (u; =29.1%) — 1.1 g/s and
C (u; =40.6%) — 3.2 g/s.

Fig. 5. Operating time shares of internal combustion engines in crankshaft speed and load ranges obtained in road tests

Fig. 6. CO, emissions concentration in the speed and torque compartments during road tests
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In order to assess the dependence of NO, emissions on
CO,, the recorded values of emission intensity of these
compounds were compared, taking into account time com-
pliance (Fig. 7). Based on the obtained characteristics it can
be stated that their distribution is strongly dependent on the
exhaust gas aftertreatment system used. In vehicle A, the
three-way catalytic reactor was characterized by a high
degree of conversion, and NOy reduction. For CO, emis-
sions of up to 6 g/s, the value of the toxic compound com-
pared did not exceed 0.01 g/s. During the entire study cycle
the maximum value reached was 0.06 g/s that occurred
during dynamic acceleration. For vehicle B, where no
notible NO, reduction systems have been used, a depend-
ence has been obtained — with the increase in CO, emission
intensity, the NO, emission values also increased. The
resulting distribution was undoubtedly influenced by the
exhaust gas recirculation system (its effect was to reduce
NOy emissions in exchange for higher CO, emission val-
ues). The maximum NO, emission of 0.22 g/s was recorded
for corresponding CO, emissions of 23 g/s.

The least regular dependence of NO, on CO, emissions
occurred for the city bus. This was due to both the exhaust
gas recirculation system and the selective catalytic reduc-
tion system. In this system, the conversion rate depends
primarily on the temperature and mass flow rate of the
exhaust gas — with a higher flow rate, the conversion rate is
lower. Urea is added in doses, depending on the thermody-
namic parameters present in the catalytic reactor. The ab-
sence of linear NO, reduction resulted in a CO, emission
intensity of about 32 g/s when the NO, emission intensity
was in the range of 0.05-0.43 g/s. It should be noted that
the combustion engine of this vehicle, due to the interaction
with the electrical components, has been operating in the
range of high efficiency (high temperature in the combus-
tion chambers), which has a very high impact on NO, emis-
sions compared to other toxic compounds.

As illustrated by the previous example the engine ex-
haust aftertreatment systems have a very significant impact
on the values of the analyzed toxicity indicators. For a
vehicle with an SI engine, the excess air ratio A, which
directly affects the performance of a three-way catalytic
converter, is undoubtedly also significant. Figure 8 shows
the recorded speeds of the tested vehicles as a function of
the distance travelled, along with the values of the
M_CO/CO, toxicity indicators. Recorded mileage for vehi-
cle A clearly indicates that the vehicle acceleration dynamic
has a significant impact on the toxicity indicator. Dynamic
speed increase results in a M_CO/CO, value of above 15.
During constant speed motion and braking, this indicator
does not exceed the value of 3. This was caused by the high
engine load — a small heat unit was heavily loaded during
intense acceleration, which could have led to an enrichment
of the fuel mixture and thus change the value of the excess
air ratio, which guarantees the effective operation of TWC.

For the other researched vehicle the relation between the
toxicity indicator curve and the velocity curve were noted.
The increase in M_CO/CO, was recorded during braking,
especially during slight decelerations using engine braking.
In this process, the CO, emission (being the denominator of
the coefficient) tends towards 0. Therefore, even a small

Fig. 7. Comparison of NO, and CO, emissions during road tests with
respect to time compliance

CO emission results in high values from the calculations. In
addition, the resulting curves indicate incomplete combus-
tion in the cylinders. The indicator reached a maximum
value of 40. Whereas during acceleration, the indicator did
not exceed the value of 4. Similar tendencies were observed
for the vehicle C. The M_CO/CO, ratio depends primarily
on braking. Despite the hybrid system, vehicle movement
had a significant impact on the characteristics. It should
also be noted that the maximum toxicity indicator values
were even five times greater than in the vehicle B tested.
This is due to the difference in the combustion engines used
(power and displacement) and the type of vehicle (mass and
purpose) and operating conditions. In the acceleration pro-
cess, the factor obtained only a small value — in this vehicle,
the propulsion system was boosted by a supercapacitor
system storing the energy recovered in vehicle braking.
Based on the analysis of the results obtained for the
M_THC/CO, indicators, very close correlations were ob-
tained as were found with the M_CO/CQO,. For the first test
vehicle its values depended primarily on acceleration,
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Fig. 8. Vehicle speed curves and the M index for the CO emission values recorded during road tests

while for vehicles with CI engines the maximum values
was obtained during braking. This is due to the fact that
THC emissions are somewhat similar in origin to CO emis-
sions and oxidation of these compounds uses a single ex-
haust aftertreatment system with one or more catalysts.

Taking into account the entire emission of pollutants
recorded in the road tests, total toxicity indicators for CO,
THC, and NO, were determined (Fig. 9). The largest value
was achieved for the pick-up, while the smallest for the
urban passenger car with an SI engine. The most significant
differences occurred with the M_CO/CQO,, where the value
for vehicle C — 2.51, was 5.5 times that of vehicle A and 3.8
times that of vehicle B. With respect to M_NO,/CO,, vehi-
cle A reached 0.35 — while the indicator for vehicle B was t
14.7 times greater and for vehicle C more than 21 times
greater. The low M_NO,/CO, ratio for the first vehicle was
primarily due to the highly efficient exhaust gas aftertreat-
ment system that significantly reduced the amount of the
analyzed toxic compound. A relatively small internal com-
bustion engine was used in the test bus due to the develop-
ment and capabilities of the hybrid system. However, this
solution caused the engine to work more frequently in the
areas of higher load (higher efficiency, high cylinder tem-
peratures during combustion), which had a significant ef-
fect on the results obtained in the road measurements. Tak-
ing into account the considerations made, it must be stated
that, during the analysis and assessment of ecological tox-
icity indicators, it is also necessary to take into account the
purpose and design of the vehicles together with the ex-
haust gas aftertreatment systems used.

Fig. 9. Summary of toxicity index M for CO, THC, and NO

5. Conclusion

The research presented in the study was of an urban
passenger vehicle, an off-road vehicle and a city bus. The
only difference in the measurement procedures was the
other test route used for the third vehicle — this resulted in
the need for reliable operating conditions complemented by
the servicing of the bus stops. In order to compare the re-
sults obtained from the two routes, the performance charac-
teristics of the vehicles and their internal combustion en-
gines were calculated. This allowed to indicate the differ-
ences between the trips, which were influenced mainly by
the types of drive systems used and the traffic conditions.
For vehicles A and B, the highest share of operating time
occurred in the load range of up to 20%, while for the bus
they were in the range of (20%, 40%). The CO, emission
distribution for each vehicle in terms of engine load and the
crankshaft speed was then presented and discussed for
given combustion engines.
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The presentation of the NO, emissions as a function of
CO; has allowed to determine the environmental perfor-
mance of the tested vehicles for those exhaust components,
and to assess the impact of the exhaust gas aftertreatment
systems applied. The most effective in this respect was a
gasoline-powered vehicle equipped with a three-way cata-
Iytic reactor. The calculated M_CO/CO, toxicity indicators
made it possible to conclude that in gasoline vehicles their
values depend primarily on acceleration parameters, where-
as in vehicles with CI engines their value depends mainly
on engine braking. Based on the analysis of toxicity indica-
tors, it can be concluded that they are useful in ecological
assessment of vehicles of different categories and their
comparison. The presented and discussed research results
show that the use of a toxicity indicator, which is the emis-
sion ratio of a particular toxic component relative to the
corresponding CO, emission, makes it possible to consider
conventional and hybrid solutions together. The indicator
shown is in a way a measure of the fuel's combustion effi-
ciency and a tool for evaluating the performance of exhaust

gas aftertreatment systems. When determining the envi-
ronmental indicators based on the assumed model, the re-
sults are independent of the distance traveled and the work
performed by the drive system in the test. However, when
analyzing and evaluating ecological toxicity indicators, it is
also necessary to take into account the purpose and design
of vehicles together with the exhaust gas aftertreatment
systems used. For these reasons, its use can be particularly
useful when evaluating drives in the design and construc-
tion phase and in future type approval operations.

Acknowledgements

The research was funded by project co-financed by the
European Regional Development Fund in the Regional
Program — Lubuskie 2020 (contract No. RPLB.01.01.00-
08-0055/16-00).

Nomenclature

a acceleration

b a constant of the toxicity indicator
DOC  diesel oxidation catalyst

DPF  diesel particulate filter
e emission of harmful exhaust components

FID flame ionization detector

GPS  global positioning system

k rate constant

LPG  liquefied petroleum gas

M toxicity indicator (dimensionless)
NDIR non-dispersive infrared

NDUV non-dispersive ultraviolet

NEDC New European Driving Cycle
NG natural gas

OBD  on-board diagnostic

PEMS portable emission measurement system
R universal gas constant

RDE real driving emissions

s distance

SCR  selective catalytic reduction
T temperature

TWC  three way catalyst

u share coefficient

A% velocity
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The influence of the injection frequency on the urea selective catalytic reduction
systems performance

This study presents the influence of the UWS injection frequency on a close coupled SCR systems performance. The investigation was
performed with the CFD tool AVL Fire. In the paper the analysis of four different UWS injection frequencies in the three different
operating points of diesel engine was shown. The assessments of the system performance was referred to the ammonia distribution at
catalyst intake and wall film formation inside the investigated geometry, as these are considered as crucial in such a configuration. The
results showed that injection frequency affects both factors on different level depending from the flow conditions. In addition, the wall

film crystallization risk was discussed basing on the obtained wall film characteristics.

Key words: AVL FIRE, selective catalytic reduction, uniformity index, UWS, wall-film

1. Introduction

The SCR is the most widely used technique for nitrogen
oxides control in the automotive industry. Successive emis-
sion regulations put increasingly stringent limits on NOy
content in an exhaust gases. Those restrictions are especial-
ly demanding for a diesel engines, for which NO, emission
was reduced over 85% in Europe, compering the Euro 5
and Euro 6 standards [1]. Thus, the SCR systems are ob-
jects of intensive research work.

The urea-water-solution (UWS), containing 32.5% of
the urea, is injected directly in to the hot exhaust gas
stream. The reducing agent ammonia (NH3) is produced by
UWS decomposition described by three steps [2]:

1. Evaporation of water,

(NH,),CO(aq) — (NH,)CO(s or 1)+6.9H,0(g) (1)

2. Thermolysis of urea into ammonia and isocyanic acid,

(NH,)CO(s or 1) - (NH;)(g)+HNCO(g) 2)

3. Hydrolysis of isocyanic acid,

HNCO(g) +H20(g) — NH,(g) +CO,(g) (3)

Subsequently passing through these three steps 1 mol of
the urea generates 2 mols of ammonia. The UWS mass flow
is usually determined to give the same number of NH; and
NOx mols upstream the catalyst.

The typical diesel after-treatment system, to meet last
regulations, consist of Diesel Oxides Catalyst (DOC), Die-
sel Particular Filter (DPF) and SCR in different configura-
tions. However, as further even stringent emission re-
strictions are expected, an improvement of this particular
technology could be challenging. The newest approach is to
combine the DPF and SCR functions by wash-coating the
SCR on the DPF, what is called SCRoF (Selective Catalytic
Reduction on Filter). Due to the fact, that such a solution
occupied less space it can be placed closer to the engine,
what reduces thermal loses, backpressure, packaging space,
weight and costs at least [3]. On the other hand, the place-
ment of the systems and its packaging results in smaller
space for the UWS decomposition and mixing what directly
affects the main benchmark of the SCR systems which is

even ammonia distribution at catalyst intake described by
Uniformity Index (UI). The common solution to improve
the ammonia Ul is installing a static mixing device, which
generates swirls before SCRoF. Nevertheless, it means that
spray-wall interactions should be expected, therefore unde-
sired by-products like biuret, cyanuric acid, melamine and
ammeline could occur and form solid deposit. The urea
crystallization can lead to decreased SCR systems efficien-
cy and higher ammonia slip simultaneously. What is more,
the formed deposit results in higher backpressure, and in
highly unfavorable conditions may log whole system and
simply destroy it [4]. Due to the above, the knowledge
about urea wall-film formation risk, uniformity index and
pressure drop is crucial already at early stage of the product
development process.

Number of research works proof usefulness of the
Computational Fluid Dynamics (CFD) tools for a SCR
applications. For instance it was shown that a numerical
simulations could be used for developing the static mixers
design in case of an ammonia distribution and a pressure-
drops [5], an assessment of the spray-wall interaction [6]
and an UWS injection [7]. Moreover, CFD tools offer func-
tionality, cost effectiveness and increasing credibility. At
the early stage of the product development, when a variety
of a different concepts and configurations are taken into
consideration, CFD calculations helps to choose the most
promising design, or upgrade already existing idea. There-
fore, it is widely used in automotive industry.

In this work, investigation into SCR systems perfor-
mance using numerical simulations was carried out. Within
the presented paper, the influence of the injection frequency
on the ammonia distribution and wall-film formation was
analyzed. Considered geometry refers to the DOC+SCRoF
architecture in the close coupled solution. The calculations
were conducted for variety of flow conditions correspond-
ing to the different exhaust mass flow of the diesel engine.

2. Geometry and numerical setup

For the comparison purposes four different injection
frequencies from 1 Hz up to 8 Hz, for three different ex-
haust gases mass flow rates corresponding to idle, light and
medium load of diesel engine were calculated. The results
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for 4 Hz injection were treated as the reference value in
each condition. The full matrix of the calculations is shown
in the Table 1.

Table 1. Calculations matrix

Injection
. Frequency 1Hz 2 Hz 4 Hz 8 Hz
Operating
Point
Idle Case 1 Case 2 Case 3 Case 4
Light Case 5 Case 6 Case 7 Case 8
Medium Case 9 Case 10 | Case 11 Case 12

The geometry resembles typical closed coupled solution
for light duty vehicles with the cylindrical DOC and SCRoF
connected by transfer cone. The inlet section of the DOC
was extruded by 10 cm in order to make so called dummy
inlet which provided stable flow at catalyst intake, the same
operation was repeated on the SCRoF outlet, where 10 cm
long dummy outlet was created. In the middle of the trans-
fer cone static mixer device is placed. The injector is locat-
ed at the top of the section and its axis passes through the
mixer. Whole geometry setup is shown in the Fig. 1.

The computational mesh (Fig. 1) was built by hexahe-
dral elements in a few steps. Firstly, the transfer cone was
meshed, using the AVL Fame Hexa tool, with base size of
the elements equal to 3 mm. Due to the irregular shape of
the design, the injector and mixer section were refined by
1.5 mm and 0.75 mm cell respectively. The DOC mesh
were extruded from the inlet selection of the transfer cone
and afterwards dummy inlet from the DOC. The same

DOC Transfer
\ cone
Injector /
Dummy
inlet
Dummy
outlet

Fig. 1. The geometry and mesh

meshing strategy was applied to the SCRoF and dummy
outlet. Thanks to this meshing methodology the structural
grid before and after transfer cone was obtained and more-
over conformal matching of the parts was possible. Finally,
the total size of the domain was equal to 643132 cells.

All of the simulations were conducted using the AVL
Fire 2014.2 CFD software, with Species Transport, General
Gas Phase Reactions, Porosities, Spray and Wallfilm mod-
ules activated. The flow, consisted of diesel combustion
products: CO,, CO, H,0, O,, NO, NO,, N, was treated as
compressible and turbulent. Timestep was set to dt = 5 ms
and dt = 0.5 ms for the flow when injection did not occur
and for injection time, respectively. All walls were treated
as adiabatic, static pressure outlet was set for the outlet
selection.

Both, DOC and SCRoF were modeled as the direct po-
rous media zones. The pressure drop for them were calcu-
lated from the Forchheimer formula [8] which described
pressure drop as a linear viscous loses corrected by quadrat-
ic inertial loses in the function of the velocity inside the
zone. Note that, the porous media zones were used only to
obtain desirable pressure drops and flow distribution. The
chemistry inside the catalyst was not included as it does not
have impact on specific objectives of this work.

The UWS spray was represented using the Discrete
Droplet Method (DDM). In this approach droplets of the
similar size and properties are grouped in the parcels and as
a unity treated in the equations. For the UWS decomposi-
tion the Birkhold model was used [2], in which it is as-
sumed that urea decompose through thermolysis directly
from the solid or liquid phase and its evaporation could be
neglected. Thus, due to the fact that water has lower boiling
temperature than urea, the model assumed that firstly water
evaporates until in droplet remains only urea (1) and then
thermolysis occurs (2) [9]. The influence of the dissolved
urea in the water on its evaporation rate is modeled basing
on Aramzon-Sirignano approach, where heat mass transfer
of each component is taken account separately, while heat
transfer is a global mechanism [9]. It is assumed that there
is no urea crystallization and droplet remain spherical
through evaporation and crystallization. Finally, the hy-
drolysis of the HNCO into ammonia (eq. 3) is resolved by
General Gas Phase reaction module with CHEMKIN input
chemistry. The UWS injection is realized by three nozzle
commercial injector, which works under the pressure of
4 bar with static the mass flow of 1g/s. As the spray is
represented with the DDM method, the volume based Ros-
in-Rammler distribution were applied. The dosing of the
UWS were recalculated for each operating condition for
keeping constant ammonia to NOy ratio, the injected mass
was controlled by duration of the injection. The injection
was started after 0.3 s from the simulation start, when the
flow was fully developed.

Spray-wall interaction was implemented with AVL Fire
Wallfilm module. With this approach Kuhnke model is
implemented, hence software distinguishes four interac-
tions regimes basing on dimensionless droplet velocity and
dimensionless wall and saturation temperature ratio. With
those quantities dependences rebound, thermal breakup,
deposition or splash could occur [10].
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For the turbulent conditions the k-zeta-f model was cho-
sen. This model, developed Hanjalic et al. [11, 12], accord-
ing to the authors, improves the numerical stability of the
origin model by solving the velocity scale ratio Ak

transport equation instead of velocity scale v>. Due to the
more convenient formulation of the equation it is more
robust and less sensitive to non-uniformities and clustering
of the computational grid [13].

3. Results and discussion

3.1. Ammonia distribution

The pictures presented below (Figures 2—4) show the
comparison of the time averaged ammonia uniformity index
at the SCROF inlet for set of the injection frequency in each
operating condition. The distinct dependency between
UWS injection frequency and the course of the uniformity
over the time can be seen for idle operating point (Fig. 2).
Here, along with the injection frequency increase the value
of the uniformity index is respectively smaller in whole
range of the simulation time. At the end of the simulation

Uniformity [-]
1 —1Hz —2Hz 4Hz —8Hz
0.98
0.96
0.94
0.92
0.9
0.88
0.86

0.84

0.82
0.3 1.3 23 33 43 53 6.3 73 83 9.3

time [s]

Fig. 2. Uniformity index at SCRoF inlet for idle load

Uniformity [-]
0.94 —1Hz —2Hz 4Hz —8Hz
0.92 '\\J

0.9
0.88

|

0.86 |
082 1

0.3 13 23 33 43 53 63 73 8.3 93
time [s]

Fig. 3. Uniformity index at SCRoF inlet for light load

Uniformity [-]

0.88 ——1Hz ——2Hz 4Hz

——8Hz

0.87

0.86

the difference between extreme values is equal approxi-
mately 10%. Moreover, the higher rate of rise of the graph
after first injection could be noticed for the lower injector
frequencies.

The observed dependencies for idle conditions are not
so apparent for light and medium loads. Figure 3 shows that
the differences in final uniformity result decreasing, in
comparison with idle load, and the maximum deviation is
circle about 4%. It is also characteristic for this graph that
the best performance is given by 2 Hz injector. Despite the
fact that calculations for 2 Hz injector were conducted for
shorter time, it was assumed that the general trend of the
line should be kept up to 9.3 s.

For the middle engine load (Fig. 4), the uniformity in-
dex graphs convergence to the approximately same value,
with the exception of 2 Hz injector line, which again distin-
guish at the overall trend. Nevertheless, the difference does
not exceed 1%, hence it is legitimatized to claim that the
distinction between final results declines with higher com-
bustion products and UWS mass flow through the system.

3.2. Wall film formation

Next analysis refers to the wall film formation. Figures
5-7 depict accumulated total film mass on the transfer cone
walls, including mixer device. It could be noticed that with
higher injection frequency, the wall film fluctuations have
smaller amplitude. For the idle engine load (Fig. 5) the
dependencies are clear, the extreme points of one injection
pulse of the higher frequency are placed inside the lower
frequencies. It is also visible that regardless of case the
total amount of wall film at the ends of the injection cycle
is close to zero. The situation is slightly different for further
engine loads. At the Figure 6 one can observe that 8Hz case
does not fit overall trend. The maximum points in each
cycle are above maximums of 4 Hz injector. It means that
due to short time between subsequent injections capability
of the evaporation from the walls was exceed compering to
the lower frequencies. The confirmation of this conclusion
could be found at the medium load wall film graph (Fig. 7),
where even local minimums of the 8Hz curve cross 4 Hz
curve at the end of the simulation. It could be also deducted
from the graphs behaviour that with longer computational
time 2 Hz case extreme points will lie under the 8 Hz case
for medium operating point. What is also distinctive, lower
frequencies give better wall film performance. As shown at
the Fig. 6, 1 Hz case, as the only one, reaches values near
zero at the ends of injection pulses.

Nevertheless, in the conducted numerical research, no
wall film crystallization model was applied, hence wall
film mass could not be treated as only benchmark in those
cases. As it is shown at Figures 57, despite the fact that
with lower frequency less wall film is deposited at walls at
the end of the each cycle, the attention also ought to be pay
for maximum points. Those peaks could be responsible for
local wall cooling and crystallization as the consequence.
Therefore, in order to better assessment of the risk, addi-
tional Film coefficient (FC), given by equation (4), describ-
ing the mass concentration at wall surface, was introduced.

. 0.3 1.3 23 33 43 53 6.3 7.3 83 93 FC = M mg (4)
time [s] Wetted area | mm?>
Fig. 4. Uniformity index at SCRoF inlet for medium load
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Fig. 5. Total wall film mass for idle load

Fig. 6. Total wall film mass for light load

Fig. 7. Total wall film mass for medium load

Figures 8—10 presents FC course over the time in each
operating condition. For the idle condition (Fig. 8), due to
the small UWS flow the graphs behave in stochastic way
and it could be say that mean values of the coefficient in
calculated cases are approximately equal. Next, the values
for the idle conditions are at the similar order magnitude
with those from the light and medium operating point (Figs
9-10). The explanation among other could be that for the
lower operating point the momentum of the gas is not high
enough to influence the spray droplets, hence only the area
in the spray direction is affected by the spray. On the other
hand, along with mass flow increase more droplets are
taken by the stream, thus wall film is distributed on the
bigger area. For this series it is also visible that FC ampli-
tude decreases with the time, and purses to the quasi stable
value.

The risk of the wall film crystallization could be directly
associate with value of the FC, as more heat will be taken
from the same unit of the surface. Basing on the graphs,
independently from the operating point, due to the highest

Fig. 8. Film coefficient for idle load

Fig. 9. Film coefficient for light load

Fig. 10. Film coefficient for medium load

peaks, the bigger risk comes from the 1 Hz frequency, and
then from the 8 Hz.

4. Conclusions

This paper presents the numerical research of the close
coupled SCRoF and numerical capabilities of simulating
physical phenomena occurring in such systems . The influ-
ence of the injection frequency on the SCR system perfor-
mance was investigated for different diesel engine operat-
ing conditions corresponding to idle, light and medium load
of diesel engine. The analysis referred to the ammonia
distribution at SCR inlet and wall film formation on the
SCR system walls including mixing device.

The results showed that, especially for the idle and light
engine loads, the best Ul index is given by low frequency
injections. The differences could be up to 10%, what is
quite big amount when considering that engineers and de-
signers put a lot of effort for each one percent of UI value.
What is more, wall film analysis indicates that for the idle
operating point the risk of the wall film crystallization
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ought to be approximately same for each injection frequen-
cy. Nevertheless, for rest of the simulated operating points,
research showed distinctly that lowest frequency gave the
higher crystallization risk.
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Nomenclature

CFD computational fuid dynamic
DDM discrete droplet method
DOC diesel oxidation catalyst
DPF diesel particulate filter

FC  film coeficient

SCR  selective catalytic reduction

SCRoF selective catalytic reduction on filter
Ul uniformity index

UWS  urea water solution
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The influence of the throttle inclination characteristics of a SI engine
on fuel consumption in driving cycles

This dissertation shows the analysis of the selected indicators of the work of a passenger vehicle drivetrain designated with the use of
the Road Load Engine Simulator. In a digital simulation, an internal — combustion engine is saved in a form of numerical speed
characteristics in the computers memory. Basing on a virtual vehicle, some indicators of the drivetrain of a passenger vehicle have been
determined, while driving with five electronic throttle inclination regulator settups. The simulation results of e.g., throttle repeal speeds
and fuel consumtion are summarized in a tabular and graphic form and some of them are expressed per 100 kilometer of the distance
covered. Both synthetic and real driving cycles were analyzed during the study and their influence on the egines fuel consumption was

also shortly described.

Key words: fuel consumption, driving cycle, NEDC, throttle inclination regulator, simulation

1. Introduction

The increase in human mobility and the ways of using
internal combustion engines contribute to the progress of
environmental pollution. The high technical standard of
modern vehicles is partly forced by the aspect of the clean-
liness of our environment. Together with the mass automo-
bile production it caused the access to vehicles with com-
bustion engines to be easy for a great part of the population
(Fig. 1). The increase in global fuel consumption, noticed in
the last twenty years, results with an increase of toxic ex-
haust gases emissions, which have a destructive influence
on our environment.

Fig. 1. Global amount of vehicles (in million pieces) [1]

One way to reduce the emissions is to minimize the fuel
consumption. There are several methods to achieve it ac-
cording to the combustion engine, i.a.:

1. through controlling the drivetrain working properties in

a way, which makes it possible for the engine to work in

its maximum effectivity field,

2. through reducing the fuel volume dosed to the engines
combustion chambers; it may cause a reduction of the
vehicles traction properties and increase in emissions.
Within this research, a series of virtual rides with a pas-

senger vehicle in driving cycles were performed. To

achieve the simulation the Road Load Engine Simulator
was used. The Simulator is one of the research stands of the

Chair of Road and Agricultural Vehicles in the Opole Uni-

versity of Technology. Binary readings of the engine char-

acteristics and velocity profiles of the driving cycles are
downloaded to the Simulator to enable the test to run with-
out the actual vehicle model or its drivetrain.

The rides were performed in five variants of engine
throttle inclination regulator settings, in real and synthetic
driving cycles. The chosen velocity profiles were measured
in real suburban driving conditions near the Opole city.
During those on-the-road measurements the driver was
controlling the vehicles load with an intention of achieving
maximum driving dynamics (cycle 1) and the lowest possi-
ble fuel consumption (cycle 2). For comparison purposes a
synthetic cycle NEDC (New European Driving Cycle) was
used. Figure 2 depicts the examples of driving cycles veloc-
ity profiles, which were used in the simulation.

2. The influence of the regulator settings on the
throttle repeal speed

The vehicles momentary velocity depends on one hand
on the will of the driver, and on the other hand on the con-
ditions deriving from the environment (i. a.: the road topog-
raphy, atmospheric conditions, and other driver maneu-
vers). The driver using the acceleration pedal choses the
proper engine torque amount, which is delivered to the
wheels in accelerating, engine braking or constant velocity
driving processes.

Modern drivetrains based on a combustion engine are
often equipped with the ETC (Electronic Throttle Control)
system. In ETC the acceleration pedal is connected with the
throttle by electrical wires. The input signal derived from
the pedal is converted by the engine control unit according
to an algorithm and sent to the throttle electronical actuator.
While the system is working, the throttle plate and accelera-
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tion pedal inclinations are checked frequently. It allows an
almost immediate diagnosis of any eventual malfunction of
the system parts.

a)

b)

Fig. 2. Exemplary driving cycles, which were used in the simulations:
a) driving cycles measured in real suburban driving conditions, b) NEDC

The Simulators software allows changing the settings of
the throttle inclination regulator. Modifications of the set-
tings influence the rapidity of the throttle reaction on the
inducing acceleration pedal signal. Figure 3 depicts the
noted momentary repeal speeds of the throttle plate. The
results derived from the rides in V1, V2, V4, V5 regulator
settings variants were compiled with the base V3 setting
result. According to figure 3 the throttle repeal speed in-
creases subsequently in the order of the variants numbers
(starting with V1, ending with V5). The dense clouds of
points, characterizing the mostly noticed repeal speeds,
occupy even wider surfaces, which demonstrate that the
inclinations of the throttle plate were changing more and
more dynamic.

The influence of the velocity profile on the throttle
working parameters is also noticeable. Simulation of a
dynamic suburban cycle was marked with higher throttle
plate repeal dynamics, than the economic cycle simulation.
This fact confirms the achievement of aims in the real driv-
ing measurements. In this case the higher throttle repeal
speed is an evidence of higher repeal speed of the accelera-
tion pedal and more sudden use of the vehicles acceleration
potential.

The clouds shape should also be considered. In the real
driving cycles the highest point dense can be noticed in the
center of the plot and becomes the shape of a straight line
(V1). In the next plots it becomes more and more the shape
of a rhombus (V5). In the synthetic cycle the shape of the
V1 cloud reminds a straight line and in the next plots be-
comes more and more a rectangle in the V5 variant. The
highest point concentration occurs in the summits and in the
middle of the sidewalls of the rectangle. Such velocity
distribution of the throttle plate indicates the cyclicality of
the movement phases, which is typical for the synthetic
NEDC driving cycle. In contrast to the real driving cycles,
in the NEDC the processes of acceleration and velocity
decreasing are led with the same intensity in all cycle mod-
ules and the constant driving velocities are held at the same
level (in the city traffic part of the cycle).

3. The influence of regulator settings on the
positioning of the mostly used area of the engine
characteristic

According to the changing conditions of the vehicles
engine, its useful efficiency is changing in a high range of
values. It is determined not only by the properties of the
engine, but also by its working parameters, which are
forced by the movement of the power receiver, as is the
vehicle.

The changes of the throttle plate inclination have an ef-
fect in the intake manifold air pressure. As a result, there
occur changes of the volume of air and fuel mixture provid-
ed to the cylinder, influencing the torque value, which the
engine generates in given conditions. It follows that the
settings of the throttle inclination regulator affect the mo-
mentary power supply while driving with often changes in
the inclination of the power supply control component, thus
in the so-called undefined states.

Diversification of possible undefined states inducements
is an important issue in the development of a universal
method for building the engine characteristics as appropri-
ate to the specific transition phases of a vehicle. Unstable
conditions of the engine operation occur mainly in the pow-
ering phase, while changing the travel velocity.

Figure 4 depicts the isoclines of the velocity characteris-
tic of torque, used by the virtual engine. Additionally the
in-cycle mostly noticed points of the characteristic were
marked. The changes in throttle inclination regulator set-
tings didn’t cause radical differences in the points positions
on the graphs plotted for the same driving cycle. The per-
centage magnitudes, which describe the use summits were
changing, what is shown in the a) part of the Fig.e 5.

The velocity profile course of the driving cycle deter-
mines the engine load during the test. As shown in Fig. 4,
during the simulation of dynamic driving, the engine
worked mostly in conditions of high or low load and low
and medium engine speeds. In the simulation of economical
driving, the engine load is lower at similar engine rotation
speeds. In NEDC simulations, the engine load is focused
around about 30 Nm and the rotation speeds are between
2000 and 2500 rotations per minute.

COMBUSTION ENGINES, 2017, 170(3)

79



The influence of the throttle position regulation characteristics of a SI engine on the fuel consumption in driving cycles.

al) a2)
bl) b2)
cl) c2)
d1) d2)

a3)

b3)

c3)

ds)

Fig. 3. Comparison of angular velocity of throttle movement for the individual variants of controller settings with the base variant (V3):
a)—V1,b)-V2,¢c)-V4,d)-V5; 1 —cycle 1, 2 —cycle 2, 3 — NEDC cycle

It can be derived from Figure 4, that the most common-
ly used range of engine rotation speeds starts with the idling
velocity and ends within 2500 rpm. According to the most
commonly used low load (5.5-16.5 Nm) it should be noted,
that this area of engine’s load characteristic is highly unfa-
vorable, because of its low overall efficiency.

The results of such tests, along with the use of the ve-
locity characteristics of the useful efficiency, may allow the
selection of such throttle plate working parameters which

will allow the engine to work as close the point of its max-
imum efficiency as possible. A considerable part of the
mileage fuel consumption and exhaust gasses emissions is
generated during the acceleration processes. At the same
time the torque development depends on the throttle incli-
nation changes. It may be wise to select the optimal throttle
inclination regulator settings algorithm for all these parame-
ters.
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al) a2) a3)
bl) b2) b3)
cl) 2) c3)
d1) d2) d3)
el) €2) e3)

Fig. 4. Most commonly used points of the speed characteristic of engine torque: a) — V1, b) — V2,¢c) - V3,d) — V4, e) - V5;
1-cycle 1,2 —cycle 2,3 - NEDC
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4. Effect of regulator setup on fuel consumption in
driving cycles

The basic energetic trait of a vehicle engine is its fuel
consumption. It is dependent on engine and drivetrain effi-
ciency and motion energy consumption, which describes
the amount of energy at the drive wheels needed to traverse
given length of the road. Factors which most significantly
affect fuel consumption are the frequency and intensity of
acceleration phases, which decide the mean value of accel-
eration, and the engine idling time. There are potential
possibilities to reduce fuel consumption in city driving by
minimizing the energy dissipated during braking and short-
ening the engine idling time.

Partial characteristic of engine power, torque and specif-
ic fuel consumption in the function of engine speed are
applicable for the analysis of vehicle motion characteristics
and its energy consumption. They are prepared for selected
power supply mechanism positions (mostly given as per-
centage values). Such curve courses usually show some
characteristic traits. Maximum spark ignition engine power
is usually situated at lower than top engine speed. Maxi-
mum torque engine speed is always lower than maximum
engine power speed. On the other hand, minimum specific
fuel consumption is situated at the engine speed higher than
maximum torque speed and lower than maximum power
speed.

al) bl)
a2) b2)
a3) b3)
Fig. 5. Summaries of: a) — percentage values of mostly used points of the engine torque characteristic,
b) — mileage fuel consumption; 1 —cycle 1, 2 — cycle 2, 3 - NEDC
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Fig. 6. Velocity courses versus time curves: on the top — the velocity
profile of the Opole city dynamic cycle, in the middle — the velocity profile
carried out for the V1 setup, at the bottom - the velocity profile carried out

for the V2 setup

Comparisons of mileage fuel consumption in Fig, 5 b)
show values of virtual fuel consumption obtained in drive
cycles in relation to a length of 100 kilometers. The lowest
fuel consumption in real drive cycles was achieved for V1
throttle regulation setting, while in synthetic cycles the V1
setting showed the highest fuel consumption. In the same
synthetic cycle, the lowest value of fuel consumption was
measured for V2 variant, which yielded the highest fuel
consumption for real drive cycles. The remaining versions of
regulator settings generated comparable results for both cycle
types. It is worth noting that for V1 variant the throttle was
repealed at very low speeds, which significantly impaired
acceleration capabilities. The reason for this is a poor adher-
ence of realized velocity profile in comparison to the as-
sumed one, as is shown in Fig. 6. The V2 variant showed a
much better adherence of velocity profiles. The effect of
driving cycle velocity profile on mileage fuel consumption is
also noticeable. Dynamic driving was characterized by 50%
larger fuel consumption than economical driving.

5. Summary

By analyzing the obtained research results it can be
seen, how significant is the effect of throttle inclination
management method on vehicle dynamics, fuel consump-
tion and driving safety. Slow regulation of throttle plate
inclination helps to reduce fuel consumption; however it
impairs dynamic properties of the drivetrain. On the other
hand, quick regulation of throttle plate inclination causes a
significant clipping of the induced repeal angle - in re-
sponse to this, the ECU starts increasing the fuel dosage,
which in turn causes the mileage fuel consumption to in-
crease significantly. However, as can be noted from the
conducted research, it is difficult to clearly point out which
of the proposed throttle inclination regulator settings would
allow to minimize fuel consumption while maintaining
adequate vehicle drive dynamics. The analysis of simulated
drive cycles allows to assume that conventional regulators
only partially fulfill the requirements of minimizing fuel
consumption while retaining adequate vehicle drive dynam-
ics. Therefore, while using this class of throttle regulators it
is required to achieve a certain compromise between low
fuel consumption and good drivetrain dynamics. Velocity
profile and road conditions have a substantial effect on fuel
consumption; however driver behavior is the most im-
portant factor affecting it. The driver-dependent style of
application of throttle inclination change is the factor that
has the biggest effect on fuel consumption. In this case, an
adaptive regulator has to be used in the throttle plate man-
agement system to correct its settings depending on driver
behavior. This solution would allow to keep fuel consump-
tion as low as possible, while retaining satisfying vehicle
drive dynamics. Only this control strategy would allow to
control throttle inclination for all road conditions and driver
behaviors in a way that would minimize fuel consumption
and retain drive dynamics that could be deemed satisfying
for each driver. The use of adaptive regulators in throttle
inclination control systems will be the further scope of the
authors’ research.
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The influence of load distribution in kinematic constraints of connecting rod on the
results of the stress simulation

The article presents the results of simulations research carried out, using Finite Element Method. The simulations were made in the
Abaqus software. Calculations were made on the connecting rod of opposed piston engine. The connecting rod was subjected to a
compression tests. Different versions of the boundary conditions in the form of load forces and pressure distribution acting on the small
end of the connecting rod were presented. Depending on the load distribution acting on the connecting rod small end, different
distributions of stresses in the connecting rod geometry were obtained. All studies were performed for the same geometry, the same mesh
grid, and for the same value of compressive force (research could be considered as comparable). Changing the size and distribution of
stresses in the connecting rod, evidence the impact of the adopted boundary conditions of the load distribution on the calculation results.

It is important for the use of modern simulation tools in the design process of new mechanical parts.

Key words: connecting rod, simulation, FEM, Abaqus, Catia v5

1. Introduction

Within the research project realized with WSK "PZL-
KALISZ" S.A., the design of the aircraft engine with op-
posing pistons is being developed. This engine will be used
in ultralight aircraft. This type of engine has many ad-
vantages:

— lower fuel consumption than other piston engines (better
efficiency),

— reduced heat losses because of the small area of the
combustion chamber (no engine head),

— leaner combustion (Diesel operation),

— faster and earlier combustion at the same pressure rise
rate (large flame front surface),

— lower pollutant emission compared to turbine engines,

— lower costs (small number of parts and simple design).

At present, due to environmental requirements and dealing
with climate change, it is beneficial to develop aircraft piston
engines and adopt the achievements of automotive engineering
such as computer controlled common rail high pressure injec-
tion systems and variable pressure turbochargers.

For this reason, modern simulation tools have been used
to analyze the various design solutions used in such an
engine. One good example are FEM analysis, which allows
to estimate stress values in main engine components. This
article focuses on the connecting rod stress calculations. It
should be emphasized, that in order to obtain the simulated
results as close as possible to reality, the conditions defined
during the simulations have to be identical to the real ones.
Sometimes it is impossible or difficult to estimate these
conditions. In such a case, committing a non-major error in
the initial calculation phase may result in erroneous results
of the simulation calculations. Therefore, the authors of the
article decided to examine the effect of boundary conditions
of the connecting rod compression simulations on the ob-
tained results of the simulation.

2. Research simulations - introduction
Strength tests of the connecting rod were made using
Finite Element Method in the Abaqus software. This is a

software commonly used for this type of analysis. The
geometry of the connecting rod was taken from opposite
piston engine. This model was designed by geometry
changing, resulting from the previously performed optimi-
zation calculations. This article presents the target model,
which was the 8th analyzed model. The article identifies the
same boundary conditions as in model previously described
in [5].

From the studies conducted in [5], it was found that the
results of the simulation tests of the tested model were
strongly dependent to the load conditions that were applied
to the connecting rod model. Despite the same conditions of
restraint and the same values of forces acting on the model,
the size and the distribution of stresses were influenced by
the method of load distribution [6]. In addition, all the
models used the same material data. It should be noted, that
the connecting rods that are discussed where analyzed only
for the compression, while the same differences have been
observed for the connecting rod stretching simulations [6].
As a result of noticeable changes in stress distribution, it
was decided to expand this discussion and perform several
simulations with different load distributions for the con-
necting rod [1, 2, 4].

3. Load boundary conditions
This section presents the variable boundary conditions
for several analyzed models.

3.1. Load 1 version

In the first version, the boundary conditions were de-
termined by giving a fixation at one point in the center of
the connecting rod, where all degrees of freedom were
fixed. The load was realized by connecting the first refer-
ence point to the lower surface of the rod bushing and con-
necting the second reference point to the top surface of the
upper rod bearing insert. The compression forces acting in
the vertical direction were applied to the reference points.
This way of defining the load has resulted in the distribu-
tion shown in Figure 1.
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Fig. 1. Fix and load 1 version

3.2. Load 2 version

In the second version, the boundary conditions were de-
termined by assigning a fixation at one point of the center
of the connecting rod, where all degrees of freedom were
fixed. The load was realized by defining the pressures iden-
tical to the forces values from version 1. Those pressures
were applied perpendicularly to the bottom surface of the
rod bushing and the top surface of the upper rod bearing
insert. This way of defining the load has resulted in the
distribution shown in Figure 2.

Fig. 2. Fix and load 2 version

3.3. Load 3 version

In the third version, the boundary conditions were de-
termined by assigning only one center point of the connect-
ing rod, where all degrees of freedom were fixed. However,
the load was realized by defining pressure on two surfaces.
On the bottom surface of the rod bushing and on the top
surface of the upper rod bearing insert. The load values
were identical to the force from version 1 and 2. The pres-
sure was defined by the distribution of pressure from the
sinusoidal function depending on the length of the arc. This
way of the load defining has resulted in the distribution
shown in Figure 3.

Fig. 3. Fix and load 3 version

In this version of the calculations, it was decided to de-
termine the pressure distribution on the rod bushing (con-
necting small end) and the upper rod bearing insert (con-
necting rod big end) depending on the coordinate x. The
pressure distribution was based on the force acting on these
surfaces. It was decided to use the function determining the
most real pressure distribution in case of sliding contact.

= peos{wsn(3)
p—a‘bCOS asin v

where: p — pressure, F — force, a, b — width and length of
the surface projection of the surface of the rod bush-
ing/upper rod bearing insert on the transverse plane to the
main axis of the connecting rod, x — distance value perpen-
dicular to the main axis of the connecting rod, r — inner rod
bushing/upper rod bearing insert radius.

The graph of the above function is presented in Figure
4. The horizontal axis shows the dimension in [mm] corre-
sponding to the length of the surface projection of the sur-
face of the rod bushing on the transverse plane to the main
axis of the connecting rod, while the vertical axis represents
the dimensionless pressure value for which 1 corresponds
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to the maximum pressure value. The function was chosen in
such a way, that the sum of the vertices values of the pres-
sure (acting along the connecting rod main axis) was identi-
cal to the same values in versions 1 and 2.

Pressure from compressive force [-]

-0,012 -0,009 -0,006 -0,003 0 0,003 0,006 0,009 0,012

Width of the projection area from piston pin bushing [mm)]

Fig. 4. Function graph describing the pressure distribution on the sur-
face of the rod bushing

4. Simulation research
This part of the paper presents the results of the simula-
tion tests for all three versions of the connecting rod loads.

Fig. 5. Results of simulation tests, connecting rod compression 1 version

In the case of version 1, the maximum stresses values
are the smallest. Also their range on the rod small end and
big end are the smallest (blue color). The highest stresses
values are in version 2 (3 times bigger). This is due to the
fact that in case 1, there is only vertical component of the
compression force. In other cases also horizontal compo-
nents of forces occurs, of which in the second version they
are the largest. This causes additional bending of the con-
necting rod small end to the outside. The loads in case 3 are
most similar to the real distribution because the force ap-
plied decreases to O for a distance equal to the radius of the

rod bushing, measured from the main axis of the connecting
rod. In this case, the maximum stresses are slightly higher
than in version 1. The location of the areas with the highest
stress values are different. In case 1, they occur near the rod
small end and big end, which results from the tensile force
acting sideways.

Fig. 6. Results of simulation tests, connecting rod compression 2 version

Fig. 7. Results of simulation tests, connecting rod compression 3 version

5. Summary

FEM modeling allows to get quick results without hav-
ing to carry out costly and laborious occupational testing.
However, depending on the degree of simplification of the
boundary conditions, the results may vary in small or to a
large extent from reality. In the case of connecting rod
stress calculations, it is therefore essential to correctly de-
fine the distribution of applied forces or pressures. The
calculation results show that the maximum stresses can be 3
times greater than the real ones, which can lead to over-
dimensioning of the element.
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The closest to the real distribution of forces is presented
in the version 3. However, the determination of such case is
a little difficult, because it is necessary to apply pressure
rather than direct force to the model. In the case of version
1, the results do not differ significantly from case 3. It is
therefore not a great mistake to assume such a force distri-
bution, which is a common practice. However, it is not
possible to assume boundary condition presented in case 2,

as they are not identical with the actual load distribution
and result in a false values.
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Impact of EGR control at in-cylinder pressure and ecological properties
of CI off-road vehicle engine

An attempt has been made to clarify the effect of wide-ranging control of the exhaust gas recirculation system on the cylinder pres-
sure and ecological engine performance. This publication contains the results of tests performed on the CI (compression ignition) engine
of the off-road vehicle mounted on the test bench. The study was based on advanced EGR control with a proportional valve and a very
efficient exhaust gases cooling system. Analysis of the test results is based on the cylinder pressure and the concentration of NO, and PM
components at exhaust gases. The study included the influence of the exhaust gas recirculation system control on parameters such as
differential pressure, MBF, and relative NO, and PM emissions. As demonstrated by the analysis conducted, the EGR valve control

method and the exhaust gas cooling intensity significantly affect the cylinder pressure and its ecological performance.

Key words: exhaust gas recirculation, in-cylinder pressure, mass fraction burning, differential pressure, NO,, particulate matter PM

1. Introdution

Continuous increase in emissions requirements for in-
ternal combustion engines due to increasingly stringent
emission standards for both road and off-road vehicles
results in the need to improve methods to reduce emissions
of nitrogen oxides, carbon monoxide, hydrocarbons, partic-
ulate matter and other compounds in the exhaust gases. In
the case of non-road vehicles in the latest standards, there is
a tendency for significant exacerbation of mainly NOy and
particulate matter (PM) emissions. Among the many meth-
ods used to reduce the emission of harmful substances, the
methods used are in-cylinder and after treatment methods.
It is of great importance to reduce emissions already at the
stage of the generation of harmful exhaust gases, which can
reduce or simplify the equipment belonging to the after
treatment systems of reducing harmful substances in ex-
haust gases. Mechanisms for the formation of both NO, and
PM are related to processes occurring in the cylinder during
the combustion process, so it is important to monitor them.
One of the possibilities of evaluating the combustion pro-
cess is to observe the pressure in the cylinder and then its
thorough analysis. As a result, a number of engine perfor-
mance indicators can be obtained to evaluate the course of
the combustion process. In-depth analysis of the combus-
tion process allows you to indicate areas of the engine
where improvement of engine performance can be achieve
by adjusting the control parameters to take a compromise
between some of them, such as engine efficiency, engine
performance.

Control of the internal combustion engine should be
based on analysis of the combustion process occurring in
the cylinder, so it is important to take into account a num-
ber of parameters resulting from the analysis of the in-
cylinder pressure [1, 13, 17, 20]. Taking into account the
increase curve of in-cylinder pressure, pressure peak and
heat release, as well as other parameters, in controlling the
combustion process in the cylinder can lead to improve-
ment of combustion process. The expected effect of such
control is to improve both ecological and economical en-
gine properties.

In addition, it should be noted that the emission of particu-
lar harmful substances may be interdependent, which may
lead to a slight reduction in emissions of one harmful sub-
stance to a significant increase in other. Commonly used in-
cylinder limitation of harmful exhaust gas compounds are
advanced fuel injection control with multiphase fuel injec-
tion and also exhaust gas recirculation. Huge influence on
the pressure of the cylinder, and consequently exhaust
emission has an injection control [4-6]. Also, the method of
controlling the amount of exhaust gas recirculation, the
cooling level of the recirculated exhaust gas is important
not only for the ecological properties of the engine [2, 3, 7—
10, 12, 19], but it also affects the performance indicators
such as power or torque. Other aspects of engine perfor-
mance, such as irregularity of engine speed [16], noise or
fuel consumption [11] could be also taken into account
during control process. Monitoring of the in-cylinder pres-
sure and their analyzing allows, among other things, such
control of the exhaust gas recirculation system to obtain the
most favorable values of the individual engine performance
indicators [1, 13, 15, 17, 20]. Information on the combus-
tion process can be used to control both fuel injection and
exhaust gas recirculation system.

2. Research methodology

2.1. Research object

In order to investigate selected engine operating index-
es, the Z1505 engine used in agricultural tractors (Fig. 1)
was mounted on a test bench. The tested research object has
a maximum power of 92 kW at 2200 rpm. The engine is
powered by diesel fuel by means of a prototype multiphase
injection pump and equipped with a turbocharger with a
relief valve and intake air cooler. The tested engine is also
equipped with cooled EGR system. In addition, an ad-
vanced exhaust gas recirculation system, consisting of a
gas-liquid heat exchanger, a proportional EGR valve and a
feedback system, incorporates an integrated NO,/O, sensor.
The test stand is equipped with an AVL pressure sensor
located in one of the test engine cylinders.
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Fig. 1. Research engine mounted at test bench

Comparative studies have also been conducted for
standard and modified (advanced) exhaust cooling systems.
The modification of the cooling system was to increase the
cooling level of the exhaust gas by using a refrigerant flow-
ing through a gas-liquid heat exchanger with an inlet tem-
perature of about 50 K lower than in the standard system
during normal engine operation.

2.3. Research scope

Several engine cycles were registered, followed by
averaging the pressure waveform, which, in view of some
irregularities in subsequent cycles, minimizes the risk of
selection for comparing accidental cylinder pressure. De-
termining the effect of exhaust gas recirculation on the
cylinder pressure during engine operation there were re-
quired to select and averaged a series of stationary test
cycles at selected speeds and torque loads.

Table 1. Main operating points of the tested engine - research scope

Group of Engine rotational speed Engine load, Nm
points rpm
1 800 0-100
2 900 0-190
3 1000 0-190
4 1200 0-190
5 1400 0-190
6 1600 0-190
7 1800 0-190
8 2000 0-190
9 2200 0-190
Table 2. Operating points of EGR valve
No EGR valve opening posi- EGR valve relative opening
tion, mm level, %

1 0 0

2 0.199 3

3 0.398 6

4 0.598 9

5 0.747 11

6 0.896 13

7 1.444 29

8 2.490 50

9 4.98 100

The tests were conducted for a full range of rotational
speeds (800-2200 rpm) and torque loads ranging from 0—
190 Nm (Table 1) and at different EGR valve opening level
(Table 2).

3. Research problem

The main research problem is to clarify the effect of
wide-ranging control of the exhaust gas recirculation sys-
tem on the cylinder pressure and ecological engine perfor-
mance.

The in-cylinder pressure profile contains a lot of infor-
mation about the combustion process. The comparison of
the in-cylinder pressure waveform without the fuel injection
(motored in-cylinder pressure) with the pressure wave re-
sulting from the initiated combustion process (Fig. 2) al-
lows to determine the course of the differential pressure.

Fig. 2. In-cylinder pressure course at engine rotational speed 1000 rpm
(1 — motored pressure, 2 — in-cylinder pressure at 190 Nm load)

Fig. 3. Differential pressure at 100% EGR valve open (1000 rpm, 190 Nm)

Differential pressure is difference between motored in-
cylinder pressure and in-cylinder pressure during combus-
tion. Its variation allows for an overall assessment of the
course of the combustion process, including, among other
things, the rate of in-cylinder pressure increase resulting
from fuel combustion, the occurrence of the maximum
differential pressure ect.

pd(i) = pcomb(i) _pmotored(i) (1)

were: pqiy — differential pressure at i-th interval, peombi —
combustion pressure at i-th interval, pmotorediy — motored
pressure at i-th interval.

Mass fraction burned (MFB) is one of the important
thermo dynamical engine indexes. In each individual en-
gine cycle is a normalized quantity with a scale of 0 to 1,
describing the process of chemical energy release as a func-
tion of crank angle [14, 18]. The determination of MBF is
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based on burn rate analysis an there are many methods to
evaluated it, but a procedure described by Rassweiler and
Withrow [14] is a base method widely used because of its
simplicity:

Ap.
- ZO‘, P;

MEFB = =20 2)

D imyi) Y Ap,
0 0

were: m, — mass burning, i — number of analysis interval,
Ap; — pressure rise at i-th interval, 0 — start of combustion,
N — number of interval between start and end of combus-
tion.

It can be assumed that in the range of the crankshaft an-
gles in which the combustion process occurs takes place
equality:

Ap; =py() (3)

From the work of many researchers it is clear that the
use of the cylinder pressure analysis to control the combus-
tion process in the engine allows many parameters to be
improved. Thanks to the use of the pressure waveform
analysis, both the efficiency of the operation and the envi-
ronmental properties of the internal combustion engine can
be improved. There are possibility to on-line supervision of
fuel injection, feed forward of emission control, and feed-
back control of combustion process [17].

4. Influence of EGR control at engine operating
indexes

4.1. Control of EGR valve opening

In order to understand the influence of the exhaust gas
recirculation valve opening on the cylinder pressure, graph-
ically the pressure waveforms at various openings of the
exhaust gas recirculation valve for selected rotational
speeds of 1000 and 1600 rpm with a 190 Nm load was
presented.

Fig. 4. In-cylinder pressure course at engine rotational speed 1000 rpm and
190 Nm load for different EGR opening level (1 — 0%, 2 — 3%, 3 — 8%, 4 —
15%, 5 — 50%, 6 — 100%)

Of the wide range of degrees of opening of the EGR
valve for comparison, 6 open positions corresponding to
relative valve lifting of 0, 3, 8, 15, 50 and 100% were se-

lected. The in-cylinder pressure waveform are shown for
1000 rpm (Fig. 4) and 1600 rpm (Fig. 5) engine speed.

Fig. 5. In-cylinder pressure course at engine rotational speed 1600 rpm at
190 Nm load for different EGR opening level (1 — 0%, 2 — 3%, 3 — 8%, 4 —
15%, 5 = 50%, 6 — 100%)

One of the basic parameters describing in-cylinder pressure
is its maximum value. The effect of the EGR valve opening on
the maximum cylinder pressure is shown in Fig. 6.
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Fig. 6. Impact of EGR opening level at peak in-cylinder pressure

With the increase in the opening of the EGR valve, the
maximum in-cylinder pressure drop can be observed. It is
noteworthy that the greatest tendency of pressure drop is
observed at the initial opening of the EGR valve, and at the
same time this trend is more relevant for a higher rotational
speed, which is accompanied by greater differences be-
tween the exhaust gas pressure and the intake manifold
pressure, leading to an increase in the exhaust gas recircula-
tion rate. Increasing the degree of EGR valve opening in-
creases the rate of exhaust gas recirculation entering the
cylinder. As a result, this will affect the combustion pro-
cess, which takes place with less oxygen due to the in-
creased share of exhaust gases entering the cylinder. There
is a change in the dynamics of the combustion process,
which manifests itself in differentiated MFB curves de-
scribing the dynamics of heat release in the cylinder.

Differential pressure variations for selected engine op-
erating conditions at constant speeds of 1000 and 1600 rpm
and 190 Nm load for various EGR valve opening stages are
shown in Fig. 7 and Fig. 8.
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As the differential pressure waveform analysis shows,
the highest values are noticeable for the closed EGR valve,
ie. without external recirculation. Maximum pressure val-
ues are: 4.774 MPa closed for full EGR valve (EGR 0%)
and fully open (EGR 100%) 4.327 MPa respectively (Fig.
7) and with rotational speed of 1600 rpm and load of 190
Nm, the maximum differential pressure is between 5.213
MPa for the closed EGR valve (EGR 0%) and 4,007 MPa
for the fully open valve (EGR 100%) (Fig.8).
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Fig. 7. Ditferential pressure at different EGR valve opening level (1000
rpm, 190 Nm)
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Fig. 8. Differential pressure at different EGR valve opening level (1600
rpm, 190 Nm)
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Fig. 9. Mass Fraction Burning course at different EGR valve opening level
(1000 rpm, 190 Nm)

It can be noted that for a rotational speed of 1600 rpm,
the variation in both maximum pressure and waveforms is
significantly higher than with a rotational speed of 1000

rpm. This demonstrates the greater extent of the effect of
exhaust gas recirculation with the same EGR valve settings.
As the next index the heat dissipation patterns MFB were
plotted for the same engine operating conditions (Fig. 9 —
1000 rpm, Fig. 10 — 1600 rpm. Also in this case, the influ-
ence of the EGR valve opening degree (exhaust gas recircu-
lation rate) on the process of heat release in the cylinder
was noticeable. Analysis of this graphs (Figs 9, 10) shows
that dynamics releases heat in the case of high levels of
exhaust gas recirculation is low in the first period of burn-
ing process, but intensifies as the combustion process pro-
gresses. Dynamics of heat release can be represented by the
MEFEB values of 5%, 10%, 50% and 90% of the heat released
during the combustion process, respectively mean as MFB
5%, MFB10%, MFB 50%, MFB90%. The graphs (Figs 11,
12, 13, 14) show the dependence of specific MFB values
from the crankshaft angle for both engine speeds.
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Fig. 10. Mass Fraction Burning course at different EGR valve opening
level (1600 rpm, 190 Nm)
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Fig. 11. Impact of EGR opening at MBF 5% value (190 Nm load)
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Fig. 12. Impact of EGR opening at MBF 10% value (190 Nm load)
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Fig. 13. Impact of EGR opening at MBF 50% value (190 Nm load)
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Fig. 14. Impact of EGR opening at MBF 90% value 190 Nm load)

Release of 5% or 10% of heat for both tested engine
speed in case of significant opening of the EGR valve oc-
curs much later, that is about 20 CA degrees later than in
the absence of external exhaust gas recirculation. In turn,
obtaining 50% of the MFB value is shifted by about 7-10
CA degrees, and for 90% MFB respectively 15-18 CA
degrees. Duration to generate heat between 5% and 90%
(Fig. 15) was also analyzed. Significant volume of exhaust
gas returned to the cylinder does not significantly affect the
duration of the value between MFB5% and MFB90%.
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Fig. 15. Impact of EGR opening at duration of MBF 5% - 90 % value

In order to determine the effect of the EGR valve open-
ing on the ecological properties of the test engine, the NO,
concentration and PM in the exhaust gas were analyzed.
Figures 16 and 17 illustrate the effect of the opening of the
EGR valve on NO, and PM concentrations at exhaust gases
at 1000 and 1600 rpm. There are also NO, and PM concen-
trations expressed in absolute terms (Fig. 18).
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Fig. 16. Impact of EGR opening level at NOy and PM concentration (1000
rpm, 190 Nm)
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Fig. 17. Impact of EGR opening level at NOy and PM concentration (1600

rpm, 190 Nm)
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Fig. 18. Impact of EGR opening level at relative NO, and PM concentra-
tion at 190 Nm load

The analysis shows the dependence of NO, and PM
concentration in the exhaust gases according to the EGR
valve opening degree. Limiting emissions of one of the
tested substances by controlling the EGR valve is associat-
ed with an increase in the emissions of the other substance.
The PM relative emission curves for different engine
speeds overlap, and for NO, the curves are similar in shape,
but the curve for higher rotational speeds is higher.

4.2. Modified advanced EGR cooling system

Finding the possibility of simultaneous reduction of
both NO, and PM emissions through exhaust gas recircula-
tion, requires advanced control of the system, but at the
same time a search for methods to influence temperature of
the exhaust gas. One of the goals of the survey is to deter-
mine the effect of intensive exhaust cooling on both ther-
modynamic and ecological indicators. The modified cool-
ing system of recirculated exhaust gas was characterized by
a high cooling efficiency. This system is based on two heat
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exchangers: the first gas-gas type and the second gas-liquid
type. Increased cooling intensity was achieved by keeping
the coolant temperature by about 50K lower than in the
standard recirculated exhaust cooling system. Comparison
of differential pressure for standard and advanced cooling
systems is presented for selected engine operating points in
Figs 19-21. The results of the study were compared by
individual waveforms with fully open EGR valve (EGR
100%).
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Fig. 19. Impact of EGR cooling system at differential pressure Pd (engine
rotational speed: 900 rpm, 190 Nm load)
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Fig. 20. Impact of EGR cooling system at differential pressure Pd (engine
rotational speed: 1400 rpm, 190 Nm load)
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Fig. 21. Impact of EGR cooling system at differential pressure Pd (engine
rotational speed:1800 rpm, 190 Nm load)

Analysis of selected waveforms shows that the use of
intensive exhaust cooling system with a fully open EGR
valve significantly influences the pressure in the cylinder,
which results in a reduction in differential pressure. At the
same time, the waveform offset for the advanced cooling
system is noticeable. The intensive cooling of the recircu-
lated exhaust gases reduces the maximum in-cylinder pres-
sure resulting in a decrease in maximum differential pres-

sure from 4.126 to 4.136 MPa for 900 rpm, 5.070 to 4.637
MPa for 1400 rpm and symbolically from 4.989 to 4.966
MPa for 1800 rpm.

The differences in the differential pressure waveforms
has effect on the changes in the heat release dynamics
shown in the form of the MBF curves (Figs 22-24). It is
noticeable to grow the intensity of heat release especially
during the first period of combustion process.
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Fig. 22. Impact of EGR cooling system at MBF specific values (engine
rotational speed: 900 rpm, 190 Nm load)
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Fig. 23. Impact of EGR cooling system at MBF specific values (engine
rotational speed: 1400 rpm, 190 Nm load)
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Fig. 24. Impact of EGR cooling system at MBF specific values (engine
rotational speed: 1800 rpm, 190 Nm load)

This is most noticeable for the low engine rotational
speeds, and the increase in this speed decreases the effect of
the cooling intensity on the MBF curve.

More detailed analysis of the heat release dynamics in
terms of the crankshaft angles (calculated relative to the
crankshaft position corresponding to the piston position of
the Ist cylinder at the upper dead center point — CA-AFD)
corresponding to the specific MBF values, ie, respectively,
5%, 10%, 50% and 90% is presented on Fig. 25-27. The
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differences are visible first for the lowest rotational speed
of 900 rpm. There is a general trend towards greater heat
release dynamics for advanced cooling systems especially
in the first phase of the combustion process. Achieving a
5% or 10% MBF value, is recorded from 19 to 0 degrees
crank angle with a tendency to decrease this value for high-
er rotational speeds. Achieving a 50% MBF value is usually
a few degrees of CA later than with a standard cooling
system. At the end of the combustion process, heat release
dynamic slows down, resulting in achieving of MBF90% of
about 3 to 10 degrees CA later than the standard cooling
system. There is also a tendency to observe lower values of
CA-AFD corresponding to higher rotational engine speeds.
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Fig. 25. Impact of EGR cooling system at CA — AFD of MBF specific
value (engine rotational speed: 900 rpm, load: 190 Nm load)
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Fig. 26. Impact of EGR cooling system at CA —~AFD of MBF specific
value (engine rotational speed: 1400 rpm, load: 190 Nm load)
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Fig. 27. Impact of EGR cooling system at CA —AFD of MBF specific
value (engine rotational speed: 1800 rpm, load: 190 Nm load)

It is very important to determine the influence of applica-
tion an advanced EGR system characterized by intense ex-
haust gas cooling on the exhaust gases concentration of NOy
and PM. Results of studies of such ecological properties are
presented graphically in Figs 28-29. The recorded compara-

tive curves of NO, and PM concentrations in the exhaust gas
corresponding to the different recirculated exhaust gas cool-
ing levels show possibilities for simultaneous reduction of
emissions of the two concerned substances.
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Fig. 28. Comparison of EGR cooling systems and NO, and PM concentra-
tion at exhaust gasses
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Fig. 29. Possibilities to emission reduction of NOy and PM thru advanced
exhaust gas cooling system

Reduction of emissions compared to the standard ex-
haust cooling system is possible from 15 to over 30% with
NO,, and at the same time the emission of PM can reduced
at a range from 5 to almost 30%.

5. Conclusions

The study confirmed that controlling the EGR valve
opening rate directly affecting the exhaust gas recirculation
rate has a significant effect on the cylinder pressure. As a
consequence, it results in changes in both thermodynamic
and ecological engine properties. The studies have con-
firmed the significant effect of controlling the EGR valve
opening rate on the differential pressure, obtaining the MFB
specific values determining the method of heat release
during combustion. Increasing the proportion of exhaust
gas in the cylinder results in a reduction in maximum com-
bustion pressure without reducing the torque available on
the engine crankshaft. At the same time, the dynamics of
heat release changes. The results of the studies also con-
firmed the correlation between the concentration of NO,
and PM in the exhaust gases. Increase in the opening of the
ERG valve rate, affect of NO, emissions reduction, but this
results in a simultaneous increase in PM emissions. Con-
trolling the degree of exhaust gas recirculation (through
opening of the EGR valve rate) requires a compromise
between the emission of these substances and consideration
of the degree of extinction (emission reduction potential) of
aftertreatment emission reduction systems. It has also been

94

COMBUSTION ENGINES, 2017, 170(3)



Impact of EGR control at in-cylinder pressure and ecological properties of CI off-road engine

shown that advanced recirculation exhaust gas cooling
systems with significant cooling intensity can achieve sig-
nificant and also simultaneous reduction of both NO, and

PM concentrations in exhaust gases. Emissions reductions

with

advanced EGR systems can exceed 30% at selected

engine operating points.

Nomenclature

CI
CA

compression ignition
crank angle

CA-AFD crank angle after center deadpoint
EGR exhaust gas recirculation

MBF mass burning fraction/ mass burn fuel
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The role and tasks of the support mats in construction of catalytic converters

The purpose of support mats used in catalytic converters as connecting element between the ceramic core and the metallic converter
housing has been presented in article. The functional requirements and operating conditions have been discussed as well as support mat
types and manufacturing methods. The support mat choice and basic design features have been also presented.
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1. Introduction

Different types of vehicles powered by internal combus-
tion engines are from more than 100 years the primary
means of transportation by land, water and air. A special
role is played here by vehicles designed to land transport of
people and goods and their operation affect the environ-
ment and human organisms directly.

Due to this reason, in the early 70s was introduced the
limitation of toxic components in vehicle exhaust gases.
Currently various types of catalytic converters in exhaust
systems with spark ignition and compression ignition en-
gines are used. The efficiency of these aftertreatment sys-
tems depends on the placement in the vehicle exhaust sys-
tem depending mainly on the system geometry [1, 2, 3].

In the automotive industry the first elaborated and serial
produced in 70s and 80s exhaust gas cleaning systems were
oxidizing catalytic converters.

The three-way catalytic converter (TWC) in combina-
tion with a lambda sensor has become standard in vehicles
with petrol engines. Due to an enhanced limitation of parti-
cle emissions the introduction of Gasoline Particulate Fil-
ters (GPFs) is on-going process. In the case of diesel en-
gines, Diesel Oxidation Catalyst (DOC) and Diesel Particu-
late Filter (DPF) are standard to fulfil the carbon monoxide
(CO), unburned hydrocarbons (HC) and soot particle limits.
Enhanced NOx emission limitations require technologies
like NSC (NOx trap catalyst) or the Selective Catalytic
Reduction (SCR) technology.

The relevant regulations concerning both the conditions
and operation lifetime, determine effectiveness of action of
each system of exhaust gas purification. Hereby it has to be
considered that these components have to fulfil challenging
durability requirements. The efficient catalyst system op-
eration has to be ensured through the entire life of the vehi-
cle (for example in Europe — 12 years, in USA — 15 years).
Operation lifetime is determined mostly by the design and
installation of all elements, even those that from the view-
point of objectives have additional aims. Such elements can
include e.g. ceramic fibre mats whose function is to fix the
core in the catalytic converter housing [4, 6].

2. Operating conditions of catalytic converters
For designing a robust converter layout it is mandatory
to know the boundaries of the operating conditions. These
are mainly:
— vibration — coming from the engine (high frequency)
and interaction between terrain and vehicle body (low
frequency),

— exhaust gas flow and temperature,
— chemical factors like exhaust gas condensate, ammonia
or urea.

The inclusion of these three groups of factors has the
greatest impact on design and selection of materials used
for individual elements of the catalytic converter [1].

Generally the exhaust system can be divided into a so
called “cold end” and a “hot end”. The cold end comprises
mainly the vehicle underbody pipe routing, silencers and
the tailpipe. The hot end contains mainly exhaust after-
treatment components which are located close to the en-
gine. The exhaust gas temperature up to 1000°C can be
achieved what put high requirements to all materials in this
area, e.g. steel parts, support & insulation materials.

Fig. 1. Location of the exhaust system elements in a passenger car; A —
"hot end", B — "cold end" [4]

High working temperature is one of the main factors
that need to be taken into account while designing the cata-
lytic converter, because it causes the formation of thermal
stresses and changes in the structure of construction materi-
als as well as their surface. Especially important is the heat-
ing-up period of the catalytic converter during which varia-
ble thermal stresses dependent on the heating rate and dif-
ferent characteristic of the materials used to construction of
the catalytic converter are formed. The impact of thermal
stress on components of the catalytic converter associated
with changes in the geometry of the individual segments
cause stresses and decrease of mechanical properties. It can
cause micro- and macro-cracks which occur mostly at the
transition area between heat affected zone (HAZ) of the
weld seam and base material (significant difference in me-
chanical properties). The effect is enlarged by the mechani-
cal vibrations coming from the suspension, the manifold
gas pressure vibrations coming from the respective cylin-
ders of the engine and the vibration of the entire exhaust
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system comes from the irregularities of the surface on
which the vehicle is moving. External vibrations are partial-
ly suppressed by the spring elements and elastic elements
which mount the exhaust system under the car body,
whereas the vibration inside the catalytic converter is sup-
pressed mainly by a support mat. All of the above types of
vibrations in combination with weakened mechanical prop-
erties of the material resulting from the manufacturing
process, can cause the formation of cracks and destruction
of the components of the catalytic converter [2, 5].

The TWC and DOC/DPF-assemblies are mainly located
close to the engine whereas SCR-converters and GPFs are
mainly located in a vehicle underbody position. For future
emission levels these components will also be moved closer
to the engine.

One of the structural components of catalytic converters
which are particularly vulnerable to damage as described
above is the core. Improper selection of support mats can
lead to a shift of the core inside the catalytic converter
housing and at worst case can lead to damage of it. In this
case the appropriate choice of the mat material and the
arrangement of the core in the reactor have a significant
impact on the length of its life [4].

3. Support mats fibres overview

The operating conditions of the support mat used in
production of catalytic converters create specific material
design requirements.

The most frequently used materials to manufacture of

support mats are inorganic synthetic fibres.

The fibres are divided into two groups:

1. Amorphous — mainly used for the production of support
mats:

— Mineral wools — e.g. Alkaline Earth Silicates (AES).
These fibres are used for the production of bio-
soluble intumescent support mat. According to the
regulations, both European and German, these fibres
are classified as 0 i.e. “green fibres”. AES fibres
mainly consist of the following components: CaO,
MgO, SiO,, ZrO,. The maximum allowed applica-
tion temperature for this type of fibres is up to
850°C [1].

— Refractory ceramic fibres (RCF) - belong to the
classification 1B which is classified in Europe as po-
tentially carcinogen. The use of this fibres type is re-
stricted in EU. The chemical composition of RCF is
based on SiO, and Al,O; in proportions around
50:50%. The application temperature limit for this
type of fibre is 1100°C [4].

2. Polycrystalline (PC) — the example of such fibres used
in the production of support mats is:

— Fibre consisting alumina belonging to subgroup ox-
ide fibres. According to EU regulations these fibres
belong to the category O — “green fibres”, while ac-
cording to German regulations these fibres belong to
group 3 -suspected of being carcinogenic. PC fibres
are made mainly of Al,O; (more than 70%) and the
remaining part of SiO,. The maximum permissible
temperature for this type of fibre is 1100°C [4].

Main manufacturing processes for fibres are produced

by two methods (Fig. 2):

1. Melt spinning process — widely used in industry. Mate-
rial from which fibre is produced is melted inductively
in the crucible made of quartz or ceramics. The molten
material is sprayed on a cooled roller rotating at a con-
stant angular velocity. Cooling can take place on one
roller or two rolls rotating in opposite directions. This
method can produce amorphous fibres having a diame-
ter of from 1 to 6 microns.

Fig. 2. Fibres materials used for manufacture of support mats [4]

By use of this method two types of amorphous fibres
can be produced:

— Alkaline Earth Silicates (AES)

— Refractory Ceramic Fibre (RCF)

2. Method sol-gel — is to generate a gel from the colloidal
solution (sol). Very important for this process is that the
last three steps of heat treatment presented in Fig. 3
have to be conducted right after each other.

Fig. 3. Sol-gel process [4]

This method is mainly used for the production of poly-
crystalline fibres; the advantage is very constant and narrow
fibre diameter of approximately 3 micrometres [4].

4. The support mat manufacturing process
Due to the build of the inner structure, the support mats

are divided into three basic types:

1. Needled mat — needle felting method in which mat is
formed in a dry air-lay process and then needled. In the
first step, the bulk material is transformed into a blanket
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of constant thickness through air-lay. Air-lay machines
produce the blanket by disintegrating the fibre bulk with
an air stream and settling it on a rotating drum. After the
needling the felt is heat treated to convert the green sol-
gel fibre into a ceramic fibre. The heat-treated mat is
then cut in pieces and soaked in binder whereby the sur-
plus is removed by a vacuum. After the bonding of the
binder the product is cut into its final shape.

2. Paper mat — the earliest development of support mats.
The paper mat production process starts with mixing fi-
bres, binder raw material and a liquid to obtain a disper-
sion of slurry. The mat is then dried in an oven at mod-
erate temperatures whereby the binder starts to bond the
fibres together. The dried mat is then winded up to a big
roll called jumbo. In case of production of blankets they
are stacked upon each other. In the next step the blan-
kets or jumbo rollers are cut with stamps into the shape
of the final product.

3. Vermiculite mat — intumescing mats incorporate besides
fibres also vermiculite whereby the content of vermicu-
lite can be up to 65% mass. Fibres and vermiculite are
bound together in a binder matrix. To produce intumes-
cent mats vermiculite is added as a fourth component

[4].

5. Support mat choice and layout
Main parameters for the right support mat choice and

layout are:

— Local market regulations concerning fibre type permit-
ted to use for catalytic converter support mat. In the EU
support mat should belong to classification group of 0
i.e. “green fibre”.

— A very important parameter in the selection of the sup-
port mat is operating temperature of the catalytic con-
verter. The choice is dependent not only on the place in
which a catalytic reactor is mounted (near or far from
the engine), but also on the exhaust gas temperature,
which is dependent on the type and method of operation
of the engine used.

— The borders of the mounting density called GBD (Gap
Bulk Density) advised by the supplier.

— Safety factor of the designed support mat plate. It
should be greater than or equal to 1 which means the
system is robust.

= Customer requirements — in many cases customer has
own support mat supplier.

— Support mat costs [4].

The support mat is placed between the catalytic reactor
and the core. The main objective is to maintain the core in a
fixed position and to prevent it from movement.

Based on the parameters mentioned above a layout cal-
culation has to be performed to determine the required
holding force of the mat according to allowed pressure to
avoid destroying the fragile ceramic substrate or the support
mat itself.

Beside the holding function the support mat acts as a
bypass sealing and as an insulation material to keep the low
outer housing surface temperature. The support mats are
used exclusively to ceramic cores (Fig. 4), which are used
as an input to the catalytic converter more often than the

corresponding metal cores. The combination of ceramic
substrate and support mat is good compromise between
component costs and functional aspects.

Fig. 4. Cross-section through a catalytic converter: A — cone, B — support

mat, C — substrate, D — housing [4]

The disadvantage of ceramic cores is their fragile struc-
ture, worse thermal conductivity (longer heating time) and
lower allowable temperature of their operation. For exam-
ple, the TWC reactor operating temperature is in the range
of 400-900°C because in this temperature range the coating
have the best performance from the point of view of the
operation of the catalytic converter [2, 3].

Depending on the core size, holding and surface tem-
perature requirements the support mat thickness can vary.
Therefore different ways of installation are available:

— One layer of the support mat (Fig. 5) — in this method
the support mat is wrapped around the core and then
subjected to a stuffing process. The canning technology
is the most commonly used method.

Fig. 5. Support mat [4]

— Two layers of the support mat — this concept is used in
case of a big support mat gap, e.g. due to enhanced sur-
face temperature or holding requirements or big core di-
ameter i.e. heavy duty applications. Disadvantageous is
the increased handling effort due to the double layer.

— Multi wrapping mat - the process is applied in the case
of a large gap. In the case of a single layer the holding
force is not large enough to maintain the core. This ap-
plies to the support mat where the supplier does not of-
fer a large enough dimension. In this process the core is
wrapped two to four times with the support mat. Such
prepared system is inserted into the steel housing which
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has a constant diameter. This method is used in produc-

tion of cylindrical catalytic converters for trucks [4].

An important issue in the case of the support mat is vi-
bration as well as mechanical and thermal impact of ex-
haust gases that can lead to erosion. Erosion products in the
form of detached fibres of the support mat can lead to par-
tial or complete clogging of the channels of the core. Ero-
sion of the support mat can take form of thin channels, by
which exhaust gases can bypass the core. Any type of mat
mass loss reduces its thickness and lead to changes in the
structure of the mat. It can be a cause of displacement or
damage of the substrate.

Fig. 6. Worm-holing effect by solid non fibrous material in the mat [4]

Proper support mat mounting and compression of it in
the housing is very significant in case of intumescent mats.
When the intumescent mat is compressed not enough the so
called “worm-holing” effect (Fig. 6) can appear.

“Worm-holing” — occurs when lose particles like ver-
miculate in support mat can vibrate and oscillate freely after
mounting the mat in housing.

Those particles damage the mat what cause erosion, less
holding force and danger of not supporting the core proper-
ly. Due to a good progress in support mat design and the
layout process it is possible to ensure reliable and durable
construction in terms of holding function and erosion re-
sistance [4].

6. Summary

The support mat is an important structural component of
the design of aftertreatment systems which ensures a robust
and durable fixation of the ceramic substrate in the exhaust
line. For this reason, the correct choice of support mat ma-
terial and the method of its installation inside the housing
affect the proper functioning of the entire exhaust after-
treatment system. The main function of the support mat in a
catalytic converter is to keep the core in the proper position
and its protection against various types of internal and ex-
ternal damage. According to the modern requirements,
assumed reliability and effectiveness of catalytic converters
is from 10 to 15 years. During this period heat load and
capacity of channels in the core should not be subject to
significant changes. In practice however, the durability of
catalytic converter is dependent on many different structur-
al and operational factors. In this regard one of the most
important elements that are responsible for the proper oper-
ation of the catalytic converter is support mat wrapped
around the core in the housing. Therefore any research and
development related to this topic is appropriate and very
important. There is also a great demand for this research in
the automotive industry.

Nomenclature

AES alcaline earth silicates
CO  carbon monoxide

HC  hydrocarbon
NSC NOx trap catalyst

DPF diesel particulate filter PC  polycrystalline

DOC diesel oxidation catalyst RCF refractory ceramic fiber

GBD gap bulk density SCR selective catalytic reduction

GPF gasoline particulate filter TWC tree-way catalytic converter

HAZ heat affected zone
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The influence of settable parameters of switching gasoline/LLPG on exhaust
toxic emissions

The main objective of the studies shown in the paper was to develop a proper strategy for settable parameters of ECU to decrease total
emission of toxic components in composition of exhaust during a cold start phase. The experimental research has been performed for
engine running at idle and for engine running on the chassis dynamometer (performing European Driving Test NEDC).
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1. Introduction

Increasing air pollution in cities forces to consider every
possible way of its reduction. Although the share of motor
vehicles as a source of particulates PM2.5 to PM10 is small
— less than 10% [5], actions taken by local governments for
limiting vehicular traffic are much easier than remodelling
home heating. Current engines, both self-ignition and
modern spark ignition units, emit solid particles in the
exhaust fumes during the heating phase. While it is true that
methods of purifying exhaust gas from particulates has
been very well developed especially those which are based
on removing particulars of large size by exhaust gas
filtration, but still smaller particles are passed through the
filters. Alternatives to traditional diesel or gasoline fuel
systems are fuel gases like methane gas or propane and
butane mixture [3, 6]. No solid particles are generated when
these gases are burned. However, it should be notated that
those gases are fossil fuels and their reserves are limited.
With 100% usage of LPG will reduce the cycle by cycle
variations within the cylinder and, improves the combustion
characteristics and combustion stability [7].

In the presented paper, the authors focus on heating
phase of a passenger car engine supplied by propane and
butane (LPG) mixture. The aim of the experimental
research was to determine the proper settable parameters of
engine's control unit and their influence on toxic emission.
However, fuel consumption and fuel costs were not a
priority for the control strategy. The adhibition of
particulate matter reducing fuels, according to the authors,
is less expensive than replacing vehicles with new models
with extensive but often failing exhaust systems.

2. Approval requirements for dual fuel gasoline
and LPG supply systems

Emissions of toxic exhaust gas components are tested
for LPG and CNG gas installations intended for vehicles of
class M1 and N1 in accordance with regulation no. 83 of
directive 70/220 / EEC [4]. For the Type I (NEDC) test on a
chassis dynamometer, a reference car is designated. Other
vehicles in which the installation will be implemented must
have many features in common with the reference car.
Measurements start with cold start at 20-30 °C ambient
temperature. The engine of the vehicle adapted for LPG at
the beginning of the test engine is fuelled with gasoline. It

happens in some vehicles that time of engine running on
petrol is extended to ease meeting emissions requirements .
In order to counter this, Regulation 692/2008 requires that
the running time of the petrol engine must not exceed 60
seconds. In this paper authors tried to examine fuel systems
in winter conditions when that time is difficult to reach.
Examinations are being conducted using two reference
fuels of very different composition The properties of fuels
are given in Table 1 [4]. The authors used regular petrol
from petrol station.

3. The settable parameters of supply controller
deciding of fuel switching
The change of combusted fuel occurs in modern
systems automatically on the basis of the measured
thermodynamic parameters in the gas fuel supply system
and the parameters that influence on the flexibility of the
fuel change. Parameters characterizing the state of the gas
in the installation are:
— temperature of evaporator-reducer;
— temperature in the gas fuel rail;
— pressure in the gas fuel rail.
Additional switch decision variables are:
— delay in cutting off gasoline supply;
— the time elapsed since the start of the engine;
— current speed;
— recognition of whether the rotational speed is increasing
or decreasing;
— delay in switching individual cylinders from petrol to

gas.
The parameters listed above represent the majority of all
parameters used in engine control wunit. Although

manufacturers only use some of them. Authors' studies are
focused on evaporator reducer temperature because this
parameter is the most commonly used and has the greatest
influence on the correct change of fuel during heating.

4. Phenomena affecting on proper fuel supply
during heating phase of engine
The most important process while cold starting of
engine with spark ignition, is evaporating of the fuel and
mixing it with air. This process is transient in relation to
changeable air temperature and temperature of engine
walls. In indirect injection engines when the engine is
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warmed up, the evaporation takes place largely on the hot
surface of the intake valve head. In the cold engine this
process is limited. Such evaporation is only possible for
petrol supply because the optimum spray on the valve head
is provided only for petrol injector. In the classic
implementation of the supply system for the evaporated
LPG , calibrated nozzles are screwed into the collector wall

(Fig. 1).

Fig.1. Placement of the gas inlet in the intake manifold: (1A) at an angle in
the Al alloy manifold; (1B) perpendicular to the plastic collector

However, the best place for LPG nozzles is occupied by
a gasoline injector. This creates the need to drive the gas
from the solenoid valve to the nozzles trough the flexible
conduit of thickness from ten to twenty inches. This
solution is accompanied by unfavorable gas supply delays,
bad angle of insertion of the stream into the collector,
excessive distance from the nozzle to the inlet valve.

5. Engine starting temperature

The initial temperature of the engine coolant and the
evaporator reducer, after a long standstill, are equal to the
ambient temperature. At ambient temperature +20°C heat
state of fully-heated engine requires 8 hours to return to its
original state. If the standstill takes less, the liquid
temperature is higher than the ambient temperature. The
temperature drop over time is very dependent on the
environmental conditions. The decrease in coolant
temperature been investigated for standstill in open air
winter conditions. The measurements done by author
showed a significant influence of atmospheric conditions on
the dynamics of liquid cooling (Fig. 2). The strength and
direction of the wind is very important. Lesser is the effect
of air temperature. At low temperatures, the cooling liquid
expedites the heat more quickly to the environment,
especially just after engine shut off because of the
temperature difference. Then the cooling curves are
approaching each other. The temperature drop in moderate
weather conditions (-5 to +3°C) in windless weather is
around 35°C in one hour. At the beginning of cooling about
30 minutes after stopping the temperature drops about
0.7°C min and in the next half hour 0.5°C/min. From Fig. 2
you can conclude that in winter conditions switching from
petrol to gas will be almost instantaneous if the engine stop
is less than an hour and a half. It would take about 6 hours
to reach completely equal level out coolant temperature
with ambient temperature in windless weather.

Fig. 2. Coolant temperature reduction after stopping Honda Accord 2.0
engine

6. The examination of times of fuel switching

During the winter, the engine starts at an unfavourably
low temperature. To test the actual switching times from
gasoline to evaporated gas, a test drive was performed with
the registration of vehicle traffic parameters and operating
parameters of fuel supply systems. The subject of research
was Honda CRV 2.0 passenger car. For cold starts at 0° and
5°, ride on the same routes were recorded. In order to
switch fuels without increased emissions of toxic
compounds, especially hydrocarbons, the control of the
composition of the mixture in the feedback loop must begin
beforehand. The detection of this control was based on the
registration of short-term fuel correction (STFT) included
in the gas supply system. Table 1 lists the times that have
elapsed since the start of the engine to reach the test
condition. Figure 2 shows an example of the registration of
the parameters listed in Table 1.

Table 1. LPG reference fuels [4]

Parameter Unit Fuel for light vehicles testing
fuel A fuel B
Composition:
content C3 % 30 £2 85+2
content C4 % rest rest
content olefin % max. 12 max. 15
total sulphur content mg/kg max. 10 max. 10
Number of motor octane - min. 89 min. 89

Fig. 3. Parameters related to fuel switching
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7. Studies on emissions of toxic compounds during
heating and fuels switching phase

As the main objective of this work is to investigate the
change in the composition of the exhaust gases during the
warm-up phase of the engine, series of cold start tests were
performed. The cumulative emission of different exhaust
components was measured. The subject was a Nissan Micra
1.2 passenger car. In the first stage of research the exhaust
gas composition was measured during cold start phase only
for engine running at idle. The results are shown in Figures
4 and 5.

Fig. 4. Changes in the composition of toxic constituents and oxygen in the
exhaust fumes during warm-up phase for engine at idle

Fig. 5. Changes in the composition of hydrocarbons in the exhaust during
warm-up phase for engine at idle

Fig. 6. Cumulative CO emissions in the fume gases from cold start to fuel
switching moment

A typical phenomenon in the measurement is increased
hydrocarbon emissions and reduced carbon monoxide
emissions immediately just after fuel change. These

elevated hydrocarbon emissions are the result of a lack of
adequate mixing of the gas with low temperature air — are
result of incomplete combustion.

The next stage of the study was the measurements on
the chassis dynamometer during the implementation of the
European type NEDC test. The composition of the exhaust
gas was recorded during heating phase by setting the
temperature of the evaporator reducer before each test as a
decisive parameter for fuel's switch. Table 2 shows the
switching times and total CO, emissions from the
beginning of the test to fuel's switch moment

Fig. 7. Cumulative NOx emissions in the fume gases from cold start to fuel
switching moment

Fig. 8. Cumulative CO, emissions in the fume gases from cold start to fuel
switching moment

Table 2. Running times of processes that determine effective switching of

fuels
Starting temperature 0°C | 5°C
Start-up of closed-loop fuel-air mixture control (STFT) | 63s | 51s
Reaching the temperature of evaporator reducer 25°C 94s | 75s
Switchover of fuels 110s | 84s

Table 3. Parameters related to the process of warming up the LPG supply
system for switching from petrol to LPG — NEDC test

Adjustable petrol/LPG switching 20°C 25°C 30°C
temperature (stand.)

Running time with gasoline 109 s 125 s 164 s
Change of CO emissions from -33% 0 -75%
baseline at 25°C

Change of HC emissions from - 0 —47.4%
baseline at 25°C 12.7%

Change of NOyx emissions from 0% 0 +27.4%
baseline at 25°C

Change of CO, emissions from -2.5% 0 +29%
baseline at 25°C
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Fig. 9. Cumulative HC emissions in the fume gases from cold start to fuel
switching moment

The test assumption was to set fuel switching
temperatures that did not cause engine malfunction during
the test run. The standard temperature has been set
(temperature which is often chosen by installers) and two
other one by five degrees higher and one five degrees lower
than standard temperature. Based on the graphs, it can be
stated that the reducer temperature settings for fuel
switching in the range of 20-25°C do not significantly

change the cumulative emissions of toxic compounds while
engine working on petrol, except for carbon monoxide.
Only increasing the switching temperature of reducer to
30°C results in a significant reduction in emissions
especially of carbon monoxide and hydrocarbons.

8. Conclusions

Differentiated warm-up test of the propane and butane
supply system were performed with a focus on the exhaust
gas composition in this starting engine phase period. It has
been found that the set-point (standard) switching
temperature of reducer is not particularly beneficial due to
the high emissions of carbon monoxide and hydrocarbons.
Increasing the time of engine is running on gasoline result
in reduction of toxic gas emissions and of course increasing
the consumption of gasoline. Only nitric oxide emissions
increase with engine's prolonged petrol working time. At
low ambient temperatures cold start on petrol is
significantly extending. For more general and up-to-date
applications, similar measurements should be made using
the WLTP test [2] for more cars at several starting
temperatures.
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Effect of dodecanol additive on auto-ignition properties of diesel oil
and ethanol blends

In order to increase the possibility of utilizing ethanol to propel the combustion ignition engines, ethanol or methanol blends with
diesel oil or other similar fuels are used. However, ethanol has a low solubility index in diesel fuel especially at low temperatures, which
requires the use of additives to improve this feature. The paper presents the results of comparative tests of the derived cetane number of
diesel fuel blend with ethanol and the addition of dodecanol which is used to improve the miscibility of ethanol with diesel fuel. The
results of tests indicate that the effect of dodecanol additive in blended diesel fuel-ethanol on the auto-ignition properties of such fuel is

negligible.
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1. Introduction

Introduction by the European Union of increasingly re-
strictive standards on toxicity of flue gases emitted by com-
bustion engines necessitates the search for fuels that would
be environmentally friendly and cost-competitive as com-
pared with petroleum-based fuels. Alternative fuels having
been tested in recent years are ethanol and methanol or their
blends with diesel fuel. The following arguments support
the use of alcohols as alternative fuels:

— they come from renewable sources,
— cheap and simple production process,
— possibility of reducing emission of solid particles.

The use of alcohols as a pure fuel for propulsion of
compression ignition engines is not economical because it
requires costly modifications of the propulsion system. In
order to increase the ability of ethanol to propel this type of
engines, ethanol or methanol blends with diesel fuel or
other fuels are used [3]. As an engine fuel, ethanol is char-
acterised by more favourable properties than methanol [10].
Unlike methanol, it is better blended with diesel fuel. Etha-
nol miscibility with diesel fuel is affected by the presence
of water in fuel, even small quantity of which can cause a
separation of blended components.

The use of a blended ethanol-diesel fuel as a fuel for the
propulsion of compression ignition engines has some limi-
tations, including among others lower viscosity compared
to diesel fuel and relatively low stability and ability to
blend with diesel fuel.

One of the additives that improves the stability of diesel
fuel blend with ethanol and improves their miscibility is the
dodecanol. It is characterized by good solubility in both of
these fuels and its volume fraction in the blend may amount
up to 3% [4]. However, it has a low pour point, which can
lead to blend gelling [11].

One of the critical problems in the use of ethanol blends
with diesel fuel is the very low susceptibility of ethanol to
auto-ignition processes [8]. Fuel auto-ignition ability is de-
termined by the cetane number (LC) or derived cetane num-
ber (DCN). The greater the value of these parameters, the

greater the fuel susceptibility for auto-ignition. The following

methods are used to determine the cetane number [9]:

— method consisting in calculating the value of derived
cetane number based on the average value of ignition
delay measured during fuel combustion in a constant
volume combustion chamber,

— spectral analysis in the medium infra-red,

— method consisting in comparing the blends tested with
analogous blends of known cetane number with a use of
a test engine under standard test conditions.

The paper presents the results of the determination of de-
rived cetane number of diesel fuel with different volume
fractions of ethanol and for the same blends with the addi-
tion of dodecanol, which made it possible to determine its
effect on DCN. In order to determine DCN value, the nor-
mative test method consisting in fuel combustion in a con-
stant volume combustion chamber was used [1].

2. Test facility and test methodology

Determination of derived cetane number of diesel fuel
and diesel fuel blend with ethanol with addition of do-
decanol was conducted according to ASTM D7668 stand-
ard. This standard specifies accurately the determination of
derived cetane number during the combustion of fuel in a
constant volume combustion chamber.

CID 510 (Fig.1) was manufactured by Walter Herzog
company by PAC (USA). This device meets the require-
ments of this standard and was used to determine the de-
rived cetane number. In this device, determination of DCN is
based on direct injection of fuel into a constant volume com-
bustion chamber in which synthetic air is being heated. Ac-
cording to the standard procedure, a single measurement step
consists of five initial combustion cycles and fifteen test
cycles. Based on the test cycles, the ignition delay value (ID)
and the combustion delay value (CD) are calculated. Trigger-
ing of the signal that controls the electromagnetic valve of
fuel injector is assumed as the beginning of the auto-ignition
delay period, while the increase of pressure in the combus-
tion chamber over 0.02 MPa relative to the static pressure is
assumed as the end of this period. The time between trigger-
ing of the signal that controls the electromagnetic valve of
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fuel injector and the moment of reaching the half of the pres-
sure increase in the combustion channel relative to initial
pressure in the chamber is assumed as the combustion delay
period. In the method discussed the injection time corre-
sponds to duration of the injector control signal [8].
Determination of DCN value was carried out for seven
samples with different volume fraction of ethanol in diesel
fuel. Dodecanol additive was constant and amounted to 2%.
Contaminated and dehydrated ethanol, the basic character-
istics of which are shown in Table 1 was used for blends.

Table 1. Basic properties of ethyl alcohol [5]

Parameter Value Unit
Alcohol content at 20°C 99.9 %
Density 0.7897 glem’
Esther content <0.2 mg/100 cm®
Methanol content <0.6 mg/100 cm®
letz;tnotmum benzoate 1 ¢/100 dm’
Water content <=0.1 %/ (m/m)
Auto-ignition temperature 425 °C

Diesel oil used for tests could contain in accordance
with the norm up to 7% FAME and up to 200 mg/kg water.

Selected dodecanol parameters are presented in Table 2.
Determination of fuel samples is presented in Table 3.

Table 2. Basic properties of dodecanol [6]

Parameter Value Unit
Density at 16°C 0.9 glem’
Water solubility at 25°C 0.037 g/l
Auto-ignition temperature 275 °C
Ignition temperature at 101.3 kPa pressure 134.8 °C
Melting/freezing point at 101.3 kPa pressure 24 °C
Table 3. Fuels used for auto-ignition tests
L Share % v/v
Fuel determination - -
Diesel oil Ethanol Dodecanol
ON 100 100 0 0
ON+ET 5 95 5 0
ON+ET10 90 10 0
ON+ET15 85 15 0
ON+ET5+D 93 5 2
ON+ET10+D 88 10 2
ON+ET15+D 83 15 2

Fig. 1. Device for determination of derived cetane number CID 510

The prepared blends were stored in closed containers
due to hygroscopicity of ethanol at room temperature of 20
+2°C. Under these conditions, for 5% and 10% ethanol
blends, homogeneous and clear blends were obtained.
Whereas for a sample of 15% ethanol, it was not possible to
obtain a homogeneous blend (Fig. 2).

The remaining samples were prepared by adding 2%
(v/v) of dodecanol, maintaining the assumed ethanol con-
tent (5, 10 and 15%) and thereby reducing the content of
diesel fuel in the sample.

Fig. 2. Diesel fuel blend with 15% volumetric content of ethanol

The use of dodecanol improved miscibility of ethanol
with diesel fuel. For all ethanol contents in diesel fuel a
homogeneous and stable blend was obtained. Figure 3
shows a comparison of diesel fuel with 15% (v/v) ethanol
and 2% (v/v) dodecanol additive (1) and without dodecanol
(2) at 20°C.

Fig. 3. Diesel fuel blend with 15% ethanol content: 1 — with dodecanol, 2 —
without dodecanol additive

As one can see, the use of dodecanol has led to obtain-
ing a homogeneous blend that has also been stable under
conditions that cause the increase of water content in the
sample.

3. Test results and their analysis

The results of determination of DCN for the blends test-
ed. The graph shows that no blend of diesel fuel with etha-
nol, regardless of the fact whether dodecanol was added or
not, has failed to meet the requirements in terms of derived
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cetane number that cannot be less than 51 in accordance
with PN-EN 590 standard. When adding the dodecanol, a
slight increase in DCN may be observed, whereas the big-
gest increase (approx. 1.3%) was observed for blends with
the lowest ethanol content amounting to 5%. Increasing the
volume fraction of ethanol in diesel fuel resulted in a de-
crease in DCN. It has been also observed that with the in-
crease in the volume fraction of ethanol, the effect of do-
decanol additive on DCN decreases.

& ON, B ON+ETS, @ ON+ET5+D, B ON+ET10,
53.1 48.9 49.5 45.9
B ON+ET10+D, M ON+ET15, i ON+ET15+D,
46.3 42.2 423

Derived Cetane Number (DCN)

Type of mixture

Fig. 4. DCN value for the blends tested

Figure 5 shows the results of auto-ignition delay (ID)
for all the blends tested. As one can see, the use of do-
decanol practically did not affect the value of this parame-
ter.

H ON, H ON+ETS5, M ON+ET5+D, @ ON+ET10,
2.9935 3.2502 3.2601 3.4921
H ON+ET10+D, & ON+ET15, & ON+ET15+4D,

3.4802 3.8513 3.8739

Ignition delay (ID) [ms]

Type of mixture
Fig. 5. Auto-ignition delay (ID) values for the blends tested

Figure 6 shows the results of combustion delay (CD)
values. Along with the increase in ethanol volume fractions,
the duration of this period increases and the use of do-
decanol only results in a change of this parameter at the
level not exceeding 1.5%. The biggest differences occur

here, similarly as in the case of DCN, for a 5% ethanol
blend.

H ON+ET10,
5.3085

E ON+ETS+D,
4.8336

H ON+ET5,
4.9026

H ON,
4.478

M ON+ET10+D, ® ON+ET15,
5.2520 6.0155

i ON+ET15+D,
5.9913

Combustion delay (CD) [ms]

Type of mixture

Fig. 6. Combustion delay (CD) values for blends tested

4. Conclusions

Addition of 2% (v/v) of dodecanol to diesel fuel blends
with ethanol practically does not affect the DCN value. As
can be seen from the above, in the applied concentration,
dodecanol is a neutral additive with respect to auto-ignition
properties of fuels.

Along with the increase in ethanol content in the blend
with diesel fuel, the DCN value is being decreased. None of
the tested diesel fuel blends with ethanol met the regulatory
requirements for derived cetane value, which should
amount to 51 according to EN-PN 590 standard. According
to American ASTM D975 standard, the minimum cetane
number is 40 [2]. Therefore, a blend containing up to 15%
of ethanol meets the requirements specified in the above
standard. The World Fuel Charter specifies the require-
ments for five diesel fuel categories from 1-5, for which the
minimum cetane number is 48, 51, 53, 55 and 55, respec-
tively [12]. The conducted tests of cetane number indicate
that diesel fuel with 5% of ethanol meets the cetane number
requirements for 1% category of diesel fuel. In order to al-
low for marketing of this type of fuel it is necessary to use
the additives that would increase the DCN value in such a
way that these blends could meet the current requirements
for fuels for combustion ignition engines or change of regu-
latory requirements to the American model is needed.

The addition of dodecanol to blends of diesel fuel and
dehydrated ethanol improves the miscibility of these fuels.
It may be noticed in particular for higher concentrations of
ethanol (15%) for which when preparing these blends some
difficulties with miscibility and stability of this blend oc-
curred. Already at a relatively high temperature (about
20°C), separation of blend components occurred, which is
also demonstrated by test results presented in the study [7].

Dodecanol improves the miscibility of diesel fuel and
ethanol and, what is important, remains neutral with respect
to auto-ignition properties of these blends.
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The realized concept of variable chemical composition fuel gas supply systems,
for internal combustion engines

The article presents the results of industrial research, of mixer and injection gas supply systems of internal combustion engines, for
fuel gas time-varying chemical composition. The publication presents an innovative injection system working by patent PL 222462, and
obtained operating characteristics of power generators with the implemented system. In addition for comparison, the article presents the
results of research a generator set with implemented an innovative system of the mixing gas fuel supply, with variable chemical composi-

tion.
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1. Introduction

In the era of the rationalization of the use of energy on
strives for the smallest loss of energy at every stage of the
production processes and exploitation activities. This also
applies to the manufacturing processes in which different
types of gases are used, including those that are energy
carriers. For example, gases of this type of are used on a
large scale in industrial processes carried out in the chemi-
cal industry, where a large part of them after utilization is
post-production waste. In many cases, this creates environ-
mental problems, because the waste gases composition is
often very diversified and variable in time. This often does
not allow for their further processing or use in standard
combustion in heating systems. Only in very few cases their
use possible in some systems by mixing the gaseous waste
for example with natural gas. Therefore, waste post-
processing gases, are usually subjected to utilization by
burning flares, which involves not only the energy losses,
but often also with environmental charges for heat and
combustion gas emission.

At the Institute of Automobiles and Internal Combus-
tion Engines there were developed innovative concepts for
the use of various types of post processing gases with vari-
able chemical composition, as fuel for internal combustion
engines, used primarily to drive generators. This is a com-
plex task, especially in the aspect of the need to preserve
the constant speed of engine collaborated with a generator.
In conventional reciprocating gas engines power system, a
sudden change of the chemical composition of the fuel,
which is usually accompanied also by changing of the calo-
rific value of the incoming mixture, means a loss of control
over the system speed and stability, what enables the pro-
cedure to stop the engine operation. These are the reasons
due to which the producers of this type of engines do not
provide for the possibility of their feeding with fuel, whose
chemical composition change significant in a short period
of time. The problem is also the use of fuels of low calorific
value, compared to conventional fuels, such as for example:
natural gas, because the intended parameters of the engine
typically requires, the use of engines of large displacement

and number of cylinders. It follows that, the greater cost of
the investment and less total efficiency of the energy sys-
tem, due to a greater share of mechanical power loss of
engine, relative to its effective power. The other problem
determining the possibility of post-processing gases engine
feeding, are thermodynamic parameters of fuels and their
resistance to detonation. In some industrial processes, par-
ticularly chemical, there are fairly large changes in pressure
and temperature of the reagents, which also has a signifi-
cant effect on the thermodynamic state of waste gases.

All of these features of post-processing gases, constitute
a substantial barrier to their use as fuel for reciprocating
internal combustion engines. Many renowned manufactur-
ers of engines fed with gaseous fuels exclude the possibility
of their exploitation for this type of fuels, and requirements
usually put at first the condition of chemical composition
constant parameters, and thermodynamic state of fuel. For
this reason, concepts of waste fuels supply system devel-
oped at the Cracow University of Technology, proven in
the laboratory and industrial applications, can be innovative
considered.

2. General concepts of engines feeding systems with
post processing gases

Standard gaseous fuel, used to feed the reciprocating in-
ternal combustion engines is usually natural gas. Many
companies offer this type of industrial and traction engines
on the market. Developed in Cracow University of Tech-
nology (CUT) concepts of post processing gas engines
feeding systems, open up a new area of the use of these
fuels for energy purposes. They shall take into account all
of characteristics of these fuels, mainly the variability of
their parameters in short time intervals and in particular: the
chemical composition, the thermodynamic state and re-
sistance to detonation.

The first of the systems was developed for industrial
post-processing gases, from the chemical plant, which are
available at a pressure greater than 3 bars. For this type of
cases, the gas injection supply system was developed. It
consisted of an innovative power and igniter control sys-
tem, which took into account both the nature of the fuel,
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and the volatility of its basic parameters. This system was
subjected to laboratory tests in the CUT, and then had been
verified in industrial research carried out in a pilot installa-
tion, located in one of the “AZOTY S.A.” plants. These
tests, carried out on the post-processing waste gases that
contain a large share of hydrogen, have been launched in
March 2014, and in continuous mode are still carried out.
Power system was patented under the name: "Method to
control regulation parameters in internal combustion engine
with spark ignition Patent: PL 222462 B1-WUP 07/16, of
29.07. 2016.

The second of the developed systems, being in the la-
boratory phase, is designed to feed the reciprocating inter-
nal combustion engines with gaseous fuels, which are
available under the pressure close to ambient pressure. This
group includes a number of flammable gases from industri-
al processes or processes of biological decomposition of
organic substances. Among them may be mentioned e.g.:
biogas, fermentation gas, carbon monoxide, mining gases,
metallurgical blast furnace gas or coke oven gas. Developed
system can be adapted to feed with one of the fuels or a
mixture of gases composed in any proportions.

Total efficiency of engines equipped with developed
control systems, to a large extent depends on the calorific
value of the fuel and its resistance to detonation. It results
among others from the participation of the mechanical
losses in the engine, in relation to the achieved work pa-
rameters for the specific type of fuel.

Both systems have been adapted to engines that drive
generators of electricity, where an extremely important
parameters are to maintain constant speed and quick re-
sponse system to load changing. These parameters are in-
cluded in the relevant industry standards, and their meeting
is a prerequisite for admission of power generators to ser-
vice. Developed control systems meet the above require-
ments, also in the event of substantial changes of parame-
ters of the supplied fuel, among others such as: chemical
composition, calorific value, or resistance to detonation. In
this scope, the created systems provide innovative solu-
tions, which have not been used in products from reputable
companies that producing power generators.

3. The concept of the engines feeding systems witch
post-processing gases

3.1 General assumptions

The first realized task connected with the power of in-
ternal combustion engines with post-processing gases with
changing parameters, was to develop a system that would
allow the use of various types of flammable gases, which
are waste products from chemical processes carried out in
the installation of butanol, isooctanol and aldehydes, locat-
ed in one of the “AZOTY S.A.” plants. According to the
factory specifications, the main component in the offered
combustible gases, was industrial hydrogen, whose volume
share was on average 60 to 90%, then volatile hydrocar-
bons, carbon monoxide and methane, and the whole was
available in the form of mixture with other ingredients. In
practice, the chemical composition of the offered gases,
subject to rapid and significant change, and volume share of
hydrogen often exceeded 90%.

The aim of the research was to develop the engine pow-
er and control system, using this type of fuel and adjust it to
the requirements arising from the regulations allowing
power generators into operation and providing them with
the most favourable working conditions. For this reason, it
became necessary to identify new issues related to engine
cooperation with power generator and also achievement in
research as good as possible, working and ecological pa-
rameters of engine. The study focused on determining the
most favourable energy performance and emission of toxic
components, for an engine running at a constant speed of
1500 rpm under changing load. This type of conditions
corresponds to the work of the internal combustion engine
in the power-plant generator.

Among the control parameters of the tested engine that
had to be matched to the type of tested fuel, were belonged
primarily: ignition timing and the air excess number.

Both of these parameters have a very significant impact
on the process of combustion in the cylinder of the engine,
hence both the value of the obtained energy performance
and emission of toxic components. In addition, they affect
the exhaust gas temperature intensively — directly through
the combustion temperature and indirectly, due to the com-
bustion process. It is important to place and time of heat
release from the fuel. In the case of research this is crucial
due to the raised by engine manufacturer criterion of the
maximum value of exhaust gas temperature. In the case of
the tested engine exhaust gas temperature may not exceed
700 C, due to the thermal strength of the turbocharger (tur-
bine). This is relevant in determining the maximum power
of engine fed with the given type of fuel. In addition, both
the value of the air excess number, and especially the angle
of ignition timing have a close relationship with the occur-
ring phenomenon of the knock. For this reason, for the test
fuel and for each engine operation (load) point, both of
these regulatory parameters were set individually.

In the conducted analyses, three selection criteria of en-
gine regulation parameters were assumed, for which the
engine load was selected, when engine was powered by a
particular fuel:

— max. engine exhaust gas temperature may not exceed

700 C,

— may not be an anomaly in the form of a knocking com-
bustion,

— may not be the phenomenon of reverse flame to the
intake manifold.

During the laboratory tests the value of concentration
of: carbon monoxide (CO), hydrocarbons THC, nitric ox-
ide, carbon dioxide CO, and oxygen O, have been studied
and recorded. In addition, the impact of the test fuel to other
engine parameters such as torque and power, fuel consump-
tion, total efficiency, air excess coefficient and exhaust gas
temperature have been also studied and recorded.

3.2 Research facility

As a laboratory investigation object, a 6-cylinder, su-
percharged MAN E2876 LE302 engine with a displacement
Vs = 12.82 dm® was selected. The engine, which develops
200 kW of effective power, has a spark ignition system in
its factory configuration and is fed with natural gas by use
of air-gas mixer and designed to drive an electric current
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generator. Hydrogen-fuelled engine laboratory tests were
carried out at a special test stand at the Internal Combustion
Engines Chair Laboratory at Cracow University of Tech-
nology.

The choice of this unit was resulted mainly due to the
fact that MAN offered a 12-cylinder engine with the same
geometric cylinder dimensions. Because the research pro-
gram's assumptions envisaged the development of a single-
cylinder power conversion concept, the modular design of
the 6-cylinder and 12-cylinder engine fulfilled the stated
condition. All elements of the developed concept of elec-
tronically controlled post-processing gas injection system
as well as the control system itself were made at the Cra-
cow University of Technology. Equipping of the power
generators supplied by HORUS-Energia with all the elabo-
rated and made elements of the system was made also here.
After these operations, the aggregates were transported to a
specially constructed facility, located in one of the
“AZOTY S.A.” plants. Fig. 1 shows the aggregates in en-
closures during equipping with elements of the system in
front of the Engines Laboratory of Cracow University of
Technology.

Fig. 1. View of the power-generator set while equipping with elements of
the electronically controlled fuel supply system of post-processing gas, in
front of the building of Engines Laboratory of Cracow University of
Technology

3.3 Control system

Practical implementation of the tasks required the de-
sign and construction of a special fuel system with a modu-
lar configuration similar to Common Rail. The gas fuel
feeding system consists of a fuel rail divided into segments
corresponding to the number of cylinders. Each segment is
equipped with two electromagnetically controlled injectors,
which facilitates precise fuel dosage control depending on
engine load. There were used standard commercially avail-
able natural gas injectors that are used in automotive fuel
supply installations. For the purpose of the project, they
were modified by increasing the gaseous fuel flow rate and
calibration was performed next. Each of the injectors was
individually controlled by the control signal, allowing for
individual adjustment of the air excess number in each
cylinder. The ignition system has been significantly modi-
fied, providing the possibility of individually adjusting the
ignition angle in each of the engine cylinders. The value of
the ignition advance angle was dependent on the signals
from the knock sensors, in which each of the cylinders was

equipped. The fuel supply and ignition system of the 6-
cylinder engine are shown in Figure 2 and the 12-cylinder
engine in Figure 3.

Fig. 2. Ignition system and post-process gas fuel supply system
of 6-cylinder engine

Fig. 3. Post-process gas fuel supply system of 12-cylinder engine

Original spark plugs, recommended by MAN during
natural gas supply, were replaced by spark plugs where the
spark channel of spark plug was more put out into the com-
bustion chamber. This change has been made on the basis
of experimental research and has resulted in a significant
improvement of ignition initiation of fuel mixtures. This
change was especially important when the engine was pow-
ered with a very lean air-gas mixture.

At Cracow University of Technology, a special control-
ler was designed and manufactured to control the most
important engine regulation parameters, such as: gaseous
fuel dose, ignition angle, throttle opening, and the value of
air excess number. This programmable engine controller
was developed in LabView. The modular nature of the
power and ignition system enabled the combustion process
to be monitored in each of the cylinders. This was accom-
plished by measuring the exhaust gas temperature, individ-
ually measured by thermocouples, located in the outlet
channel of each cylinder, directly at the exhaust gas outlet
from the cylinder head. The individual measured exhaust
temperature measured uniquely identifies the amount of
heat generated in each cylinder, and is also a diagnostic tool
that informs about combustion disturbances, such as chron-
ic combustion effected by too lean an air-gas mixture, or
misfire. In addition, the controller, in adaptive mode, con-
tinuously cooperated with knock sensors so and thanks to
that it uniquely determined the knock limit for each cylin-
der in all analysed engine operating conditions. This type of
supervision and regulation has allowed for high energy
conversion efficiency in each of the engine cylinders. A
control panel has been built into the control system, the
external view of which is shown in Fig.4.
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Fig. 4. General view of the control panel of the programmable controller

3.4 Operating industrial research

Based on the developed concept of engines injection
feeding with post processing gases, at Cracow University of
Technology was done the project, components of the sys-
tem were made and three engines have been equipped with
them: one 6-cylinder with a nominal power of 200 kW and
two 12-cylinder engines with a nominal power of 400 kW.
The total rated power of three motors prepared for exploita-
tion tests was 1 MW, assuming the supply of natural gas,
while the power output at the other chemical compositions
feeding was respectively lower. The engines, after being
equipped with the developed post-processing fuel supply
system, were connected to the generators and placed in the
HORUS-Energia unit. In such form, the units, marked with
the symbols AK-1, AK-2 and AK-3, were put into opera-
tion in February 2014 in a facility, located in one of the
“AZOTY S.A.” plants. Up to now, engines run continuous-
ly, depending on the supply of gaseous post-processing
fuel, as source of generating electricity and heat. During the
operation a number of studies were conducted, the results
of which confirmed the preliminary assumptions of the
developed concept. Figure 5 shows the aggregates working
in a specially built facility, located in one of the “AZOTY
S.A.” plants.

Fig. 6. Power generators with electronically controlled, post-processing
gas injection system, located in one of the “AZOTY S.A.” plants

Measurements made during the operational tests of the
6-cylinder AK-3 engine showed that in the case of waste

gas fuelling, with hydrogen content of about 60%, it is
possible to obtain 167 kW of apparent power. With respect
to the internal combustion engine of this aggregate, a pre-
dicted cylinder power of about 30 kW was obtained. The
corresponding fuel consumption was about 1 Nm*/kWh.
According to exploitation investigations, such level of per-
formance from the cylinder is only obtainable in the case of
an AK3 engine. However, under standard operating condi-
tions, this unit was able to operate safely with a load of only
140 kW due to the limitations of peripheral equipment. For
AK1 and AK2 engines with 12-cylinder engines under
comparable operating conditions as for the AK3, 260 kW
apparent power was obtained. Similarly to the AK3, under
standard operating conditions, this unit, due to the limita-
tions of peripheral equipment, was able to safely load up to
230 kW.

During the 8-month exploitation tests, the balance sheet
was as follows:

AK1 — 3992 h, energy — 816 MWh, average load — 204 kW
AK2 — 3490 h, energy — 668 MWh, average load — 191 kW
AK3 — 3938 h, power — 470 MWh, average load — 119 kW

This data covers the entire exploitation period, hence
the calculated average load of the individual aggregates is
below the nominal value obtained currently during continu-
ous operation.

The most spectacular effect of the use of high-hydrogen
waste gaseous fuel was to obtain practically zero emissions
of toxic exhaust gas components. Control measurements
made during the operation of the 6-cylinder AK3 engine in
a variable load field fully confirm the pro-ecological use-
fulness of such waste fuels. At the operating point of the
engine, which corresponded at the given exploitation condi-
tions a maximum value of 167 kW, only 0.3% v/v CO, and
59 ppm NO, were found in the exhaust gas. The result was
a combination of both the chemical characteristics of the
fuel used and the way in which the mixture composition
and engine power were controlled. The nominal 1MW
power of three aggregates was determined by natural gas
and so a fuel with high knock resistance and a calorific
value of about 36 MJ/Nm’. The operating parameters
achieved by the engine depend obviously on the character-
istics of fuel that power the engine. The fuel with hydrogen
volumetric share of about 94% (by chromatographic analy-
sis) has a calorific value of about 11 MJ/Nm®. The AK3
generator of 200 kW rated power fed with this fuel has an
apparent power of 167 kW and an active power of 162 kW
with gas consumption of 44.6 m’/h, which gives 165.5
Nm?/h. The energy stream in this fuel is 506 kW, so the
efficiency of electricity generation is 0.33.

The obvious effect is also the extremely low carbon di-
oxide emissions per unit of produced energy. On average,
over a period of supervised operation of the aggregates, a
value of slightly over 25 kg CO, per 1| MWh of produced
energy was obtained, which is an incomparably less, than
the emission achieved in electricity generated by coal-fired
power plants, which can be as high as 1000 kg of CO, per 1
MWh. This extremely beneficial effect results from feeding
the aggregates with fuel of high hydrogen volumetric share
and very low carbon share, which is a characteristic feature
of used waste post processing fuels.
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The obtained engine working parameters, should be
considered to be a great achievement on scientific, technical
and economic scale if the properties of the fuel are taken
into account. This system as so far has been working well
correctly with very high variability of fuel composition and
does not cause exploitation problems which positively pays
for its further industrial applications.

3.5. Operational verification investigations during coke
oven gas feeding

An additional element of verification of the innovative
concept of the engines gas fuel supply systems, in which
engine parameters adapts to the fuel properties was to carry
out a coke oven gas feeding test. It is a gaseous fuel with a
limited range of application for feeding engines mainly due
to its physicochemical properties and constant impurities.
In the conducted research at the “AZOTY S.A.” plants, the
coke oven gas was derived from the factory network and
before being supplied to the engine was dried and cleaned
in the installation developed by WT & T company.

Measurements made on an AK-3 engine equipped with
a 6-cylinder engine. When powering the engine with coke
oven gas with a hydrogen content of 50-60%, it was possi-
ble to obtain apparent power up to 202 kVA, which corre-
sponded to the designed cylinder power at 35 kW. The
corresponding unit consumption of fuel was about 0.6
Nm*/kWh, corresponding to 33% efficiency of electricity
generation. Performance tests were carried out over a peri-
od of 100 hours, while in continuous operation the aggre-
gate was loaded at approximately 50% of the maximum
value obtained in the measurements, which resulted from
the constraints of the systems collaborating with the engine.
On the basis of the measurements and results of earlier
work, it can be predicted that under normal operating con-
ditions, the aggregate can be safely loaded up to approxi-
mately 140 kW, due to the limitations of peripheral equip-
ment. The significant effect of coke oven gas application is
the very low emission of exhaust gas toxic components
(Table 1).

Table 1. Selected values of concentration of exhaust gas components,
during coke oven gas engine fuelling

Volumetric concentration of exhaust gas components
(fuel — coke oven gas)

No. Neffecl Ne]eclr CO C02 HC 02 Nox A
(kW] | [kW] | [%] | [%] | [ppm] | [%] | [ppm]

1. 200 196 | 0.02 | 4.4 6 9.2 139 1.70

2. 183 181 | 0.02 | 44 6 9.0 137 1.70

3. 162 160 | 0.02 | 4.4 7 9.1 130 1.70

4. 145 142 | 0.02 | 4.4 7 9.1 123 1.70

124 122 | 0.02 | 4.4 7 9.1 138 1.70

6. 103 102 1 0.03 | 43 8 9.2 134 1.70

Control measurements made during operation of the
AK3 aggregate in variable field of load, fully confirm the
pro-ecological usefulness this type of fuel. At the operating
point of the engine, which corresponded to the maximum
operating conditions of 200 kW, only 0.02% v/v CO, 4.4%
v/v CO,, 6 ppm HC and 139 ppm NO, were found in the

exhaust gas. Almost identical results were recorded during
engine operation in a 100-hour exploitation cycle. The
result was a combination of the chemical characteristics of
the fuel that was used, and the way in which the mixture
composition, and engine power were controlled.

Studies have also shown that the use of coke oven gas
as a fuel for generation of electricity has very good results
in reducing carbon dioxide emissions per unit of produced
energy. In this field, 677 kg CO, per | MWh of generated
energy was obtained, while the value of this indicator for
coal-fired power plants can be up to 1000 kg CO, per 1
MWh.

Verification studies have fully confirmed the design and
operational features of the developed power and control
concept, especially considering the "fuel flexibility" of the
generating set, which can equally well be powered by natu-
ral gas, coke gas and postprocess gas. The obtained indica-
tors for the tested cogeneration unit should be considered to
be a significant achievement.

4. The concept of the gas fuelling mixer system

A large number of flammable gases are available in the
economy, available at pressure close to ambient pressure.
Preparing these gases for use in the above-mentioned injec-
tion power system requires compressing them to the re-
quired pressure of about 3 bars, which is not cost-effective
and rationally justified from the point of view of the effi-
ciency of the whole power system. Therefore in the Cracow
University of Technology in cooperation with HORUS-
Energia firm, an innovative, electronically controlled mix-
ing system of various types of gaseous fuels, for powering
the reciprocating combustion engines was developed. This
system is currently undergoing laboratory testing, and the
concept itself is being prepared to patent pending.

The study was conducted on the same type of 6-cylinder
engine that was subjected to extensive laboratory testing
during development of the injection fuelling concept de-
scribed above. This makes it possible to compare both the
concepts of power systems and the control of important
engine parameters.

The developed electronically controlled mixer system
has similar utility features and has a similar control system
as the mentioned injection power system. In addition, it has
the ability to simultaneous feed the engine with fuels of
different physic-chemical characteristics and derived from
different sources. It is very important possibility to attach
another fuel with other properties to the feeding system
without necessity to stop the engine. The developed concept
has been adapted for engines that work with electric genera-
tors that maintain the condition of steady rotational speed
and a fast response of the system to load change. These
parameters are included in the relevant industry standards
and their fulfilment is a condition for the admission of gen-
erators to operation.

Figure 6 shows the test stand at HORUS-Energia firm
where the response of the developed control system to the
rapid change of engine load parameters or to the change in
the engine mixture parameters was investigated. The evalu-
ated effect was the change of electrical quantities that char-
acterize the operation of the generator.
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Fig. 6. View of a part of a laboratory test stand with a electric current
generator — Horus Energia

In the choice of fuel for combustion engines, the prob-
lem is often too low calorific value of fuel because in such
cases a high share of engine power losses relative to its
effective power results in a reduction of the total efficiency
of the power generator unit. Therefore the concept of the
system provides for the possibility of co-fuelling and co-
firing of fuels with very different calorific values or very
different knock resistance. In this range a study of the de-
veloped concept has been carried out to investigate the
acceptable calorific values of the supplied gas at which the
generator engine is able to operate properly.

In laboratory tests, the following gaseous fuels were se-
lected:

— natural gas with carbon dioxide,
— natural gas with propane,

propane with acetylene.

In the first phase of laboratory tests, the minimum calo-
rific value of gas which guarantees stable engine operation
was determined. The studies were conducted for natural gas
mixtures with carbon dioxide with different proportions of
these components, resulting in different fuel calorific val-
ues. The ability of the control system to match the engine's
control parameters to the changing calorific value was ex-
amined.

The next phase of research concerned the so-called high
calorific gases, composed for research purposes in different
proportions from natural gas and propane. This part of the
study was designed to investigate the limitations associated
with the thermal load of the engine components, including
mainly turbocharger.

The aggregate reaction to gaseous fuels with different
knocking tendencies was also investigated. At this stage of
the study, a mixture of technical propane and acetylene was
used, i.e. an unsaturated hydrocarbon with a very high ten-
dency to knock. In this case, the tests were carried out when
the engine was fed with a mixture of these different acety-
lene gases to determine the reaction of the developed con-
trol system to change of the value of octane (methane)
number of the fuel, which was used.

The main objective of the described laboratory tests was
to determine the limits of the parameters of the fuel used
which would be accepted by the developed electronic con-
trol system, and also meet all the conditions permitting the
fuel to be supplied to the combustion engine.

To determine the dynamic characteristics of aggregate
during the load change (which is one of the main evaluation
parameters of the fuel supply system quality), only one

electric current phase of the generator has been recorded
during methane powering. Therefore, to determine the am-
plitude and frequency, it was necessary to reproduce artifi-
cially the voltages of the remaining phases and, in principle,
the second voltage vector. This was possible with the as-
sumption of symmetry of phase voltages. An example of
the characteristics of the change in the electrical parameters
produced in an aggregate equipped with the described pow-
er and control system, during a rapid increase in the genera-
tor load from 30 to 110 kW, is presented in Fig. 7.

Fig. 7. Changes in generator current parameters with load increase:
30-110 kW

The graph shows that within about 4 seconds after the
change of load the basic electrical parameters of the aggre-
gate returned to nominal values. Accordingly, it can be
estimated that the developed concept meets the require-
ments for such generators. Many of these characteristics
were made during the change (increase or decrease) of the
load, and also during the change of fuel parameters such as
calorific value, octane (methane) number or change of
thermodynamic parameters. The results of this type of
measurement have fully confirmed the usefulness of the
developed concept of electronically controlled mixing sys-
tem of fuelling of reciprocating internal combustion engines
with various types of gaseous fuels.

The developed concept can be intended to feed internal
combustion engines with all types of gaseous fuels that are
available at pressures close to ambient pressure. In practice,
this group includes numerous flammable gases from indus-
trial processes or biological decomposition processes.
Among them can be mentioned e.g. biogas, fermentation
gases, carbon monoxide, mining gas, metallurgical blast
furnace gas or coke oven gas. An important feature of the
developed concept is the possibility of supplying the engine
with one of the mentioned fuels or a mixture of gases, cre-
ated in any proportions.

5. Conclusions
The concepts of innovative power supply and control
systems for internal combustion engines, developed in the
Cracow University of Technology and in HORUS-Energia
firm, designed for use on various types of gaseous fuels,
have been made and put into operation. The experience
gained during laboratory testing and industrial verification
of these concepts allow us to formulate the following key
findings:
1. Laboratory tests and industrial verification tests have
demonstrated the usefulness of the developed concepts
of power supply and control systems for internal com-
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bustion engines designed for operation on various types
of gaseous fuels for energetics purposes.

The developed concepts are highly flexible in relation to
the fuels that are used and at the same time ensure their
best energetic utilisation thanks to the system of current
analysis and optimization of the most important engine
parameters. Modern technical and programmatic tools
are used to create a new quality in the discipline related
to the design and operation of internal combustion en-
gines.

The results of laboratory tests have shown that it is
possible to significant extend the types and kind of gas-
eous fuels that can successfully be used to feed the in-
ternal combustion engines.

Proper operation of reciprocating engines for different
types of gaseous fuels is the result of adopting and ap-
plying technical solution much more modern than the
feeding and control systems used so far.

Much attention was paid to the selection of regulatory
parameters including such ones as the ignition advance
angle and the air excess number, resulting in favourable

operating and ecological indicators of the engine when
fuelled with different fuels.

The results of the research allowed defining the strategy
of fuel supply and control of engine parameters, deter-
mining limit values of physic-chemical properties of
applied fuels which can be accepted from the point of
view of the correct operation of the engine and values of
ecological parameters.

The obtained scientific and cognitive effects as well as
the positive effects of industrial verification tests indi-
cate the existing development potential and the need to
seek new concepts of development work in the field of
energetics. This type of work meets the postulates of
sustainable development which in the energy sector
concern mainly rationalizing of energy consumption by
reducing losses. In the case of the conducted works the
most important result is the energetic utilisation of vari-
ous types of energy sources in the form of gaseous post-
process fuels which have been so far in large part un-
productively lost.
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Effect of the boost pressure on basic operating parameters, exhaust emissions
and combustion parameters in a dual-fuel compression ignition engine

The dual-fuel engine enables application of various fuels. One of such fuels is propane or its mixture with butane (LPG). Application
of such fuels results in reduction of engine operation costs. The paper presents effect of application of such fuel in a turbocharged dual-
fuel engine on basic operating parameters, exhaust emissions and basic combustion parameters. Test results in the form of load
characteristics for various boost ratios obtained for dual-fuel engine were compared to corresponding results obtained for conventional
engine operating on diesel fuel only. The obtained results indicate that it is possible a dual-fuel operation with the propane energy share

of 70% for maximum engine loads.

Key words: dual-fuel engine, propane, turbocharging, combustion process, exhaust emission

1. Introduction

For many years in the Department of Automobiles and
Internal Combustion Engines there are carried out investi-
gations on dual-fuel compression ignition engine operating
on various fuels (methanol, ethanol, LPG, propane and
natural gas) [3, 6, 8, 9]. The majority of tests has been done
on an naturally aspirated engine. Because the nowadays
applied engines are mostly turbocharged compression igni-
tion engines, authors have made an attempt to analyses the
effect of boost pressure on basic parameters describing
engine operation and combustion processes.

The tests have been carried out on a comprehensively
equipped AVL test stand consisted of:

— single-cylinder compression ignition engine, Tab. 1.
— measurement system for basic operating parameters,
— boost system,

— system for exhaust gas analysis,

— system for combustion parameters registration.

The applied test equipment conforms the following reg-
ulations: Directive 1999/96/EC of the European Parliament
and of the Council of 13 December 1999, Regulation (EC)
No 715/2007 of the European Parliament and of the Coun-
cil of 20 June 2007 and Commission Regulation (EC) No
692/2008 of 18 July 2008.

Table 1. Main specifications of the AVL 5402 engine

Number of cylinders 1

Bore 85.01 mm
Stroke 90.00 mm
Displacement 511.00 cm’
Combustion type Compression ignition
Valve system 4 valves

Valve overlap 60 deg

Compression ratio 17.5
Fuelling system Common rail system

Maximum effective power, without 6 kW
supercharging

Maximum effective power, with super- 16 kW
charging

Rated engine speed 4200 rpm
Iniection pressure 180 MPa

To realize the task formulated in the title of this paper,
the engine fuelling system has been modified in such a way

to make possible a delivery of gaseous fuel into the intake
manifold in a precisely controlled way (in both aspects:
amount of fuel dose and correlation between the injection
time and timing). The gaseous fuel used in the tests was
propane. A schematic diagram of the modified fuelling
system is presented in Fig. 1b.

b)

Fig. 1. a) General view of the AVL test bed, b) method of propane delivery
into the engine

2. Investigation procedure

Commercial solutions based on dual-fuel compression
ignition engines operating on gaseous fuels are more and
more popular. Due to its well organized distribution net-
work, LPG fuel is often applied in such solutions. The pri-
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mary factor affecting interest in such solution is a competi-

tive price of LPG compared to diesel fuel. The known and

not yet very often applied solutions come down to a low

LPG energy share (at the loads close to maximum ones, the

LPG energy share does not exceed 30% of the total energy

amount delivered by two fuels DF + LPG). Such a low

energy share of LPG fuel arises from fear of unexpected
negative results like: increase of maximum combustion
pressure and increase of maximum and mean values of
pressure rise rates [6]. These, generally, simple commercial
solutions do not take into account the aspect of exhaust gas
composition and changes in thermal and overall efficien-
cies. Commercial solutions do not apply results of investi-
gations on the selection of diesel fuel dose injection param-
eters, particularly in modern solution where that dose is
divided. Investigation from this field have been carried out
in the Department of Automobiles and Internal Combustion

Engines. The obtained results have been presented in [9].
The paper presents results of investigation on the effect

of the boost pressure on basic operating parameters as well

as the main exhaust emissions of a dual-fuel compression
ignition engine. In each case, the obtained results have been
compared to the corresponding results obtained for the
standard version of the compression ignition engine operat-
ing on diesel fuel only.

The investigation procedure is based on the following
assumptions:

— tests were carried out under conditions for load charac-
teristic preparation at the constant engine speed n =
1200 rpm for both engine versions (standard operation
on diesel fuel and dual-fuel operation on diesel fuel and
propane),

— the air excess ratios (total in the case of dual-fuel opera-
tion) are comparable at each load point for both engine
versions,

— energy share of diesel fuel versus the total energy of
both fuels was from the range 25-30% (depending on
the boost pressure from the range 0—400 mbar respec-
tively) in conditions of maximum load,

— limitation of the maximum engine torque (maximum
engine load) results from a limitation of the established
maximum rate of pressure rise (dp/da) < 10-12 bar/CA,
what has been recognized as a safe limit regarding the
risk of knocking combustion,

— the boost pressure for both engine versions was equal to
0, 200, 400 mbar,

— standard adjustment of diesel fuel injection parameters
in the case of conventionally operating engine for vari-
ous engine load T [Nm],

— standard adjustment of injection timing of diesel fuel
pilot and main doses in the case of dual-fuel operating
engine for various engine load T [Nm],

— variable adjustment of the end of injection of the main
diesel fuel dose in the case of dual-fuel operating
(shortening of the time of injection aimed at a reduction
of its quantity with an increase of the propane dose
quantity).

3. Results of investigation on the effect of the boost
pressure on the thermal and overall efficiencies
and the achieved torque for investigated engine
versions
Keeping the established and described in the 2nd para-

graph assumptions, there were prepared load characteristics

of thermal and overall efficiencies at the constant engine

speed n = 1200 rpm. The results are presented in Fig. 2.

Analysis of thermal efficiency characteristics obtained for

dual-fuel and conventionally operating engines indicates that

thermal efficiency of dual-fuel engine is slightly lower for all
boost pressure values and engine loads. It is worth to notice,
that this unfavorable difference decreases with the engine
load. At the maximum load, this difference is very low and
do not exceed 1% (at the minimum load reaching 5%). Simi-
lar trends are observed in the case of engine overall efficien-
cy characteristics. Registered load characteristics of propane
concentration in the exhaust gas of dual-fuel engine may be
helpful in the interpretation of such trends (Fig. 4).
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Fig. 2. Load characteristics of thermal efficiency for investigated engine versions
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Fig. 3. Load characteristics of overall efficiency for investigated engine versions
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Analysis of propane concentration in the exhaust gas
leads to the following observation: propane concentration in
the exhaust gas increases with load, reaches maximum at
ca. 70% of the maximum load and then decreases. It should
be noticed that the presence of propane in the exhaust gas
results from fuel escape during the valve overlap as well as
form the effect of incomplete combustion of this fuel
(mainly in the area outside the diesel fuel spray for partial
loads when the lean air-propane mixture does not undergo
combustion). Increase of propane concentration in the ex-
haust gas of dual-fuel engine with load up to ca. 70% of the
maximum load results from an occurrence of both de-
scribed above phenomena. Slowing down this process for
loads higher than 70% of the maximum load results from
propane escape during the valve overlap period and better
combustion with reaching the air-propane mixture (reduc-

tion of the incomplete combustion) [8]. The results present-
ed in Fig. 4 allow to state that the dual-fuel engine reaches
the same maximum torque as the engine operating in the
conventional way for all applied boost pressures.

4. Results of investigation on the effect of boost
pressure on some exhaust emissions from both
investigated engine operating modes
The following emissions have been registered during

preparation of load characteristics for both investigated

engine operating modes for various boost pressures:

— unburned propane C;Hg,

— particulate matter PM,

nitrogen oxides NOy,

non-methane hydrocarbons NMHC.

The results are presented in Figs 4, 5, 6 and 7 respectively.
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Fig. 4. Load characteristics of unburned propane (C3HS8) concentration in the exhaust gas for both investigated engine operating modes
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Analysis of characteristics presented in Figs 4, 5, 6 and

7 leads to the following remarks:

p max [bar]

dp/da[bar/deg]

presence of propane in the exhaust gas results from
imposing of two phenomena: escape of a part of the
propane charge into the exhaust manifold during the
valve overlap and incomplete combustion of the air-
propane mixture. Clarification of the course of propane
concentration characteristic is described in the 3™ para-
graph concerning overall and thermal efficiencies of
both investigated engine operating modes,

nitrogen oxides emission from dual-fuel engine is com-
parable with emission from conventionally operating
engine in the range of low load for all applied boost
pressures. In the range of load close to the maximum
ones, a visible increase of this emission is observed
from dual-fuel engine compared with the standard en-
gine version. It results from higher obtained maximum
pressures and thus higher combustion temperatures in
dual-fuel engine in this range of load,

non-methane hydrocarbons emission from dual-fuel
engine is visibly higher than from conventionally oper-
ating engine in the whole range of load and for all ap-
plied boost pressures. It seems that increase of non-
methane hydrocarbons emission from dual-fuel engine
results mainly from the fact that diesel fuel combustion
deteriorates. It should be remembered that the access to
air is reduced when a diesel fuel charge in being inject-
ed into the air-propane mixture in this engine version.
the observed increase of smoke emission from conven-
tionally operating engine in proportion to the engine
load is an effect well known and described in the litera-
ture [1, 3, 4]. Dual fuel operation, particularly in the
case of considerable share of gaseous fuel should be
characterized by visible reduction of that emission, what
has been confirmed in many tests and has been observed
for the investigated engine version but only without tur-
bocharging (boost pressure equal to 0 mbar) and at the

boost pressure of 200 mbar. The described differences
in favour of dual-fuel engine are not observed just for
the boost pressure of 400 mbar, whereas at maximum
loads particulate matter emission from that engine is
visibly higher than from conventionally operating en-
gine. This may be explained referring to the phenome-
non of pyrolysis. Probably, a considerable part of emit-
ted particulate matter originates from the main diesel
fuel charge injected into that part of the combustion
chamber where combustion process is advanced. Inject-
ed diesel fuel particles are in the area with significantly
reduced oxygen concentration as a result of combustion
initiated by the pilot fuel dose as well as in effect of
riching the air-gaseous fuel mixture with engine load.
Diesel fuel particles injected in such conditions undergo
coking and soot formation as a result of pyrolysis of hy-
drocarbons. In an injection system of the common rail
type, the phenomenon favoring formation of particulate
matter may be reduced mainly by delaying the start of
injection of the main fuel charge. It will allow mixing
the fuel charge in the combustion chamber, thus, better
access to air. Moreover, significant delay of the start of
injection of the main fuel charge will cause that the
combustion chamber pressure in the moment of injec-
tion will be lower what, in effect, may result in better
spraying and, in this way, better oxidation.

Results of investigation on the effect of boost
pressure on basic operating parameters for both
investigated engine operating modes

During preparation of load characteristics for both in-

vestigated engine operating modes there were registered
combustion pressure courses for the applied boost pressures
(Fig. 7). The registered courses served to calculate variabil-
ity of maximum rate of pressure rise (dP/da).x. (Fig. 8)
and crank angle position at burning-out 50% of the fuel
charge (Fig. 9).
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Fig. 11. Load characteristics of crank angle position at the start of combustion (C.A., BTDC) for both investigated engine operating modes

Analysis of maximum combustion pressure courses for
both investigated engine operating modes indicates that in the
range of partial loads, values of this parameter are comparable
for all boost pressure values. In the range of loads close to the
maximum ones values of this parameter are higher for dual-
fuel operation. This is a result of higher rate of pressure rise in
dual-fuel engine (particularly visible in the range of maximum
loads, Fig. 8). This phenomenon leads to earlier burning-out
50% of the fuel charge (Fig. 9) at the crank angle position
close to TDC. Therefore, intensive combustion occurs in small
volume of the chamber and results in the observed increase of
maximum combustion pressure. The observed phenomenon
suggests that a different regulation of diesel fuel injection
parameters should be applied in dual-fuel engine than in con-
ventionally operating engine [2, 5, 7, 9—12]. Additionally, a
proper selection of such regulation is justified by the fact that
there are differences between ignition delay times and related
to this — crank angle position at the start of combustion, what
can be seen in Fig. 10.

6. Summary
Turbocharged dual-fuel engine compared to conven-
tionally operating engine is characterized by:
— comparable obtained torque for all applied boost pres-
sure values,

— slightly reduced value of overall efficiency for all ap-
plied boost pressure values,

— reduced particulate matter PM emission for lower boost
pressure values and comparable emission for higher
boost pressure values 400 mbar,

— increased nitrogen oxides NO, emission for all applied
boost pressure values,

— increased non-methane hydrocarbons NMHC emission
for all applied boost pressure values,

— visibly increased maximum rates of pressure rise in the
combustion process in the range of loads close to the
maximum ones for all applied boost pressure values,

— 20-25% increase of maximum combustion pressure in
the range of maximum loads for all applied boost pres-
sure values.

The observed relationships have been obtained at 70%-—
75% energy share of propane in total energy amount deliv-
ered by both fuels. Some improvement, i.e. reduction of
maximum pressures and in effect — maximum temperatures
in the combustion process may be obtained introducing a
change in diesel fuel injection parameters, what should
result in reduction of nitrogen oxides NO, emission from
dual-fuel engine.

Nomenclature

CI compression ignition
LPG liquified petrolum gas
DF  diesel fuel

TDC top dead center
SOC start of combustion
MBF mass burned fraction
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Analysis of creation and combustion process of hydrogen-air mixtures by optical
method in isochoric chamber

The article considers the analysis of combustion process of hydrogen-air mixture of variable composition. Direct injection of
hydrogen into the isochoric combustion chamber was applied and the mixture formation took place during the combustion process. The
influence of the dose distribution of the fuel supplied before and after ignition on the formation of the flame front and the course of the
pressure in the isochoric combustion chamber was discussed. The filming process and registration of pressure in the isochoric chamber

during research of combustion process was applied.

Key words: hydrogen-air mixture, isochoric combustion chamber, registration of pressure, filming of combustion process

1. Introduction

The use of hydrogen as fuel in spark-ignition engines is
becoming more and more up to date due to the ecological
aspects of automotive industry. The combustion product of
the hydrogen-air mixture is only water vapour and nitrogen
oxides, which emerge under high loads and usage of poor
mixture. The availability of hydrogen as an energy carrier is
also not overestimated. In the case of hydrogen is supplied
into the intake duct, hydrogen-powered engines feature
lower specific power output compared to gasoline-powered
engines. The reason for this is the reduction of the filling
factor, due to the high volume of hydrogen in the mixture
because the stoichiometric constant is 2.38 [Nm3/Nm3].
Combustion anomalies may also take place during engine
power supply, and there is also a risk of uncontrolled igni-
tion in the intake duct, as the mixture with such composi-
tion has explosive characteristics. The mixture formed in
the intake channel, during the filling and compressing pro-
cess, is heated from the valves and from the cylinder walls
and undergoes a strong swirl. These phenomena lead to
increased internal and kinetic energy of hydrogen-air mix-
ture which promotes self-ignition.

These problems can be solved by feeding hydrogen di-
rectly to the engine combustion chamber by means of an
injector. The authors of the article formulated thesis that
using a very high diffusion coefficient of hydrogen can
initiate the ignition of the mixture by spark discharge of
spark plug at the end of the injection process. Reducing the
formation time reduces the degree of advancement of pre-
ignition reactions in front of the flame front, reducing the
risk of combustion anomalies. During the initial motor
tests, it became apparent that it is possible to form the pres-
sure wave in the engine working space due to the desired
pressure increase values dp/da. This effect depends on the
initiation of ignition of part of the fuel dose, with respect to
the rest of the dose delivered continuously during the com-
bustion process. Also in this case, it was possible to regu-
late the engine power quantitatively and qualitatively due to
the wide range of ignition of the hydrogen-air mixture.

Authors have conducted preliminary research in an iso-
choric chamber with the ability to record high quality pic-
tures in high speed of frame rates and check pressure

changes during the process of hydrogen-air mixture for-
mation and combustion. The purpose of the study was to
analyse the process of hydrogen-air mixture building and
flame spreading depending on the method of distribution of
the hydrogen dose and the initiation of combustion.

2. Method of research

The fixed volume chamber with the possibility of light-
ing and filming of its interior was used during research
investigation. A pressure transducer for fast-change meas-
urements was installed in the chamber. In addition, two
manually operated valves were used to fill the chamber
with air and to empty it from the exhaust. It provided the
possibility of purging the chamber after each combustion
cycle. In order to deliver fuel to the chamber, a standard
high pressure gasoline injector was used. A spark plug was
mounted into the chamber. The control system of fuel injec-
tion, ignition, pressure recording and camera was based on
a specially written program in LabVIEW environment.
Figure 1 shows test bench, which the main object is a suita-
bly equipped fixed-volume chamber, where the assumed
combustion of the hydrogen-air mixture was realized.

Fig. 1. Test bench with isochoric combustion chamber

Schematic diagram of a constant-volume chamber with
measurement systems: video footage, control of hydrogen
supply and ignition system is presented in the Fig. 2.
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Fig. 2. Schematic diagram of the test bench

First, the amount of hydrogen supplied to the isochoric
chamber was determined in one cycle. The amount of hy-
drogen injected per cycle was calculated using the gas state
equation based on pressure variations in the chamber during
one injection at a predetermined time. Hydrogen injection
was applied to a chamber pre-filled with air at a pressure of
0.9 MPa. The injector was powered by hydrogen at a pres-
sure of 5 MPa. Then the minimum dose of hydrogen inject-
ed into the test chamber was determined, which could be
repeatedly initiated by the ignition spark. The research
chamber was equipped with two glass windows in one axis.
One window was used to illuminate the interior of the
chamber and the second was to record the combustion in
the chamber. Both windows are round and have a diameter
of 79.5 mm. The injector and spark plug were mounted in

axes perpendicular to the optical axis of the chamber. The
injector and the spark plug were a short distance from each
other. The injector was installed so that the output gas
flowed almost tangentially to the chamber wall, which
facilitated the swirling of the charge. As an illuminator, the
LED matrix was used. Such a matrix illuminated the entire
interior of the chamber evenly. A PHANTOM v 1611 cam-
era with infrared filter lens was used for filming. The reso-
lution of the camera's matrix was 768 x 768 pixels, the
frame rate was 20000 and the exposure was 1 ps. Camera
was equipped by lens type Macro Planar 100 mm /2 with
infrared filter from firm Carl Zeiss. The pressure measure-
ment system in the chamber was by the OPTRAND pres-
sure switch, model D21283-Q equipped. Pressure meas-
urement was done at frequency 20 kHz. Pressure and image
recording, fuel injection and ignition angle were synchro-
nized. Such type of synchronization allows assigning a
pressure value to a specific frame of the movie in the time.

3. Investigation of hydrogen-air mixtures
combustion

In the chamber pre-filled with air at a pressure of 0.9
MPa, a hydrogen dose corresponding to a global air factor
of A = 1.8 was injected for an injection time of 65 ms and
combustion and pressure profiles were recorded. Burning
was initiated when the injector was closed. The course of
pressure changes in the chamber is shown in Fig. 3.

Fig. 3a. Photo of the combustion process and the pressure course with the marked pressure value. 3 ms after the combustion initiation

Fig. 3b. Photo of the combustion process and the pressure course with the marked pressure value 4 ms after the combustion initiation
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Selected photographs show the stages of combustion
evolution. The blue line represents the pressure in the iso-
choric chamber, the green line control signal of the ignition
system, and the red line control signal of the injector. The
combustion firing initiation corresponds to the moment of
the falling edge of the control signal in the ignition system
and the high level of the injection control signal corre-
sponds to the opening of the injector.

Then an identical amount of hydrogen was supplied to
the chamber, but the combustion initiation was followed
during the fuel injection process and the fuel injection was
continued during the combustion of the creating mixture.
Pictures taken for the selected burning initiation time one
can find below (Fig. 4 and Fig. 5).

Fig. 4a. Photo of combustion advancement and pressure course with marked pressure value 2.5 ms after combustion initiation. Combustion initiation
— 35 ms after opening of injector

Fig. 4b. Photo of combustion advancement and pressure course with marked pressure value 7.25 ms after initiation of combustion. Combustion initiation
— 35 ms after opening of injector

Fig. 4c. Photo of combustion progress and pressure course with marked pressure value 30.1ms after combustion initiation. Combustion initiation
— 35 ms after opening of injector
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Fig. 5a. Photo of combustion progress and pressure course with marked pressure value 8ms after combustion initiation. Combustion initiation
— 40 ms after opening of injector

Fig. 5b. Photo of combustion stage and pressure course with marked pressure value 20 ms after combustion initiation. Combustion initiation
—40ms after opening of injector

4. Interpretation of research

The use of filming as a research method was aimed at
preliminary recognition of the creating and burning process
of hydrogen-air mixtures. These mixtures had a various
compositions and were formed during the combustion pro-
cess. Some photos were dark, but at this stage of the re-
search it was not necessary to have them processed for
analysis.

The authors were also aware that the processes filmed in
the isochoric chamber did not fully correspond to the actual
processes taking place in the engine combustion chamber.

In case of initiation of ignition at the end of hydrogen
injection into the isochoric chamber, the flame front is
formed after 50 ps at the spot of the spark on the spark plug
electrodes, followed by rapid increase of pressure. After 3
ms from the injection end and the spark ignition, the pres-
sure reaches half the maximum value. The maximum pres-
sure is obtained after 4 ms from the initiation of combus-
tion.

Figure 3a shows the formation of the flame 3 ms after
the occurrence of a spark. Analysis of the film recorded
during the experiment shows that the flame front spreads
evenly from the spark plug into the chamber. This demon-
strates the good mixing of hydrogen with air and the for-
mation of homogeneous mixture throughout the volume of
the chamber. When the peak pressure is reached, a rapid,
short-term pressure change can be seen in the recorded

pressure waveform. The reason for this is the reflection of
the pressure wave from the wall of the chamber. This phe-
nomenon is depicted in Figure 3b. In the case of initiation
of ignition during injection (35ms), when the current value
of the air excess number A = 3.15, the combustion process
is only visible after 2ms from the moment of ignition, as
shown in Figure 4a. At the same time there is also an in-
crease in pressure. Since the fuel is still being delivered, it
is seen how the fuel stream from the injector burns using
the remaining oxygen in the chamber. Figure 4a and 4b
show the shape of a burning fuel stream. The burning fuel
moves according to the axis of the fuel stream, which re-
sults from the construction of the injector. Figure 4b shows
how the flame front reaches and bounces off the wall of the
chamber. This phenomenon is accompanied by significant
pressure pulsations. In this case, the highest value of pres-
sure s occurs at the end of the fuel dosing (Fig.4c).

In the case of ignition initiation (40ms), when the
current value of the air excess number is A = 2.86, the com-
bustion process is visible 1.5ms after the spark occurs,
which means the beginning of the pressure increase and the
noticeable combustion process in the video footage. The
formation of the front and the shape of the flame is very
similar to the one described earlier, but the geometric ve-
locity of the flame front is greater. Reaching the front of the
flame to the opposite wall of the chamber causes a strong
reflection of the pressure wave and momentarily stopping
the fuel flow from the injector. Figure 5a shows this situa-
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tion. Decreasing the pressure in the chamber causes the fuel
to re-inject from the injector. Figures 5a and 5b clearly
show two local maxima of pressure values.

5. Summary

Control of the combustion process of the hydrogen-air
mixture, mainly related to velocity of the flame front and
heat release rat, is possible by using direct injection and
initiating combustion during fuel injection. This way of
initiating the combustion opens the way to supply the inter-

nal combustion engines with a mixture of stoichiometric
composition. This way, you can significantly increase the
amount of heat generated by the working process without
entering the combustion anomaly area. This will allow for
high engine power, in comparison to engines powered by a
lean mixture.

The method used to record the combustion process
has proven its usefulness in evaluating mixture formation
and combustion.
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Comparative studies of exhaust emission from diesel engine fuelled with diesel fuel
and B100 fuel

The article presents a comparative study of carbon monoxide, hydrocarbons, nitrogen oxides and the mass and number of particulate
of diesel engine fulled with diesel and B100. B100 is a biofuel produced from vegetable oils for vehicles with compression-ignition
engines. B100 fuel and diesel have similar physical-chemical characteristics which have been analyzed.

The research was carried out on an engine dynamometer in four cycles: ESC, ETC, WHSC and WHTC. The article provides an
analysis of the research results, preceded by a discussion of the test cycles used.

Key words: diesel fuel, BI100 fuel, ecology, engine

1. Introduction

With air pollution and increasingly restrictive
requirements concerning the emission of harmful
combustion substances, it is crucial to search for and use
fuels from sources other than crude oil, including renewable
sources, oilseeds, e.g. rape seed oil. Given the above, the
self-ignition engine is suitable as it demonstrates a
relatively low sensitivity to changes of fuel’s physical &
chemical properties.

Modern-day SI engines adapted to combust fuels
derived from crude oils cannot be powered with natural
rape seed oil due to problems relating to the immobilization
of pressure elements, carbonisation of sprays, the
occurrence of varnish in the combustion chamber and
poorer lubricity properties of the engine oil [1, 10].

The content of glycerides in natural rape-seed oil
accounts on average for 95-98%. Glycerides together with
natural substances soluble in fat form a group of
compounds known as lipids [2]. Large and heavy particles
of rape-seed oil can be decreased by way of
transesterification. Noteworthy results of  the
transesterification of natural rape-seed oil include
considerable decrease of particles and significant reduction
of viscosity (up to 10 times), the elimination of tri-
glycerides (and thus reducing the varnish in the combustion
chamber), as well as decrease of the cloud and
solidification point and improved fuel volatility [1, 10].

B100 (methyl esters of fatty acids) is a biofuel produced
in the country based on vegetable oils, intended for vehicles
with SI engines.

The offered biofuel has a beneficial effect on the
operation and durability of the engine; owing to good
lubricity properties it protects the injection elements against
excessive wear [S5]. Greater content of oxygen compared to
traditional diesel fuel manifests in “better” combustion,
while a high cetane number ensures good engine
performance. B100 biofuel meets the quality standards set
forth bio-diesel according to PN-EN 14214 standard
applicable on EU markets [7, 10]. Because of low-
temperature characteristics (CFPP), there are three types of
B100 biofuel: B, D and F (corresponding to fuels of

temperate climate zones) and class 2 — corresponding to the
fuel for arctic or harsh winter climate [12]:

— BI100 type B with CFPP no greater than 0°C,

— BI100 type D with CFPP no greater than —10°C,

— BI100 type F with CFPP no greater than —20°C.

The last fuel continued to be available and was subject
to evaluation, and its use in comparative studies covering
commercial diesel fuel, in tests of IVECO engine allowed
for comparing the emission of polluting combustion
substances in the use of both fuels.

2. The purpose and scope of research

The purpose of the research was to perform comparative
tests of emission of polluting combustion gases from a CI
engine IVECO N60 ENT C, fuelled with diesel and B100
biofuel, in ESC, ETC, WHSC and WHTC cycles. The
starting point for the tests was to define the advantages of
using environmentally-friendly B100 biofuel in terms of
emission of polluting combustion gases compared to
conventional diesel fuel used in the same engine.

3. The tested objects

The tests comprised commercial diesel fuel and B100
fuel in N60 ENT C engine by IVECO.

The parameters of the tested fuels are presented in Table
1 (for diesel fuel) and in Table 2 (for B100 fuel).

Table 1. Parameters of diesel fuel [11]

Parameter Unit Range Test method
min. max.

Cetane number - 51.0 - PN-EN ISO 5165

Density at temp. kg/m® | 820.0 | 845.0 PN-EN ISO 12185

15°C PN-EN ISO 3675

Sulphur content mg/kg - 10.0 PN-EN ISO 20846
PN-EN ISO 20884

Ignition temperature °C 56.0 - PN-EN ISO 2719

Kinematic viscosity | mm?s | 2.000 | 4.500 PN-EN ISO 3104

at 40°C

CFPP temperature °C - =20 PN-EN 116

The basic technical data of IVECO N60 ENT C engine
are presented in Table 3, whereas the view of the engine
installed in the testing unit is shown in Fig. 1.
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Table 2. Parameters of B100 fuel [11]

Parameter Unit Range Test method
min. max.

Cetane number - 51.0 - PN-EN 14214
Density at temp. kg/m® 860.0 900.0 | PN-EN 14214
15°C
Sulphur content mg/kg - 10.0 PN-EN 14214
Ignition temperature °C 101.0 - PN-EN 14214
Kinematic viscosity mm?/s 3.500 5.000 | PN-EN 14214
at 40°C
CFPP temperature °C - =20 PN-EN 14214
Content of methyl Y%(m/m) - 12 PN-EN 14214
ester of linoleic acid
Methyl alcohol %(m/m) - 0.20 PN-EN 14214
content

Table 3. Technical data of the tested engine [11]
Engine type N60 ENT C
Number of cylinders 6
Arrangement of cylinder In-line
Engine displacement 5.9 dm’
Nominal power 194 kW
Max. torque 1000 Nm at1400 rpm
Fuel injection system direct, Common Rail
Combustion purification system SCR
Type of fuel Diesel fuel
Turbocharger system TCA
Date of production Maj 2012
Combustion gases standard Euro V
Certificate of approval regarding | 3495/5549008/74K1035405
emission of combustion pollutants
Certificate of approval (power) E3 85R-021218*01

a torque measuring shaft T10F 063230022 HBM
installed on the shaft linking the engine with the brakes,
which allows to eliminate — in dynamic position of the
engine’s operation — the impact of breakaway torque of
the brake’s rotor on temporary torque developed by the
engine;

a flow meter to measure fuel consumption — AVL 735,
compatible with AVL 753, ensuring constancy of fuel’s
temperature during the measurement;

a set of combustion analysers AMA i60 adapted to
analyse undiluted combustions, consisting of a double
set of analysers to gauge emission before and behind the
combustion purification unit;

an air flow-meter Sensyflow P to measure air
consumption in the engine, effected by measuring the
resistance of the heated wire;

a set of thermometers and manometers to measure
temperature and pressure of various media inside the
engine (air, oil, coolant and combustion gases).

Fig. 2. A set of analysers AMA 160 R2 and CEB II

4.

Fig. 1. IVECO N60 ENTC engine installed in the testing unit

Testing unit
The tests were conducted in the Motor Transport

Institute in a testing unit equipped with an engine test
bench, consisting of (Fig. 2, Fig. 3):

an asynchronous electrical machine (capable of
operating as an engine-generator) of AVL type AFA
100 4Z4/4 with a current frequency transformer; the unit
allows for recreating dynamic tests and can be used for
measuring the emission of combustion pollutants in line
with the regulations currently in force;

a digital rotation speed metering device Heidenham
ROD 426 1024 27512-03,

Fig. 3. AVL particulate matter measuring unit

5. Measuring cycles

The studies of emission of combustion pollutants
generated by IVECO N60 ENTC engine fuelled with diesel
and B100 were carried out with the engine test bench. The
tests were performed in four cycles: ESC, ETC and WHSC
and WHTC (Fig. 4, Fig. 5, Fig. 6, Fig. 7).
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Fig. 4. European ESC cycle [9]

Fig. 5. ETC Transient Cycle — engine speed [9]

Fig. 6. Scheme of standardized WHSC cycle and coefficients participation
phase [6]

Fig. 7. European WHTC Cycle [8]

6. Testing process

The tested engine IVECO N60 ENTC was produced in
May 2012 and therefore subject to approval as regards
conformity with EURO V standard. It was certified with a
certificate of approval no. e3*2005/55*2008/74K*1035*05
and the tests were performed pursuant to Directive
2005/55/EC [4] amended by Directive 2008/74/EC [3]. The
abovementioned directives and the corresponding UN
Vehicle Regulations — Rev. 05 did not envisage the method
of approval as regards engines with bi-fuel system. The
tests of bi-fuel engines were introduced on 06.08.2013
together with Rev. 06 of UN Vehicle Regulations 49.
However, Review 06 describing the approval tests for
engines with a bi-fuel system applies to engines that fulfil
the limit of Euro VI requirements, thus engines tested in
completely different cycles than Euro V engines. Euro V
engines were tested in ESC and ETC cycles, whereas Euro
VI engines are tested in WHSC and WHTC cycles.

Due to the above reasons, this study — which aimed at
comparing the emissions of pollutants generated by the
engine when fuelled with diesel and B100 compliant with
Euro V regulations, in its basic versions fuelled with diesel
— was based on methods described in Directive 2005/55/EC
[4] and UN Vehicle Regulations — Rev. 05, making only
necessary adjustments in the bi-fuel engine calculations, in
accordance with UN Vehicle Regulations — Rev. 06, where
required.

The tests were carried out in ESC, ETC in accordance
with Directive 2005/55/EC, with the use of two different
types of fuel. In the first case the engine was fuelled with
diesel only, whereas in the second case with B100.

7. Analysis of test results

Table 4 presents results of tests of emission of
combustion pollutants in the tested engine fuelled with
diesel and B100, in different testing cycles applied in
engine approval tests.

Table 4. Emission test results in different cycles [g/kWh]

CO NOx THC PN
Tzl s g8 g|2 5|8
© M © M © M © M
% 0.509 | 0.340 | 1.728 | 2.300 | 0.024 | 0.030 [10.906| 2.699
E 0.694 | 0.541 | 1.811 | 2.345 | 0.022 | 0.028 | 13.973|10.308
%
§ 1.317 | 1.040 | 2.710 | 3.250 | 0.023 | 0.029 | 11.876| 7.018
o
T 1.926 | 1.473 | 5.136 | 5.718 | 0.063 | 0.061 | 9.317 | 18.516
=
©Aa
Eé 3.375 | 1.336 | 8.459 | 5.867 | 0.137 | 0.045 |43.168| 8.464
&)
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According to Table 4 and Fig. 8 the unit emission of CO
is lower when B100 fuel is used, compared to diesel fuel, in
all test cycles.

THC emissions are practically analogous in ESC, ETC,
WHSC and WHTC cycles when the engine is fuelled with
diesel and B100, except for WHTC Cold, where the
emission for diesel fuel is definitely greater (Fig. 9).

The level of particulate matter is clearly lower in ESC,
ETC, WHSC and WHTC Cold cycles when fuelled with
B100, except for WHTC (Fig. 11).

Fig. 8. Comparison of CO emission in an engine fuelled with diesel and
B100, depending on the type of test

Fig. 9. Comparison of THC emission in an engine fuelled with diesel and
B100, depending on the type of test

The unit emission of NOx is clearly greater in ESC,
ETC, WHSC and WHTC cycles when fuelled with B100,
except for WHTC Cold (Fig. 10).

Fig. 10. Comparison of NOy emission with engine fuelled by diesel and
B100, depending on the type of test

Fig. 11. Comparison of PN emission in an engine fuelled with diesel and
B100, depending on the type of test

8. Summary
The tests lead to the following conclusions:

— the use of B100 to fuel a combustion engine in general
has a positive impact on PM emission levels;

— the tendency to a lower emission is also noticeable in
case of carbon oxide (CO) and to a lesser degree — also
in the case of hydrocarbons (THC);

— the use of B100 to fuel a combustion CI engine affects
the emission of nitrogen oxides (NOXx);

— respective test cycles differ considerably in terms of
emission levels with regard to all harmful substances.
The lowest emissions have been achieved in ESC cycle
and tend to increase in ETC, WHSC, WHTC and
WHTC Cold cycles.

Nomenclature

CFPP cold filter plugging point
Cco carbon monoxide

CO, carbon doxide

ESC  European Stationary Cycle
ETC  European Transient Cycle
NO,  nitrogen dioxide

SI spark ignition
PN particular number
THC  total hydrocarbons

WHSC World Harmonized Stationary Cycle
WHTC World Harmonized Transient Cycle
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Heat balance of the military vehicle

In modern combat vehicles there are very often used observation devices with the capability of operating in the infrared. They allow
detecting heat emission. It is very important to reduce such situation on the battlefield; therefore generated heat masking or reducing
systems are used. The article presents the heat balance of the military vehicle, impact of heat amount on detectability and solutions

reducing or changing the thermal image which impedes recognition.

Key words: heat balance, thermal energy storage, emission of heat, thermal image, IR device

1. Introduction

The detection and proper identification of equipment on
the modern battlefield is one of the basic military tasks.
Over the past few years many solutions, which allow detec-
tion of a gathering of enemy forces based on weapon
recognition including conveyance, have been developed.
Recently most of the land, water and air vehicles use com-
bustion engines which, during operation, emit a large
amount of heat to the environment. This difficult to avoid
feature is commonly used as an uncover factor. In military
vehicles the heat emission issue is very important from the
crew point of view. Effective reduction of heat emission is
in many cases a condition for the survival of the crew of a
combat vehicle on the battlefield. Optical devices which use
infrared are currently standard equipment of observation
and scouting units. They allow for quick detection and
recognition not only of moving vehicles but also hidden,
whose engines are switched off. Nowadays, we can find
many different solutions that allow us to observe heat emis-
sion. Besides standard devices which present infrared im-
ages, image forming systems called fusion technology that
rely on a combination of an image in visible light and im-
age recorded in infrared are also used.

2. Heat balance of the military vehicle

Military land vehicles are usually propelled by piston or
turbine internal combustion engines. Their characteristic
feature is the very large stream of heat emitted along with
the exhaust. A rough analysis proves that this stream de-
pending on the type of engine, constitutes about 30% to
40% of total heat value emitted in the combustion process
of the engine and that energy is compared to energy needed
to move a vehicle. The second in terms of size heat flux
dispersed in the vicinity of the vehicle is heat transferred in
the cooling system and heat from other exchangers like oil
coolers or air conditioning cooling systems. Therefore men-
tioned heat sources are the basic targets for detection sys-
tems on a battlefield. A simple technique using the infrared
spectrum is becoming increasingly important during the
operation of detection, identification and on the next step
tracking and destroying a target. A typical view of a vehi-
cles column, taking by standard observing systems using IR
is presented in Fig. 1. From picture analysis it is possible to
define a type and destination of the vehicle and operating
state specifying temporary load of the engine.

Fig. 1. Combat vehicles’ column in infrared image [9]

More complex recognition method, like the fusion tech-
nology mentioned earlier, allows for a thorough estimation
of equipment, which visualize whether the device was used
before so that it possible to evaluate e.g. the engine’s ther-
mal state relative to other systems of the vehicle, or the
barrel’s temperature after shot. The effects of this method
are presented in Fig. 2, which allow for unambiguous anal-
ysis of the recorded image which has top priority in battle-
field conditions.

Fig. 2. Comparing images (from left side) in visible light, in infrared and
using fusion technology [1]

Factors affecting the thermal image of a military vehicle
can be analysed by creating heat balance. This is a complex
issue, because it is necessary to take into account a lot of
factors. Employing literature [2] and [3] the following heat
balance can be prepared for a combat vehicle, which in-
cludes the most important factors affecting heat emission
outside the vehicle:
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Qu+Qa+Qs+Ql:Qn+Qch+Qj+Qw+QoiQf (l)

where: Q, — heat flux changed in the engine to mechanical
energy, Q, — heat flux provided from fire module (combus-
tion of explosives), Q; — heat flux provided from the sun-
light, Q; — heat flux secreted by people, Q, — heat loss flux
in power transmission system, Q., — heat loss flux in cool-
ing system, Q; — heat loss flux in traction system, Q,, — heat
loss flux in exhaust system, Q, — heat flux penetrated
through vehicle’s walls, Q¢ — heat flux related with ventila-
tion and air conditioning system.

In the above heat balance it is correct to assume that
thermal efficiency of energy conversion systems is con-
stant, all mechanical systems of the vehicle have a fixed
thermal state, and ambient temperature is constant.

The biggest and the easiest to detect source of heat
emission from contemporary combat vehicles is the heat
stream from the propulsion unit. Only part of the thermal
energy released from fuel combustion is processed on the
mechanical energy used to move a vehicle, while most of
the heat is emitted to the environment in the form of hot
exhaust gases, heat transferred from exchanger of cooling
system and in the form of radiation. Of course thermal
energy converted to the mechanical energy is also conse-
quently discharged into the environment, but it disperses
considerably in power transmission system and it has less
importance from the viewpoint of detection of a combat
vehicle on the battlefield. In this aspect the most important
is the heat stream from exhaust gases and from heat ex-
changers. The most important factors that will occur on a
vehicle are listed here. Some of them could be written down
in detail. For example heat stream from engine (Q,) will
have below form [2]:

Qu:Qp_Qn_Qr (2)

where: Q, — heat flux delivered to engine, Q, — heat loss
flux of incomplete combustion, Q, — rest of balance in-
cludes other less significant errors and losses that are not
included in other items of balance.

Heat flux Q., and Q,, should also be included but these
factors occur in the main equation of balance, so they are
omitted here. Military vehicles are designed for special
tasks and it is hard to foresee all situations or factors influ-
encing on the final heat balance. Therefore in the main
equation (1) of heat balance it is worth to including addi-
tional factor Qg which will be a sum of all heat profits and
losses not included in main heat balance.

The final form of the equation is:

Qut+ Qi+ Qi+ Q= Qu+ Qent+ Qi+ Qu+ Qo = Qs £ Qq (3)

By analysing individual items of heat balance we can
tell that reduction of heat emission from such a complicated
construction as military vehicle is not so easy. It is neces-
sary to carry out works aimed at hindering detection of heat
emission from a vehicle. IR image of tank is presented in
Fig. 3. The recognized tank has become a very easy target,
which can be destroyed by a weapon with low power of
destruction, because the thermal image allows identification
of the most vulnerable, not protected points, areas or com-
ponents of the vehicle. For example, mentioned above areas

are the power transmission system and exhaust pipes pre-
sented in Fig. 3.

Fig. 3. Tank image in IR [7]

3. Reduction of heat emission and dispersion
of heat stream

It is well known that total stoppage of heat emission
from such a complicated mechanical construction as the
military vehicle is impossible. Very important are the steps
directed to reduce the biggest heat streams which are de-
tected first from a long distance by standard IR detectors.
Research therefore are carried out is on the possibility of
temporary restriction of heat emission, heat storage and
dispersion of heat stream.

In the Research and Development Centre for Mechani-
cal Appliances “OBRUM” in Gliwice, the solutions that
allow reducing heat emissions have been elaborated. One of
them is a cooling system for multitask combat platform
(Fig. 4.), which was designed for air streams from radial
fans mixed with exhaust gases. Thanks to this exhaust gases
are diluted and their temperature is reduced [4].

Fig. 4. Cooling system from Multitask Combat Platform (MCP) [5]

The above system has been used in combat platform
called ANDERS (Fig. 5) thanks to this, the infrared thermal
image is much weaker, and moreover dispersion of heat
causes a blurring of thermal view and that make identifica-
tion more difficult from long distance.

In special cases of protection of “big value” equipment
like e.g. bombers masking methods are used, using the
newest advanced technology in the field of optoelectronics
and digital techniques. The first attempts of this kind were
used in military aviation. The result of this was the “invisi-
ble” bomber Northrop B-2 Spirit. In the time when it was
designed, new technology called Stealth had been used, that
had begun in ’60s of XX century [10].
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Fig. 5. MCP ,,ANDERS” [OBRUM Ltd.]

This type of masking includes solutions which reduce
visibility of the object for different detection systems like
radars, sonars and all systems working by use of infrared
spectrum [10]. Nowadays guidelines of Stealth technology
are used more and more often in the design of military
constructions. In OBRUM, concept works in that area were
also carried out and as the effect of these works vehicle
called “PL-01 Concept” was presented at the MSPO exhibi-
tion in 2013.

Fig. 6. ,,PL-01 Concept” vehicle on MSPO exhibition in 2013
[OBRUM Ltd.]

The method of forming of vehicle’s thermal image tak-
en by IR detection system exists as a separate issue. This
kind of solution called ADAPTIV was developed in BAE
Systems Company. It allows for hiding the vehicle from
thermal vision detectors. This solution transforms heat
emission and generates an environment temperature
(Fig. 7) [8].

Fig. 7. Thermal masking method ADAPTIV from BAE Systems [8]

The system creates an opportunity of changing the
thermal image of the vehicle and as a result, we can get a
thermal imitation shape of something different e.g. a car or
an animal [8]. This method also allows generation of a text

on the side of the vehicle, what is useful for communication
between the own forces (Fig. 8).

Fig. 8. Frame from advertisement movie, showing generated
by ADAPTIV [8]

The system is built from hexagonal shape elements,
mounted on the sides of the vehicle. The elements can heat
up or cool down very quickly [8].

Fig. 9. Side of the vehicle with mounted elements of ADAPTIV [8]

4. Conception of heat management in combat
vehicle

The total elimination of heat emission from the vehicle
to the environment is impossible, but there are potential
uses of these heat streams to active protection a combat
vehicle by accumulating and forming emitted heat. One of
the ways to use this method can be momentary stopping or
reduction of heat emission by using heat storage. It is a
thermally isolated vessel which contains an agent able to
store heat. The shape of heat storage is usually cylindrical
but it can be different and depend on free space in the vehi-
cle’s chassis. In first generation storages, thermal energy
from exhaust system or cooling system was absorbed to a
special phase-changeable substance. Because of problems
with durability of this kind storages, which was a result of
large chemical activity of used substances, so currently
used heat storages use coolant which absorbs the engine
heat. Periodically an accumulating agent can absorb a part
of the emitted heat from an exhaust or cooling systems.
Additionally, in certain cases, heat can be converted to cold
e.g. in ice water installations. In this way, it is possible to
periodically cool down selected elements of a vehicle and
change its thermal image. In a dangerous situation when
vehicle can be detected, exhaust gases can be quickly di-
rected to heat exchangers in which the part of the heat is
absorbed by coolant in heat storage. A properly planned
heat control strategy of the military vehicle equipped in
heat storage offers a wide variety of applications of stored
heat. Opportune arrangement of heat storage’s elements in
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different places of the vehicle’s chassis can change the
thermal image of the vehicle which is scanned by IR detec-
tion devices. Momentary storage of heat significantly
weakens the heat emission. The thermal image is blurred
which makes identification very difficult. Heat storage used
in the vehicle can have additional functions. The most im-
portant is the possibility to help start up a cold engine
which is a big advantage in a combat vehicle [6]. In an
emergency situation coolant from heat storage can be used
to extinguish a fire and provide an additional protection
layer. Beside additional volume of coolant inside heat stor-
age can protect the cooling system from overload, resulting
of combat vehicle’s engine use or can be a system taking
heat in case of damage to the cooling system. Additionally,
storage heat can be used to warm up the crew area and also
to maintain a hydraulic or transmission oil temperature.
Besides the mentioned advantages, very important features
of heat storage is capability of effective energy recovery,

which is used to improve overall engine efficiency and use
exhaust gases energy, which is usually irrevocably lost in
conventional systems.

5. Summary

Heat management in a contemporary combat vehicle is
very important, taking into account equipment’s reliability
and combat tasks. Presently, detecting devices working in
infrared spectre had a significant impact on action tactics.
Vehicles, which are not equipped with thermal covers (Fig.
3.) are tracked very quickly and destroyed by e.g. anti-tank
missile equipped with IR detectors. An irrevocably lost
heat, which emission is danger for the vehicle, can be rea-
sonably used to different conditions of the vehicles work.
Presented on the combat vehicle example issues related to
the heat balance and various proposals for the heat use,
show that necessary and purposeful is research in this field.

This article was conducted as part of the project Direct Support Vehicle founded by NCBiR under contract
no DOBR-BI04/017/13411/2013 dated 23.12.2013.

Nomenclature

IR infrared
MCP multitask combat platform
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Studies of energy use by electric buses in SORT tests

In article the market for electric buses in the world and in Poland have been discussed. The test methods for energy consumption of
citi buses in Poland and the appropriate measuring devices have been presented. The article presents the results of the energy
consumption of the citi bus in the test SORT 2. The results obtained were referred to results in the case other electric and conventional

buses.
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1. Introduction

According to ACEA [2] the worldwide fleet of electrical
vehicles (BEV and PHEV) in 2016 exceeded 2 million cars,
of which 575 thousand in the US, 650 thousand in China,
157 thousand in Japan, 597 thousand in Europe and 84
thousand in remaining regions in the world. The sales of
electrical cars increased from 548 thousand in 2015 to 775
thousand in 2016 (in the US from 115 to 159 thousand, in
China from 208 to 352 thousand, in Europe from 188 thou-
sand to 209 thousand, and in Japan it fell slightly from 25
thousand to 23 thousand).

According to UITP [1] buses perform 83% of public
transport in the world (450 billion trips). A statistic bus pas-
senger uses 1/3 of fuel required for a passenger car. At present
in Europe there are over 500 buses used with electric drive, of
which 90% account for fully-electrical buses. The greatest
number of those buses is used in the UK (130), Poland (78),
the Netherlands (57), Germany (45), Sweden (39), France (31)
and Spain (26). It should be borne in mind that the exhaust
emission of CO, from electrical buses depends on the source
of electrical energy and for a standard bus is equal to 17
2CO,e/kWh in case of wind energy, 122 gCO,e/kWh in case
of Swiss energy mix and 579 gCO,e/kWh in case of German
energy mix and 1005 gCO,e/kWh for the Polish energy mix.

The study of energy consumption by city buses is per-
formed in the country — among others — in SORT track
tests.

2. SORT Standardised on-road test cycles

The SORT project arose as an initiative of the UITP Bus
Committee. The main aim of the SORT project is to design
reproducible test cycles for on-road tests of buses in order
to measure their fuel consumption [5].

Comparing the SORT cycles with this data shows a
good match with reality. SORT 1 (heavy urban) with a
standstill time of 40% and roughly 6 stops per kilometre fits
very well for typical inner-city traffic situations (e.g. central
Paris, France or London, UK). SORT 2 (easy urban) with
35% standstill time and roughly 3 stops per kilometre is
closer to the situation of certain routes in Madrid, Spain or
Munich, Germany. And last, SORT 3 (easy suburban) is
representative of traffic in smaller cities (e.g. Klagenfurt,
Austria or the suburban areas of Paris, France) — Figs 1-3.

The SORT 1 cycle, which is only 520 m, must be run
trough at least twice in succession (= 1040 m). The SORT 2
(920 m) and SORT 3 (1,450 m) cycles need to be run
trough, at least once.

Fig. 1. SORT 1 [5]

Fig. 2. SORT 2 [5]

Fig. 3. SORT 3 [5]

The consumption measurements for each respective are
to be repeated until 3 measurement lie within an accuracy
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requirement 2%. To calculate the accuracy, the difference
between the maximum and minimum consumption values
of the three measurements is divided by the minimum value
((Cmax - Cmin)/cmin X 100)

The tolerance for trapezoidal target speed is =1 km/h.
During the transition from acceleration phase to the phase
of driving at a constant speed, a maximum deviation of +3
km/h is permitted for a brief period. No more than 10
minutes should elapse between each measurement [6]. The
above requirements were respected.

Wind speed was below 3 m/s, external temperature was
range between 0°C and 30°C, humanidity level was below
95% in all conducted tests. Other requirements of SORT
procedure were also met as required.

3. Tested vehicles
The tested vehicles consisted of 12-metre city buses:

— a bus marked as Al with SI engine, fuelled with CNG
with nominal power of 222 kW;

— abus marked as A2 with a SI engine fuelled with diesel
fuel, with nominal power 209 kW.

— abus marked as A3, the so-called BEV, powered/driven
by two electrical engines with nominal power of 2 x 182
kW (limited to 2 x 110 kW).

The mass of buses Al, A2 and A3 was equal to respec-
tively 12,260 kg, 10,600 kg, 11,300 kg.

4. Test equipment
The tests of buses were performed with the use of the

following testing equipment: KMA Mobile Fuel Flow Me-

ter to measure the consumption of diesel fuel, CMF 025M

Mass Flow Meter From Emerson to measure the consump-

tion of CNG, Yokogawa WT 1800E Power Analyzer to

measure the consumption of electrical energy and Datron
mEEP20 used — among others — to measure the velocity and
displacement of buses.

The universal system for fuel consumption measure-
ment — AVL KMA Mobile is used to measure the fuel con-
sumption in vehicles and on the engine test benches.

Basic parameters:

— measuring range: 0.35-150 dm’/h
0.26-110 kg/h (with the fuel density: 0.75 g/cm®)

— density meter: 500-2000 kg/m’

— density measurement uncertainty: 1 kg/m’

— measurement uncertainty (repeatability of the sensor
calibration coefficients): £1% (readout)

— measurement media (measuring module): petrol, fuels
of standard and super quality (leader petrol/unleaded)
also with alcohol admixtures; methanol, ethanol etc. to
100%; diesel oil; biodiesel.

Fig. 4 presents KMA Mobile Fuel Flow Meter used in
tests.

Mass flow meter for gas fuel consumption measurement
is shown in the Fig. 5. Used to measure a mass of gas con-
sumption in vehicles and on the engine test bench. It also
allows for measuring gas density. The software used allows
for recording the momentary values of the parameters
measured.

Basic parameters:

— maximum mass flow intensity: 2180 kg/h

— accuracy of mass flow intensity measurement: £0.35%

— repeatability of mass flow intensity measurement:

+0.20%
— measurement media: gas fuels, also in liquid form (for
example LNG).

Fig. 4. KMA Mobile Fuel Flow Meter

Fig. 5. CMF 025M Mass Flow Meter From Emerson

Fig. 6 shows Yokogawa WT 1800E Power Analyzer.

The WT 1800E is a versatile instrument, unlocking pre-
cision power measurement capabilities for researches, de-
signers and engineers working on a wide variety of applica-
tions in energy efficiency and conservation and renewable
energy. Key applications include: Electric, Hybrid Electric
and Plug-in Hybrid Electric. The WT 1800E guarantees a
power accuracy of 0.05% of reading plus 0.05% of range
and is capable of harmonics analysis up to the 500" order of
a 50/60 Hz fundamental frequency. The stability of the WT
1800E ensures that precision measurements can be made
today and over the long term.

Fig. 6. Yokogawa WT 1800E Power Analyzer

Figure 7 presents Datron mEEP20 recorder with optical
head allows the registration of the vehicle traffic conditions
on the road.
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Multi-channel recorder allows simultaneous recording
of multiple analogue signals such as weight, digital and
frequency signals. Basic parameters:

— speed measuring range: 0.5-400 km/h
— repeatability: 20.5%
— linearity of speed and road measurement: 0.25%

Fig. 7. Datron mEEP20

5. Results and analysis of tests

During the tests of consumption of fuel and electrical
energy for all three buses all requirements of SORT proce-
dure have been fulfilled with regard to ambience conditions
(temperature, pressure and air humidity, wind speed), test-
ing track or method of replicating the tracking cycle. One of
the exceptions was the different method of determining
additional load for a bus with an electrical drive.

The weight of additional load to be used for the tested
bus was calculated for buses fuelled with diesel and CNG
according to the requirements of SORT procedure.

The said procedure assumes that measurements are car-
ried out with half of the bus load capacity and the weight is
assumed equal to 3200 kg, adjusted because of the bus size
and number of seats or fuel tank capacity.

Thus, the calculated weight of the load does not corre-
spond precisely with half of the actual load capacity of the
tested bus. In case of tests of buses with electrical drive, the
weight of additional load was calculated based on half of
the product of the total number of passengers and weight
per passenger equal to 68 kg. The difference in the adopted
method of determining the weight of additional load was
due to the fact that the SORT procedure has not been yet
established for buses with electrical drive. If the method
were to be applied to determine the weight of additional
load in the current version of SORT procedure, the weight
of the bus could be inflated or understated during the tests
as one of the elements taken into consideration in the calcu-
lations is the fuel tank capacity.

According to SORT procedure the fuel tank capacity of
a model bus is 200 dm’, i.e. the weight of diesel fuel in
such bus amounts to 168 kg. Depending on whether the
tank of the tested bus has a smaller or bigger capacity, the
weight of additional load is adjusted by taking away or

adding the weight resulting from the difference between the
mass of fuel in the tested bus and 169 kg. In case of buses
with electrical drive there is no container for liquid fuel.
Such tanks are traditional batteries, the weight of which is
considerably greater than the weight of diesel fuel in the
bus, and depending of their capacity it can differ signifi-
cantly, influencing the weight of the bus and total number
of passengers.

For example, the weight of traditional batteries in the
tested electrical bus ranged from 1920 to 2520 kg, the
weight of the bus — from 11,709 kg to 12,309 kg and the
total number of passengers from 83 to 76.

The tests were performed in accordance with SORT 2
procedure.

Figure 8 presents a good performance of SORT 2 test as
regards its replication in case of one of the tested buses.
The bus drives — whenever possible — at velocities of
trapeses — as marked on the graph — in general without or
just slightly exceeding the maximum speed in each trapeze.
A similarly good performance of SORT 2 test occurred in
case of the remaining tested buses.

Fig. 8. SORT 2 chart (bus A2)

Table 1 presents the results as regards the consumption
of fuel and electrical energy per route in SORT 2 cycle for
the tested 12-metre buses.

Table 1. Results of consumption of fuel and electrical energy per route in
SORT 2 cycle for tested 12-metre buses

Specitfica- Fuel/ drive Fuel consump- Fuel consump-
tion of tion/Electric tion/Electric
buses energy consump- energy consump-

tion per 100 km tion per 1 km

Al CNG 49.2 Nm*/100 km 4.98 kWh/km

A2 Diesel fuel 39.4 dm*/100 km 3.90 kWh/km

A3 Electric 94.9 kWh/100 km 0.95 kWh/km

According to Table 1 the consumption of energy per
route (kWh/km) in case of a bus with an engine fuelled with
CNG is almost 5 times greater and in case of diesel-fuelled
bus is almost 4 times greater than the consumption of ener-
gy per route of an electrical bus.

The first experience in annual use of electrical buses in
Warsaw by Miejskie Zaktady Autobusowe in the capital
city (10 buses along the highly loaded urban line 222
(heavy-duty line SORT 1), with water heating system and
an additional combustion aggregate fuelled with diesel)
show that while average consumption of electrical energy
per route comes to 103 kWh/100 km, the consumption of
electrical energy per air-conditioning accounts for approx.
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25% per route (25 kWh/100 km), and the use of electrical
energy for the heating system accounts for c.a. 150% of
energy consumption per route, i.e. approx. 170 kWh/100
km (SORT 1, 24 h temperature from —10 to —15°C) [3, 4].

Moreover, the use of an electrical heating system may —
in low temperatures of the ambience — reduce the range of
the bus three times and the total energy consumption at —10
to —15°C comes to approx. 300 kWh/100 km [4].

In such case the aforesaid differences in the consump-
tion of energy in the tested buses fuelled with CNG or die-
sel are not considerably greater compared to the consump-
tion of energy by an electrical bus. Nevertheless, electrical
energy consumption by an electrical bus is still the lowest.

At the same time, attention must be given to the fact that
in the light of data presented in [4] the technical readiness
ratio for electrical buses compared to conventional bus
fuelled with diesel is lower (on average for example in the
period from July 2015 to April 2016 — respectively 0.883
and 0.981).

Based on prices of fuels and electrical energy the cost
per 1 km was compared for the tested buses in terms of
fuel/energy consumption. The price of diesel fuel and elec-
trical energy was provided by one of the major domestic
carriers, the price of CNG was calculated according to an
average price quoted by PGNiG within the period from
May 2015 to April 2016. The results of the comparison are
shown in Table 2.

Table 2. Comparison of costs per 1km in tested buses in terms of
fuel/energy consumption

Bus Fuel/drive Net price of fuel/electrical Cost of 1 km
energy

Al CNG 2.58 zb/m’ 1.27 zt/km

A2 ON 3.33 zdm® 1.31 zt/km

A3 electrical 0.36 zt/kWh 0.34 zt/km

Prices of fuel/electrical energy do not include value
added taxon respective fuels.

6. Summary

The resulting values of consumption of diesel fuel are
confirmed in actual use. According to MZA [3] on the
routes corresponding to traffic conditions defined in SORT
2 the average consumption of diesel fuel of a 12-metre bus
is equal to 39 dm’/100 km [3]. However, for buses with
electrical drive the consumption of electrical energy may
differ considerably compared to the intended value due to
the use of additional devices consuming power or ambient
temperature.

Nevertheless, the tests prove that electrical buses char-
acterise with lower energy consumption than buses with
conventional engines powered with CNG or diesel fuel.

Lower are also costs per 1km by electrical buses which
result only from the consumption of fuel/electrical energy.

Nomenclature

ACEA
BEV

European Automobile Manufacturers Association
battery electric vehicle

CNG  compressed natural gas

ON diesel fuel

PGNiG Polish Oil and Gas Company

PHEV plug-in hybrid electric vehicle
SI spark ignition

SORT standardised on-road test

UITP  Association of Public Transport
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Modelling of the fuel injection of medium speed marine diesel engines

The article presents the stages of fuel injection modeling of the four-stroke marine diesel engines as a set of functional blocks the of
the fuel waves flow. The elaborated model includes the values of changing pressures in the combustion chamber and the course of
changes of the pressure in spaces of the injection pump, injection pipe and the injector. Linear and local losses, as well as the conditions
for the functioning were taken into account in stages of the fuel flow.

The influence of different values of the engine load on the pressure course of the in individual spaces of injection apparatus and in
the engine cylinder during the working cycle depending on the crank angle of rotation of the crankshaft have been simulated. The math-
ematical relationships were selected and the structural and experimental data are used, allowing the calculation of the parameters of

interest for the simulated process.

Key words: marine engines, injection subsystem, injection course, modeling

1. Introduction

Modeling is the first step in the formal description of
problems related to functioning analysis and the synthesis
of research objects. Modeling allows you to approximate
the principles of organization, as well as how the object
works, resulting in information about modelled system. It
also allows you to reduce the cost and time research.

The model is a tool that allows you to describe the ob-
ject and its behavior in different conditions of the external
and internal using relations on a set of input and output
sizes. The purpose of modeling is to obtain reliable mathe-
matical model that allows you to trace the ways of behavior
of the test object under the influence of extorting factors.

The essence of the simulation research of the fuel injec-
tion process is the development of models that allow under-
standing the physical phenomena that determine the quality
of the injection. Conducting experiments on a real object in
the laboratory is expensive and time consuming, and some-
times impossible, especially for large marine engines, and
exploitation examinations are hampered on account of stay-
ing ships in seas and oceans where conditions of investiga-
tions are dependent from transient transport situations.

The utility and ecological parameters are largely de-
termined by the combustion rate, characterized by the pro-
cess of heat release and pressure changes. The combustion
process efficiency is mainly conditioned by the quality of
fuel-air mixture preparation. Among many factors influenc-
ing these processes, and connected with the injection sys-
tem, the following ones should be specified [4]:

— beginning, duration and rate of injection fuel dose;
— pressure course and speed of fuel injection;
— location of fuel jet in the combustion chamber.

The validity of applying models is determined by the
degree of conformity of the model with the real system of
the fuel injection. Applying models is determined by the
degree of conformity of the model with the real system of
the fuel injection.

2. State of knowledge in the scope of the modeling
of the fuel injection process

One of the factors determining macrostructure and mi-
crostructure in injection molding is the fuel distribution in
time called injection [4, 15, 17]. Due to the short duration

of injection (in milliseconds), its course occurs in closed
spaces at high pressures and interactions of one phase with
another. These processes have not been fully studied.

Basic equations of dynamics of fuel were formulated for
the general model with applying three main principles of
behaviour mechanics [5, 10, 17]:

— mass,
— momentum and the angular momentum,
— energy.

In the computational model of the pumping subsystem
additional factors were taken into account [5, 10, 15]:

— changes in supply pressure as the result of the hydraulic
impacts occurring during the pressing;

— elastic deformation of the injection pump drive;

— changes of the coefficient of fuel flow through throttling
holes, depending on the hole cross section;

— injection subsystem leakage;

— movement resistance of the discharge valve head;

— damping the retaining surfaces of the head at the socket
and the bumper;

— the elasticity of valve head and valve seat.

In previous models of the process of fuel injection sim-
plifying assumptions were made, where it is possible to
notice the dominance of applying finite element methods,
geometric models, complicated mathematical descriptions
and relations applied in practice.

The shortening of the optimum solutions obtainment
time can be achieved by the formulated of mathematical
models of injection subsystems of feed system and calcula-
tion of the parameters of interest in the numerical simula-
tion methods. Many simulations of the diesel engine fuel
injection subsystem are carried out in order to find the op-
timum fuel injection parameters [9]. The characteristics and
the finite difference method have been applied to solve the
governing equations. According to the author [7] recent
studies show that finite difference method is superior to the
method of characteristics concerning computation time and
nonlinearity.

Methods proposed in literature of modeling of the injec-
tion process require selection at the preliminary stage and
experimental verification.
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The development of engines nowadays is conditioned
mostly by a implementation of the stricter ecological stand-
ards, but for obvious reasons also fuel economy and move-
ment parameters are taken into consideration.

3. Methodology of examinations

3.1. Object of examinations

The object of the study was a four-stroke diesel marine
engine the drive Sulzer company of the drive generator with
conventional fuel injection subsystem. Each cylinder is
supplied the diesel oil by its individual fuel injection pump.

Up to now, research has been done on two types of en-
gines, which limits the randomness of the results. The mod-
eling object is the classic injection subsystem of Sulzer's
four-stroke marine engine. In the so far commonly used
conventional fuel systems the course of injection process is
controlled in the very narrow range. On marine vessels the
accumulator systems are still not implemented, there are
major problems with the injection apparatus, and the costs
of fuel were dominating in the profitability of ships. As
regulation parameters there are the fuel dose and the change
in the injection angle.

This system consists of the following elements (Fig. 1):
— the injection pump with the adjustment of the productiv-

ity with the pumping overflow valve,

Fig. 1. Scheme of the injection subsystem of the four-stroke internal
combustion engine: 1 — fuel cam, 2 — delivery valve, 3 — injection line, 4 —
injector valve

Table 1. The main specifications of test injection subsystem

of the injection conduit,

the injector with the multi-hole nozzle.

Each cylinder is powered with diesel oil using individu-
al injection pump. Characteristic data of the investigated
engine and elements of the injection subsystem was placed
in Table 1.

3.2. Method of experimental investigations

For experimental studies he was used resistance sensors
of the course of pressures in a combustion chamber. He also
mounted a resistance pressure sensor on the discharge of
the injection pump, and signals were visualized and ana-
lyzed using a portable computer (Fig. 2). In addition, rec-
orded the top dead center. The analysis of these signals was
run by time and crank angle of crankshaft domain using
DaqView program [13]. Relative load the team was being
carried out with the water resistor in the period from 0 to
100% with relative load the team was being carried out
with the water resistor in the period from O up to the 100%
with stepping every 25%.

Fig. 2. Measuring circuit of investigations: 1 — internal combustion engine,
2 — generator, 3 — shaft with clutch the permanent clutch, 4 — power sup-
ply, 5 — portable computer, 6 — measuring card analog-digital, 8 — signal
amplifier, 9 — injection pump, indicators valves, 10 — crankshaft position
sensor, 11 — pressure sensor in the injection pump, pressure sensor, 12 —

weather monitoring device, 13 — power supply 14—cylinder indicator
valve, 15 — pressure sensor in the combustion chamber

On Figure 3 the course of the pressure indicates in the
combustion chamber for one cylinder at burdening the 0%.
Some results of experimental studies were used for calcula-
tions in the model, as: fuel feed pressure of injection pump,
charge air pressure, course in-cylinder pressure of engine.

3.3. Modeling method

A physical model is a theoretical concept mapping pro-
cesses and phenomena that occur in the real object. The
degree of simplification of the actual object arises from
modeling conditions, as the state of the art and the need and
implementation conditions.

Two kinds of hardware models were builded. The mod-
el of the post of the injection subsystem was one of them
apart from the engine with real elements. The second type
is a virtual physical model which imitates elements of the
comprehensive subsystem injection, enabling to take cho-
sen phenomena into account (Fig. 4). Elements of the mod-
el are geometric models elaborated based on limited design
data, protected by the producer, supplemented with geomet-
rical measurements of new and exploited parts [6, 14]. The

On. | Characteristics Technical specification

1 Cylinder bore 220 mm

2 Piston stroke 320 mm

3 Rotational speed (constant) 500 rpm

4 Maximum engine power 220 kW

5 Pump type With the regulation of dose on
pumping

6 Plunger diameter 17 mm

7 Opening fuel valve pressure 215 bar

8 Fuel pipe inner diameter 2 mm

9 Nozzle hole number 6

10 Nozzle hole diameter 0.3 mm

11 Needle lift (maximal) 0.4

12 Nozzle hole angle 130 deg
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functional model includes sequences of closed cycles,
where the end of one circulation is the beginning of the next
circulation of the engine. The shape of the fuel cam was
determined based on geometrical measurements of the real
cam (Fig. 5).

Fig. 3. Course of the pressure in a combustion chamber and the injection

pump of the cylinder for one cycle at engine load of the 0%: ps — pressure

course in the combustion chamber, TDC — top dead centre, py, — pressure
in the injection pump

Fig. 4. Structural subsystem of the injection pump: qq — stream of fuel
reaching the injection pump,: q, — stream of fuel pumped by the crowd, q,
— stream of fuel flowing through the delivery valve, q; — stream of fuel
flowing into the injection pipe

On Figure 6 an edge geometric model drawn up for the
purposes of this work with the SolidWorks computer pro-
gram was introduced. Similarly a geometry of the wire of the
injection pump and the injection pipe was determined [14].

Fig. 5. The image the fuel cam of the inspected engine

Fig. 6. Edge geometric model of the injector of the investigated engine [11]

In the article the mathematical simulation of the fuel in-
jection process runs in the single-cylinder injection pump is
presented. The verification of the model was done in corre-
lation with the results obtained on a real engine. An analy-
sis of presented results of the mathematical simulation
gives good reason for ascertains that results correctly re-
produce course of characteristics.

During the modelling of the process of the fuel injection
the following computer programs were used: AutoCAD,
Microsoft Excel, Matlab, COMSOL Multiphysics, Solid-
Works.

In this paper, it was decided to take into account the ef-
fect of the course of the pressure in the engine cylinder on
the course of the fuel injection which not all authors took
into account, and of changes of medium parameters. The
calculations include the influence of pressure and tempera-
ture on the parameters of the pumped fuel such: density,
kinematic viscosity and modulus of elasticity.

4. Modeling results

4.1. Introductory remarks

Basic fuel dynamics equations were formulated for the
general model using the basic principles of behavior me-
chanics [3, 17]:

— mass,
— momentum and the angular momentum,
— energy.

Mathematical model of injection subsystem includes the
description of its geometrical and physical features as well
as characteristic mathematical relations describing dynam-
ics of hydraulic phenomena and structural elements. The
design of the injection subsystem and the different assump-
tions for the individual components of this subsystem ne-
cessitate dividing it into three construction units and the
corresponding three groups of equations describing the
processes occurring. Due to the limited volume of the arti-
cle, only examples of injection pumps were given.

An attempt to solve the problem more quickly and more
cheaply was made with numerical way using data from
experimental studies. It sought to bring the results of the
modeling results to the experimental studies which was
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checked by comparison. The work of the injection pump is
controlled by the cam, being on the camshaft. Motion of
pump piston depends on the lifts of fuel cam and camshaft
position h, = h,(a,,). The change of transferring the piston
pump in individual time intervals allows to the determine
speed values of the lifts of the plunger in characteristic
points:

dh, 0

v, = —

Codt
The lift course of the piston of the injection pump and
the speed of the piston in the fuel forcing phase, for the
investigated engine, were described in Fig. 7. These values
were appointed based on the outline of the fuel cam on the

camshaft.

Fig. 7. Lift and velocity of plunger of the injection pump

Fuel injection pump with the valve with strain relief h,
working stroke is preceded by stroke h, arising from needs
to supplement the volume of fuel injection subsystem, re-
leased by relief stroke calculated with the formula:

h, = ‘TZ; 2)
p
Working stroke is calculated with the formula h;:
ho= 20 3
P

4.2. Modelling of hydrodynamic phenomena in the
pressing subsystem of the injection pump

The following types of equations were used to describe
these phenomena. Fuel flow continuity equation for indi-
vidual spaces of the pumping subsystem:

MR- 2ES @
E dt
where: V — volume of the chamber taken into consideration
of the pumping subsystem, E — modulus of elasticity of
fuel, p — pressure of fuel in the considered space, & q — sum
of inlet and outlet streams of fuel to and from the space.

Equation of motion of delivery valve, being the balance
of the dynamic forces acting on the valve in the form of:

m—-=>P 5)

where: m — mass of the moving element, £ P — the sum of
the forces acting on the delivery valve.

Equation describing the stream of the fuel flow q
through considered holes with cross sections A:

2
q= qu/B(pl -p,) ©6)

where: [ — flow coefficient, A — the geometric cross section
to flow, p — fuel density, p; — p, — pressure difference on
both sides of the hole.

Equation of swelling pressure in the inlet or outlet of the
flow hole as the result of the change of the volume stream q
flowing through the opening [17]:

. a
dp = sign(@) ' dq )
where: sign — plus or minus, a — speed of sound in fuel.

Continuity equations for the space above the injection
pump plunger can be written as [5]:

dp 2 dh
A - A P = A= — -A z
P|:CP pr (G) p dt i| Wil ] p‘pp pd‘ zc dt
2 dh, V, dp
-wolA, [ Zp,-p A, +- 2 Py 8
bzuz z p‘pp pl‘ z dt E dt 9y ( )

where: A, — active cross section of the pump piston, ¢, —
the actual speed of the injection pump piston, with regard
the elastic deformations, wy,(0) — camshaft deformability

.2
factor, s;H,A,j B‘pp—pd‘ — stream of fuel flowing

through the intake hole in the injection pump, j — nozzle
hole number, p, — pq — difference pressures between the
chamber in the injection pump cylinder and the inlet space,
qu — stream of leakages of fuel as the result of the leakiness
of the pumping element, w,; — control indicator equal 1 or —
1 depending on the sign of the pressure difference p, — pg,

2
We,H,A, B‘pp —pl‘ — stream of fuel flowing through the

discharge valve, A,(h,) — the cross-section between the
socket and the head of discharge valve, p, — p; — differential
pressure between chamber in the cylinder of the injection
pump and fuel injection pipe, wy, — the control indicator
equal is 1 or — 1 depending the sign of differential pressure,
. . V, dp,
Pp — Pi» ¢, — velocity of the inlet fuel stream, E dr -
stream of fuel accumulated in the V, volume of the cylinder
as the result of the change of the prevailing pressure.
Boundary conditions in pumping subsystem of injection
pump determine the equation of head of discharge valve [5]:

d*h, _ dh
gz - APy TP W E (R IGh) 9)
2
where: m, ey 5~ — inertia force working on the moving
T

elements of the valve (mass of head and one third mass of
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the spring), A, — cross-section of discharge valve, k, —
spring constant, P, — force of preliminary of the valve
spring tension, w,, — motion resistance coefficient.

Continuity equation for the flow for chambers in dis-
charge connector of the injection pump is possible to calcu-
late according to the pattern:

Vs dpy

E dt :WSZHZAZ

3‘ -p+A My ae (10)
o Pp TPk s kCk
where: Aicy — fuel stream flowing from the pumping sub-
system of the injection pump to the chamber of injection
pump with the cross-section area and injection speed cy,
Va dpyc
E

ity of the connector tube of injection pump the result of the
move of the valve head pumping as the result of the pres-
sures change.

Residual pressure values py. are possible to measure or
approximately can be calculated according to the formula:

— fuel stream accumulated in the volume V| capac-

Vhp _VO
Psc = Pow _Ap =Pow _EVi (11)
hy

p

where: p,, — injector opening pressure, Ap — pressure drop
caused by the opening of the injector nozzle, E — modulus
of fuel elasticity, Vi, — volume of the high pressure part of
the system injection subsystem, V,, — relief volume.

In the papers geometric models were swapped over
based on design requirements and measurements of real
elements of injection apparatus [6, 14]. In the paper [12] a
functional model drawn up was elaborated for the different
type of the medium-speed marine engine.

4.3. Regard into account the changeability
of parameters of fuel
The fuel is a perfectly springy liquid and defers to the
Hooke's law, which determines the change of the length of
the element triggered with change of the pressure [5]:
_dp_ dx _ _dV

12
¢ E X \Y (12)

where: €. — unit change in length of the element of the lig-
uid, dx — change the length of the fuel element, dV -
change of the volume of the fuel element.

Assuming that the mass of the element due to pressure
increase will not change, it can be written as:

v = d(m] =-"dp
P) p

13)

where p is density of the fuel.

The speed of the propagation of the pressure wave a, in
the injection subsystem is determined by the elasticity of E
fuel, the elasticity of material of the injection pipe accord-
ing to the formula:

a =

p.t
0 1o, 1dy
H e 5 o«
P Ep,t Es 81

(14)

E,— modulus of elasticity of fuel at pressure p and temper-
ature t, E; — modulus of elasticity of the material injection,
dy; — internal diameter of injection pipes, s; — injection pipe
wall thickness.

Sebyla based on experimental studies formulated the
equation on E, in the form [5]:

E,.= Eq + 9.375p — 0.00625p” (15)

where: E,; — modulus of elasticity at the atmospheric pres-
sure and the given temperature. On the Fig. 8. the course of
the modulus of elasticity of fuel was shows for one circula-
tion of the engine changing depending on the pressure and
the temperature.

Fig. 8. The course of the modulus of elasticity of fuel was shows for one
circulation of the engine

The influence of inlet liquid fuel temperature and pres-
sure on direct-injection diesel engines can be significant.
The primary fuel temperature effects on the injection pa-
rameters come from the fuel elasticity modulus of elasticity
and the density with the fuel viscosity less significant as the
injector subsystem flow is usually in a turbulent region [2].

Increasing the fuel temperature by 1 K in the x place
caused by the pressure increase of 10 MPa [5], which can
be written as:

tox = ta + (Ppx = Po)/10 (16)

where: t,, — pressure of fuel in the x place, tq — temperature
of the inlet of fuel, p, — pressure of fuel in the x place, p, —
ambient pressure.

The density of fuel is being changed with the change of
temperature and pressures. Individual authors are giving
different relations, and according to Dowa and the Finn
determine the pattern [5]:

Pp.c = Po(1+mp — np?)

where: m, n — the factors dependent on the temperature, p
— density of fuel in current terms, p — pressure of fuel.

It is hard at deriving equations describing the movement
of fuel in the wire to include constant changes of the pres-
sure, flows of fuel, but adoption of their constant value is an
significant error [4, 14]. On Fig. 9 the course of the density
of fuel was showed within one circulation.

Dynamic viscosity varies with temperature and fuel
pressure, and it was calculated according to the relation:

_ 20\ W,
Npt = Nao e e

a7

(18)
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where: Ny — absolute viscosity of fuel at the atmospheric
pressure and the environmental temperature, absolute vis-
cosity of fuel at the atmospheric, w, — temperature coeffi-
cient, w,, — pressure coefficient.

Fig. 9. Change of the fuel density of g, depending on the pressure and the
temperature

The kinematic viscosity can be calculated from the rela-
tion:

Mo
pp,t

Vv =

o (19)

or from the empirical model [5].

4.4. Calculating losses and coefficients

During the model calculations a number of losses and
simplifications were assumed. The stream of leaked fuel
from injection pump can be calculated with the formula [8]:

- Pthca3

19)
12n,,

A pp

w,. — factor in determining the ratio of the width to the
length of slot, & — radial clearance between piston and
sleeve.

Radial clearance between the plunger and the cylinder
fuel injection pump and nozzle body and needle for was
determined for operated state by the geometric measure-
ments [6, 14]. The flow coefficient depends on the substan-
tial amount of factors as: shapes of holes, radii of the edge,
state of the surface, geometrical dimensions, Reynolds
number, parameters of flowing fuel [5, 6]. Yomaoka and
others gave the formula for empirical coefficient of dis-
charge valve in the form [18]:

n, =0.26tg ™" (4p+500)(hz _0.0144 ] +0.15 (20)
0

where: h, lift of the delivery valve.

In the forces acting on the moving parts of delivery
valves and injector valves should be taken of the strength of
the opposition’s force of movement which results from the
viscosity of fuel filling room up on the circumference of the
element. This force is proportional to the lateral surface of
the element and the gradient of the fuel speed:

dc

n 2y

P = r]p,tT[dmle

where: d,, — diameter of the movable element, 1. — the
length of the element movable, n — normal coordinate to the
direction of movement of the movable element.
nd L. _ dx

C W,.,.—
o o dt

P=n,, (22)

d] - .
where: w,, =N—2=¢ coefficient of resistance of the move

of the element of valve head, 6 — layer thickness of fuel
between the movable element and the wall of the body.
The friction losses in rectilinear or gently bent pipes are
calculated from the formula [3]:
Ap Ic?

hstl =—=A

1 , A=A(Re,r/d))
Yy 2gd,

(23)

where: Ap — drop of the pressure, y— specific gravity of
liquid, A, — coefficient of linear losses on friction, r/d; —
relative roughness of the internal wall of the pipe, Re -
Reynolds number.

The line loss factor is calculated depending on the type
of flow [3]:
— for flow in the Reynolds number range 3000 to 80 000:

_ 0.316

Ay = Re 025 24

— for larger number of Reynolds number 100 000 to 1 600
000 according to the formula Schilera-Herman:

A = 0.0054 + 0.396 Re ™ (25)

At flows under pressure local losses associated with
sudden changes of the diameter and direction which the
viscosity of liquid is causing are appearing in wires and
they depend on the Reynolds number. The height of the
local losses is expressed by the formula:

o2
hg =& 2 (26)
where: { — dissipation local factor, g — gravitational acceler-
ation.

The following local loss cases were accounted in the in-
jection subsystem of the tested engine [1]: knee and inflec-
tion of the injection line, sudden constriction at the outlet of
the injection pump and entry into the spray opening, inlet
with rounded edges, tees, etc.

4.5. Comparison of the calculated and measured results

Due to the limited volume of this article, only the ex-
amples of the injection pump were give. The relation of the
set of functional elements is shown in Figure 1.

The stream of fuel pumped by individual holes of the in-
jection subsystem can be transformed in order to appoint the
pressure course of fuel in spaces of the injection subsystem.
The pressure sensor in the experimental study was placed at
the point where the pressure in the injection pump cylinder
was measured. The formula for the fuel stream flowing
through the delivery valve is of the form (equation 8):
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4, =Wo,H,A, g\pp -p| (26)

P
The fuel stream pumped by the plunger of the injection
pump depends on the diameter d, of the piston of the pump
and the pumping speed of ¢, and perhaps to be calculated
as:
2
_ Tdpe,

4= 27

This stream should be reduced by the losses shown in
chap. 4.4. Fig. 10 illustrates exemplary of the pressure

Fig. 10. The pressure course of in the injection pump measured in experi-
mental studies (e) and calculated (c) for the 100% of the engine load

Fig. 11. Fragment of pressure courses in the injection pump measured in
experimental studies (e) and calculated (c) for the 100% of the engine load

course of fuel pumped in the injection pump, appointed
based on calculations and from experimental investigated

and at the rotation speed of camshaft at 250 rpm. The figure
shows that the waveforms are similar.

For a better comparison of the courses studied, the part
of the waveforms was shown where the fuel injection oc-
curred (Fig. 11). The figure shows that the maximum values
of the waveforms are the same, while the values of the
experimental pressure are generally lower. At the end of
fuel injection, there are also differences in residual pressure.

5. Conclusions

The mathematical model for numerical simulation of in-
jection processes was developed and verified by experi-
ments under several operating load regimes. Estimated
courses of the pressure in chambers of the injection subsys-
tem are similar to courses occurring in the experimental
road in laboratory tests of the real engine. Presented model
requires correcting to the purpose increasing of pressure
course in injection subsystem calculated to experimental.

Elaborated geometric and functional model of injector
subsystem and used mathematical relations, enable to con-
duct the wide scope of research of the fuel injection pro-
cess.

The input variables can be: fuel setting, fuel inlet pressure
of injection pump, opening pressure of the injector, engine
parameters and operating conditions of the injector. Features
of the technical state can be design features of the elements
of injection subsystem, changed according to the value of
design solutions and processes of wear and damages.

Currently operated the conventional injection systems
may be also optimized thanks to the modelling from the
point of view of useful engine parameters and diagnosis
methods, and especially under the angle of ecological re-
quirements which must to fulfil. The elaborated model out
makes possible the quick simulation of this process in dif-
ferent variants, without the construction of prototypes or
time-consuming experimental investigations.
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Nomenclature

speed of sound propagation in fuel

area of cross-section of the plunger

area of cross-section of the in-valve chamber
velocity

piston diameter

modulus of fuel elasticity

position of the piston of injection pump
pipe length

mass

mass of moving elements in the valve
pressure

force

pressure in chamber of pumping section

Zmeo e

TT BB T

=
)

pressure in chamber of the delivery valve
streams of fuel flowing into and out of space
temperature

volume

volume of fuel pressed by the injection pump
length of the liquid element

crank angle

dissipation factor linear to the friction

flow coefficient

instantaneous dynamic viscosity coefficient of fuel
density of the fuel

time

N

ATDSE > X L 70T
=
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Modeling a fuel injector for a two-stroke diesel engine

This paper discusses the modeling of a fuel injector to be applied in a two-stroke diesel engine. A one-dimensional model of a diesel
injector was modeled in the AVL Hydsim. The research assumption is that the combustion chamber will be supplied with one or two
spray injectors with a defined number of nozzle holes. The diameter of the nozzle holes was calculated for the defined options to provide
a correct fuel amount for idling and the maximum load. There was examined the fuel mass per injection and efficient flow area. The
studies enabled us to optimize the injector nozzle, given the option of fuel injection into the combustion chamber to be followed.

Key words: diesel engine, two-stroke, fuel injector, modeling

1. Introduction
The targeted measures to decrease fuel efficiency,

emissions and improve power-to-density ratio are important

not only in internal combustion engines in automotive
applications but also engines in aviation applications. So,
research is continued to introduce innovative technologies
or upgrade the so far known ones that due to their materials
or unconventional solutions could not be applied before.

One of them is the opposed-piston two-stroke diesel engine

[10, 13, 18]. When compared with standard engines, it

shows many advantages, including:

— its combustion chamber is the space limited by two
pistons reciprocating in a single cylinder line, which
means no need to use heads and reduces heat loss,

— no valve mechanism and no loss due to its driving,

— reciprocating cylinders favor engine balance.

Its disadvantages are:

— a gearbox connecting two crankshafts or a complex
crank system with a single shaft,

— a fuel injector inside a liner is perpendicular to the axis
of the cylinder — a nozzle is selected for a given
combustion chamber.

A special combustion chamber requires a new design of
a fuel nozzle. Defining an injector nozzle is expensive and
long-term. To speed up optimization and reduce the number
of experiments, a technique of numerical modeling is
applied. The literature describes many models of operation
of injectors in a commona rail system: identifying
capabilities of multiple injection to reduce the emissions of
particulates and nitrogen oxides [1], macro- and
microscopic behavior of the dynamics of multiple injection
[5, 7], modeling a control valve to describe the impact of
cavitation on losses in flow [2, 9, 17]. There are also
strength tests of injector’s elements to specify stresses and
deformations in the injector due to injection-generated
external loads [11], [15]. Both individual elements [1, 5, 7,
9] and the entire fuel injection systems [12, 17, 20, 21] are
modeled.

When a fuel injector for a given combustion chamber is
designed, previously specified nozzle parameters should be
optimized by simulation. For given operating conditions
(fuel pressure, amount of fuel injected, injection time, etc.),
the number and diameter of nozzle holes should be
determined first. These parametrs can be determined

mathematically from the correlation of mass flow rate.
Another method is the simulation to specify more
parameters that have an impact on injector mass flow rate.
The so obtained research results, e.g. mass flow rate of fuel
injected can be used as an input for the next stage of
combustion research.

One of the tools to model injection systems is AVL
software of BOOST-HYDSIM. This is a program dedicated
to the dynamic analysis of hydraulic and hydro-mechanical
and control systems [3, 4, 6, 19]. It is based on the theory of
fluid dynamics and vibration of multi-body systems. The
main application area of BOOST Hydsim is the simulation
of fuel injection.

This research combines a mathematical analysis and
modeling to correctly select an injector nozzle for an
opposed-piston two-stroke diesel engine. The research
enables us to specify a diameter and number of nozzle holes
to inject enough fuel at idling and the maximum load.

2. Principles of the model

The minimum and maximum amounts of fuel were de-
termined from the AVL Boost calculations for an engine
cooperating with a given propeller (third-degree curve) that
can load of 100 kW at 4000 rpm. As a result, there was
created fuel vs. power characteristics (Fig. 1) and the char-
acteristics of compression pressure, maximum pressure and
mean cylinder pressure (Fig. 2) vs. crankshaft speed. The
research results are given in Table 1.

Fig. 1. Fuel amount and engine power vs. crankshaft speed
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Fig. 2. Maximum motored pressure, maximum combustion pressure and
average maximum pressure vs. crankshaft speed

Table 1. Research results of the propeller-loaded engine

. Fuel Max. Max. Average
Rotational mass .
speed Power per motored | combustion max.
cylinder pressure pressure pressure
[rpm] [kW] [mg] [MPa] [MPa] [MPa]
500 0.2 2.8 4.9 4.9 4.90
1000 1.6 3.2 5.2 54 5.30
1500 5.3 5.2 5.6 6.1 5.85
2000 12.5 8.0 6.1 7.0 6.55
2500 24.4 11.7 6.6 8.2 7.40
3000 42.2 16.6 7.3 10.0 8.65
3600 72.9 23.4 8.6 12.4 10.50
3800 85.7 26.0 9.1 13.3 11.20
4000 100.0 29.0 9.3 14.0 11.65

The results enable us to specify the boundary amounts
of fuel to be injected: at idling at a crankshaft speed of
1000 rpm and for a maximum power at a crankshaft speed
of 4000 rpm. Also, the boundary conditions for a cylinder,
i.e. air pressure in the cylinder, into which fuel is injected
were specified as mean compression pressure and the max-
imum pressure. The research data are given in Table 2.

Table 2. Simulation parameters

Type of Rotational Power Fuel mass Mean cylin-
. speed der pressure
operation [rpm] [kW] | [mg/cylinder] [MPa
idle 1000 1.6 3.2 5.30
max. load 4000 100 29 11.65

To achieve a favorable air-fuel mixture, i.e. the largest
possible contact surface of fuel injected with air, the fuel is
assumed to be injected with one or two injectors of the
number of nozzle holes as in Table 3.

Table 3. Options of the number of nozzle holes

Number of injectors per Number of nozzle holes
combustion chamber
2 3 4
1 .
2 . . .

3. Model of an injector

Our research uses a Common Rail system injector de-
sign controlled with a solenoid valve because of the overall
dimensions of the injector that define its weight and the
ease of installation and arrangement of injectors on the
engine. Fig. 3 depicts a model of the injector created in the
Boost Hidsim.

Fig. 3. Model of the injector in the Boost Hidsim

We modeled a valve closes orifice nozzle of a real ge-
ometry in which its efficient flow field is calculated from
the height of the nozzle needle. The coefficient of through-
the-injector-hole-flow loss is as 0.83, given that a correla-
tion of an edge rounding and a hole diameter as r/d = 0.2
[8]. A control valve was modelled as a throttle in which the
flow field is a function of time. In cooperating elements like
a needle with a nozzle body and a control piston with a
cylinder, there is assumed a loss due to fuel leaks. The
model of fuel leaks is based on the Hagen-Poiseuille law,
given a laminar flow through Annular Gap which changes
according to fuel pressure [3].

A given amount of fuel is injected by estimating the
minimum flow field for assumed parameters of injection
and properties of the fuel. This is possible using sophisti-
cated hydraulic models [14]. Approximate dependence was
used in the studies [13]:

Me = Cq-Ap-/2-ps-Ap (1
where 1, — fuel mass flow rate [mg/cycle], cq — outflow
coefficient, A, — minimal flow field [mmz], pr — fuel density
[kg/m3], Ap = (p» — p1) — pressure difference [MPa], p; —
combustion chamber air pressure, p, — injected fuel pressure.
The relationship was transformed to the following formula
for the minimum injection field of a single nozzle hole:
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m-360-n (2)
A®-cq-i-ig/2-prAp

where m — fuel mass [mg/cylinder], n — rotational speed
[t/s], A, — minimum flow field of a single nozzle hole
[mm®]; A, = A, *i - ij; i — number of injectors per cylin-
der, i; — number of nozzle holes, A® — injection time [°CA].

The diameters were determined, given that the flow
through each of the injection nozzles is quasi static, incom-
pressible and one-dimensional. The reduced diameter range
was used to perform Boost Hydsim calculations. So, these
were the conditions (Table 4) to investigate the injector’s
mass flow rate. It was assumed that there are two doses of
fuel (t; — pilot and t, — main) to be injected at idling and
injection pressure to be as 30 MPa. If the maximum load,
there is one dose of the fuel injected at a pressure range of
100-180 MPa.

Ani =

Table 4. Injection times and pressures

Number Nozzle hole S Injection
. Injection time
of nozzle diameter (ms] pressure
holes [mm)] [MPa]
One injector
_(0.14 b.j
4 d _{O 16 {tl =0.30-0.40 30 —idle;
(012 t, = 0.40—0.70 100 - 180 —
6 ds —{0 14 max. load
) max. load t;, = 1.00
Two injectors
2 like for d4 b.j
3 like for dg {tl =0.30—-0.40 30 —idle;
t, = 0.40 —0.70 100 - 180 —
4 dy =0.10 max. load
max. load t, = 1.00

4. Research results

4.1. Idle
One injector

Given the values of the parameters and the calculated
hole diameters, the minimal injection time when the injec-
tor completely opens was calculated. An outflow is limited
by a field of injector hole but not the gap between the nee-
dle and the seat in the nozzle. The injector will not operate
within a range of ballistic amounts of fuel. There are the
research results of the injector operating in idling condi-
tions. The maximum efficient flow field was compared
(Fig. 5 and Fig. 7) to the flow field due to the injector hole
diameter and the fuel mass per injection (Fig. 4 and Fig. 6).
Table 5 and 6-hole nozzles.

4 holes

Fig. 4. Fuel mass (4-hole nozzle, t; = 0.4 ms; ds = 0.14 mm) at injection
times of a main fuel dose t, = 0.5; 0.6; 0.7 ms

Fig. 5. Flow area (4-hole nozzle, t; = 0.4 ms; ds = 0.14 mm) at injection
times of a main fuel dose t, = 0.5; 0.6; 0.7 ms

Fig. 6. Fuel mass (4-hole nozzle, t; = 0.4 ms; d4 = 0.16 mm) at injection
times of a main fuel dose t, = 0.5; 0.6; 0.7 ms

Fig. 7. Flow area (4-hole nozzle, t; = 0.4 ms; d4 = 0.16 mm) at injection
times of a main fuel dose t, = 0.5; 0.6; 0.7 ms

Table 5. Simulation for a 4-hole nozzle

Injection .
di?noll:ler tignes of Minimum Calculated Regi:lrm Calculated
da main fuel flow area flow area mass fuel mass
dose ty
[mm] [ms] [mm’] [mm’] [mg] (mg]
0.50 0.02584 2.44
0.14 0.60 0.01485 0.03157 3.20 3.35
0.70 0.03562 4.35
0.50 0.02926 2.71
0.16 0.60 0.02186 0.03643 3.20 3.73
0.70 0.04173 4.87

Given the diameters as d; = 0.14 and 0.16 mm and in-
jection times of main fuel doses as t,, the flow field is min-
imal in the assumed range. This means that the main doses
are injected within a non-ballistic range. At the same time,
if injecting the pilot dose t; = 0.40 ms and the main dose
t; = 0.60 ms, the required dose at idle is achieved.

6 holes

Given the diameters dg = 0.12 and 0.14 mm and inject-
ing the main fuel doses of t,, the flow field is minimal in
the assumed range. This means that the main doses are
injected within a non-ballistic range. At the same time, if
injecting the pilot dose t; = 0.40 ms and the main dose
t, = 0.5-0.60 ms, the required dose at idle is achieved.
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Table 6. Simulation for a 6-hole nozzle

'Hole . Injection . | Minimum |Calculated| Required |Calculated
diameter |times of main
flow area | flow area | fuel mass | fuel mass
ds fuel dose t,
[mm] [ms] [mm’] [mm’] [mg] [mg]
0.50 0.03152 3.00
0.12 0.60 0.01221 0.03815 3.20 4.11
0.70 0.04258 5.36
0.40 0.02358 2.29
0.14 0.50 0.01457 | 0.03647 3.20 3.36
0.60 0.04533 4.65

Then, the injection of a dose at the maximum load for
the given variations should be investigated.

a) Two injectors
2 and 3 holes

Given the number of nozzle holes as 2, 3 and 4, the noz-
zle hole diameter to inject a fuel dose at idle as 1,6
mg/injector was calculated. By changing the correlation
between the number of injectors and the number of nozzle
holes, identical nozzle hole diameters were achieved. This
fact refers to a 2- and 3-hole nozzle. The difference may be
due to the fact that for a less number of nozzle holes, the
minimum flow field can be achieved at a less elevated noz-
zle needle so shorter injection times. Accordingly, there
was verification calculation for the given hole diameter of
2- and 3-hole nozzles, injection times, idling pressure and
maximum load. The research results are given in Table 7
and Table 8.

Table 7. Simulation for a 2-hole nozzle

Hole InJectlo_n times Minimum | Calculated | Required | Calculated
. of main fuel
diameter flow area | flow area | fuel mass | fuel mass
dose to
[mm] [ms] [mm’] [mm’] [mg] [mg]
0.50 0.01382 1.35
0.14 0.55 0.01485 | 0.01533 1.60 1.57
0.60 0.01647 1.82
0.50 0.01585 1.51
0.16 0.55 0.02186 | 0.01775 1.60 1.77
0.60 0.01930 2.05

The minimum flow field is achieved for both hole di-
ameters when injecting the main dose t, > 0.55 ms, whereas
an idling dose is achieved by injecting the pilot dose
t; = 0.40 ms and the main dose t, = 0.55-0.6 ms.

The calculations for a 6-hole nozzle show that it is pos-
sible to inject an idling dose if nozzle diameters are dg =
0.12 and 0.14 mm. However, for a dose at the maximum
load for the diameter of dg = 0.14 mm, injection pressure
and injection time of the main dose t, should be significant-
ly increased (Fig. 13, Table 11). Accordingly, one type of a
hole diameter, i.e. d; = 0.12 mm only was assumed for a 3-
hole nozzle. The injection time of the main dose was also
reduced. The research results are given in Table 8.

Table 8. Simulation for a 3-hole nozzle

Injection times

Given the diameter d; = 0.12 mm and injecting the main
fuel doses t, > 0.40 ms, the flow field is minimal. At the
same time, if injecting the pilot dose of t; = 0.40 ms and the
main dose of t;=0.5 ms, the required dose at idle is
achieved.

4 holes

Analogue calculations as for a 1-nozzle injector were
performed for a 4-hole injector. A hole diameter for a 4-
hole nozzle was calculated as d; = 0.10 mm and calcula-
tions for idling were performed. The main dose injection
times were as t; = 0.40; 0.45; 0.50 ms. The research results
are depicted Fig. 8, Fig. 9 and Table 9.

Fig. 8. Fuel mass (4-hole nozzle, t; = 0.4 ms; d4 = 0.10 mm) at injection
times of a main fuel dose t, = 0.40; 0.45; 0.50 ms

Fig. 9. Flow area (4-hole nozzle, t; = 0.4 ms; d, = 0.10 mm) at injection
times of a main fuel dose t, = 0.40; 0.45; 0.50 ms

Table 9. Simulation for a 4-hole nozzle

Injection
Hole times of Minimum | Calculated | Required |Calculated
diameter | main fuel flow area flow area | fuel mass | fuel mass
dose t,
[mm] [ms] [mm’] [mm’] [mg] [mg]
0.40 0.01300 1.27
0.10 0.45 0.00796 0.01583 1.60 1.57
0.50 0.01794 1.85

Given the diameter d, = 0.10 mm and injecting the pilot
dose at t; = 0.40 ms and the main dose at t, > 0.40 ms, the
minimal flow field and the required dose at idle are
achieved.

4.2. Maximum load
a) One injector
4 holes

Given the nozzle hole diameters calculated at idling, the
mass flow rate of an injector at the maximum load was
calculated. The amount of fuel under such conditions is
about 29 mg/cylinder injected as a single dose. The calcula-
tion principles are as follows: fuel injection is as injecting
the main dose, main dose injection time is t, = 1.0 ms, fuel
injection pressure is p = 120-180 MPa.

Hole . Minimum| Calculated | Required | Calculated
. of main fuel
diameter flow area | flow area | fuel mass | fuel mass
dose t,
[mm] [ms] [mm’] | [mm’] [mg] [mg]
0.40 0.01203 1.17
0.12 045 0.01138 | 0.01480 1.60 142
0.50 0.01702 1.69
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The simulation results are given in Fig. 10, Fig. 11 and

Table 10.

Fig. 10. Fuel mass (4-hole nozzle, t, = 1.0 ms; ds = 0.14 mm) at injection

pressures as p = 140, 160, 180 MPa

Due to the large mass flow rates (dg = 0.12 mm) for the
diameter nozzle d¢ = 0.14 mm, injection pressure was re-
duced to 120-140 MPa.

Fig. 13. Fuel mass (6-hole nozzle, t, = 1.0 ms; d¢ = 0.14 mm) at injection
pressures as p = 140, 160, 180 MPa

Table 11. Simulation for a 6-hole nozzle

Fig. 11. Fuel mass (4-hole nozzle, t, = 1.0 ms; d4 = 0.16 mm) at injection
pressures as p = 140, 160, 180 MPa

Table 10. Simulation for a 4-hole nozzle

Hole Required fuel Calculated fuel
. Fuel pressure

diameter mass mass
[mm] [MPa] [mg] [mg]
140 33.62
0.12 160 36.50
180 39.33
120 29.00 39.61
0.14 130 41.60
140 43.53

Hole diame- Required fuel Calculated fuel
Fuel pressure

ter mass mass
[mm] [MPa] [mg] [mg]
140 29.23

0.14 160 31.75

180 34.22

140 29.00 36.42

0.16 160 39.56

180 42.66

For the maximum load, it is better to use the hole diameter
in a 4-hole nozzle as d; = 0.14 mm. Due to the large mass flow
rate for a diameter nozzle as d, = 0.16 mm, fuel injection pres-
sure or main dose injection time should be reduced.

6 holes

The hole diameters in a 6-hole injector are dg = 0.12 and
0.14 mm. The mass flow rates for this type of injector at the
maximum load were calculated at injection pressures of 120 to
180 MPa according to the nozzle hole diameters. Fig. 12 and
Fig. 13 show the mass of injected fuel for the different injec-
tion pressures. The research results are given in Table 11.

Fig. 12. Fuel mass (6-hole nozzle, t, = 1.0 ms; d¢ = 0.12 mm) at injection
pressures as p = 140, 160, 180 MPa

For the maximum load, it is better to use a nozzle hole
diameter in a 6-hole nozzle as dg = 0.12 mm. For a diameter
nozzle as d; = 0.16 mm, fuel injection pressure or main
dose injection time should be reduced.

b) Two injectors
2 and 3 holes

Given nozzle hole diameters in a 2-hole injector calcu-
lated for idling as dy = 0.14 and 0.,16 mm, mass flow rates
at the maximum load were calculated. The amount of fuel
per injector injected under these conditions is about 14.5
mg as a single dose. The principles behind the calculations
are identical as in those for a single injector.

Fig. 14 and Fig. 15 show the fuel mass for the hole di-
ameters d, varied due to injection pressure. The research
results are given in Table 12.

Fig. 14. Fuel mass (2-hole nozzle, t, = 1.0 ms; d, = 0.14 mm) at injection
pressures as p = 120, 140, 160 MPa

A nozzle with the hole diameter of 0.16 mm, despite its
low injection pressure as 100 MPa, shows a larger than
required mass flow rate. Accordingly, the hole diameter of
d, = 0.14 mm should be used in the two types of injectors
with a 2-hole nozzle.
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Fig. 15. Fuel mass (2-hole nozzle, t, = 1.0 ms; d4 = 0.16 mm) at injection

pressures as p = 120, 140, 160 MPa

Table 12. Simulation for a 2-hole nozzle

Fig. 17. Fuel mass (4-hole nozzle, t, = 1.0 ms; ds, = 0.10 mm) at injection
pressures as p = 120, 140, 160 MPa

Table 14. Simulation for a 4-hole nozzle

Hole Required fuel Calculated fuel
. Fuel pressure

diameter mass mass
[mm] [MPa] [mg] [mg]
120 13.39
0.14 140 14.72
160 15.99
100 14.50 14.97
0.16 120 16.73
140 18.40

A mass of injected fuel for the 3-hole nozzle of a hole
diameter of d; = 0.12 mm and injection pressures as p =
120, 140, 160 MPa (Fig. 16) was calculated At the maxi-
mum load, the required dose is achieved at the injection
pressure of 120 MPa. For higher pressures, main dose injec-
tion time should be reduced (Table 13).

Fig. 16. Fuel mass (3-hole nozzle, t, = 1.0 ms; d;= 0.12 mm) at injection
pressures as p = 120, 140, 160 MPa

Table 13. Simulation for a 3-hole nozzle

Hole Required fuel Calculated fuel
. Fuel pressure
diameter mass mass
[mm] [MPa] [mg] [mg]
120 15.40
0.12 140 14.50 16.92
160 18.36
4 holes

It was calculated a mass of injected fuel for the 4-hole
nozzle of the hole diameter of ds, = 0.10 mm and injection
pressures as p = 120, 140, 160 MPa (Fig. 16). At the maxi-
mum load, the required dose is achieved at the injection
pressure of 120 MPa. For higher pressures, main dose injec-
tion time should be reduced (Table 13).

Hole Required fuel Calculated fuel
. Fuel pressure
diameter mass mass

[mm] [MPa] [mg] [mg]

120 14.91
0.10 140 14.50 16.35

160 17.71
Summary

Two options of injection were investigated while mod-
eling an injector. For an input parameter, i.e. the fuel mass
required at idling and the maximum load, the assumption is
that the fuel is injected into the cylinder with one or two
injectors. Depending on the option, the number of nozzle
holes was assumed to be from 2 to 6 so the number and
diameter of hole nozzles for the options were determined as
follows:

a) one injector
— a4-hole injector of a hole diameter as dy = 0.14 mm
or optionally dy = 0.16 mm at reduced injection
pressure or time,
— a6-hole injector of a hole diameter as dg = 0.12 mm

b) two injectors
— 2-hole injectors of a hole diameter as d, = 0.14 mm,
— 3-hole injectors of a hole diameter as d; = 0.12 mm,
— 4-hole injectors of a hole diameter as d4 = 0.10 mm.
The research results will be used to create the geometry
to develop nozzles for a given fuel injector to perform
bench tests. Such research will enable us to determine the
mass flow rate and characteristics of the injectors. The mass
flow rated calculated will be entered into the AVL Fire to
optimize the combustion process.
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Problems in fuelling spark ignition engines with dimethyl ether

This paper discusses briefly the production technology of dimethyl ether, taking into account plant raw materials and the physical
and chemical properties of DME as compared to diesel fuel. The benefits and disadvantages of DME as a fuel are presented and changes
in the emission of harmful substances characterised as compared to the combustion of diesel fuel. Also, basic usage problems are
addressed, e.g. the wear of engine’s elements, cavity and leakages in the fuel system.
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1. Introduction

Extensive development of vehicle transport over the
past decades has resulted in bigger consumption of engine
fuels and rapid degradation of the environment. The need to
ensure fuel supply — matching the growing demand — on
world markets, combined with depleting crude oil resources
brought a greater interest in alternative fuels. The selection
of alternative fuels is determined by four criteria:

— availability of raw material,

— degree to which the production technology is available,

— 1impact on the degradation of environment throughout
the entire life cycle (WtW),

— feasibility in terms of powering modern-day engines.

One of the alternative fuels that according to the afore-
said criteria appears more advantageous than a number of
biofuels is dimethyl ether (DME) [2, 5, 11]. Its production
has been developed chiefly in Asian countries — a major
worldwide producer of DME is China, where coal is the
basic raw material. In Europe there are several pilot instal-
lations, among others in Sweden and Denmark. Raw mate-
rials used for DME production may include:

— coal,

— natural gas,

— solid biomass,

— liquid biomass,

— biogas,

— waste, e.g. waste plastics.

High diversity of the raw materials that may be used
stems from the method of producing the said fuel. Raw
materials containing in their structure carbon and hydrogen,
regardless of the manner of their bonding in particles are
transformed into syngas, i.e. a combination of CO and H, in
adequate proportions. In the next phase syngas is used for
the synthesis of methanol, of which DME is ultimately
produced. Below are presented chemical reactions occur-
ring in respective phases of DME synthesis.

Hydrogen essential for adjusting the composition of
syngas is usually the product of conversion of carbon oxide
into vapour:

CO +H,0 —» CO,+H, AH = —40.9 kJ/mol

Pyrolysis Gasification

raw material (C, H)—» pyrolytic gas—» CO, H,
(syngas)

Gasification
™ CO, H, (syngas)

Syngas — a combination of CO and H, in proportion
suitable for the synthesis is the product of combining puri-
fied products of gasification with hydrogen:

CO +2H, —» CH;0H AH = -90.7 kJ/mol
+3H, CH;0H + H,O AH= —49.5 kJ/mol
2 CH;0H —» H;COCH; + H,0

The aggregate process of DME synthesis from syngas is
as follows:

3CO + 3H, —»CH;0CH; + CO, AH = 246.0 kJ/mol

The formula of DME synthesis reaction is unrelated to
the raw material. In technological practice raw material has
considerable impact on the chemical composition of gasifi-
cation products, which must be purified from sulphur com-
pounds (mainly SOj;), partly CO,, non-combusted hydro-
carbons and a number of other chemical pollutants. In case
of certain raw materials this process is very problematic in
terms of effective production of syngas of a particular puri-
ty and a specified CO/H, proportion.

Methane or bio-methane is another raw material attrac-
tive for DME/bioDME synthesis. If DME is synthetized
from natural gas or biogas, the process chart is similar as
the one presented above. The only difference takes place in
the initial phase, where methane (biogas) is directly pro-
cessed into syngas. Those technologies have been devel-
oped by BP Chemicals and Haldor Topsoe, and also several
Japanese companies, in collaboration with Total oil and gas
company. Another important aspect as regards the imple-
mentation and use of bioDME is the reduction of CO,
emissions in the fuel consumption chain. In accordance
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with Directive 2009/28/EC [6] bioDME is considered to
reduce CO, emission in the life cycle at the level of 92-
92%, depending on the biomass material.

Due to its properties, DME may be stored and transport-
ed as LPG. Usually DME is stored in aboveground or un-
derground containers with a horizontal axis and transported
by road or railway tanks.

2. DME physical and chemical parameters

Dimethyl ether (DME), with a structure described by
CHj;-0O-CHj; formula in standard conditions (0.1 MPa pres-
sure, temperature of 273.15 K) is a colourless gas with a
characteristic odour. Compressed under pressure higher
than 0.6 MPa, it undergoes condensation. In such form it is
considered as fuel for SI combustion engines [35]. Basic
physical and chemical parameters of liquid DME compared
to diesel fuel are presented in Table 1. There are references
in literature to other values of parameters corresponding to
DME properties.

Table 1. Chosen physical and chemical parameters of DME [10, 24, 27]

Parameter Unit DME ON
Molar mass g/mol 46.07 c.a.170
Carbon content % wiw 13 14
Hydrogen content % wiw 13 14
Oxygen content % w/w 34.8 0
Hydrogen content % wiw 13 14
Oxygen content % w/w 34.8 0
Density kg/m’ 667 831
Cetane number > 55 40-50
Auto-ignition tempera- K 508 523
ture

Lower calorific value MJ/kg 27.6 42.5
Kinematic viscosity at mm?/s <0.1 3
40°C

AFR 9.0 14.6
Boiling point at 1013,25 K 248.1 450-643
hPa

Vapour enthalpy kJ/kg 467.13 300
Surface tension at temp. N/m 0.012 0.027
298 K

Bulk modulus N/m’ 6.37-10° 14.86-10°
Vapour pressure at kPa 530 <10
298 K

3. Benefits of DME as fuel for SI engines

Low boiling temperature. The boiling temperature of
DME is much lower than that of diesel fuel. Because of this
parameter, liquid fuel injected to the engine’s cylinder is
promptly vaporised and therefore the self-ignition delay is
shorter. With quick evaporation it is possible to use low
injection pressure of (20-30) MPa [3], even in condition of
the engine’s high rotational speed.

Large cetane number. The cetane number indicating
the combustion speed is higher for DME than for diesel
fuel. Thus, compared to diesel fuel, DME has a much short-
er self-ignition delay and in result the emission of nitrogen
oxides [10] is reduced.

Mastered methods of storage and distribution. Be-
cause of similar physical and chemical properties of DME
and the condensed mixture of propane and butane (LPG),
the matter of their storage and distribution is considered
well studied. DME can be stored in liquid form in condition
of moderate pressure — above 0.6 MPa [10]. According to
the results of studies conducted by High Pressure Gas Safe-

ty of Japan [15], due to chemical stability during storage,
the diffusion ratio and the risk of the tank’s explosion in the
course of heating are similar for DME and LPG.

Very low toxicity. DME is a volatile organic com-
pound, with no carcinogenic or mutagen properties. Its
toxicity is considered very low or insignificant [22]. Also, it
is considered that DME does not have any hazardous im-
pact on human health [18].

Non-corrosive for metals. DME does not have any cor-
rosive effect on metals used in the construction of fuel
systems in combustion engines [Blad! Nie mozna odnalez¢
zrodia odwotlania.O].

4. Disadvantages of DME as fuel for SI engines

Low calorific value. Because of the particle structure in
DME which contains oxygen, its calorific value accounts
for approx. 65% of the calorific value of diesel fuel [14].
Moreover, considering that the density of liquid DME
comes to 80% of diesel fuel’s density — to achieve a similar
calorific effect, a twice greater quantity (in terms of vol-
ume) of DME must be injected to the engine’s cylinder than
that of diesel fuel [21].

Low viscosity. Compared to diesel fuel, DME charac-
terises with very low (at least twenty times lower [31])
viscosity and in consequence also poorer lubricity. Those
unfavourable properties cause leakages from the fuel sys-
tem and also worsen the workability of its movable ele-
ments, thus making them more prone to wear due to greater
friction [10].

Low bulk modulus. Liquid DME is two to four times
more compressible than diesel fuel [30]. For this reason, in
fuel systems in SI engines not adapted to the characteristics
of liquid DME fuel pressure may be decreased in high-
pressure areas of injection systems.

Aggressive towards certain plastics. DME shows cor-
rosive action in most elastomers, damaging sealing ele-
ments and other components of fuel systems made of elas-
tomers [7,10, 34].

4. Emission of harmful products of DME
combustion

DME produced on an industrial scale from methane can
be also derived from renewable resources, e.g. wood. Com-
bustion gases from DME-fuelled engines — compared to
those powered with diesel fuel — contain less harmful sub-
stances, including particular matter, sulphur oxides and
hydrocarbons. The emission of nitrogen oxides and carbon
oxide may be smaller or greater, depending on the condi-
tions of engine’s operation [Blad! Nie moZna odnalezé
zrédia odwolania.0, 20]. Because of greater volatility of
DME than that of diesel fuel, in case of leakage DME rap-
idly outflows to atmosphere, and thus does not contaminate
soil.

Engines fuelled with DME [8, 13, 14] prove to emit less
noise and less particular matter, THC and nitrogen oxides.
Fuel consumption vs the generated energy is comparable
with diesel oil. Studies on a one-cylinder AVL engine with
engine displacement equal to 2000 cm® with turbocharger
and a charge-air cooler proved the following differences in
emission compared to diesel fuel combustion — presented in
Table 2 [24].
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Table 2. Comparison of parameters of SI engine fuelled with diesel fuel

and DME [24]

Diesel fuel | DME
Max. power and torque comparable
Fuel consumption comparable

Emission

NOj (g/[kW-h]) 2.83 1.19
THC (g/[kW-h]) 0.22 0.22
PM (g//[kW-h]) 0.06 0.015
Smoke levels 5% 0%
Noise dB(A) 88 78

Due to high oxygen content and the lack of bonds be-
tween carbon atoms (C-C) in a DME particle, the use of
that fuel in SI engines helps to reduce PM emission signifi-
cantly compared to such emission in diesel-fuelled engines
[8, 17]. Particular matter present in exhaust gases from
DME-fuelled engines is mainly the product of combustion
of grease and additives in DME that improve its viscosity
[1, [23]]. For this reason, the exhaust cleaning systems in SI
engines fuelled with DME usually do not require any PM
filtration systems.

The emission of nitrogen oxides resulting from the com-
bustion of DME is not conclusive. It is assumed that because
of a shorter self-ignition delay and also a smaller part of the
fuel combusted before its full mixing, the emission of nitro-
gen oxides is lower [14]. The factors listed below reduce the
maximum temperature in the combustion chamber and there-
fore reduce NO, emission. Nevertheless, increased NO,
emission as compared to a diesel-fuelled engine is possible.
This is because of the extended period of the highest temper-
ature throughout the combustion process [3].

The emission of hydrocarbons [4, 16, 19, 23, 26, 28]
manifests in cases of a rich mixture, whether local or glob-
al. In case of DME, which contains oxygen particles in its
structure, the occurrence of a rich mixture locally is limited
owing to incomplete fuel & air mixing. As regards carbon
monoxide, an increase in the emission is recorded occa-
sionally — compared to diesel fuel which may be attributed
to longer injection while at the same time its pressure is
lower and the diameter of openings in the fuel injection
system is greater. However, reducing HC and CO emissions
is relatively easy owing to popular oxidising catalytic reac-
tors.

Because of a shorter self-ignition delay and the resulting
slower increase of pressure inside the combustion chamber,
a reduction of noise levels generated by the combustion
engine is observed [8, 15].

There are several compounds that should be considered,
even though they are not regulated, in fuelling SI engines
with DME. The emission of formaldehydes [32, 33] is
greater and also moderate emission of sulphur dioxide,
polycyclic aromatic hydrocarbons, benzene, toluene and
xylene [32, 33] may be expected.

Laboratory research has been conducted to evaluate the
reactivity and ozone forming potential [12, 17, 24] when
fuelling engines with DME. In a typical urban atmosphere
the DME reactivity is equal to or lesser than in case of
conventional fuel. Therefore, it is reasonable to assume that
the use of DME — compared to conventional fuel — may
have positive impact on ozone levels in urban agglomera-

tions. DME resilience in troposphere has been estimated to
last 5-6 days.

5. Usage problems relating to SI engines fuelled
with DME

Pure DME cannot be considered as a substitute of diesel
fuel. Its use for fuelling combustion engines requires a
modification of the fuel system and the use of additives
improving certain physical and chemical properties of
DME.

Critical problems concerning the use of SI engines
fuelled with DME are discussed below:

Excessive wear of elements of the fuel system due to
greater friction. The relatively low viscosity of DME
implies poor greasing properties of the fuel. This results in
greater friction between the movable parts of certain ele-
ments of the fuel system such as injection pumps, pumps in
Common Rail and injectors [Blad! Nie mozna odnalezé
zrodla odwolania.(], thus accelerating their wear.

Low viscosity of DME may be resolved by additives
improving the lubricity, a change in materials used in the
fuel systems and processing of surfaces exposed to greater
wear because of friction [31]. Among those solutions the
most effective may be considered additives enriching DME.

Positive results have been proved in using commercial
additives for DME [9], mainly those improving its lubricat-
ing properties. Those additives can be added in an amount
ranging from 100 to 1000 mg/kg. Moreover, as fuel constit-
uents improving its lubricity, added may be substances such
as diesel, castor oil, vegetable oils and related esters [7, 15,
27, 29].

Fig. 1 presents examples of results of a lubricity study
on DME, where DME is enriched with various additives,
based on Medium Frequency Pressurised Reciprocating Rig
[27], which is a modification of the standard HFRR method
(High Frequency Reciprocating Rig), wherein the grease
properties of fuel are expressed as the diameter of wear
scad measured with precision up to 1 pm. DME additives
included methyl esters of colza oil, castor oil and Lubrizol
539. For comparison, ill. 1 also shows additional lubricity
criteria for diesel fuel.

Fig. 1. Results of DME lubricity study — DME enriched with methyl esters
of colza oil, castor oil and WSD (wear scad diameter) [27]

As illustrated by the above, even a small amount added
of a substance improving lubricity changes DME properties
considerably. According to the cited studies [2, 14], the
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commercial additive proved to be the most effective. A
dose of 800 ppm is sufficient to achieve lubricity compara-
ble with that of diesel fuel. It should be noted that methyl
esters of colza oil and castor oil, which are cheaper than
commercial additives, also allow for improving the lubrici-
ty of DME.

Leaks from the fuel system. Factory fuel systems of SI
engines fuelled with diesel are not adapted for DME be-
cause of great likelihood of leakages. Literature refers to
two main causes of such leakages: low viscosity of DME
and aggressive action of DME on sealing elements. Even in
conditions of atmospheric pressure, DME leakage may be
considerable, even if lack of tightness occurs between ele-
ments moving between each other, e.g. piston — cylinder in
injection pumps, coming to as much as (40 +50)% of the
fuel quantity [11]. Greater leakages are observed in case of

engines intended for trucks and machinery equipment than
in light-duty vehicles [9].

Leakages from the DME fuel systems may be prevented
also by increasing its viscosity by applying suitable addi-
tives, as discussed earlier and also by exchanging sealing
elements prone to corrosion into elements covered with
Teflon or made of PTFE [10, 7, 34].

Cavity in the injection system. Due to high vapour
pressure of DME cavity may develop in injection systems
in engines fuelled with DME. Cavity results in hindered
flow of fuel and corrosion of the system’s elements. The
intensity of cavity increases with the increase of fuel’s
temperature and occurs more frequently in areas of non-
defined, dynamic fuel flow. An effective method of pre-
venting cavity in DME injection systems is to maintain fuel
pressure in the system above (1.2-3) MPa [11, 31].

Nomenclature

DME dimethyl ether
bioDME dimethyl ether of plant origin

SI self-ignition engine
WSD  wear scad diameter
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Detection of damage to the power supply system of diesel engine under field
conditions

Fuel injection system damages is a major problem for internal combustion engines. Approximately 70% of the injection system
malfunction is due to injector damages. Authors of the article tested an uniqge method of diagnosis injectors by using an acoustic
emission. The acoustic emission signal (EA) is a phenomenon used in various field of technology and it is a wave generated in solid
materials. The EA signal was measured during operation of damaged and undamaged injectors body in a few series, analized and
verified in term of result obtain in response signals. The relationship between the acoustic emission signal and the injectors operating
phases has been determined. On base of coefficient variation of the duration in the third phase the value of which increases substantially
when the injectors are damaged were found in ranges of 45%. For corect working injectors value of coefficient variation were found in

range from 21% to 37 %.
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1. Introduction

Common rail is mostly used in the construction of in-
dustrial compression ignition engines. This is one of the
ways to meet increasingly stringent criteria for the emission
of toxic substances. Common Rail has many advantages
that greatly affect engine performance but also has some
disadvantages too. In case of inadequate fuel quality, with
high precision of system components, it is very susceptible
to damage. Injection system damages are major operational
problem for any engine, regardless of its brand, application,
power or service life. According to research conducted by
the authors about 70% of the injection system malfunction
is due to damage to the injectors [2, 5, 8].

The reason for allowing injectors to work, the abnormal
operation of which is not visible in the form of symptoms
related to a problematic start-up or a perceptible inadequate
operation of the engine is the inability to precisely investi-
gate the technical condition of the injectors at the machine
stoppage. As a result, there are emissions of toxic substanc-
es to the atmosphere, particulate filter is accelerated filling,
power output is reduced and, in many cases, this is sudden
and unwanted stopping of the engine [2, 3].

2. Aim of the study

Adduced arguments on the need for the diagnosis of in-
jectors in real conditions the engine indicate that there is a
need to develop a new, noninvasive method that can be
applied in the diagnosis of injectors of common rail while
the engine is running. The relationship between the signal
of acoustic emission and operation phases of the injector is
the aim of the study.

3. Acoustic emission in the diagnosis of combustion
engines

The industry is using the phenomenon of acoustic emis-
sion to diagnose the state of facilities and equipment engi-
neering for many years [1, 7, 9, 11, 14—-16]. Acoustic emis-
sion (EA) is a passive method and it does not generate
additional energy in the test object or it does not interfere

with his work. Therefore it is a non-invasive method. The
sources of acoustic emission in solid materials are process-
es that generate and propagate elastic waves in the material
[12, 13]. There is an acoustic emission source signal that
reflects the phases of the processes occurring in the Com-
mon Rail injectors and it is related to their technical state.
The way the technical use of the EA included in ISO
22096, which proposed the use of signal EA for the diagno-
sis of specified devices, including combustion engines.
However, existing methods indication, performed on the
engine is running are vague, unreliable and uneconomical.

4. Stand for experimental research

The test stand was the diesel engine Perkins whose
schematic (including the high pressure circuit) is shown in
Figure 1. A diagnostic computer was connected to the en-
gine. Computer monitors selected parameters of its work
during the study [4, 6, 10].

High pressure EA sensor in handle

pipes

Engine
controller

Injectors

Crankshaft
position sensor

High
pressure
pump

Cable for diagnostic|
computer

Fig. 1. A simplified diagram of the engine used for testing together with
the instrumentation

The basic parameters of the engine used in the tests that
are certified according to EU 97/68 / EC Stage IIIA are
shown in Table 1.
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Table 1. Basic parameters of the tested engine

Number of cylinders 4

Cylinder diameter @105 mm

Piston stroke 127 mm

Engine capacity 4400 cm®

Maximum power at 2200 rpm 102 kW

Maximum torque at 1400 rpm 536 Nm

Compression ratio 16.2:1

Supply system Turbocharged with end 'cooling of
the charging air

Fig. 2. A view of the PERKINS engine used for experimental research

Each tested injector was mounted on the same cylinder,
to achieve a uniform condition during the EA signal meas-
urement for all injectors. The remaining cylinders were
fitted with properly functioning, factory-new injectors. The
engine was in "perfect" condition (tested, brand new),
which allowed us to exclude signals coming from the mal-
function of its other functional systems.

The malfunction of most engines can be seen by testing
his work at full load. Typical symptoms seen in this way
include vibrations, strokes, intermittent work, excessive
smoke, lack of power, etc. Those symptoms are usually
invisible or impossible to test with the engine idling (while
trying engine diagnostics in the field). Therefore, the aim of
the research is to diagnose the injector malfunction by
means of an acoustic emission already at idle speed of the
engine. Detecting anomaly of the injector at idle speed
could be done effectively even in the field, at the stoppage
of the machine.

An important element of the test is the measurement
channel acoustic emission, whose basic elements are shown

in Fig. 3.
rAdjuslable mid-

pass amplifier
I 20dB

|>_

AT9ISAM7
microcontroller card
with SD 1GB and

USB connector

AE sensor in
handle

Sensor mounting
location — on
injector spigot

Computer

Fig. 3. Simplified schematic of the acoustic emission measurement track

5. Results of studies
The best reference point for the EA injection time se-

quence is the current signal in the injector electrical coil
since it is often not possible to use the TDC position sensor
on the engine running and the variability of injection maps
that depend on the momentary load or conditions environ-
ment.

Figure 4 shows the dependence of the measured EA
signal with respect to the control signal for the injection
process. The injection consists of two phases: Pre-injection
and main injection — blue line on the graph. Referring to the
principle of the Common Rail (C-R) injector, it is possible
to infer what processes in the injector overlap and which
ones are reflected in the EA signal.

In Figure 4 the signal of the EA signal that depends on
the injector solenoid coil is shown. The coil control signal
during the main injection is divided into the coil excitation
phase and then the coil spring, which is mainly related to
charging the capacitor. On the basis of the analysis of the
injection process on the total acoustic emission graph and
the injector coil opening current, the following sectors of
the injector can be selected (Fig. 4):

— sector A — the injector does not work, the control cham-
ber and the spray chamber are constant pressure, the coil
is not energized and the injector is ready for operation;

— sector B — the injector coil is energized, the anchor lift
and fuel flow out of the control chamber, then the injec-
tor spur is erected and this is the start of the injection
process;

— Sector C — the controller switches off the current signal
to the coil, the drain choke closes,

— This is the beginning of the pressure equalization pro-
cess in the control chamber;

— Sector D — the drain choke from the control chamber is
closed by the anchor.

CR injector operating sectors

Fig. 4. EA injector signal divide into phases
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In a new injector, the sector marked DN (Sector D New
Injector) illustrates the pressure equalization in the control
chamber, the needle closure, and the injection end. In a
damaged injector, the sector described by the DU symbol
(sector D defective injector) shows a leaking control cham-
ber, an overflow to the overflow, a longer fuel pressure
stabilization period in the control chamber, and an oscilla-
tion of the injector spindle.

The analysis of Fig. 4 allows for two phases forced by
the current signal (pre-injection and primary injection) in
the working injector. After the response, obtained three
basic phases of signal EA (denoted by Roman numerals),
which contain the following information:

Phase I — it determinates the value of the signal above
the accepted threshold of detection and it contains infor-
mation from processes pre-injection and the opening of the
anchor (the beginning of the injection of basic and closing
anchor). In this phase include the sectors Al, B1, C1, D1
and A2, B2 and C2 (figure 1 concerns pre-injection, the
numeral 2 refers to the basic injection).

Phase II - it is a separate part of the EA signal contain-
ing information relating equalizing the pressure in the con-
trol chamber. The graph is characterized by low amplitude,
because it does not generate the elastic wave originating
from striking elements of the injector. Define only the be-
ginning of the sector D2.

Phase III - it illustrates the process of closing the injec-
tor needle and it contains most of the sector D2. The dura-
tion of this phase depends on the correctness of the closure
of the needle and it is generated in the shock of the needle
slot elastic waves.

Table 2. Average values of the duration of each phase in the fuel injection
signal. A is the coefficient of variation of the parameter under investigation

Mean duration of phase I | Mean duration of phase II | Mean duration of phase

Source

for k = 60 for k = 60 I for k = 60
signal-
Lp. . Standard Standard Standard
Injector
t [ms] | deviation | A [%] | t[ms] | deviation | A [%] |t [ms] | deviation | A [%]
number

9 (9 9

NNI1 0.86 0.07 8,66 | 0,48 0,31 64,50 | 0,63 0,16 24,82

1

2 NN2 1.05 0.16 15,24 | 0,67 0,60 89,12 | 0,60 0,14 24,05
3 NN3 0.81 0.04 5,29 1,03 0,78 75,38 | 0,56 0,13 2324
4 NN4 0.82 0.05 590 | 0,83 0,30 36,14 | 0,58 0,14 24,09
5 NNS 1.12 0.14 12,07 | 0,45 0,26 57,43 | 0,61 0,19 31,52
6 NN6 1.06 0.11 10,09 | 0,42 0,20 47,01 | 0,78 0,17 21,56
7 NN7 1.03 0.18 1791 | 0,46 0,75 164,7 | 0,59 0,13 22,44
8 NN8 1.18 0.15 1242 | 0,24 0,29 1235 0,86 0,20 23,77
9

NN9 0.98 0.10 9,97 | 0,68 0,50 73,48 | 0,58 0,17 28,78

10| NNI10 1.23 0.20 1594 | 0,26 0,22 84,47 | 0,80 0,29 35,73

11| NNI11 0.95 0.07 7,64 | 0,51 0,39 77,20 | 0,71 0,26 37,25

12| NNI12 | 0.89 0.08 9,38 | 0,90 0,64 71,30 | 0,58 0,16 27,41

13| UUl 0.98 0,26 26,09 | 0,18 0,43 2458 | 0,87 0,42 | 4786

14| UUL2 0.96 0.14 15,11 | 0,49 0,55 1114 | 0,87 0,43 49,45

15| UU3 0.96 0.21 21,85 | 0,19 0,39 203,7 | 0,76 0,34 | 45,03

16 | UU4 0.92 0.20 21,37 | 0,17 0,29 171,6 | 0,75 0,35 | 4645

17| UUS 0.82 0.04 5,18 | 0,74 0,77 56,53 | 0,52 0,07 14,07

18 | UU6 0.89 0.16 17,79 | 041 0,60 1459 | 0,69 0,31 44,57

In order to visualize described above, significant from
the point of view of diagnosis phases of the injector, used
Look50_60 program, used for direct analysis of signal EA.

Determined durations of the individual phases of the signal
produced when the fuel injection are presented in Table 2.

An important parameter is the coefficient of variation of
the duration of the third phase, the value of which increases
substantially when the injectors are damaged (named
UU...) and ranges in the area of 45%. For efficient injectors
(named NN...) it ranges from 21% to 37%. The exception
is the UUS defective injector for which the Phase III varia-
tion coefficient adopts an extremely low value, even lower
than the new injectors. In case of injuring the injector in the
form of seizure of the needle (UUS), after the injection
process ends, the impact of the needle is lost at the socket.
Due to the constant leakage, the diagnostic tool reads rela-
tively stable signals whose standard deviation is exception-
ally low spread. Therefore, in the interpretation of the re-
sults, it should be taken into account that the phase varia-
tion factor III below 20% may indicate that the injector is
malfunctioning.

A [%]

Fig. 5. A summary of the phase-change coefficients of phase III measure-
ments

6. Spectral density function of the EA signal

By definition, spectral density is a function of the fre-
quency defined in a set of positive real numbers, which is a
set of process execution spectra and is represented in terms
of power or energy per unit frequency. When analyzing
spectral density charts, significant differences can be ob-
served between spectral density characteristics for undam-
aged and damaged injectors.

A[dB] 60
50
40
30
20
10

0

0 5000 10000 15000 20000 25000 f [Hz]

Fig. 6. Mean spectral density values for the new injector NN1-NN12
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Fig. 7. Mean spectral density values for the set of UU1-UU6 damaged
injectors with the exception of UUS

A[dB]

f [Hz]

Fig. 8. Spectral density value of the UU5 damaged injector

On the graph of spectral density, the undamaged injec-
tors have two visible maxima, the amplitude of the second
being higher than the first and are in the range of 11-12
kHz. Another situation is in the graph of damaged injectors,
where is possible to distinguish three distinct and decreas-

ing peaks, wherein the first largest is in the range of approx.
6 kHz. This begs the conclusion that analyzing the shape of
the spectral density on the basis of the read quantity of
peaks and locations of the largest peaks can adequately
predict the likely state of the injector. The different shape of
the curve was determined for the UUS5 injector but the fea-
ture is the same as for the damaged injectors. The first peak
is of the highest amplitude and occurs at around 6 kHz.

7. Conclusions
The development of any system that improves the accu-

racy of the diagnosis of the failure of compression-ignition
engine components (especially related to its injection sys-
tem and combustion process) will be of interest to both
specialist repair services and engine manufacturers. Analyz-
ing the results of this study it is possible to specify the fol-
lowing conclusions:

1. Operating CR injectors of compression ignition engines
are the source of acoustic emission signals.

2. It is possible to identify and classify injectors into one
of two classes of the technical condition: 0 — undam-
aged, 1 — damaged.

3. There is an acoustic emission source signal that reflects
the phases of the processes occurring in the running
Common Rail injectors.

4. There is a relation of certain parameters of signal EA
from the state of the injector (0 — no damage; 1 — is
damaged).

5. Itis possible to specify the times of the individual phas-
es of the injector signal produced when the fuel injec-
tion.

Nomenclature

EA  acoustic emission
CR  Common Rail
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Andrzej WOLFF

Influence of piston ring pack configuration on blowby and friction losses
in a marine two-stroke engine

In the paper a comprehensive model of a piston ring pack motion on an oil film has been presented. The local thickness of the oil film
can be compared to height of the combined surface roughness of a cylinder liner and piston rings. Equations describing the mixed lubri-
cation problem based on the empirical mathematical model formulated in works of Patir, Cheng and Greenwood, Tripp have been com-
bined and used in this paper. In addition a model of gas flow through the labyrinth seal of piston rings has been developed. The main

parts of the model and software have been experimentally verified abroad by the author at the marine engine designing centre.

For the selected two-stroke marine engine, the influence of the number of piston rings used and the type of the top ring lock (straight
or overlapped) on blowby to piston underside and on friction losses of the piston-ring-cylinder (PRC) system have been investigated. The
developed model and software can be useful for optimization of the PRC system design.

Key words: marine engines, piston rings, gas dynamics, hydrodynamic lubrication, mixed friction

1. Introduction

Piston rings are important part of internal combustion
engines. Commonly a set of piston rings is used to form a
dynamic gas seal between the piston and cylinder wall [5,
6, 13]. The sliding motion of the piston forms a thin oil film
between the ring land and cylinder wall, which lubricates
the sliding components [2, 4, 11]. The hydrodynamic force
generated by this thin oil film is opposed by a combination
of the gas pressure acting on the back side of each ring and
the ring stiffness. Due to the dynamic nature of these forc-
es, each individual ring is periodically compressed and
extended as the piston runs through its cycle. The problem
of studying this interaction is further complicated by the
high temperatures involved, as these result in low oil vis-
cosity and subsequently very low oil film thickness. The oil
film is typically thick enough to expect the existence of
mixed lubrication, so this phenomenon should also be taken
into account [2, 7, 8, 12, 13]. The use of modern oil of low
viscosity, working at a high temperature causes the exist-
ence of a very thin oil film thickness comparable to the
value of the liner surface roughness. In such conditions, the
possibility of direct contact between the ring and cylinder
liner surface exists. Therefore the numerical simulation of
these processes, which take place in a typical piston ring
pack operation, is important from practical point of view.

The purpose of this paper is to present numerical calcu-
lations concerning an influence of the number of piston
rings used and the type of the top ring lock (straight or
overlapped) on blowby to piston underside and on friction
power losses of the PRC system.

2. Modelling of piston ring pack operation

2.1. Developed sub-models

A combined model of piston rings operation has been
developed. It consists of two main models: a) model of gas
flow through the labyrinth seal piston-rings-cylinder (PRC),
b) model of oil flow in the lubrication gap between the ring
and cylinder liner. The two aforementioned models are
coupled. In addition, sub-models of the following mechani-
cal phenomena have been used: a contact of rough surfaces,
an axial movement of rings within piston grooves and an

elastic torsional deformation of piston rings. All the sub-
models are described in detail in publications [15-18] of the
author. In this paper only the sub-models of gas flow [18]
and mixed lubrication [3, 9, 18] are shortly presented.

2.2. Model of gas flow through the labyrinth seal
of piston rings

The gas flow model [16, 18] consists of several volume
regions Vi, V,, ..., Vo, which are connected by orifices with
cross-section areas A, A,, ..., A, (Fig. 3). The volumes
V3, Vs, V; correspond to volumes between the piston rings,
while volumes V,, V4, Vg, Vg correspond to groove vol-
umes behind rings. Orifices with cross-section areas Aj, Ay,
A7, Ay correspond to the ring end gaps, whereas orifices
with cross-sections A, Az, As, Ag, Ag, Ag, Aj1, Ay corre-
spond to ring-side crevices.

a) b)
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Fig. 1. Scheme of gas flow through the labyrinth seal of PRC system
and the applied physical model for the ring pack of four piston rings
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It was also assumed that the gas flow through orifices is
isentropic (depending on pressure ratio — subsonic or son-
ic). The heat transfer between gas volume regions and sur-
rounding walls was taken into account.

Thermal expansion of the piston and the cylinder liner
and wear of the cylinder liner were taken into account.
Leaks between piston rings and cylinder liner were defined
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by flow areas of ring end gaps, which depend on the posi-
tion of the piston in cylinder.

In addition, mathematical description takes into account
changes of gas volume regions and cross-section areas
between the rings and the piston grooves (due to axial
movement of the rings) [5, 6, 13, 18].

In the mathematical model of these phenomena equa-
tions of the following physical laws are utilized (here given
for a gas volume number k):

Equation of mass balance:
dm, = delni —deOmj (1)
i
Equation of energy balance: ]
Zi:dmln, Gy, ‘Zj:dmolnj (o, ~Qwan=

d(mk (i ) +pyi [V

@)

Gas state equation in differential form:

dT, =T, Eﬁdm‘ + —dmk] ©)
Pk Vi omy

where: m — gas mass, p — gas pressure, T — gas temperature,
u — internal gas energy, i — gas enthalpy, Q — heat trans-
ferred through cylinder walls: index: In — gas inflow, Out —
gas outflow, i — number of inflow channel, j — number of
outflow channel, k — number of gas volume.

2.3. Model of oil flow in a gap (with rough surfaces)
between the ring and cylinder

Two main cases of oil flow in the system piston ring —
cylinder liner are presented in Fig. 4.

A one dimensional form of the modified Reynolds equa-
tion developed by Patir and Cheng [9] has been used to
calculate hydrodynamic forces in the case of rough gap
surfaces. This equation is applicable to any general rough-
ness structure and takes the following form:

a) b)

Fig. 2. Scheme of gap between the ring face and cylinder liner in the case
of: a) fluid and b) mixed friction

A one dimensional form of the modified Reynolds equa-
tion developed by Patir and Cheng [9] has been used to
calculate hydrodynamic forces in the case of rough gap
surfaces. This equation is applicable to any general rough-
ness structure and takes the following form:

3 - - -
0 XL@ _Udhr +Eod&+& 4)
0x 12p dx 2 dx 2 dx dt

where: t — time; x — coordinate along cylinder liner; h —
nominal oil film thickness; hr — average gap (ring-
cylinder); p — hydrodynamic pressure; U — axial ring veloci-
ty; U — dynamic oil viscosity; v = dhy /0t — radial ring veloc-
ity, 6 — composite root mean square roughness of sliding
surfaces.

The significance and mathematical description of empir-
ical coefficients @, , @ and boundary conditions of equation
(4) are presented in [9] and also in [18].

The effects of interacting asperities of piston ring and
cylinder liner surfaces were modelled using the mathemati-
cal model developed by Greenwood and Tripp [3]. In this
case the asperity contact force per unit circumference is
given by

F. = 16\/En(r][30)21§' (gj IFS/Z[gjdx (5)

where the integration limits x; and X, define a continuous
interval, x; £ x < X, in which h/o £ 4 and: E - composite
elastic modulus (for cylinder liner and piston ring); n —
asperity density; B — asperity radius of curvature; 0 — com-
posite root mean square roughness of sliding surfaces.

The form of function Fs, can be found in article [3].
The model is also described in detail in publication [18] of
the author of this article.

3. Experimental verification of developed model

A verification of the simulation model has been done by
the author for a two- and four-stroke marine engine [15, 16,
18]. The experimental verification of the model of gas flow
through the labyrinth seal of piston rings was carried out
using measurements of unsteady gas pressure in the cylin-
der, between the piston rings and under piston performed
by piezoelectric sensors mounted in the piston. A satisfacto-
ry qualitative and quantitative compatibility of the analyzed
pressure variations has been achieved. The maximal rela-
tive differences between measured and calculated pressure
values have not exceeded 15% [15, 18]. On the other hand,
the experimental verification of the hydrodynamic model of
piston rings involved measurement results of scraped oil
volumes by a gland-box of a two-stroke marine engine.
Unfortunately, similar measurements for piston ring packs
of tested engines have not been carried out. Examination of
scraped oil volumes by the ring pack (of the gland-box of
marine internal combustion engine) proves a satisfactory
quantitative agreement between numerical and experi-
mental results. The maximal relative differences between
measured and calculated values have not exceeded 10%
[15, 18].

4. Calculation results

4.1. Main data of chosen engine

The computer program incorporating the presented
model has been used for simulation of two-stroke Diesel
engine (Tab. 1) operating at full load. The type of ring set
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considered is common in marine engines. The piston ring
pack consists of four rings (Figs 1 and 3). The package
includes conventional straight ring end gaps.

Table 1. Main data of the marine engine under consideration [14]

Cylinder bore 580 mm
Piston stroke 2416 mm
Engine rotational speed 105 rpm

The surface geometry of the piston ring package, with
vertical dimensions magnified by factor of 1000 relative to
the horizontal ones, is depicted in Fig. 1. All the rings have
the same asymmetrical barrel shape (Tab. 2).

Fig. 3. Ring pack geometry under consideration

In order to ensure very low wear of profiled surfaces,
the piston rings are coated (for example the top ring has
chromium ceramic coating) [1, 10]. As a consequence, even
hydrodynamic conditions during a long period of piston
rings operation can be ensured.

Table 2. Basic geometric parameters of piston rings: 1, 2, 3, 4

Axial height of piston ring H=16 mm
Radius of parabolic sliding surface R =750 mm
Offset of parabolic sliding surface Of=12 mm
Distance between piston rings L, =18 mm

4.2. Calculation results for chosen types of the top ring

The following two types of the top ring lock have been
investigated (Fig 4): a) straight-cut (SC), b) gas-tight (GT)
with overlapped joint.

a) b)

Fig. 4. Lock of the top piston ring: a) straight-cut (SC), b) gas-tight (GT)
with overlapped joint (Copyright Winterthur Gas & Diesel Ltd.)

In this subchapter two characteristic piston ring pack
configurations have been analysed and compared. The first
one indicated as 4xSC consists of 4 piston rings with
straight-cut locks. The second one indicated as GT+3xSC
consist of gas-tight top ring (with overlapped joint) and
3 piston rings with straight-cut locks.

Typically, the figures that will follow show variation of
some physical parameters as a function of the crankshaft
rotation angle, beginning from the piston bottom dead cen-
tre (BDC) of the two-stroke engine operation (0°). In this
case the end of compression phase is at 180° of crank angle
(piston top dead centre — TDC). All the presented results
correspond to full engine load.

In Fig. 5 calculated gas pressures p; (i=1, 3, 5, 7) for
the main volume regions of the labyrinth seal (Fig. 1) as a
function of crank angle are shown. The first case corre-
sponding to 4xSC piston ring pack configuration is present-
ed in Fig. 5a, and the second one corresponding to
GT+3xSC configuration is shown in Fig. 5b.

Figure 5 presents the pressure variation between piston
rings, calculated on the basis of known cylinder pressure
variation and simulated gas leakage through the labyrinth
sealing of the piston ring pack (orifices corresponding to
ring end gaps and ring-side crevices — Fig. 1). Generally,
the gas pressure in the cylinder and all the inter-ring gas
pressures increase during the piston upstroke (compression
phase) and decrease during a certain part of the piston
downstroke (expansion phase). In Fig. 5a the following
maximum gas pressure values can be seen: nearly 16 MPa
in cylinder, over 8 MPa between the 1% and 2™ piston ring,
about 5 MPa between the 2™ and 3" ring and approximate-
ly 3 MPa between the 3™ and 4" ring.

On the piston underside a relatively low scavenging air
pressure is noticed. At the piston ring pack location near
scavenging ports (i.e. between 300° and 310° of crank an-
gle) all inter-ring gas pressures are visibly reduced.

a)

Gas pressure p+10
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Fig. 5. Calculated gas pressure variations p; in all the volume regions
versus crank angle. Gas pressure nomenclature: p; — in combustion cham-
ber, p; — between the 1% and 2 piston ring, ps — between the 2 and 3™
piston ring, p; — between the 3™ and 4™ piston ring, py — under the piston.
Piston ring pack configuration: a) 4xSC, b) GT+3xSC

Figure 5b presents the calculation result corresponding
to GT+3xSC piston ring pack configuration. Due to gas-
tight top piston ring much higher pressure drop between the
1™ and 2™ piston ring can be noticed. Gas pressure between
the 1*" and 2™ piston ring reaches the maximum value be-

166

COMBUSTION ENGINES, 2017, 170(3)



Influence of piston ring pack configuration on blowby and friction losses in a marine two-stroke engine

low 1 MPa. For this reason the 2", 3" and 4™ piston ring
are considerably less strongly pressed against the cylinder
surface than in the case of the 4xSC configuration (compare
Figs 5a and 5b). It should be noted that the top piston ring
is not treated as quite gas-tight. It has been assumed that the
leakage between the bottom side of this ring and the piston
groove equals about 0.1% of the maximum possible axial
ring lift. The mentioned leakage parameter has been evalu-
ated during the verification of the gas flow model.

The hydrodynamic force acts in the radial direction on
the ring and is counteracted by the spring force, gas force
and friction force in the piston groove. The inertia force in
the radial direction has been neglected due to very small
values of the radial ring acceleration. Figure 6 presents the
hydrodynamic force F, for each piston ring (Figs. 1 and 3)
necessary for compensating both the gas pressure and radial
forces resulting from the ring stiffness [18]. All the forces
are referenced to unit circumference of the piston ring (unit
forces [N/m]). The first case corresponding to 4xSC piston
ring pack configuration is presented in Fig. 6a, and the
second one corresponding to GT+3xSC configuration is
shown in Fig. 6b. The variations of hydrodynamic forces
look similar to variations of inter-ring gas pressures (com-
pare Figs 5 and 6). First of all, the 1* ring (top ring) is
strongly pressed against the cylinder liner surface. The
higher is the ring number (Figs 1 and 3), meaning more
distant from the top, the less is the ring loaded. It should be
added that hydrodynamic forces generated in oil gaps of the
2" 3™ and 4™ piston ring reach significantly less values
than in the case of the 4xSC configuration (compare
Figs. 6a and 6b).
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Fig. 6. Variation in hydrodynamic force F;_; generated by each piston ring
(i —ring number) versus crank angle. Piston ring pack configuration:
a) 4xSC, b) GT+3xSC

Additionally, in the mixed lubrication cases the elastic
radial contact forces are anticipated [18]. In Fig. 7 varia-
tions in aforementioned forces are shown. These forces
occur in the case of a high gas pressure and low oil viscosi-
ty caused by high temperature near the top dead centre. It
should be noticed that the values of elastic contact forces F,
are much lower than hydrodynamic forces F acting on
rings (compare Figs 6 and 7).

The first case corresponding to 4xSC piston ring pack
configuration is presented in Fig. 7a, and the second one
corresponding to GT+3xSC configuration is shown in
Fig. 7b. In both cases the highest value of the contact force
F. is generated by the 1 ring (top ring). The higher is the
ring number (Figs 1 and 3), the less is the radial contact
force. It should be noted that these forces generated by the
2™ 3™ and 4™ piston ring reach significantly less values
than in the case of the 4xSC configuration (compare Figs 7a
and 7b).
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Fig. 7. Variation in radial component of contact force F, ; for each piston
ring (i — ring number) versus crank angle. Piston ring pack configuration:
a) 4xSC, b) GT+3xSC

Analysing the presented results it can be concluded that
hydrodynamic forces (Fig. 6) are generated by relatively
low pressure acting on a large surface in contrast to high
local contact pressure concentrated on a very small area of
elastic contact (Fig. 7). Due to that the elastic contact seems
to be responsible for the wear process.

Near the top dead centre (at high oil temperature) the
additional tangential components of elastic contact forces
(friction forces) F., for each piston ring should be noticed
(Fig. 8). But exactly at this piston reverse point the axial
velocity of piston rings decreases to zero, which means the
simultaneous drop of aforementioned forces to zero value.
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The sign change of these forces at TDC results from the
sign change of piston velocity.

The first case corresponding to 4xSC piston ring pack
configuration is presented in Fig. 8a, and the second one
corresponding to GT+3xSC configuration is shown in
Fig. 8b. In both cases the highest value of the tangential
contact force F,, is generated by the 1* ring (top ring). The
higher is the ring number (Figs 1 and 3), the less is the
tangential contact force. It should be added that these forces
generated by the 2™, 3" and 4™ piston ring reach signifi-
cantly less values than in the case of the 4xSC configura-
tion (compare Figs 8a and 8b).
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Fig. 8. Variation in tangential component of contact force F. ; for each
piston ring (i — ring number) versus crank angle. Piston ring pack configu-
ration: a) 4xSC, b) GT+3xSC

The motion of the ring pack scraping and distributing
oil on the cylinder liner leaves the oil film profile shown in
Fig. 9. This profile is formed after a few cycles of opera-
tion. An uneven oil film distribution along the cylinder liner
can be clearly seen. Low film thickness near TDC and in
the other part of cylinder liner at the location of scavenging
air ports should be noticed. The minimum oil film thickness
at TDC is about 0.2-0.3 pum and is comparable with root
mean square (RMS) roughness of the cylinder liner that
equals 0.22 pm [18]. The very low local film thickness
values near TDC can be explained by occurrence of high
gas pressure and high temperature in this area during the
compression and working phases of engine operation. Due
to high gas forces piston rings are strongly pressed against
the cylinder surface. On the other hand, high temperature
reduces the oil viscosity.

There are two places of oil supply for the cylinder liner
of long-stroke IC engine located below TDC. Two peaks of

oil film thickness at these places can be clearly seen in
Fig. 9.

In a marine two-stroke engine the location of scaveng-
ing air ports is also important for cylinder lubrication. Their
presence simply reduces the area of the mating surface
between piston rings and cylinder liner. In this area a sim-
plified approach was applied. The oil film thickness was
assumed to be reduced at this location reflecting the re-
duced sliding surface.

Due to low gas pressure and oil temperature the greatest
oil film thickness can be seen between scavenging air ports
and the bottom dead centre (BDC).
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Fig. 9. Comparison of the oil film thickness h,; left by the ring pack along
cylinder wall concerning piston ring pack configurations 4xSC
and GT+3xSC

Near the piston top dead centre (TDC) a considerably
bigger oil film thickness is noticed in the case of the ring
pack configuration indicated as 4xSC than in the case of
GT+3xSC configuration. For this reason the lubrication
conditions near TDC are better in the first case. Therefore
lower value of the tangential contact force F., is generated
by the top ring (compare Figs 8a and 8b).

But from the middle of the cylinder wall to the location
of scavenging air ports an opposite situation is observed,
i.e. lower oil film thickness is noticed in the case of 4xSC
ring pack configuration than in the case of GT+3xSC con-
figuration (Fig. 9).

4.3. Calculation results for chosen piston ring pack
configurations

Complementary another four piston ring pack configu-
rations have been analysed and compared with those de-
scribed in the previous chapter (i.e. 4xSC and GT+3xSC).
The total number of piston rings has been reduced to 2 or 3,
but in a real engine less than 3 rings have not been used.
Firstly, two configurations of piston rings with all straight-
cut locks indicated as 2xSC and 3xSC have been taken into
account. Secondly, two configurations with gas-tight top
ring and 1 or 2 piston rings with straight-cut locks indicated
as GT+SC and GT+2xSC have been analysed.

Multiplying friction forces (due to hydrodynamic and
mixed lubrication) of all the rings by piston velocity, fric-
tion power losses can be calculated. In Fig 10 a comparison
of results concerning mean values of total power losses for
all the aforementioned piston ring pack configurations is
shown. It should be noted that in any case the application of
gas-tight top ring causes a certain increase of friction power
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loss compared with the use of the top ring with straight-cut
lock. In addition, the larger the number of piston rings the
greater the friction power loss can be noticed.
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Fig. 10. Average values of total power loss Pgi_ay (due to hydrodynamic
and mixed lubrication) for different piston ring pack configurations.
Lock of the top piston ring: SC — straight-cut, GT — gas-tight

Then a comparison of gas blowby into piston underside
for different piston ring pack configurations is shown
(Fig. 11). It can be concluded that in any case the applica-
tion of gas-tight top ring (configurations: GT+SC,
GT+2xSC, GT+3xSC) causes an appreciable reduction of
blow-down compared with the use of the top ring with
straight-cut lock (configurations: 2xSC, 3xSC, 4xSC). Con-
sequently improved fuel efficiency can be expected. The
greater the number of piston rings the lower the blow-down
can be noticed for the configurations of piston rings with all
straight-cut locks. In the case of configurations with gas-
tight top ring (GT+SC, GT+2xSC, GT+3xSC), the gas
blowby into piston underside is almost not influenced by
the number of conventional piston rings with straight-cut
locks. These rings are simply slightly pressed by the gas
forces against the cylinder surface (Fig. 6b).
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Fig. 11. Comparison of blowby for different ring pack configurations.
Lock of the top piston ring: SC — straight-cut, GT — gas-tight

5. Conclusions
The major conclusions that may be drawn from the

results are as follows:

1. The developed mathematical model and simulation
programme give a lot of practical information that
would be more complicated and expensive to obtain
using experimental methods.

2. At first two characteristic piston ring pack configura-
tions indicated as 4xSC and GT+3xSC have been com-
pared. If the gas-tight (GT) top ring is applied (instead
of the SC ring) then the following main phenomena can
be noticed:

— much higher pressure drop between the 1% and 2™
piston ring (Fig. 5), and consequently the 2", 3" and
4™ piston ring are significantly less strongly pressed
against the cylinder surface (Fig. 6),

— higher radial and tangential components of elastic
contact force acting on the top piston ring (Figs.
7, 8),

— significantly lower radial and tangential components
of elastic contact force acting on the 2", 3" and 4"
piston ring (Figs. 7, 8),

— slightly lower oil film thickness near the piston top
dead centre (TDC) and an opposite situation from
the middle of the cylinder liner to the location of
scavenging air ports (Fig. 9),

— more friction power loss of the piston ring pack
(Fig. 10), but appreciable reduction of gas blowby to
the piston underside (Fig. 11).

3. In addition four piston ring pack configurations indicat-
ed as 2xSC, 3xSC, GT+SC and GT+2xSC have been
analysed. In mentioned cases the following phenomena
can be observed:

— the greater the number of piston rings the more fric-
tion power loss (Fig. 10), but the lower the blow-
down for configurations of piston rings with all
straight-cut locks (Fig. 11),

— in the case of configurations GT+SC, GT+2xSC and
GT+3xSC, the gas blow-down is almost not influ-
enced by the number of SC piston rings (Fig. 11).

4. The main aim of simulation of piston rings operation is
to predict lubrication conditions, define areas of the
possible cylinder liner wear and finally determine the
gas leakage through the sealing ring set. Further investi-
gation of these phenomena should be recommended.
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Abbreviations

PRC piston-ring-cylinder
SC  straight-cut lock of piston ring
GT  gas-tight lock of top piston ring (overlapped joint)

TDC top dead centre
BDC bottom dead centre
RMS root mean square
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Formulation of a task to control of harmful exhaust emissions from compression
ignition engine

This paper presents a possibility of control a harmful exhaust emissions from compression ignition engine based on computationally
efficiently model of the working cycle a compression ignition engine. Parameters of the model are identified on the basis of experimental
measurements carried out for a CI engine with Common Rail system. In this study is considered the control task aimed at minimization of

nitrogen oxides emission for a fixed operating point of the engine.
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1. Introduction

Observed in the years 1980s significant increase in
number of road going vehicles equipped with compression
ignition engines and resulting from it increased negative
environmental impact of harmful exhaust emissions has
resulted in commenced research work on methods of re-
striction of harmful components from exhaust gases gener-
ated by the compression ignition engines, and at the same
time on a possibilities of obtaining assumed operational
parameters of the engines.

Operational parameters of the engines, including engine
efficiency, thermal and mechanical loading of its compo-
nents, and emission of harmful components of exhaust
gases are determined by process of heat release, which
depends mainly on control parameters of the engine. Intro-
duction of microprocessor technologies and digital methods
to controlling technical processes, as well as development
of accumulative fuel supply systems of Common Rail type
have created a new opportunities in controlling area of
injection system operation in compression ignition engines,
and thus controlling processes of fuel injection and heat
release [5]. Modern supercharged compression ignition
engines are equipped with complex systems to controlling
of fuel dose and course of fuel injection, pressure of the
fuel in high-pressure part of the system, injection advance
angle, recirculation rate of exhaust gases, temperature and
pressure of the charge in the inlet manifold and swirl of the
air flowing into the cylinder. To controlling temperature
and pressure of the charge are currently used turbo com-
pressors with changing geometry of turbine, coolers of
supercharged air and coolers in recirculation circuits of
exhaust gases. As complementary or alternative solution is
also used a throttling on the inlet system. This is accom-
plished by installation of air throttle in the engine inlet
system, or installation of group as such throttles.

Introduction of electronically controlled Common Rail
systems has enabled controlling of fuel injection process.
As result, it is possible to control individual combustion
phases in compression ignition engine, including phase of
kinetic combustion and phase of diffusion combustion —
percentage of the phases of kinetic and diffusion combus-
tion is directly related to methods how the fuel injection
course is accomplished [4]. To a large degree it is possible

to control the heat release course in the engine, and there-
fore it is possible to have effect on temperature and pres-
sure course of the working medium in the cylinder, and on
characteristic parameters of the process, such as: maximal
pressure and maximal temperature of the working medium,
or average indicated pressure or thermal efficiency.

2. Concept of the controlling

Within range of partial engine loads and under a given
operational conditions exists a real possibility of selection
of control parameters of the engine without change of en-
gine torque, with simultaneous assurance of not exceeded
allowable mechanical and thermal loads of engine compo-
nents. Mutual correlation of fueling parameters and phe-
nomena occurring in the engine’s cylinder causes that their
analysis, from engine’s operational parameters point of
view, including engine efficiency, thermal and mechanical
load of its components, emission of harmful components of
exhaust gases, requires significant amount of time and
costs. To solve the above problems, therefore, a computa-
tional analysis supported by experimental research, con-
nected with searching for optimal with a given criterion, set
of control parameters is increasingly used.

Searched values of the control parameters must be pos-
sible to be attained in practice, and thus:

X <X; <X fori=1,...,r (D)

imin = imax
where X; s

allowable values of x; .

X are respectively minimal and maximal

imax

Limitation of the form of (1) means that searched values
of control parameters should not exceed a preset boundary
values, which can be different in a particular point of en-
gine operation. For instance, allowable increase of fuel dose
(and hence also its higher maximal value) will be higher for
medium and high engine loads than in case when the con-
trol concerns conditions of low engine load.

The control task can be formulated in relation to all pos-
sible, or only to selected characteristic parameters with or
without consideration of emission of harmful compounds of
exhaust gases. In the general form, the control task can be
formulated as a multi-criterion problem, in form of
weighted sum of individual criteria:
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ofx)= xcf o+ St o, @

i=1 i=1
where: 1, — functionals of continuous functions ui(d)) de-
scribing courses of: mass, pressure, temperature and vol-
ume of the cylinder, FiD— emission of i-th component of
exhaust gases, e.g.: carbon monoxide, hydrocarbons, nitro-
gen oxide and smoke, CiF,CiL — weight factors, directly

connected with emission of i-th component and value of i-
th functional.

The following functionals can used as the control criteria
— mean indicated pressure:

[pdV
-V
| = 3
pi v, 3)
where V; — swept capacity of the cylinder,
— thermal efficiency of the working cycle:
[pdV
-V
= 4
Ne ByW, “)
where: B, — fuel dose, W, — fuel caloric value.
— maximal pressure and temperature in the cycle:
& = max {E(0), €0{p.T} )
0<¢p<4rm
— maximal growth rate of pressure and temperature:
dg
1l = max {—}, Oip, T 6
g Os¢s§n{d¢} : {p } ©

Moreover, the control task (2) is supplemented by
boundary conditions having general form of:

El. <E'<El fori=1,.,k (7
Ligin SLi Sl fori=1,..q ®)

defining respectively minimal and maximal values for each
from the values important from controlling point of view.

In the control task formulated in such way, calculation
of the objective function in each optimization step requires
usage of the working cycle’s model to evaluation of contin-

uous functions ui(d)) ¢D<O,4T[>. It is necessary in each

iteration, therefore, to integrate equations of the model,
what requires adoption of numerically effective model of
engine’s working cycle.

3. Model of the working cycle

Requirement to ensure suitable computational efficiency
of the model of the working cycle is pointing at a necessity
of usage of simplified zero- or one-dimensional model.
Let’s consider, therefore, use of theoretical-empirical zero-
dimensional model proposed in the study [2, 4]. Such type
calculations model, after performed proceedings of identifi-
cation of values of the model’s parameters, allows to calcu-
late characteristic parameters of the working cycle for any

vector of control parameters. The model used in the con-
trolling can be written in the general form:

M;[X,E,G,p,m,T]=0 for i =1,...,1 )

where: M, — differential operator or function, 1- number of

equations,
together with dependencies for vector of model’s parame-
ters and vector of auxiliary parameters, respectively:

E=fqn (X) (10)

and

G=fqn (X) an

where f (X) denotes mapping accomplished by neutral

networks [2].

Integration of the equations describing the model leads
directly to determination of the functions describing contin-
uous courses of: mass, pressure, temperature and transient
volume of cylinder, and their derivatives, what during the
next step enables to determine values of individual func-
tionals, defined in the control task in form of (2).

In scope of estimation of harmful compounds emissions
like carbon monoxide, hydrocarbons, nitrogen oxide and
smoke, implemented model is supplemented by relevant
dependencies of the form [3]:

E =1, (X) (12)

where i 0{CO,HC,NO,,D}.

4. Control task

In this study is considered the control task aimed at min-
imization of nitrogen oxides emission for a fixed operating
point of the engine. This task therefore has the objective
function in form of:

Qyo, (x)= Cgox FI\DIOx (13)
where coefficient CIP:]OX can be taken as:
-1
Clo, =[Fo. o] (14)

where Fy, , denotes emissions of nitrogen oxides for
o

factory settings.

Objective of the control formulated in such way should
be attained for a considered point of engine operation with
simultaneous fulfillment of additional constraints, with
respect to:

— not exceeded allowable emission levels of other harmful
components of exhaust gases:

F”< 8, B for i 0{CO,HC,D} (15)

where O, are coefficients assigned for a given operational

point of the engine, while FiDO denotes emission or smoke

of i-th component for factory settings,
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— not exceeded allowable changes in parameters of char-
acteristic working cycle:

I; =11,0f0fiD{Pi} (16)
yli o <l foriO{n.} (17)
11 s Zi 1i,O fori D{pmax’Tmax} (18)

where V,{; are coefficients assigned for a given point of
engine operation, while 1, is value of i-th functional (pa-

rameter of characteristic working cycle) for the initial con-
ditions (at factory settings).

Solution of the control task formulated in form of (13)
was performed for selected points of engine operation, the
same as currently used by manufacturers to powering of
passenger cars. Parameters of the engine are presented in
the Table 1.

Table 1. The engine’s technical data

Compression ignition engine supercharged by a
Engine tur_bo compressor with direct injection equippe_d
with an electronically controlled Common Rail
system
Layout of cylinders 4 in line
Number of valves
. 4
per cylinder
Bore 70 mm
Stroke 82 mm
Total displacement 1.3 dm’
Compression ratio 16.8
Maximum power 55 kW/4000 rpm
Maximum torque 200 N-m/1500 rpm

In order to evaluate the operating points for which the
control task will be performed, a road tests of a vehicle
equipped with such engine in conditions of real road traffic
have been planned and accomplished. A number of drives
were performed within framework of the tests, the cars
were driven both in urban traffic conditions and on extra-
urban roads. Parameters of vehicle’s motion, engine speed
and degree of engine load were recorded during the tests
comprising in total eight hours of the driving. The record-
ing was carried out with use of computer connected to OBD
system of tested car. Read-out of motion parameters with
frequency 1 Hz was performed with use of ELM327 Inter-
face (OBD - RS232 Interpreter) and authorial software
enabling simultaneous archiving of data downloaded from
engine’s ECU. All operating points of the engine recorded
in course of the performed road tests [1] are presented in
the Fig. 1.

Analysis of the road test results is pointing at dominat-
ing range of engine speed from interval of 2000-3000 rpm,
and engine loads up to 75% of maximal torque at a given
rotational speed. On this basis, four different engine loads
for rotational speed of 2500 rpm have been chosen as the
points for which the control task was solved. Summary of
analyzed operating points from the control task presented in
this study is given in the Table 2. Therefore, selected points
of engine operation correspond to conditions often found in
real conditions of engine operation.

Fig. 1. Operating points of the engine recorded during accomplished road
tests

Table 2. The engine’s operating points considered in the control task

Load 0.25 0.50 0.75 0.90
Mmax(ZS{)() rpm) Mmax(ZS{)() rpm) Mmax(ZS{)() rpm) Mmax(ZS{)() rpm)
Torque 48 N-m 95 N-m 143 N'm 171 N-m

Evaluation of permissible emissions of a given com-
pound, and thus imposing limitations assumed in the con-
trol task, require analysis of exhaust gases’ level emitted by
tested engine, with respect to emission levels from other
compression ignition engines, having comparable perfor-
mance and displacement. Similarly, making benchmarking
it is possible to define limitations related to thermal effi-
ciency, mechanical and thermal engine loads. In this way
the coefficients values present in the constraints (15-18)
and shown in the Table 3 were evaluated.

Table 3. Values of coefficients 3;,y,¢; taken to definition of boundary
conditions in the control task

dco (%6 dp Y 4

1.3 1.2 1.5

Pmax ZT
0.95 1.1 1.1

max

The Nelder-Mead method (downhill simplex method)
was used to solve optimization task of the form with limita-
tions. As result of performed optimization computations,
new vectors of adjusting parameters were evaluated for
each from analyzed operating points. Comparison with the
parameters corresponding to factory settings is shown in the
Table 4.

Table 4. Factory parameters and optimum parameters
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Engine load By [g] e XEGr
[FOWK] | [%]
025M . | 0.9790 1072 356 20
Factory settings 0.50 M .¢ 1.7213 0072 354.4 11
Xo 0.75Mpax | 2.4490 1072 353 0
090M x| 289070072 | 3525 0
Settings evaluated 025 Minax 10769007 | 3566 ha
for assumed objec- | 0.50 M, 172900072 | 3578 11
t;z:nmon ) 075 My | 245610002 | 354 0
090M,_.. | 28950072 | 353.6 0
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Use of calculated adjustment parameters Xqpy leads to

changes in the emissions (Table 5) and simultaneously
satisfies, with sufficiently big margin, accepted limitations
imposed on allowable changes in characteristic points of
the working cycle.

Analysis of the data summarized in the Table 5 con-
firms possibility of significant reduction of emissions of
nitrogen oxides, up to about 30% depending on point of
engine operation, with simultaneous maintaining of as-
sumed limitations with respect to other harmful compounds
of exhaust gases and smokiness. Comparison of the values
of medium indicated pressure, thermal efficiency of the
working cycle, maximal pressure and temperature of the
working cycle, obtained for factory set adjusting parame-
ters, and after the modification, are presented in the Fig. 2.

Table 5. Emissions of harmful exhaust gases in analyzed points of engine

operation

Engine load Feo Fac FNOx Fp
[%] [ppm] | [ppm] | [FSN]

025M,,, | 0068 | 265 97 03

Factory settings | 0.50 M, 0.017 80 253 0.8

Xy 0.75M . | 0.007 50 769 0.2

090 M, | 0007 | 44 898 | 02

Settings evalu- | 025 My | 0.089 | 303 70 | 036
sﬁiﬁifirbﬁ‘i;. 050M,, | 0021 | 74 175 | 121
tive function 0.75 M ¢ 0.009 48 697 0.24
(13) Xopr 090M,, | 0.008 | 43 812 | 028

Fig. 2. Values of medium indicated pressure, thermal efficiency of working cycle, maximal pressure and temperature of the working cycle after applica-
tion of calculated adjusting parameters Xopr in relation to values of factory settings X

5. Conclusions
Obtained solutions of the task aimed at selection of ad-
justing parameters in selected points of engine operation,
obtained due to criterion of minimization of nitrogen oxides
emission can be assessed on the basis of many criteria,
which can be grouped within framework of three cumula-
tive categories:
— environmental impact (emission of individual com-
pounds of exhaust gases),

— utility (overall efficiency of the cycle),
— requirements of durability (maximal pressure and max-
imal temperature in the cylinder).

Due to significant environmental burden of harmful
emissions of exhaust gases from traction vehicles, and
taking into account increase in fleet of road going vehicles,
the environmental criterion can be assumed as absolutely
dominant over criterion of durability, and significantly
preferred over criterion representing utility.
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[3] BRZOZOWSKI, K., NOWAKOWSKI, J. Toxicity of ex-

Nomenclature

X vector of control parameters ¢,, injection advance angle

Xggr degree of exhaust gas recirculation m mass of the medium in cylinder
E vector of model parameters P pressure in cylinder

G vector of auxilary parameters T temperature in cylinder

¢ crank angle
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DPF retrofit program in Israel — effects of diesel particle filters on performance
of in-use buses

A long service life of heavy-duty diesel vehicles results in a large number of older-technology trucks and buses of various types
running on roads nowadays. Cleaning up exhaust gases of these older vehicles gives an opportunity to improve air quality at affordable
costs. Retrofitting older buses with diesel particulate filters (DPF) is a cost-effective measure to quickly and efficiently reduce
particulate matter (PM) emissions and contribute to mitigation of air pollution in urban conglomerates.

In this paper, the milestones on a way to wide-scale retrofitting of heavy-duty vehicles with DPF are discussed on the example of
Israel DPF retrofit program. Crucial importance of a balanced governmental approach combining regulation and economic incentives,
together with collaboration of government, academia and vehicle operators, is underlined. Main results of the one-year pilot project
focused on urban and intercity buses are discussed. Impact of DPF retrofitting on particulate emissions and engine performance and
maintenance aspects of in-use diesel buses is analyzed. Very high particle filtration efficiency (in average, about 97%) together with
relatively low fuel economy penalty (0.6—1.8%, depending on the bus type) are proved. Vital importance of careful monitoring and

correct maintenance of DPF-equipped vehicles is underlined.

Key words: particle emissions; diesel particle filter; heavy-duty vehicles; DPF retrofit

1. Introduction

Climate change challenges require substantial im-
provement of vehicles’ energy efficiency. However, this
improvement must be achieved without compromising a
continuous quest to zero-impact emissions [1]. It is well-
known that combustion-generated particles formed in large
quantities in diesel engines are of major concern to human
health [2, 3]. In 2012, World Health Organization officially
recognized diesel-originated particles as a most dangerous
carcinogenic substance (group 1) like asbestos [4]. The
published scientific data provide an evidence that ultrafine
particles (UFP) are more harmful to human health than
larger ones because UFP penetrate cell membranes and are
transferred with the blood stream to all human organs, like
brain, liver, etc. [5-7].

In the effort to mitigate PM emissions from the trans-
portation sector, several aftertreatment technologies have
been proposed and developed, while the most efficient of
them has been shown to be a DPF [8]. Due to the relative
simplicity of installing this device on in-use vehicles, mas-
sive DPF retrofit is performed worldwide, especially in
heavy-duty trucks and buses, which can be kept in service
for more than 15 years [9]. DPF retrofit has reportedly led
to great PM reduction, up to 99% or even more [10, 11].

This paper reports on the main findings and lessons of
DPF Retrofit Program in Israel with a main focus on the
required interaction of scientific efforts and governmental
willingness to make a change, and effects of diesel particle
filters on real-world performance of in-use buses

2. Methodology

Despite a great number of successful examples of DPF
retrofit in heavy-duty vehicles, decision makers always
prefer to have a positive evidence at the local scene, thus
making necessary and very important a pilot test carried out
in the typical for a considered case conditions and with the
vehicle models representative for a considered fleet. For
this reason, a pilot test with 18 in-use urban and intercity

buses was carried out during a period of 12 months to pave
a road for the wide-scale DPF retrofit of heavy-duty vehi-
cles in Israel. All relevant topography conditions were
covered in the test, to provide the decision makers with as
much as possible information.

There is a large variety of DPF types and technologies,
with different characteristics, which could be installed in
buses. To choose the DPF technology most suitable for
retrofitting in the tested buses, exhaust gas temperature
profiles have been measured during real-world operating
conditions of intercity and urban buses. For this purpose,
thermocouples were installed in the exhaust manifold, be-
fore the bus silencer, of the selected buses of the pilot
group. The temperature was monitored for a couple of
months prior the installation of the DPF.

A typical example of the measured temperature profile
is shown in Figure 1. The horizontal axis in the Figure
shows temperature ranges, and the vertical axis shows the
percentage of time the exhaust gases were found to lie un-
der each designated temperature range.

Fig. 1. Exhaust gas temperature profile of an intercity bus (in degrees
Celsius)
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As can be seen, the exhaust gas temperature of the con-
sidered in-use buses was higher than 100°C, 200°C, 300°C
and 400°C during 97%, 75%, 36% and 1% of total usage
time, respectively. The mean temperature during engine
operation was found to be 258°C. The most suitable regen-
eration mechanism for this temperature profile is the NO2-
based soot oxidation implemented in the Continuous Re-
generation Trap (CRT) technology, developed for the first
time by Johnson Matthey [12, 13]. Based on the obtained
temperature profiles, three different DPF types (all of CRT
technology) were selected in a close cooperation with
VERT from the VERT-list of Best Available Technology
(BAT) filters.

The buses (both urban and intercity) of the most popular
in the local fleet manufacturers (in case of Isracl — MAN
and Mercedes) were selected for the pilot test. All the vehi-
cles were produced under the Euro III emission standards,
and had travelled a distance compatible with their age.
Every vehicle had an original engine and had been appro-
priately maintained before and during the experiments.

UFP measurements were performed three times with
each bus of the pilot group during the 12-months period
after DPF retrofit. The measurements were carried out us-
ing the TSI-made Engine Exhaust Particle Sizer (EEPS)
Spectrometer 3090 model. To assess particle number filtra-
tion efficiency PNFE, particle number concentrations
(PNC) were measured upstream and downstream the DPF
for each bus.

To evaluate DPF influence on the buses fuel economy,
an additional group of buses of the same type and age run-
ning in the similar conditions was identified and designated
as a control group. Fuel consumption data were gained for
the period of 31 months for all 36 considered buses (18 of
the control group and 18 of the pilot group). The data on
fuel consumption before DPF retrofit allow us to estimate
fuel economy deterioration due to natural aging. The data
on fuel consumption of buses after DPF retrofit made pos-
sible assessment of fuel economy deterioration due to joint
influence of aging and DPF itself. Knowing both number
enables assessment of a sole DPF effect on fuel economy.

During the whole pilot duration, backpressure behavior
in each retrofitted bus and maintenance operations were
carefully monitored.

3. Results and discussion

The obtained results confirm known data on extremely
high particle number filtration efficiency of DPFs. The
averaged values of PNFE as were measured at different
operation modes are shown in Fig. 2. As can be seen, PNFE
of about 97% was measured at all engine operating regimes
excluding low idle. The latter is not recommended for
PNFE assessment due to substantially lower engine opera-
tion stability at this operation mode. The lower PNFE val-
ues at low idle are the result of higher particle agglomera-
tion because of longer residence times due to low gas flow
rates.

Figure 3 presents a histogram of the PNFE values ob-
tained. Blue rectangles express the number of times that a
result was obtained between a specific interval. The orange
line expresses the cumulative percentage of measures.

m Low Idie m Hizh Idie
Acceleration [peaks) Acceleration (average)
m 85% Load
100 97.5 86.6 954 97.2
o 90.1
90
EO
70
—= EJ
[
w50
= .
o =
30
20
10

Fig. 2. PNFE as a function of engine operating regime

Fig. 3. PNFE histogram

As can be seen from Figure 3, all the results where
PNFE values lower than 95% were measured comprise
approximately 20% only of the total measurements and
most probably are the result of various experimental uncer-
tainties. It is important to note that PNFE values higher than
98% were obtained in 2/3 of the total measurement cases.

An analysis of buses fuel economy performed in ac-
cordance with the explained above methodology showed
that fuel economy deterioration due to DPF retrofit is lower
than frequently mentioned: 0.6 and 1.8 percent only for
urban and intercity buses, respectively. A careful analysis
of lubricant oil quality and maintenance events during the
pilot test does reveal any influence of DPF retrofit on buses
maintenance routine. Of course, at some moment filters
cleaning due to ash accumulation will be required. Based
on the gained values of backpressure during 12 months of
the pilot test (did not exceed 75 mbar), we may estimate a
frequency of filter cleaning as 2-2.5 years in average. It is
clear that an exact need in DPF cleaning should be identi-
fied based on backpressure monitoring results.

Based on the success of the pilot test, the government of
Israel has decided to invest 6 million USD in 2017 to retro-
fit of DPFs in heavy-duty diesel vehicles in Haifa region
and in garbage trucks — nationwide. From August 2017, a
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use of garbage trucks that do not meet at least Euro IV
requirements will be forbidden. An appropriate legislative
environment and retrofitting infrastructure are developed.
To make the process of retrofitting clear for vehicle owners,
a detailed instruction on DPF installation procedure was
published by the Israeli Ministry of Transportation. The
successful pilot also triggered a decision on Low Emission
Zones (LEZ) formation in Israel with the first LEZ to be
opened in Haifa (the whole city).

Conclusions

A pilot test demonstrating feasibility of DPF retrofit in
heavy-duty vehicles is necessary as a pre-requisite of the
successful retrofit program. Development of the public and
governmental awareness to importance of DPF retrofit as
an efficient and quick way of air pollution reduction is

required. This can be done through scientific conferences,
meetings with stakeholders and any other possible ways.
Air quality monitoring that includes measurement of
black carbon or/and particle number concentrations is nec-
essary to evaluate influence of DPF retrofit and other emis-
sions reduction measures on air pollution. Another im-
portant factor affecting the overall success of any retrofit or
another emissions mitigation program is an effective road-
worthiness program. The latter must include PNC diagnos-
tics, because standard opacity control technologies are not
effective anymore in diagnostics of DPF-equipped vehicles.
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Nanoparticle emissions from gasoline vehicles DI & MPI

The nanoparticles (NP) count concentrations are limited in EU for all Diesel passenger cars since 2013 and for gasoline cars with
direct injection (GDI) since 2014. For the particle number (PN) of MPI gasoline cars there are still no legal limitations. In the present
paper some results of investigations of nanoparticles from five DI and four MPI gasoline cars are represented. The measurements were
performed at vehicle tailpipe and in CVS-tunnel. Moreover, five variants of “vehicle — GPF” were investigated. The PN-emission level of
the investigated GDI cars in WLTC without GPF is in the same range of magnitude very near to the actual limit value of 6.0 x 10" 1/km.
With the GPF’s with better filtration quality, it is possible to lower the emissions below the future limit value of 6.0 x 10" 1/km. The
modern MPI vehicles also emit a considerable amount of PN, which in some cases can attain the level of Diesel exhaust gas without
DPF and can pass over the actual limit value for GDI (6.0 x 10'* 1/km). The GPF-technology offers in this respect further potentials to

reduce the PN-emissions of traffic.

Key words: particle number (PN), gasoline direct injection (GDI), multipoint port injection (MPI), gasoline particle filter (GPF)

1. Introduction

The invisible nanoparticles (NP) from combustion pro-
cesses penetrate easily into the human body through the
respiratory and olfactory pathways and carry numerous
harmful health effects potentials. The nanoaerosol in vehi-
cle exhaust is known to be a complex mixture of different
volatile and non-volatile species often showing a bimodal
particle size distribution with a nucleation mode smaller
than 20 nm and a larger accumulation mode that mainly
contains aggregates of primary particles.

The larger accumulation mode is usually composed of
more graphitic soot particles with an elemental carbon (EC)
structure, whereas the particles in the nucleation mode are
reported to be mainly volatile organics, especially when
sulphur is absent from fuel and lubrication oil [1-4]. How-
ever, recent studies detected also low-volatility particle
fractions in the ultrafine size range when sampling was
carried out according to PMP protocol at 300°C [5-7].

These particles are suspected to be nucleated metal ox-
ides originating from metal additives in lubrication oil or
fuels [8—11]. The formation of this particulate fraction was
especially observed when the soot content was low as in
idle condition of diesel vehicles. These particles mainly
appear in the ultrafine size rage < 23 nm. While the mass
contribution of these ultrafine particles in vehicle emissions
is very low, their contribution to the number concentration
is significant. Moreover, these ultrafine particles may con-
tribute to the surface composition of the aerosol and have
therefore a significant impact on health effects associated
with pollution.

Knowledge about the emission level, chemistry and
formation mechanisms of these particles is an important
objective in order to assess their toxic potential, and to
propose effective measures to reduce these emissions.

Studies for gasoline fueled internal combustion engines
pointed out that also this vehicle class can emit remarkable
amounts of particles [6, 12, 13]. Especially gasoline direct
injection technology (GDI) shows particle number (PN)
emissions significantly higher than modern diesel cars

equipped with best available DPF technology. Since the
trend for gasoline vehicles with GDI technology is increas-
ing, a significant rise in emission is predicted in the near
future.

The nanoparticles emissions are produced especially at
cold start and warm-up conditions and at a dynamic engine
operation [14]. The lube oil contributes to this emission in
the sense of number concentrations in nuclei mode and
composition [8-10].

The investigations of morphology of the nanoparticles
from gasoline direct injection engine revealed principally
graphitic structures, which can store some metal oxides in
certain conditions and can be overlapped by condensates
[15, 16].

Car manufacturers and suppliers of exhaust aftertreat-
ment technology offer several mature solutions of GPF for
efficient elimination of the nanoparticles from DI SI-
engines [17, 18].

There is also nanoparticles emission of gasoline vehi-
cles with MPI (multipoint port injection). Some of them
emitting high amount of PN and PM. In a study of AFHB,
[19], an older model with MPI was found to emitting at
stationary part load operation up to 4 orders of magnitude
more nanoparticles, than a lower emitting GDI car. The
main reason for this increased PN-emission was attributed
to the increased lube oil consumption. Never-theless an
inferior quality of mixture preparation cannot be excluded.

The MPI technology has a big share of the worldwide
market because of its lower costs and simplicity and in
several countries this technology will still stay as primary
option for several years to come.

From this perspective and taking account of the pro-
gressing exhaust gas legislation aiming an increased care
about health and environment protection it is necessary to
include the cars with MPI in the efforts to reduce PN &
PM.

Some investigations in present paper were performed at
AFHB (Laboratories for IC-Engines and Exhaust Emission
Control of the Berne University of Applied Sciences, Biel

COMBUSTION ENGINES, 2017, 170(3)

179



Nanoparticle emissions from gasoline vehicles DI & MPI

CH) as a part of the network project GasOMeP, together with

Table 2. Data of investigated MPI vehicle

the Swiss Research Institutions: EMPA, FHNW and PSI. . Fiat Panda | Ford KA Suzuki
; A A Vehicles Opel 4x4 Twi . Bal 12
This paper presents: comparisons of NP-emissions of 200® Adam @ ’;, m lél I; in9d®
five GDI vehicles and four MPI vehicles at steady state = Lo
. . Number and
(SMPS) and at transient (CPC) operation, as well as the arrange-ment 4 /1in line 2 /1in line 4 /in line 4 /1in line
emissions reduction potentials with different gasoline parti- of cylinders
cle filters (GPF’s) on some GDI cars. is )
( ) Displace: 1398 875 1242 1242
ment cm
Table 1a. Data of investigated cars
£ Power kW 64 @ 0 62.5 @ 0 85 @ a1 66 @ a1
: hi 6000 min 5500 min 5500 min 6000 min
Volvo V60 Opel Mitsubishi
Vehicles ©@0 TAF © Insignia 1.6 Carisma Toraue Nm 130 @ 145 @ 102 @ 120 @
EcoFlex @ 1.8GDI® q 4000 min" | 1900 min" | 3000 min" | 4400 min"
Number and Injection type MPI MPI MPI MPI
arrangement of 4 /in line 4 /in line 4 /1in line Curb weicht k 1195 1170 989 1010
cylinders g g
Displacement cm’ 1596 1598 1834 Gross vehicle 1465 1550 1320 1405
Power KW 132@5700 | 125@6000 | 90 @ 5500 weight kg
ower rpm rpm rpm Front- Front- Front-
240 @ 1600 260 @ 174 @ 3750 Drive wheel wheel 4x4 wheel wheel
Torque Nm @ 1650-3200 @ drive drive drive
rpm rpm
pm Gearbox m5 m6 m5 m5
Injection type DI DI DI First registra-
Curb weight kg 1554 1701 1315 tion g 5.3.13 2.12.15 30.5.16 29.4.16
SZ?;; tVl‘zlg“de 2110 2120 1750 Exhaust EURO5b | EURO6b | EURO6b | EURO 6b
. Front-wheel | Front-wheel Front- After- TWC TWC TWC TWC +
Drive wheel drive drive wheel drive treatment EGR
Gearbox a6 m6 mS .
First registration | 27.01.2012 2014 05.2001 3. Fuels and lube oils
Exhaust EURO 5a EURO 5b+ EURO 3 The gasoline used was from the Swiss market, RON 95,
Aftertreatment TWC TWC TWC/Ox.Cat according to SN EN228. A bigger charge of gasoline was
purchased for the project and it was analysed at INTERTEC
Table 1b. Data of investigated cars Laboratory. The most important data are given in Table 3.
Diesel The lube oils for GDI-vehicles were also analysed at
Vehicles Opel Zafira | VW Golf Plus | Peugeot 4008 EMPA Laboratory, Table 4, which shows the 9 most prom-
®0® Tourer @ ® 1.6HDi STT .
® inent metals and the sums of all analysed 21 metals. For all
Number and GDI-vehicles, except of vehicle @, the same lube oil was
arrangement of 4 /in line 4 /in line 4 /in line applied.
CDlelderS . . o — For the Diesel car as well as for the MPI cars the lube
isplacement cm .
oils were not changed and not analysed.
Power KW 125@ 6000 | 118 @ 5800 | 84 @ 3600
rpm rpm rpm )
Torque Nm 260 @ 1650 - | 240 @ 1500 | 270 @ 1750 Table 3. Data of gasoline
— 320311'Pm rgln rgln Property Unit Result
njection type - S 3
Curb weight kg 1678 1348 - 1362 1462 sens“y @13 C(> T k}i m 76376'31
Gross vehicle apor pressure (at 37.8° a .
weight kg 2360 1960 - 1980 2060 Research Octan Number (RON) - 95.6
Drive wheel hFr(l)r(ljt-. Frogt-.wheel Frogt-.wheel Oxygen content % (m/m) 1.0
whee! drive fve fve Sulfur content mg/kg <1.0
Gearbox m6 m6 m6 Pb Leed L <10
First registration 22.07.2014 01.02.2010 12.04.2013 ced me :
Exhaust EURO 5b+ EURO 4 EURO 5b Ca Calcium mg/kg <10
Aftertreatment TWC TWC DPF Fe Iron mg/kg <1.0
. Mg Magnesium mg/kg <1.0
2. Tested vehicles Mn Manganese mg/kg <1.0
Table 1 summarizes the most important GDI vehicle da- P Phosphorus mg/kg <1.0
ta. As a reference of the best available technology, concern- 7n Zink me/ke <1.0
ing the reduction or elimination of PM- and PN-emissions a Na Natrium mg/kg <1.0
modern Diesel passenger car with a high-quality DPF was | K Potasium mg/kg <1.0
included in the tests (vehicle ®). Distillation (at 101.3 kPa)
Table 2 shows the most important data of the investigat- o start °C 34
ed MPI vehicles. It can be remarked that the vehicle ® in « 10% Vol °oC 48
this group is the only one with turbocharger and vehicle @ « 50% Vol oC 75
is equipped with 2 injectors per cylinder intake port. « 90% Vol °oC 142
¢ end °C 174
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Table 4. Data of the utilized lube oils (* analysis, others: specifications)

Vehicles Vehicle
. DB @ .
Property (typical value) Castrol dexos 2 Unit
Magnatec
Viscosity kin 40°C 72.0 72.0 mm?/s
Viscosity kin 100°C 12.2 12.1 mm®/s
Viscosity index 166 165 (-)
Density 15°C 852 854 kg/m®
Pour point -39 -36 °C
Flash point (PMCC) 207 >201 °C
mg
Total Base Number TBN 7.5 KOH/g
Sulphated ash 0.8 0.8 Yowt
Na * 4.7 434 pg/g
Mg * 17 9.2 ug/g
Al * 32 5.4 ug/g
Ca * 2240 2300 ug/g
Mn * 0.20 24 ug/g
Fe * 17 34 pg/g
Cu * 0.07 27 ug/g
Zn * 760 630 pg/g
Mo * 36 0.81 ug/g
Sum metals 3109.56 3481.48 ug/g

4. Test methods and instrumentation

The vehicles were tested on a chassis dynamometer at
constant speeds and in the dynamic driving cycles WLTC,
with cold & warm engine start.

4.1. Chassis dynamometer — following test systems were
used:

— roller dynamometer:

— driver conductor system:
— CVS dilution system:

AFHB GSA 200
Tornado, version 3.3.
Horiba CVS-9500T
with Roots blower
— air conditioning in the hall automatic (intake- and dilu-
tion air).
The driving resistances of the test bench were set ac-
cording to the legal prescriptions, responding to the hori-
zontal road.

4.2. Nanoparticle analysis
The measurements of NP size distributions were con-

ducted with different SMPS-systems, which enabled differ-

ent ranges of size analysis at steady state operation:

SMPS: DMA TSI 3081 & CPC TSI 3772 (10-429 nm)
nSMPS: nDMA TSI 3085 & CPC TSI 3776 (2-64 nm)

For the dilution and sample preparation an ASET sys-
tem from Matter Aerosol was used (ASET aerosol sampling
& evaporation tube). This system contains:

— Primary dilution — MD19 tunable rotating disc minidi-
luter (Matter Eng. MD19-2E)

— Secondary dilution — dilution of the primary diluted and
thermally conditioned sample gas on the outlet of evap-
orative tube.

— Thermoconditioner (TC) — sample heating at 300°C
This sample preparation system fulfills the requirements

of PMP and it was used for all measurements. At steady

state operation (SSC see next section) this system worked

with summary dilution factors DF = 100 to 500.

The estimated accuracy of PN-measurement in the size
range of 80-120 nm, with DF = 100 is +6%.

Fig. 1. Set-up of exhaust gas sampling for PN-analysis

For the measurements of summary PN at transient oper-
ation a CPC TSI 3790 (PMP conform) was used.

In the tests the gas sample for the NP-analysis was taken
from the undiluted exhaust gas at tailpipe for stationary
operation (SMPS) or from the diluted exhaust gas in CVS-
tunnel at transient operation (CPC). The schematic of the
general sampling set up is represented in Fig. 1.

4.3. Driving cycles

The vehicles were tested on a chassis dynamometer at
constant speeds (SSC) and in the dynamic driving cycles.

The steady state cycle (SSC) consists of 20 min-steps at
95, 45 km/h and idling, performed in the sequence from the
highest to the lowest speed.

Fig. 2 shows the steady state cycle (SSC) with the re-
sulting tailpipe temperatures (t.q,) for gasoline vehicle @
(MPI). This gives the magnitude of the temperatures at the
particulate sampling point “tailpipe” during steady state
measurements (SMPS).

The approach to find a homogenized world-wide driv-
ing cycle was successfully finished with the development of
the homogenized WLTP world-wide light duty test proce-
dure. The WLTC (world-wide light duty test cycle) repre-
sents typical driving conditions around the world.

This cycle (Fig. 3) has been used also in this study. It
represents different driving conditions: urban, rural, high-
way and extra-highway.

Fig. 2. Steady State Cycle (SSC) and tailpipe temperature of vehicle 7 (MPI)

In the test program with MPI vehicles the cycles RTS
95 and ADAC 130 were used. The RTS95 is a short chassis
dynamometer test cycle representing aggressive driving and
used for development purposes as short procedure replacing
WLTC. The ADAC 130 cycle represents the high-way
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driving and for the investigated vehicles class requires
some full load accelerations.

Fig. 3 shows the time-courses and Table 5 summarizes
the most important data of these driving cycles.

Table 5. Date of the driving cycles

Cycle Duration Distance Vinax Amax Amin

s m km/h m/s m/s

WLTC 1800 23’262 131 1.58 -1.49
RTS95 886 12°927 134 2.61 -2.63
ADACI130 740 18’755 130 6.94 -5.00

Fig. 3. Transient driving cycles WLTC, RTS 95 and ADAC 130
5. Results with GDI vehicles

5.1. Steady state operation (SSC)

The considerations of particle size distributions at
steady state operation give a basic view on the PN-
concentrations at tailpipe and allow some reflections about
the nanoparticle production. Nevertheless, this is not a legal
measuring procedure and therefore the results do not have
to be compared with the legal PN limit values.

Fig. 4 represents exemplary the SMPS particle size dis-
tributions (PSD) of all tested vehicles (V1 to V5) at tailpipe
without GPF at the same constant speeds and idling.

At 95 and 45 km/h the maxima of PSD’s show in cer-
tain cases the particle counts concentrations (PC) in the
range of 10° to 10" 1/cm’, which is similar as for Diesel
engines (without DPF). At idling, the PC values are roughly
one order of magnitude lower.

For wvehicle @, strong fluctuations of the PC-
concentration during the period of scanning (over the size
range) are visible. During the constant speed operation of
this vehicle (at 95 and 45 km/h), periodic fluctuations of
gaseous emissions (CO, HC, NO,) were observed (not
represented here) and confirmed a continuous switching of
the operation between lean and rich. This means that for
this vehicle, changing between the stratified, or homoge-
nous (lean) and homogenous (rich) operating strategies, it
also implies the switching of parameters, like ignition tim-
ing, injection timing, injection quantity and eventually
EGR. This can have the influences on NP-emissions as
demonstrated.

average of 3 scans

1.0E+07
95 km/h
8.0E+06 v3
— V1
“e 6.0E+06 -|
S V4
Z 4.0E+06 V5
V2
2.0E+06
0.0E+00 : _— ‘ ‘
10 g m 100 400
1.2E+07
45 km/h
v2
9.0E+06 —
— V4
OE /v3
® 6.0E+06
Zz V1
3.0E+06 V5
n h
0.0E+00 A -
10 d[nm] 100 400
1.2E+06 - idling
v2
— 9.0E+05 - /V4
§ va
£ 6.0E+05 -
Zz V1
3.0E+05 - Vs
s
0.0E+00 /‘“’/ . A
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Fig. 4. SMPS particle size distributions at constant speeds with different
GDI vehicles (w/o GPF)

The relationships of NP-emissions between different
vehicles can vary depending on operating condition. As
example: vehicle @ has at 95 km/h the lowest and at 45
km/h and idling the highest particle counts concentrations.
This is also visible in the summary representation of inte-
gral PN-emissions at all tested constant speeds, Fig. 5.

There are different interacting processes during mixture
preparation, combustion and gas flow in the exhaust sys-
tem, which sensitively influence the generation of nanopar-
ticle emissions. The following discussion gives some ideas
and hypotheses about the reasons of the observed differ-
ences of PN-results between the different vehicles.
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Fig. 5. Integral PN emissions at constant speeds with different GDI vehi-
cles (w/o GPF)

Important question is the mixture preparation: the ideal
mixture preparation should atomize and evaporate all the
used fuel and bring it as homogenously premixed, as possi-
ble into the combustion chamber.

For MPI there is usually a portion of fuel deposited on
the walls of the intake port, which can, especially at tran-
sient operation, arrive in the combustion chamber as lig-
uid non-premixed droplets. A part of this “unprepared”
fuel burns heterogeneously and is a source of soot-
production.

These effects are stronger in DI technology and especial-
ly, when the liquid fuel arrives at the wall and, what is also
possible, interacts with the lube oil layer, the production of
nanoparticles is particularly increased [20, 21].

The chemistry of oil and fuel, their HC-matrix and addi-
tive packages have a significant influence on the NP’s.

Further to consider are: the passage of aerosol through
the exhaust system, the history of temperature drop, cataly-
sis, chemistry, spontaneous condensation and store/release
effects in the exhaust system. All of them have finally in-
fluences on “what will be measured at tailpipe”.

The processes influencing NP-production depend on
engine operating conditions. With no doubt the NP-
emissions vary with the operating point and are increased at
transient operation.

The measurements of all PSD’s at constant speeds were
simultaneously performed with two systems SMPS (size
range 10—429 nm) and nano-SMPS (size range 2—-64 nm).

Fig. 6 shows, as example, the particle size distributions
measured with SMPS and with nSMPS for the higher (ve-
hicle @) and for the lower (vehicle @) emitting vehicles at
95 km/h.

Fig. 6. SMPS & nSMPS particle size distributions at 95 km/h with GDI V2
& V4 (w/o GPF)

There are no PC in the sizes below 6 nm and the PC in
the size range 6 to 10 nm can be considered as negligible.

Generally there is a very good accordance of PSD’s
measured with both systems SMPS and nSMPS in the
common size range (10-64 nm).

Fig. 7 shows an example of scans with and without
GPF. It confirms the excellent accordance of scans with
both systems, it also confirms very good particle count
filtration efficiency (PCFE) of the tested GPF and it par-
ticularly shows the total elimination of nanoparticles with
sizes below 30 nm.

The opinion of the authors, resulting from these tests as
well as from previous experiences with GDI-vehicles [19],
is that additional research, or discussions about NP’s with
sub-10 nm-sizes and more restrictions of the legislation for
sub-23nm-sizes, are not necessary.
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95 km/h SMPS w/o GPF
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Fig. 7. Example of PSD's with SMPS & nSMPS and particle counts filtra-
tion efficiency (PCFE) with V1, GPF 1 at 95 km/h

Five variants “vehicle — GPF” were tested. The GPF’s
were randomly obtained for the tests and they were mount-
ed in the exhaust systems of the cars approximately 60 cm
downstream of the TWC. They were neither developed, nor
optimized for this application. The specific data of the
GPF’s are not available.

Fig. 8 summarizes the filtration efficiencies (PCFE) ob-
tained at the constant speeds. The PCFE-values are between
91% and 100%. GPF3 and GPF4 represent clearly lower
filtration efficiency than GPF1 and GPF2. This result indi-
cates that the filtration efficiencies can be adapted by opti-
mizing the substrate to fulfil different objectives or re-
quirements.

In comparison, the quality requirements for DPF retro-
fitting are: for the Swiss Confederation OAPC PCFE > 97%
and of the VERT Association PCFE > 99%. This is in the
sense of “best available technology for health protection”.
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Fig. 8. Filtration efficiencies PCFE at constant speeds with different GPF's
(SMPS data)

5.2. Transient operation

The results at transient operation are obtained with CPC
(according to PMP) at the end of CVS-dilution tunnel.
These results can be compared with the legal PN limit va-
lues.

Fig. 9. Comparison of PN-emissions in WLTC cold and hot for different
vehicles

All mechanisms influencing the NP-production in com-
bustion chambers and in the exhaust system are at transient
operation variable and mostly overlapping each other. A
known and accepted fact is that the peak values of NP-
emissions coincide with the acceleration, or deceleration
events in the driving cycle.

Fig. 9 summarizes the average PN emissions in WLTC
cold and hot. The emission level of “hot” cycles is general-
ly lower than the emission level of “cold” cycles. Vehicles
which are equipped with GPF have, as expected, lower PN-
emissions. Vehicle ® is a Diesel car with original DPF of a
very good quality; it sets a quality level, which is only
roughly attained by the vehicle @ with GPF1.

From all variants with GPF’s the GPF3 and GPF4 have
the highest emissions. These two filters also have the low-
est average filtration efficiencies, Fig. 10.

Finally, it can be concluded that the PN-emission level
of the investigated GDI cars in WLTC without GPF is in
the same range of magnitude very near to the actual limit
value of 6.0 x 10" 1/km. With the GPF’s with better filtra-

tion quality it is possible to lower the emissions below the
future limit value of 6.0 x 10" 1/km.

Fig. 10. PCFE's of the investigated GPF's in WLTC hot
6. Results with MPI vehicles

6.1. Steady state operation (SSC)

Fig. 11 gives an example of the SMPS-particle size dis-
tributions (PSD) with the MPI vehicles at 95 km/h and at
idling. The indicated particle counts concentrations are
mostly in the range of ambient background level (10* to 10*
1/cm’). Nevertheless, there are some exceptions such as a
clearly higher PN-emission with vehicle ® at 95 km/h and
a higher PN-emission with vehicle @ at idling.

Fig. 11. SMPS particle size distribution at constant speeds with different
MPI vehicles

At the highest speed (95 km/h) vehicle causes the
particle count concentrations, which are up to 3 ranges of
magnitude higher, then with the other vehicles.

Fig. 12 compares the PSD’s measured with SMPS and
with nSMPS with the highest emitting vehicle ® and with
the lowest emitting vehicle @ at 95 km/h.

For vehicle ® there is a very good correlation of results
obtained with nSMPS and with SMPS in the common size
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range (10-64 nm). The particle numbers in the size spec-
trum below 10 nm are zero, or negligible.

For vehicle @ there is no clearly pronounced size dis-
tribution, but random indications of particle counts in the
ambient level. There is also a very good accordance of both
measuring systems.

Fig. 12. Particle size distribution of MPI vehicles (min/max emissions)

6.2. Transient operation
The legal emission limits are established for the transi-

ent operation, which causes higher PN-values. The particle

counts are measured as summary of all particle sizes in the
diluted exhaust in CVS tunnel, by means of CPC.

Fig. 13 summarizes the integral PN-results of the four
MPI vehicles in all transient cycles. It can be remarked that
the relationships of emission level are for all vehicles in all
driving cycles the same.

In the driving cycle with cold start the PN-emissions are
higher than with warm start. One of the vehicles would not
pass the present limit value of 6 x 10'> 1/km and three of
the vehicles would not pass the future limit value of
6x 10" 1/km.

The following points have to be mentioned:

— in the cycle RTS95 vehicle ® had to be accelerated at
full load to follow the driving conductor cycle trace,

— at higher speeds and acceleration there is particularly
higher PN-emission with vehicle ®,

— at the ADACI130 high speed cycle none of the vehicles
could follow the cycle; all vehicles were fully accelerat-
ed; this caused very high CO-emissions — in one case
with vehicle ® CO in the bag came in over range,

— vehicle @ with two injection valves per cylinder yielded
the lowest PN-emissions — it can be supposed, that a
better mixture preparation and lower portion of liquid
fuel film deposited in the intake channels contributed
much to this improvement.

Fig. 13. PN results in all driving cycles

Fig. 14 impressively illustrates the residues on PM-
measuring filters of two vehicles in all driving cycles.
There is a high carbonaceous part of the particle emission
of the high-emitting vehicle ®.

Fig. 14. PM-results of the lowest & highest emitting vehicles in different
transient cycles

RTS95, which has higher accelerations, than WLTC,
produces with cold start the highest amount of black carbon
emission. Comparing all four vehicles in WLTC cold an
increase of blackness of the filter residue in the sequence:
V10 < V7 < V9 < V8 can be remarked. This is the same
sequence, like for the increase of PN-emissions.

7. Conclusions
The most important statements of this work can be

summarized as follows:

— The PN-emission level of the investigated GDI cars in
WLTC without GPF is in the same range of magnitude
and very near to the actual limit value of 6.0 x 10"
1/km.

— With the GPF’s with better filtration quality it is possi-
ble to lower the emissions below the future limit value
of 6.0 x 10" 1/km.

— The filtration efficiency of GPF can attain 99% but it
can also be optimized to lower values — in this respect
the requirement of “best available technology for health
protection” should be considered.

— The present work demonstrated that the modern SI-
vehicles with MPI also emit a considerable amount of
PN and PM. In an extreme case the PN-emission was in
the range of Diesel car (without DPF).

— The relationships of NP-emissions between different
vehicles can vary depending on operating conditions.
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— Generally there is a very good accordance of PSD’s
measured with both systems SMPS and nSMPS in the
common size range (10-64 mm).

— For the investigated vehicles with gasoline DI and MPI,
there is no increase of PC’s in nuclei mode (below 10
nm) at the measured constant speeds, the particle counts
below 10 nm are negligible.

— Due to the electronic regulation of the engine the NP-
emission of some vehicles (here vehicle ®) are periodi-
cally fluctuating. The present paper focuses solely on
solid nanoparticle emissions. The tested GDI cars, ex-
cept of vehicle ®, were with homogenous combustion
concept and all of them (GDI & MPI) represented a
modern TWC technology. According to that the emis-
sions of gaseous legislated components (CO, HC, NOy)
were very low.

The present research on MPI vehicles, showed some
tendencies of significantly increased PN-emissions. With
this knowledge and taking into consideration the immense
multiplication factor of MPI vehicles worldwide the legal
PN-limitations for MPI should be quickly progressed.

The present high filtration quality of Diesel vehicles
(DPF) set’s high requirements on the filtration quality in the
gasoline sector (GPF).
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Nomenclature

AFHB Abgaspriifstelle FH Biel, CH MD minidiluter

ASET aerosol sampling & evaporation tube MFS  mass flow sensor

BAFU Bundesamt fiir Umwelt, (see FOEN) MPI  multipoint port injection

CLA chemiluminescent analyzer NP nanoparticles < 999 nm

CPC condensation particle counter nSMPS nano SMPS

CVS constant volume sampling OAPC CH: Ordinance of Air Protection Control

DF dilution factor PC particle counts (integrated)

DI direct injection PM particle mass

DMA differential mobility analyzer PN particle numbers

DPF diesel particle filter PMP  Particle Measuring Program of the GRPE

EC elemental carbon European Community PSD  particle size distribution

EGR exhaust gas recirculation PSI Paul Scherrer Institute

EMPA Eidgendssische Material Priif- und SMPS scanning mobility particle sizer
Forschungsanstalt SSC steady state cycle

FHNW Fachhochschule Nord-West Schweiz TC thermoconditioner

FOEN Federal Office for Environment TTM  Technik Thermische Maschinen

GasOMeP gasoline organic & metal particles TWC  three way catalyst

GDI gasoline direct injection v vehicle

GPF gasoline particle filter VERT verification of emission reduction technologies

GRPE EC Groupe Rapporteurs Pollution & Energy WLTC worldwide light duty test cycle
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Thermogravimetric analysis in the synthetic engine oil 5SW-30

Engine oils undergo oxidative degradation and wears out during service. Hence it is important to characterize ageing of engine oils at
different simulated conditions to evaluate the performance of existing oils and also design new formulations. This work focuses on character-
izing the thermo-oxidative degradation of synthetic engine oils 5W-30. Thermogravimetric analysis of fresh and degraded oil samples at
different temperatures and ageing intervals was performed in STA 449 F3 Jupiter® coupled with the FTIR spectrometer. The temperature
regime provided that the samples were heated to the temperature of 600°C at the heating rate of 10 K/min. Gases (nitrogen, argon) were

used with flow rates of 60 mL/min. The results, along with discussion, are presented in graphs — TG curves and IR spectrum.

Key words: synthetic oil, degradation, oxidation, thermogravimetry, differential scanning calorimetry

1. Introduction

Engine oils are carefully engineered for use in today’s
sophisticated engines by blending with various additives.
Engine oils reduce friction between moving surfaces and
also aids in transportation of contaminants and other parti-
cles away from moving parts. Oils are prone to thermal and
oxidative degradation during service in internal combustion
engines as they are exposed to extremely high temperatures
(up to ca. 800°C in cylinder walls) and pressures (up to ca.
1000 psi in the bearings) under air environment [6]. The
degree of degradation depends on engine conditions, cycle
time and duration of its use.

Some of the desirable characteristics of lubricants in-
clude reduction of friction, high boiling point, optimum
viscosity and thermal stability, corrosion retardation and
resistance to oxidation. As engine oils are designed with a
mixture of base oil and performance augmented additives
such as friction modifiers, antioxidants, dispersants and
detergents, and viscosity index improvers [6, 7, 9], it is
necessary to understand the thermal stability of engine oils
under various operating conditions in order to evaluate the
performance of specific additive’s package and to design
better additive formulations.

Thermo(oxidative) degradation of engine oils in con-
ventional thermogravimetric analyzer (TGA) and differen-
tial scanning calorimeter (DSC) are fundamental techniques
to evaluate the stability of engine oils under isothermal and
dynamic heating conditions [1, 3, 4, 8]. Importantly, the
data obtained from this analysis coupled with the standard
engine tests gives a better understanding of the stability of
the engine oils [2]. Santos et al. [8] evaluated the rheologi-
cal and thermo-analytical properties of automotive mineral
lubricants and found that increasing the temperature of
degradation from 150 to 210°C resulted in thixotropic and
pseudo-plastic behavior of the oils. The increase in viscosi-
ty of the lubricants was found to be due to the polymeriza-
tion process along with formation of insoluble high molecu-
lar weight products.

Thermogravimetric analysis in air resulted in three de-
composition steps while only one decomposition step was
observed in nitrogen atmosphere. Gamlin et al. [4] studied
the effects of viscosity and base oil class of mineral, fully
synthetic and semi-synthetic oils on the thermal stability of
base oils. The mechanism of base oil degradation was ex-

amined using isothermal, non-isothermal and modulated
TGA analysis. It was concluded that base oils with higher
viscosity within the same category tend to degrade at higher
temperatures. The base oils of natural/mineral origin were
more resistant to oxidation than semi-synthetic and fully
synthetic oils due to naturally occurring antioxidants, which
can inhibit the oxidation process.

Oxidation is the primary mechanism by which oil deg-
radation occurs in an engine. The process of oxidation oc-
curs in three stages. The first stage corresponds to the de-
pletion of antioxidant and antiwear additives, followed by
oxidative degradation of the base oil [7, 9]. During this
stage, the formation of polar organic compounds in oil
(such as ketones, alcohols, carboxylic acids and esters) is
more pronounced. The final stage corresponds to an in-
crease in viscosity of the oil owing to polymerization.

The recombination of long chain radicals, Aldol and
Claisen condensation reactions of carbonyl, carboxylic acid
and alcohols that are formed via oxidative degradation in
the second stage are the main reactions leading to higher
molecular weight molecules [10]. Besides oxidation, during
combustion, with the engine running at full load or with
improper air/fuel ratios, other reactions that lead to the
formation of nitrogen oxides and organic nitrates may oc-
cur. Similarly, the presence of sulfur may lead to the for-
mation of SO,, organic sulfones and sulfoxides via oxida-
tion, and sulfurous acid esters when SO, reacts with organic
compounds present in oil. Therefore, a comprehensive
understanding of engine oil ageing in terms of oxidation,
nitration and sulfation, along with thermal stability and
rheological properties is required.

Apparent activation energy of oxidation of oils is usual-
ly evaluated using TGA under dynamic heating rate in
presence of air. Isoconversional methods are utilized to
evaluate the variation of apparent activation energy of oxi-
dative degradation of oils with conversion [3, 4]. Crnkovic
et al. [3] evaluated the oxidative degradation kinetics of
Brazilian fuel oils using TGA in presence of air, and the
apparent activation energy was correlated to the ignition
delay.

2. Materials and methods
Thermogravimetric testing of engine oil was conducted
on the Simultaneous Thermal Analyser STA 449 F3 Jupi-
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ter®, which was coupled with the FTIR spectrometer. In the
analyser mentioned above the samples (S and R) were
placed symmetrically in identical measuring vessels (Pt/Rh
crucibles) in the same furnace whose temperature was regu-
lated according to an assumed temperature regime, regard-
less of the changes in the properties of the samples during
the measurement. The temperature regime provided that the
samples were heated to the temperature of 600°C at the
heating rate of 10 K/min. Gases (nitrogen, argon) were used
with flow rates of 60 mL/min.

Differential scanning calorimetry (DSC) means a tech-
nique in which the change of the difference in the heat flow
rate to the sample and to the reference sample is analysed
while they are subjected to a temperature regime, or a tech-
nique where the change of the difference in the heat flow
rate to the sample and to the reference material is measured
as a function of temperature.

ADg =g — Dy (D

where: § — sample, R — reference sample.
The thermal analyser measured the difference in tem-
peratures between the samples:

ATSR = TS _TR (2)

When the analyser furnace is heated and the system is
thermally symmetric, an identical heat flux flows to both
samples and their difference in temperature is then zero. If
this state of dynamic equilibrium was disturbed by a change
in either sample, or if there was thermal asymmetry of the
system caused by a difference in the heat capacity of the
samples, the DSC measurement showed differences in
temperature, ATsg # 0, in proportion to the differences in
the heat fluxes to the sample and to the reference sample,
and then

where: k proportionality constant with the nature of the
inverse of thermal resistance.

Used as raw materials in experiments was Engine Oil
samples — fully synthetic engine oil SW-30 (Castrol EDGE)
for Audi, VW, BMW, Mercedes-Benz, Porsche, Skoda and
Seat cars. This oil with Fluid Strenght Technology is most
advanced engine oil, engineered with an adaptive strenght
ready to perform however the engine and drive demands.
Weight of the samples, depending on the experiment, the
limits ranged from 20-24 mg.

A majority of the TG experiments were repeated three
times, and the standard deviation of Tmax, the temperature
corresponding to maximum mass loss rate, as observed in
the differential thermogram, was within £2°C for all the
runs.

3. Results and discussion

Synthetic engine oil SW-30 was degraded between 200
and 500°C. Figures 1-4 depicts the thermograms and dif-
ferential thermograms of synthetic engine oils. The results
of the measurement made with the use of the DSC tech-

nique were DSC curves — the dependence of the measured
difference in the heat fluxes on time/temperature. The
graphs in Fig. 1 present the course of derivatographic
curves; the TG curve for fresh full synthetic engine oil are
marked in red and the curve for used full synthetic oil are
marked with a green.

The graphs in Fig. 2-3 present the DSC curves in a ar-
gon and nitrogen atmosphere. And the graph Fig. 4 present
DDSC curves for fresh and used full synthetic engine oils
in a argon atmosphere.

In the process of thermal decomposition of the full syn-
thetic oils sample in the different atmosphere (nitrogen,
argon) the following stages can be isolated:

— evaporation of water with heat absorbed from the sys-
tem (50.3°C for the oils sample in a argon atmosphere
and 70. °C for the oils sample in a nitrogen atmosphere),

— two distinct weight loss regimes are evident from the
TGA profiles of the engine oils. The first regime is from
180 to 35 °C and the second regime is from 360 to
500°C for all the types of engine oils (fresh and used).
Based on mass spectrometric measurements, Lehrle et
al. [5] confirmed that in the temperature range of 180 to
350°C, both evaporation of hydrocarbons present in the
low end of the molecular weight distribution, and deg-
radation of base oil components occur. The former oc-
curs at temperatures lesser than 250°C, while the onset
of degradation occurs in the range of 275-300°C. The
second weight loss regime can be attributed to the de-
composition of long chain hydrocarbons.

— as fresh synthetic oils contained a lot of oxygenated
organics including alcohols, diols, esters, sulfurous acid
esters and other oxygenated functional groups, acceler-
ated degradation of the these organics and base oil stock
is justified in the temperature range of 275-300°C.

— in many experiments, fresh the oils pyrolyzed complete-
ly before 500°C without any formation of residue, while
in certain cases less than 4 wt% residue was observed at
500°C.

The graphs in Fig. 2 and 3 present the TGA curves ob-
tained by means of the DSC method. An exothermic effect
with an enthalpy of —77.26 J/g (in a argon atmosphere) and
—140.9 J/g (in a nitrogen atmosphere) during the first mass
loss step which is due to the release of moisture, was ob-
served. For a sample in nitrogen two overlapping exother-
mic effects with an entire enthalpy of —4.01 J/g and -9.905
J/g occurred during the remaining mass loss steps which
reflect the pyrolytic decomposition of oil sample. Second
exothermic effect with an enthalpy of —-23.56 J/g (in a argon
atmosphere) and —16.81 J/g (in a nitrogen atmosphere) was
started at 336.7°C and 368.7°C. Gasification reactions
starter above 430°C.

A collection of all detected absorbance a oils sample in
a different atmosphere are shown as a 3-dimensional cube
in Figure 5. Additionally the TG-signal at the side face of
the cube shows the communication between the two soft-
ware.
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Fig. 1. Thermogravimetric analysis of full synthetic engine oils (fresh and used) conducted in a argon atmosphere

Fig. 2. Thermogravimetric analysis of fresh full synthetic engine oil conducted in a argon atmosphere

Fig. 3. Thermogravimetric analysis of fresh full synthetic engine oil conducted in a nitrogen atmosphere
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Fig. 4. DDSC curves of fresh and used full synthetic oils conducted ina a argon atmosphere

Fig. 5. 3D view of FTIR spectra — wavenumber versus temperature includ-

ing the TG results at the side face of oils samples conducted in a argon
atmosphere

Fig. 6. IR spectrum of the full synthetic engine oil conducted in argon

4. Conclusions
In this study, a characterization of oxidative degradation

of full synthetic engine oils at different atmosphere. Based

on the kinetic analysis of synthetic engine oils degraded at
different temperatures, the following conclusions can be
drawn:

1. At an oxidation temperature about of 120°C, synthetic
oil loses stability in the initial time period, while it gains
stability at longer ageing periods.

2. At an ageing temperature of 200°C, both synthetic fresh
and used engine oils exhibit similar trends in variation
of a E. The oils lose their thermal stability, while the
stability is regained at long ageing periods. The gain in
stability may be correlated with the decrease in oxida-
tion index of synthetic oil. The increase in viscosity is
due to the formation of long chain hydrocarbons.

3. Around 72-96 h, the oils lose their thermal stability,
while the stability is regained at long ageing periods.
The gain in stability may be correlated with the decrease
in oxidation index of synthetic oil after 96 h of ageing
and increase in kinematic viscosity of synthetic oil with
ageing time. The increase in viscosity is due to the for-
mation of long chain hydrocarbons. The oils rapidly
lose their lubricity, as evidenced by the high rate of de-
crease of viscosity index.

4. The physicochemical characterization of fresh and used
engine oils discussed in this work will be useful to de-
velop distributed activation energy models with pseudo
components taking part in a multistep mechanism. The
apparent activation energies can be used as initial esti-
mates for a more robust semi-mechanistic model of en-
gine oil oxidation.

atmosphere
Nomenclature
DSC differential scanning calorimetry FTIR Fourier transform infrared spectroscopy
DDSC first derivative DSC TGA thermogravimrtric analysis
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Tomograf komputerowy (CT) - badanie nieniszczace NDT I

Instytut Techniczny Wojsk Lotniczych oferuje ustugi z zakresu badan tomografem komputerowym.
Badania prowadzone sg na tomografie typu v/tome/x m 300 firmy GE o max. mocy lampy 300kV/500W.
Urzadzenie posiada réwniezlampe do nanotomografiio mocy 80kV/15W.

Prowadzimy prace badawcze obejmujace Urzadzenie umozliwia prowadzenie badan z zakresu:
swym zakresem materiaty takie jak: * wykrywania defektéw o rozmiarach powyzej 0,5 p

* stopy tytanu zwykorzystaniem lampy 180 kV

* stale * materiatéw o bardzo duzej gestosci (np. topatki turbin
* materiaty kompozytowe silnikéw lotniczych) z wykorzystaniem lampy o mocy
e beton 300kV

* guma * uktady elektroniczne (scalone)

* materialy pirotechniczne
* ztozone agregaty lotnicze

Masa badanych elementéw do 50 kg.
Wymiary orientacyjne 50x50x60 cm. :

Posiadamy wysoko wykwalifikowany,
certyfikowany personel.

Kontakt bezpostredni:
Zaktad Silnikow Lotniczych
tel.: +48 261 851 334; fax: +48 261 851 338
e-mail: jaroslaw.spychala@itwl.pl
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