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An innovative system for piston engine combustion with laser-induced ignition  

of the hydrocarbon fuel consisting carbon nanotubes 
 

The article proposes the concept of a new piston engine combustion system that is designed to meet future-oriented ecological 

requirements. The concept is to use ethanol as a fuel, in which a slurry of carbon nanotubes would be formed, which are characterized 

by the ability to ignite using a pulse of laser light fed into the combustion chamber. Modifying the shape of the light beam that penetrates 

the combustion chamber would allow to control the position and the size of the area in which the ignition of fuel would occur. 

The originality of the concept is to combine the latest achievements in the field of nanotechnology in the construction of lasers and 

the production of biofuels, so as to contribute to improving the environmental performance of engines using the existing synergies.  

The article discusses the prospects for the use of bioethanol as a fuel with zero carbon balance, a critical review of related research 

on light pulse initiated ignition of hydrocarbon fuels from carbon nanotubes was presented, and a review of studies of laser ignition for 

conventional fuels. The results of studies of carbon nanotubes suspensions in a variety of fuels conducted by the authors in order to seek 

solutions for the stable dispersions formation, that are resistant to nanotube agglomeration and sedimentation. The summary indicates 

directions for further research highlighting the importance of environmental impact. 

Key words: ethanol, carbon nanotubes, laser induced ignition 

 

 

1. Timeline of the development of internal  

combustion engines in automotive applications 
Reciprocating internal combustion engines have been 

used in car drives for over a hundred years, but in recent 

years there has been a growing tendency to replace them 

with electric motors. These types of efforts are politically 

motivated or dictated by fashion – ecology and modernity, 

but are devoid of rational technical justification. It is also 

worth noting that neither the electric nor hybrid vehicles 

can be regarded as an invention of modern times. 

 

 

Fig. 1. Nineteenth century electric car, which for the first time exceeded 

the speed barrier of 100 km/h, and an early twentieth century hybrid 

diesel-electric vehicle 

 

Road transport is one of the main sources of carbon di-

oxide and toxic air pollutants emissions. Air pollution con-

tinues to be a problem, especially in large cities, demanding 

an urgent solution. In this case the elimination of vehicles 

with combustion engines from city centers and replacing 

them with electric drive buses and taxis is an effective solu-

tion that can be quickly implemented. Such actions make 

sense, if they are local in nature, but striving for global 

replacement of combustion engines with electric motors as 

quickly as possible makes no sense. Well-to-wheel analysis 

indicates that as long as electricity is produced mainly in 

power plants burning fossil fuels the replacement of auto-

motive internal combustion engines with electric motors 

will not bring a radical improvement in transport ecology. 

Currently about 67% of globally generated electricity is 

produced in power plants through the burning of fossil 

fuels. The development of renewable energy sources does 

not even compensate for the power lost due to nuclear pow-

er plants shut offs, as a result the share of energy derived 

from fossil fuels does not even decrease [47]. 

In the case of electric cars the unfavorable ratio of 

stored energy to the battery mass remains an unsolved prob-

lem. If coordinated action is planned and initiated the chal-

lenging technical task of dramatically increasing the battery 

electricity concentration could be realized in the future; as 

in the past a clearly defined plan allowed building a vehicle 

in a few years that allows man to fly to the moon.  

An alternative to the search for solutions to increase the 

electricity concentration on board the electric vehicles is to 

improve the existing internal combustion engines. The 

authors believe that when determining further directions of 

automotive industry development the first consideration to 

take into account is the ratio of the expected benefits to the 

cost of a project and not its ambition. In this context, it is 

reasonable to strive for improvements to internal combus-

tion engines; where the ecological and economic aspects 

play a special role. The environmental performance cannot, 

however, be seen as a formal meeting of the current tests 

requirements, but to ensure that the actual emission of toxic 

compounds is as small as possible in all operating condi-

tions [38–40]. LCA analysis is an important issue. The 

paradigms presented above are the basis of the new piston 

engines combustion system concept proposed in the article. 

2. Innovative ethanol combustion system 
The presented concept involves the use of ethanol as  

a fuel, wherein a suspension would be formed from carbon 

nanotubes. Carbon nanotubes ignite under the influence of  
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a strong beam of light. Ignition of ethanol atomized and 

vaporized in the cylinder would follow from carbon nano-

tubes, ignited with laser light. The use of a laser would 

allow greater freedom in shaping the light beam, and there-

fore the fuel ignition would occur locally – in one or several 

locations in the cylinder, simultaneously or in a predeter-

mined sequence. It would also be possible to initiate bulk 

ignition by splitting the laser beam, ensuring a sufficient 

concentration of energy. Likewise, operating a laser igni-

tion system could be applied to other fuels, including gaso-

line or gaseous fuels. Choosing ethanol is dictated by its 

physical and chemical properties, and environmental char-

acteristics that predispose it as fuel for future engines, as 

well as the ease of creation and stability of cnt suspensions 

in ethanol. 

3. Ethanol as fuel for future engines 
Ethanol is widely used as a petrol additive both in Eu-

rope and in the USA, while its share in the fuel does not 

normally exceed 5–10%. It is assumed that the maximum 

safe ethanol content in gasoline for the conventional auto-

motive SI engines is around 10–15%. The Worldwide Fuel 

Charter recommends not to exceed 10% in its latest edition 

of 2013 [64]. Such fuel can be burned in standard spark 

ignition engines and the benefits from the addition of etha-

nol rely primarily on increasing the fuel resistance to 

knock, reducing greenhouse gas emissions and making the 

economy less reliant on oil. These benefits are obviously 

limited by the small share of ethanol in the fuel, but due to 

the total amount of fuel consumed it still has some econom-

ic importance. The world's largest ethanol producer is the 

US, where ethanol is produced mainly from corn, and the 

increase in production over the last decades was mainly due 

to its use as an additive to gasoline (Fig. 2). 

Increasing the share of ethanol in fuel for SI engines or 

even using pure ethanol instead of gasoline is possible, but 

requires engine and fuel supply system adaptation. Changes 

in the fuel system boil down to increasing the material 

corrosion resistance and using seals resistant to ethanol. In 

the engine itself the changes needed to allow ethanol com-

bustion involve the use of modified fuel mixture composi-

tion control software, in order to take into account the spe-

cific nature of the chemical reaction of ethanol combustion. 

These changes are sufficient, if ethanol is treated as a sub-

stitute for gasoline, especially in naturally aspirated engines 

of the older generation. This solution has been in use in 

Brazil for many decades, and experience shows that the use 

of ethanol, even as a standalone fuel without the addition of 

petrol, does not lead to serious operating problems. The 

only limit is the approximately 30% increased volume of 

ethanol fuel consumption compared to gasoline, and the 

need for extra starting fuel and/or fuel and air heating sys-

tems during start-up and warm-up phase of the engine. 

Vehicles adjusted for supply with any mixtures of ethanol 

and gasoline are called FFV (Flexible Fuel Vehicle). In the 

case of modern engines it also indicates a potential problem 

of lubricating oil dilution with ethanol and water condens-

ing in the cylinders as a result of the intensive cooling due 

to ethanol evaporation. Warming the oil up to operating 

temperature, however, causes rapid evaporation of ethanol 

and restores the original oil properties [50]. The basic prop-

erties of ethanol relevant to engine operation are shown in 

Table 1. 

 

 

Fig. 2. Production and consumption of ethanol in USA [65] 

 
Table 1. Properties of ethanol as engine fuel 

Parameter Ethanol Gasoline 95 

Density at 20°C  [kg/m3] 789 750 

Research octane number – 109 > 95 

Motor octane number – 90 > 85 

Heat of evaporation [kJ/kg] 841 330 

Heating value  [MJ/kg] 

[MJ/dm3] 

26.8 

21.2 

43.5 

31.8 

Stoichiometric air-fuel 

mixture  
[kgair/kgfuel] 9.0 14.3 

Distillation [°C] 78 40–215 

Flash-point [°C] 13 – 43 

Kinematic viscosity  

at 40oC 

[mm2/s] 1.2 0.5 

Elementary composition 

C 

H 

O 

[% m/m]  

52.2 

13.0 

34.8 

 

84.8 

13.3 

2.4 

 

While ethanol was formerly treated as a substitute for 

gasoline – in Brazil, or as an organic additive – in Europe 

and the US, it is now turning out that ethanol can be a very 

attractive fuel for future engines [50]. With the continued 

trend of downsizing and further increase in boost pressure, 

and thus inevitably – pressure and temperature in the cylin-

der, ethanol may end up being a more suitable fuel than 

gasoline.  

Engine downsizing is an effective method of reducing 

fuel consumption, and therefore the exhaust emissions of 

greenhouse gasses, and the obtained benefits are directly 

related to the degree of downsizing. The mechanical and 

thermal loads of engine components are the barrier to fur-

ther increasing engine unit power, and in the case of SI 

engines also the problem of knocking, especially the so-

called extreme knocking [62, 63, 70]. In the case of very 

large boost pressure even a single phenomenon of sponta-

neous mixture ignition initiated from hot components in the 

engine head (known as hot spots) can cause permanent 

damage to the piston-cylinder components [62]. As a result 

engines of this type use a two thermostats cooling system 

which ensures a lower temperature of the fluid flowing 

through the cylinder head in comparison to the rest of the 

engine block, sub-optimal compression ratios are used due 

to the engine efficiency, the air fuel mixture is deliberately 

enriched under maximum load conditions to cool the com-

bustion chamber and the ignition is delayed [60]. All these 

activities lead to a significant deterioration in engine per-

formance. As an extreme example of this is the ignition 

timing curve in the SI engine with direct fuel injection and 
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turbocharging range, as registered during the maximum 

acceleration road test at top gear and engine speed of 1,500 

rpm. To prevent excessive pressure buildup and knock 

burning, the ignition in these conditions is delayed up to 

several degrees after TDC (Fig. 3). 

 

 

Fig. 3. The characteristic of selected parameters of a TSI type BLG engine 

during a maximum acceleration road test of a VW Golf, the parameters 

listed in the legend are color coded with the axis labels [30] 

 

Regarding the relations described above, the character-

istics of ethanol are extremely valuable, such as high octane 

number and a large vaporization heat, which contribute to 

the effective cooling of the cylinder fuel mixture [50]. An 

engine designed for ethanol fuel may have a higher com-

pression ratio, thus significantly improving the overall 

efficiency under low and medium load, a similar effect 

relates to the accelerated ignition. On the other hand, under 

high load enriching the fuel mixture to cool the cylinder can 

be skipped, which in modern petrol-fueled engines of this 

construction like the TSI engine shown, significantly dete-

riorates their performance. It should be pointed out that 

resistance to ethanol knock depends on the engine operating 

conditions to a greater extent than it does for petrol. A pa-

rameter called the fuel sensitivity, representing the differ-

ence between the octane numbers RON and MON is about 

10 for gasoline, and about 20 for ethanol. 

The use of ethanol as fuel for internal combustion en-

gines will not only reduce greenhouse gas emissions but is 

also beneficial in terms of nitrogen oxides emissions and 

hydrocarbons [53]. These benefits outweigh the negative 

consequences of increased emissions of acetaldehyde [23, 

54]. One drawback of vehicles fueled with ethanol is the 

increased emissions by evaporation from the fuel supply 

system [19]. 

Developing industrial ethanol production on a mass 

scale is also justified by the fact that in the long term, it can 

become an energy carrier for fuel cells. For this application 

ethanol can be much more attractive than hydrogen, for 

which the chain of production, distribution, transportation 

and conversion into electrical energy is characterized by 

low efficiency and high environmental cost. 

While today ethanol produced on an industrial scale 

comes from raw materials that could become food – corn in 

the US, sugar cane in Brazil or grain in Europe, it is possi-

ble to develop its production from wood waste or organic 

waste in the future. 

European ethanol is usually produced from cereals and 

potatoes. In the US, Canada and China, the main raw mate-

rial is corn. The largest amount of the world production of 

ethanol (approximately 60%), however, comes from the 

processing of sugar cane. This raw material is used, among 

others, in Brazil. The raw materials for bioethanol produc-

tion can generally be divided into three groups [6]: 

–  containing sucrose: sugar cane, beetroot, sorghum, and 

some fruit, 

–  containing starch: wheat, rye, barley, potatoes, corn, 

rice, cassava, 

–  lignocellulosic biomass: energy crops, by-products from 

agriculture and the timber industry, paper and cardboard 

as fraction of municipal waste. 

Bioethanol produced from last group raw materials be-

longs to 2nd generation of biofuels. While today ethanol on 

a commercial scale is produced mostly from materials 

which can be used for food purposes, the expansion of 

ethanol production from wood waste or discarded food 

remains is expected to grow significantly. 

4. Carbon nanotubes 

4.1. Basic information regarding cnt 

Carbon nanotubes are one of the allotropic forms of 

carbon, such as: graphite, diamond, fullerene, graphene and 

a variety of amorphous variations. These allotropic varieties 

differ radically in their physical and chemical properties. 

Such differences arise from the spatial structure of crystal-

line carbon atoms and their interactions. The structure 

schematic of selected varieties of allotropic carbon are 

shown in Figure 4.  

 

 

Fig. 4. Crystalline structure of graphite (a), diamond (b) and carbon nano-

tube (c) 

 

The carbon nanotube shown in Figure 4 is a single-

walled carbon nanotube (SWCNT), characterized by the 

simplest structure; a more common variant are, however, 

multi-wall carbon nanotubes (MWCNT) formed from con-

centrically superimposed single-wall nanotubes with differ-

ent diameters. By purposefully adjusting the growth precur-

sor selection of nanopowder metal as well as the atmos-

phere and temperature of the CVD (Chemical Vapor Depo-

sition) process, it is possible to obtain both of these nano-

tube variants with lengths ranging from a few nanometers 

to many micrometers and a controlled diameter. The diame-

ter of single-wall nanotubes is typically between 1 to 2 nm, 

multi-wall nanotubes have diameters from 2 to more than 

tens of nm, wherein the separation between successive 

concentric layers is fixed at 0.36 nm [9]. 

Graphite, diamond, and amorphous carbon form – 

sometimes imprecisely referred to as DLC (diamond like 

carbon) – all found industrial applications, including in the 

construction of internal combustion engines [59]. Carbon 

nanotubes were discovered in the '90s of the last century, 

but particularly intense development of nanotubes research 
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occurred at the beginning of the XXI century. A number of 

laboratories was established, which could grow, study, and 

develop nanotubes applications, but only a few of them 

have survived to this day [67]. Carbon nanotubes still pri-

marily remain the subject of intensive applications research, 

and their industrial applications are relatively few in num-

ber as of yet [8, 10, 20]. The increase in carbon nanotubes 

production makes their price is halved every year [9, 67], 

and ceases to be a barrier preventing many of the possible 

industrial applications. 

Because of their many functionally significant charac-

teristics, from the engineering perspective, carbon nano-

tubes significantly exceed the best previously known con-

ventional materials. It seems that their practical applications 

are limited so far because any engineering design can find  

a material characterized by a set of functionally essential 

characteristics. In this group of functionally significant 

characteristics the most crucial is the weakest feature, like 

the weakest link determines the strength of the chain. 

4.2. Carbon nanotubes interaction with light 

Among the many unique features that the carbon nano-

tubes possess is their ability to ignite under the impulse of 

light, e.g. a normal camera flash, was recognized relatively 

early. This phenomenon was found for single-wall carbon 

nanotubes grown in the CVD process, and untreated (pris-

tine CNT) forming a small low density sample, giving it  

a “fluffy” appearance. The power density required to ignite 

a sample of SWNTs having a density of 0.2 g/cm
3
 is about 

100 mW/cm
2
. In an attempt to understand the basic physi-

cal phenomena the role of light absorption with a broad 

wavelength spectrum was emphasized, extremely high heat 

conductivity typical of nanotubes, and the oxidation pro-

cess. It was estimated that the local temperature of nano-

tubes must exceed 1500°C [1].  

A purely thermal mechanism may be insufficient to de-

scribe the self-ignition of carbon nanotubes, especially 

when using a monochromatic light source such as a laser [3, 

57]. In [58] attention was drawn to the fact that the nano-

tubes ignition under the influence of a light pulse is accom-

panied by a photo-acoustic effect, the resulting sound pres-

sure level is sufficient to modify the structure of the nano-

tubes. Most importantly, however, it has been shown that 

the presence of iron nanoparticles, which are used as  

a catalyst for initiating growth of the nanotubes in the CVD 

process, is essential for the light-induced ignition of the 

nanotubes. These particles are usually not removed, and 

they are the main contaminant of nanotubes described as 

pristine cnt or industrial grade cnt, after the removal of 

these contaminants the nanotubes lose the self-ignition 

ability. In order to explain the process of light-induced 

spontaneous combustion it can be assumed that the iron 

nanoparticles oxidize generating heat which initiates  

a chain reaction [58]. Showing the key role that nanoparti-

cles of iron play in this process also demonstrated that both 

single-walled and multi-walled nanotubes can ignite when 

exposed to light. In [56] a quantitative analysis of chemical 

reactions proposed in [58] was conducted, validating the 

assumed course of spontaneous combustion mechanisms. 

An interesting case is described in [52] where spontane-

ous ignition of a polyurethane-nanotube composite was 

observed during Raman spectroscopy. The ignition was 

caused using a laser beam having a wavelength equal to 

632.8 nm, and low output power typical for measurements 

with the Raman method. It was further noted that neither 

the nanotubes nor the polyurethane present in the composite 

underwent spontaneous ignition when illuminated with 

laser light on their own, not until they were combined into  

a composite with very high nanotube dispersion. The key 

factor towards explaining the ignition of the composite is 

that the carbon nanotubes used in it have the maximum 

light absorption wavelength of approximately 650 nm, 

similar to the laser wavelength. The polyurethane is trans-

parent for this wavelength, but by surrounding the nano-

tubes it insulated them thermally from the environment, 

whereas the porosity of the composite allowed for oxygen-

access and for the combustion to initiate [52]. 

By pulverizing the composite with the carbon nanotubes 

and the oxidizer sealed in the transparent resin a fuel addi-

tive can be made, which under the influence of light initi-

ates combustion. Similar solutions were tested successfully 

in [5]. IDEM also indicated a quantitative relationship be-

tween the iron concentration in the nanotubes sample and 

the minimum light-initiated ignition energy. It has been 

shown experimentally that the phenomenon of light-

initiated ignition of carbon nanotubes can be used for ignit-

ing liquid fuel. A particularly wide range of carbon nano-

tubes suspension concentrations, which can provide a light 

initiated ignition, was observed for methanol [5].  

Carbon nanotubes are not the only nanomaterial for 

which the ignition can caused by a flash of light, a similar 

phenomenon was described for aluminum nanopowder 

[45]. 

In addition to the research relating to light-induced igni-

tion of nanoparticles outlined above, a number of studies 

was performed aimed at the use of carbon nanotubes as an 

additive for engine fuel allowing light initiated ignition. 

The conclusions listed below can be formulated on this 

basis. Consideration should be given, however, that the 

dominant part of the studies conducted so far used xenon 

lamps as a light source; differing from the nanosecond 

Nd
3+

:YAG laser in that they emit non-coherent out of phase 

light in a broad wavelength spectrum, with burst duration of 

at least a thousand times longer and a low energy density. 

–  Light induced ignition requires the lowest amount of 

energy when using single-wall carbon nanotubes with 

carbon content of over 40% [4]. 

–  Using a xenon lamp in combination with different 

broadband filters, there was no strong correlation be-

tween the minimum ignition energy of the nanotubes 

and the wavelength of the incident light, thus photo-

thermal nature of the ignition phenomenon was adopted 

[4]. 

–  A strong relation between the pulse duration and the 

minimum energy required to initiate ignition was found, 

the shorter the pulse the less energy was needed [4]. 

–  The use of carbon nanotubes and light induced ignition 

accelerates the process of gas burning (methane, ethane) 

and expands the flammability limits in comparison with 

spark ignition [23]. 
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–  The use of laser changes the nature of the mixture com-

bustion process from deflagration to detonation [57]. 

4.3. Nanotubes in the piston engine combustion process 

Carbon nanotubes are formed naturally in a piston com-

bustion engine and their presence in the exhaust has been 

proven in studies presented in [21, 35–37]. The nanotubes 

present in the exhaust gas have a relatively short length, due 

to their short period of growth limited by the length of the 

combustion cycle [36]. The process of formation of nano-

tubes occurs intensively in spark ignition engine, powered 

by petrol or gas. In [2] it was demonstrated that growth of 

nanotubes can be purposefully continued outside the cylin-

der engine – on a metal plate placed in the exhaust system. 

Carbon nanotubes, same as soot, have the ability to adsorb 

the particles of toxic pollutants present in the exhaust gas to 

their surface as well as agglomeration.  

It seems that especially important results were shown in 

[55], where it is indicated that the ferrocene [Fe(C5H5)2] 

present in small amounts in the fuel causes a drastic in-

crease in the emission of carbon nanotubes, where nano-

tubes present in the exhaust gases contain nanoparticles of 

iron with diameters of 5 to 10 nm. This process occurs 

intensively in diesel fuel with high sulfur content. The re-

sults are disturbing, because ferrocene is a widely used 

catalytic additive to diesel fuel; it is also used to increase 

the octane number of gasoline. The results obtained in [55] 

are completely understandable when considering the simi-

larity of conditions in the cylinder of the running engine 

and the reactor deliberately growing nanotubes (cnt growth) 

in the CVD process, and iron nanoparticles are normally 

entered in this process as precursors for nanotubes growth.  

The results shown in [55] indicate the need to exercise 

extreme caution in proposing such combustion systems 

concepts which require the addition of metallic nanoparti-

cles into the fuel. The results of many of the conducted 

experiments lead to expect that nanotubes added to the fuel 

(fuel-borne) will have been burnt in the cylinder, causing 

relatively harmless carbon dioxide and carbon monoxide, 

whereas metallic additives can potentially become a source 

of secondary emissions, especially of carcinogenic nano-

tubes decorated with metallic nanoparticles. The indicated 

problem undoubtedly requires further studies. On the one 

hand, the action mechanism of carcinogenic carbon nano-

tubes and accompanying conditions have not yet been 

clearly understood, on the other hand, the results of recent 

work clearly indicate the beneficial effect of fuel metallic 

nano-additives in the combustion process. 

In [51] the existence of a synergistic effect resulting 

from the simultaneous addition of carbon nanotubes and 

cerium oxide to fuel diesel engine was indicated. Signifi-

cant benefits were obtained despite using low concentra-

tions of both types of nanoparticles in fuel of up to 100 

ppm. The carbon nanotubes act as a catalyst to accelerate 

the burning rate which results in decreased ignition delay 

and causes the lower heat release rate and advancement of 

the peak heat release rate. The cerium oxide nanoparticles 

act as an oxygen donating catalyst, which provides oxygen 

for the oxidation of carbon monoxide and absorbs oxygen 

for the reduction of nitrogen oxides [51]. The synergistic 

effect of the addition of functionalized carbon nanotubes 

and cerium oxide to biofuel for a diesel engine is also de-

scribed in [41], more broadly, the issue of nano-additives to 

biofuels was discussed in [7, 48, 49]. 

Carbon nanotubes were also added to fuels for SI en-

gines, which proved to be an effective anti-knock addition 

as well as raising the octane number [34]. 

In a number of works increases of the hot-plate ignition 

probabilities of ethanol due to the introduction of several 

different types of NP suspensions were found. Nanoparti-

cles such as Al2O3, Fe3O4, and carbon nanotubes were test-

ed [25, 26, 29]. In the engine operation aspect the most 

promising seems to be the observed rapid evaporation of 

the suspension of nanotubes in ethanol when compared to 

pure ethanol, [26, 29]. 

A relatively large number of publications relates to gas 

engines research in which the combustion process has been 

successfully modified through the addition of carbon nano-

tubes. A particularly valuable feature of nanotubes is in this 

case the acceleration of the lean mixtures combustion and 

extending the boundaries of the combustion of lean mix-

tures, as reported in [11–13]. 

4.4. Carbon nanotubes in hydrocarbons suspensions 

Nanotubes are not solubilized, rather they are suspended 

as individual particles in the fluid, like an ink or paint. 

Carbon nanotube suspensions can be made in a number of 

ways, and with a number of fluids, where due to the method 

of suspending the solvents they can be split into polar and 

nonpolar. It is useful to start by modeling the nanotubes as 

rigid rods in a liquid suspension, to determine how far apart 

they may be for a given concentration.  

When particles with a large aspect ratio (like carbon 

nanotubes) are dispersed in a solvent, they will rotate, due 

to the Brownian motion or in the presence of a velocity 

gradient (flow). This rotation creates a large effective hy-

drodynamic radius, and each nanotube sweeps through a 

spherical volume. For a nanotube with an aspect ratio of a =  

= L/d, the ratio (R) of the nanotube's actual volume Vactual =  

= (0.785 a d
3
) to the volume of the swept sphere Vsphere =  

= (0.523 a
3
 d

3
) simplifies to: R = 3/(2a

2
). Aspect ratios for 

carbon nanotubes are equal to ~2000. For example, 

MWCNT are often 20 microns long and 10 nm in diameter, 

and SWCNT are often 2 microns long and 1 nm in diame-

ter. The volumetric ratio R for nanotubes of this aspect ratio 

is 4×10
–5

 vol%, which is less than 1 milligram per liter. At 

any greater concentration, the nanotubes will intrude upon 

each other’s hydrodynamic spheres and hinder each other’s 

rotation. This is the primary reason that nanotube suspen-

sions are difficult to make and increase in viscosity quickly.  

Nanotubes will interact with each other's hydrodynamic 

radius at any appreciable concentration. This would result 

in entanglement and the creation of large agglomerates, if 

there was no repulsive force to keep them from aggregat-

ing. When pristine nanotubes are suspended in hydrocar-

bons, they will aggregate and form a loose sediment on the 

bottom of the container, with a clear supernatant. To pro-

vide a repulsive force, it is necessary to electrically charge 

the nanotubes so that they repel each other and prevent 

agglomeration from occurring. This may not completely 

stop gravity-induced settling, but any sediment will then be 

made up of individual nanotubes, not agglomerates [68]. 
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Pristine SWCNTs form „bundles” out of parallel-

arranged, adjacent side walls of the CNTs. Multi-walled 

carbon nanotubes (MWCNT) are entangled in a chaotic 

tethered pattern of crossed fibers forming a mesh configura-

tion [14, 28, 69]. The number of contacts which can form 

between neighboring MWCNTs increases dramatically with 

the length of the CNTs. Therefore, the binding of a clus-

tered network of long MWCNTs is extremely strong, where 

each contact effectively acts as a cross-link fixing the net-

work together [28]. The use of short CNTs therefore seems 

to be a simple and effective way that allows for obtaining  

a good dispersion. Figure 5 shows a comparison of the 

samples with ethylene glycol to which pristine MWCNTs 

were added. The CNTs were obtained using the same CVD 

process, but some of them have undergone a longer me-

chanical milling process, so that their length is much short-

er. After adding the pristine CNTs the samples were only 

shaken by hand, they were not sonicated at all.  

The dispersion of CNTs in low viscosity liquids, such as 

gasoline and ethanol can be effectively supported by the 

sonicating process. Ultrasonicating can effectively break 

SWCNT aggregates without damaging their structure; in 

the case of MWCNT effective breakdown of agglomerates 

is associated with the shortening of length of the CNTs 

predicted by theoretical considerations [28] as well as con-

firmed in several independent experiments. Both theoretical 

considerations [28] and experiments [14] indicate that after 

a long sonicating time a defined target length of the CNTs 

is obtained and the process of further shortening does not 

occur. The authors' own experiments show that the soni-

cating process is not effective in the case of viscous liquids 

such as lubricating oil or diesel fuel. In contrary to soni-

cation, using dispersion by shear-mixing can be effective in 

viscous fluids [32]. 

 

 

Fig. 5. Comparison of pristine MWCNT, long (5-20 µm, two on the left) 

and short (1-3 µm, two on the right) dispersion in ethylene glycol 

(Volkswagen Brake fluid DOT 4 two at the front and G13 cooling liquid 

concentrate two at the back) 

 

Visual inspection of the nanotubes dispersion in hydro-

carbons has a preliminary character, however, after con-

ducting a series of experiments with different types of car-

bon nanotubes and various hydrocarbons, it can be con-

cluded that using ethylene glycol allows for extremely 

easily obtaining relatively stable suspensions. In most cas-

es, however, shortening of carbon nanotubes is not an effec-

tive method for obtaining a satisfactory dispersion degree 

and then the rule is to use different physical and chemical 

processes, with the aim to induce electric charge in the 

nanotubes. Electrically charged nanotubes repel each other, 

which impedes agglomeration, but does not always prevent 

sedimentation. Even if sedimentation occurs the resulting 

precipitate consists of individual nanotubes rather than their 

agglomerates, which makes redispersion dramatically easier.  

In practice, it is extremely difficult to anticipate the abil-

ity of a certain type of nanotubes to form a suspension in  

a certain solvent. The multiple experiments by the authors 

lead to the conclusion, that among commercial fuels, the 

formation of a stable suspension in diesel fuel has proven 

the most challenging, similarly in vegetable oils. Obtaining 

a stable cnt suspension in commercial gasoline is much 

easier. However, even compared to gasoline ethanol is  

a very good solvent for the nanotubes. For this reason it is 

often used in many chemical treatment processes of nano-

tubes, and sometimes it is virtually impossible to obtain 

nanotubes sedimentation in ethanol, even after prolonged 

centrifugation [68]. An example of a bad solvents are Hex-

anes, seen in Fig. 6 which shows a sample of Hexanes, 

gasoline and ethanol in which that obtaining the dispersion 

of the nanotubes with the bamboo type structure was at-

tempted, with diameter of about 30 nm and a length in the 

range of 1–5 microns. The nanotubes are electrically 

charged by the incorporation of COOH groups on their 

surface. ODA (Octadecylamine) and HATU were used in 

the preparation process among others. The illustrational, 

although representative nature of the results presented in 

Fig. 6 should be emphasized; the use of specific nanotubes 

and their preparation procedures can lead to a reversal of 

suspension quality obtained for gasoline and ethanol. 

Visual inspection of the contents of sample no. 14 com-

prising a cnt suspension in ethanol does not allow to visual-

ly determine the presence of any agglomerates. Figure 7 

compares pictures of the resulting dried fuel droplet from 

the sample no. 14 and 12 applied to a sheet of paper as seen 

by light microscopy. 

 

 

Fig. 6. Attempt at obtaining a similar concentration bamboo-structure 

MWCNTs solution, in ethanol (vial no. 14), hexanes (vial no. 13) and US 

commercial gasoline (vial no. 12) 

 

An image obtained using a simple optical microscope 

allows for a clear illustration of the difference in size of the 

cnt agglomerates produced in the gasoline and the practical-

ly almost invisible agglomerates in ethanol. Further exami-

nation of specimen no.12 is pointless, agglomerates of 

nanotubes are so large that they would certainly cause im-

proper operation of the fuel supply system of a modern 
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engine. It was found that for gasoline significantly better 

results can be obtained if the multi-walled nanotubes are 

replaced with single wall carbon nanotubes with a diameter 

of about 1.5 nm and a length in the range of 1–5 microns.  

 

 

250 µm 250 µm 

 

Fig. 7. Pictures of dried fuel drop on a piece of paper, the image from an 

optical microscope, at 60× magnification. On the left the fuel sample no. 

12 (petrol), on the right no.14 (ethanol) 

 

In order to prepare the sample for SEM to investigate 

the CNTs dispersion in hydrocarbons a drop of the solution 

was applied on an aluminum foil and evaporated at room 

temperature. The process of evaporation was associated 

with a temporary critical increase in the concentration of 

CNTs and as a result could have led to the agglomeration of 

CNTs on the surface of the aluminum foil, thus falsifying 

the results. It could certainly not, however, give a falsely 

negative test result for the presence of agglomerates [32]. 

Figure 8 shows an example of images obtained for etha-

nol with MWCNTs (as in vial no. 14), the results for the 

gasoline SWCNT are shown in Figure 9; all the images 

shown were made using a Field Emission Scaning Electron 

Microscope JEOL JSM-7001F. 

The obtained images allow for the formulation of the 

comments listed below with respect to the suspension of 

nanotubes in ethanol. 

–  When using standard electron microscope it’s impossi-

ble to measure the cnt agglomerates diameter in liquid 

fuel (not after evaporation), due to its high partial pres-

sure. 

–  There is no easy way to measure the cnt agglomerates 

diameter in real fuel spray, but there are some laser light 

based method known in engine research, they could be 

adopted for this task. The laser wavelength set the reso-

lution limit. 

–  The long time stability over weeks and months couldn’t 

be tested during the short trial. 

–  The view focused on one of the biggest agglomerates 

(ca 30 micrometers diameter) shows large surface 

around covered with well dispersed CNT’s. There are 

some smaller agglomerates or impurities visible in area 

around. 

–  The small CNT bundles of about 1 micrometer or less in 

diameter will be probably not filtered out in the engine 

fuel supply system. The bigger agglomerates can be 

probably easy removed by using the centrifuge or dis-

solved during longer sonicating process; eventually by 

using other, e.g. mechanical treatment methods. 

–  In the aspect of laser induced fuel ignition it is unknown 

if it’s desired to keep the cnt’s fully dispersed, or maybe 

the relatively small cnt bundles (1 micrometer or less) 

can improve the fuel ignition process. The agglomerates 

of diameter less than 1 micrometer will be probably not 

critical for the engine injection system, where the nozzle 

hole diameter is 100 micrometers or more. 

 

 
 

 

 
 

 

Fig. 8. MWCNT in ethanol (vial no. 14) subsequent images show increas-

ing magnification 
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Fig. 9. SWCNT in commercial US gasoline subsequent images show 

increasing magnification 

5. Laser induced ignition in IC engines 

5.1. Experiences with the use of lasers in engine proces- 

ses research  

Lasers of various designs have been used for many years 

in research of in-cylinder processes, plentiful experience 

gained in these studies [71, 72] can be used in the ignition 

concept presented in this article. One of the simplest applica-

tions of laser in engine research is its use as a source of light 

to take a photograph of the fuel atomization process. The 

authors discussed their experiences in this field in [31]. It is 

worth noting that a great progress in laser technology has 

been made in the last decade, especially for Nd
3+

:YAG la-

sers. An example of such a laser for laboratory research is 

shown in Figure 10 [31, 66]. Such a laser emits radiation at 

the wavelength of 1064 nm, the second harmonic generator 

can convert this wavelength into 532 nm. The laser light is 

generated in the course of pulses lasting several nanosecond. 

The pulse energy in the wavelength range 532 nm is equal to 

300 mJ. The experience of the authors indicate that in order 

to achieve correctly exposed images of a fuel jet the impulse 

energy restricted to a few mJ is sufficient. Figure 11 shows  

a comparison of fuel jet photos lit with halogen bulbs and 

laser light. Pictures were made while maintaining the same 

parameters of the camera for quick photos. In the first case 

two lamps with 250 watt bulbs were used and in the second 

case the image illumination was realized with Laser Contin-

uum Surelite SL II-10 [66]. 

 

 

Fig. 10. Impulse Nd3+:YAG laser with a second harmonic generator prepared 

for fuel atomization tests. 1: laser head with the rod and pumping lamp, 2:  

Q-switch, 3: second harmonic generator, 4: harmonic separator [66] 

 

 

Fig. 11. Comparison between halogen lamps (left picture) and the laser 

(right picture) as a light source for illuminating the fuel spray injected into 

the pressure chamber, the two image frames were recorded after 1300 

microseconds after the start of the injection [31] 

 

In the authors' opinion, the laser light is more appropri-

ate than a xenon discharge lamp light for the application 

concept of the ignition of hydrocarbon fuel with a suspen-

sion of carbon nanotubes discussed in this article. A num-

ber of the unique characteristics of laser light can be used 

with this solution, as listed below. 

–  Laser light is monochromatic, and the wavelength is 

important for its interaction with carbon nanotubes, as 

demonstrated by the results of Raman spectroscopy, and 

absorbance measurements [15, 16]. It is appropriate to 

use Nd
3+

:YAG lasers in engine applications, because of 

their widespread use and the ability to generate harmon-

ics with a wavelength of 532 nm, 355 nm and 266 nm. 

The use of light in the ultraviolet range may be advanta-

geous due to their more intensive interaction with car-

bon nanotubes, however, the energy of these wave-

lengths is limited due to the enhanced harmonics gener-

ator circuit. In addition, delivering ultraviolet light to 

the cylinder may require the use of special glass screen, 

such as sapphire. 

–  Very small divergence of the laser beam allows for the 

beam to be focused by an optical system on any point in 

the combustion chamber. The beam can be formed in  

a targeted manner, for example to form a thin plane 

(light sheet) which can be used to force ignition not at  

a point, but in a controlled volume of the cylinder. 

–  The duration of the laser pulse is limited to a few nano-

seconds and a high concentration of energy facilitates 

the ignition of nanotubes. The flash of a xenon lamp 

usually lasts longer than 100 microseconds, it is at least 

10,000 times longer than a laser light pulse, so even  

a small laser provides an energy concentration that is 

virtually unattainable for any other light source. The 

tests in [17] indicates that a shorter pulse results in a 

significant reduction of the minimum energy required to 

ignite the nanotubes. 
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–  The results of optical studies of in-cylinder processes 

indicate that contaminants originating from combustion 

and settling on the cylinder optical access window is 

one of the key problems. A laser beam directed through 

a glass window to the interior of the cylinder is effective 

in burning off impurities and ensure the transparency of 

the windows [27]. 

5.2. Experiences with laser ignition of conventional  

hydrocarbon fuels 

The laser ignition as an alternative to the conventional 

ignition system, implemented with an electric spark be-

tween the electrodes of the spark plug, has been studied in 

conventional IC engines for many decades. The original 

motivation for using the laser system have been attempts to 

increase the efficiency of fuel burning in conventional en-

gines and reducing emissions. Another factor accelerating 

the work on the use of laser ignition was a tendency for 

building lean-burning engines. In particular for engines 

burning gaseous fuels and the attempt to increase the ex-

haust gas recirculation level. There are numerous review 

articles, which examined in detail the results of many stud-

ies conducted on the use of laser ignition in engines burning 

a variety of hydrocarbon fuels [22, 42, 46], thus such a 

review of results will not be repeated in this article. It has 

been shown that the replacement of the conventional igni-

tion system with a laser ignition system achieves consider-

able benefits in improved engine performance and opera-

tion. Appropriate technology has been successfully tested in 

laboratory conditions, but had never been used in mass 

production. It is worth noting that in terms of the applica-

tion a breakthrough can be brought about by the develop-

ment of laser technology observed in recent years. In par-

ticular reducing the production costs while maintaining 

high reliability, durability and resistance to harsh working 

conditions for Nd
3+

:YAG lasers pumped with semiconduc-

tor diodes.  

In most of the previous work on the laser ignition sys-

tem an optical system was used to focus the laser beam in 

one or several points in the cylinder volume, which leads to 

the formation of plasma. The local energy density obtained 

in this way produced conditions somewhat similar to the 

conditions present between the electrodes of the spark plug 

at flashover time. The concept proposed in this article, 

where the aim of adding carbon nanotubes to fuel is a dras-

tic reduction of the minimum ignition energy, should be 

stressed as a different solution. This way the relatively 

small energy laser beam does not have to be focused, but 

purposeful shaping of the beam could be used as a method 

to force the ignition in a controlled, much larger selected 

volume of space in the cylinder. Despite the distinct con-

cepts presented here, the results of previous work on the 

laser ignition of conventional fuels shown below can be 

used for the realization of the concepts proposed in the 

article. 

–  Ignition of conventional fuel usually uses a laser beam 

with a pulse energy in the range of one to several tens of 

mJ. To achieve laser ignition of hydrocarbon fuels an 

power density (laser pulse intensity) in the range of 

1010–1011 W/cm
2
 is needed [61]. 

–  Diode pumped Nd
3+

:YAG lasers are typically used, with 

a primary wavelength of 1064 nm, second harmonic of 

532 nm, but also CO2 gas lasers emitting infrared later 

have been used successfully. 

–  The ignition volume in which a forced laser ignition 

occurs is greater than that of the spark between the elec-

trodes of the spark plug, it is also true for focused laser 

beam ignition systems. 

–  In the case of previously conducted studies of conven-

tional hydrocarbon fuels the non-resonant ignition 

mechanism plays a dominant role. 

–  No electrodes common for the spark plug ignition sys-

tems facilitates intentional shaping of the fuel dose 

movement in the cylinder in the compression process 

and then improves the spread of flame and reduces heat 

dissipation at the early stage of the flame development. 

–  It is assumed that four different mechanisms can lead to 

the laser ignition of fuel: thermal initiation, non-

resonant breakdown, resonant breakdown, and photo-

chemical ignition.  

–  In the case of previously conducted studies of conven-

tional hydrocarbon fuels a dominant role is attributed to 

the mechanism of non-resonant ignition [61]. For a fuel 

with a suspension of carbon nanotubes, especially in the 

presence of iron oxide thermal ignition mechanism 

plays a crucial role, the authors attribute the potentially 

the most promising role to the occurrence of the other 

two effects in the presence of carbon nanotubes. 

6. Conclusions 
The development of the world economy and an increase 

in the number of cars forces a search for new, more envi-

ronmentally friendly technical solutions for transport. The 

article presents the concept of a new piston combustion 

engine system. The originality of the concept is to combine 

the latest achievements in the field of nanotechnology in the 

construction of lasers and the production of biofuels, to use 

the existing synergies to contribute to improving the com-

bustion engines environmental performance.  

The concept presented in the article is the use of ethanol 

as a fuel where a suspension of carbon nanotubes would be 

formed, which are characterized by the ability to force 

ignition using a light pulse. A laser was chosen as the 

source of the light pulse, while changing the shape of the 

light beam penetrating the combustion chamber would 

allow control of the position and the size of the area in 

which the ignition of fuel would be induced. 

The futuristic concept of an engine combustion system 

has been proposed because it allows achieving a number of 

synergistic benefits, the most important of them are listed 

below. 

– Ethanol is a fuel with a high ecological potential, thus it 

is already widely used in the world as an additive to 

gasoline. The particularly attractive aspects of this fuel 

are the possible future methods of its production, which 

could achieve zero carbon dioxide emissions in the fuel 

production process. 

–  Properties of ethanol, such as a high octane number and 

high vaporization heat, make it a very attractive fuel for 

future engines regardless of the environmental benefits, 
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allowing for the further development of the concept of 

downsizing.  

– The preliminary results in the article allow to conclude 

that among all the most common engine fuels ethanol 

allows for the creation of the most stable carbon nano-

tubes dispersions, effectively limiting the phenomena of 

agglomeration and sedimentation. 

– The ability of carbon nanotubes to undergo ignition 

induced with a pulse of light is their unique feature. In-

dependent studies have shown that nanotubes interact-

ing with ferrocene may force the ignition of convention-

al hydrocarbon fuel with just the light of camera flash. 

A higher rate of combustion and wider flammability 

limits of the mixture (in a wider lambda range) is ob-

tained this way compared with the conventional spark 

ignition. 

–  Replacement of the camera flash used by foreign au-

thors with laser light allows taking advantage of the 

unique characteristics of laser light. Key advantages of 

the laser is a shorter pulse duration and energy concen-

tration in the beam higher by several orders of magni-

tude and a unique opportunity to shape the laser beam 

with simple optics. 

At the same time, problems that may hinder the practical 

application of the described concept have been identified. 

–  Carbon nanotubes are a relatively recently discovered 

material and therefore their impact on the environment 

and human health is not yet fully understood [35, 43, 

44, 61]. Although nanotubes do not exhibit acute toxici-

ty, and therefore they are for example intentionally in-

troduced into the human body to accelerate the mending 

of broken bones [33], or are used to filter the air in the 

life support systems of spacecraft [18]. It is uncertain, 

however, whether or not they have any negative long-

term health effects resulting from interaction with the 

human body.  

–  Many studies point to the carcinogenic effect of pristine 

cnt nanotubes growth in the cvd process, which have 

metal nanoparticles incorporated on their surface. 

Therefore the use of ferrocene in the presented concept 

combustion system should be restricted. 

Further studies are necessary to verify the proposed 

concept, and in particular a fuel injection technique into the 

pressure chamber and then testing the engine is required. 

Regardless of the results of engine research it is necessary 

to shed light on the impact of nanoparticles emitted by the 

engine on the environment and human health. This issue is 

particularly relevant in a broader context, because nanopar-

ticles are added to fuels more and more often – for both 

petrol and diesel fuel as anti-knock and soot oxidation cata-

lyst additives. 
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Marine diesel engine – a novel approach of indicated power determination  

and related uncertainty level 
 

A proposal of a new method for marine engine indicated power determination, based on direct piston position, instead of crankshaft 

angular position measurement, was presented. With the aid of bond graph theory, it was proved, that the new method is equivalent to 

conventional method. To verify hypothesis, that the new method has potential of determined indicated power uncertainty reduction, 

simulated calculations were carried out. Results of calculations for two marine diesel engines: medium-speed, four stroke and slow-

speed two stroke type, at assumption of engine crankshaft constant speed, were compared with results obtained by a conventional 

method. Data, collected by means of a typical portable, industrial, digital indicator on engines in service, were used for simulation. The 

uncertainties of engines indicated power determined by means of two methods were analysed. The indicated power uncertainty, achieved 

for conventional method, was nearly twice higher than for new proposed method. Finally, uncertainty structure was analysed and 

evaluated for both: new and conventional method of engine indicated power determination. 

Key words: marine diesel engine, indicated power, uncertainty 

 

 

1. Introduction 
High demand to improve fuel economy and exhaust gas 

emission characteristics requires a new technology for en-

gine control. Also, increased expectation of marine diesel 

engines reliability calls for sophisticated control and devel-

opment of engine diagnostics systems. Computational mod-

elling of crank shaft position and rotational speed fluctua-

tions could be used as a basis for engine diagnosis. Certain 

parameters were found, such as crank friction or instanta-

neous engine speed that provide a better basis for fault 

engine assessment [4]. Also, balanced cylinder combustion 

is important for reliable, emission-compliant engine opera-

tion. Throughout the years, several engine balance tech-

niques have been developed and efficiently utilized. Unfor-

tunately, no clear-cut standard has been established for 

them. Combustion pressure is analysed for specific quanti-

tative values like indicated mean effective pressure, maxi-

mum pressure, firing pressure angle, cycle variations, etc. 

and certain events location (valve closure and opening, 

peak rate of pressure rise, etc.), as well as process variation 

between cylinders. However, the principle aim is indicated 

power estimation for each cylinder and consequently total 

engine indicated power assessment. Engine cylinder pres-

sure analysis may be used to balance and tune the engine: 

e.g. valve and fuel injection timing as well as fuel bulk and 

compression pressure. 

Usually, low speed, large bore diesel engine is applied 

as a vessel’s main propulsion and stays in a range of power 

from a few thousand kilowatts to over 80 MW. The main 

engine is one of the most expensive functional components 

of the ocean-going vessel. Daily fuel consumption of the 

most powerful marine engines may exceed 250 tons. There-

fore, such responsible machinery should be monitored and 

controlled adequately. Any main engine malfunction in-

volves enormous costs of excessive fuel consumption, re-

pairs and even bigger costs of ship’s trip delays and lost 

freight. One of the solutions used to meet these require-

ments is a real-time cylinder pressure monitoring system. 

Gas pressure appraisal in combustion chamber of recipro-

cating engine is mostly affected by two phenomena: the 

first of them are acoustic vibrations in a long duct, connect-

ing combustion chamber with the sensor, the second is 

unreliable synchronization with the piston position. While 

the negative influence of acoustic vibrations can be solved 

by signal filtration with acceptable result, the problem of 

synchronization has not been solved yet satisfactorily. In-

stantaneous engine crankshaft rotational speed varies dur-

ing the whole engine cycle. There are several possible ways 

of piston position estimation, presented in literature [1–3, 

12, 13]. The majority of methods do not require a specific 

sensor placed inside the engine crankcase, but are based on 

the engine speed – measured by the typical pick-up mount-

ed at flywheel. Supportive analysis of the cylinder gas pres-

sure course [8, 12] is utilized too. 

In order to monitor the overall engine output, the torque 

meter can be applied on the ship’s main propulsion shaft. 

However, the determination of the indicated power in each 

cylinder unit brings more benefits indeed. In addition to the 

engine total indicated power, the balance of the engine load 

distribution between cylinder units needs to be evaluated 

too. 

The indicated power is defined as a ratio of the indicat-

ed work generated in the single cycle to the time needed to 

generate that work [5]: 

 P� = ���� = ��∙	
∙��∙
 (1) 

Generally, the principle of the indicated power determi-

nation strictly relies on the definitional formula (1). The 

method of indicated power determination has not changed 

much since the time of steam engines. Basically, the pres-

sure course is integrated over the cylinder volume in order 

to determine the generated work per cycle and then the 

indicated power is determined. That solution comes directly 

from the classic definition and availability of engine cylin-

der gas pressure and crankshaft speed. Unfortunately, this 

method is still not sufficiently accurate in terms of modern 

requirements. One of the main reason is well-known prob-
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lem of the engine’s piston top dead center (TDC) determi-

nation, during combustion pressure measurement [6–10]. 

Position of the TDC is essential for proper assigning of the 

positive or negative value to the incremental indicated work 

that is calculated. In various publications it is estimated that 

1° of a crank angle (CA) error in piston TDC determination, 

may lead to 3–10% of the determined indicated power inac-

curacy [6–8]. As presented in [7], the TDC position stand-

ard uncertainty of 0.6° CA is achivable in a typical industri-

al conditions. There is a number of various methods aimed 

to increase the accuracy of pressure course with piston 

position synchronisation. Generally, they may be divided 

into two groups: pre measurement methods and post meas-

urement methods. Installation of incremental encoders on 

the crankshaft may be an example of the first group. Also 

application of finite element method (FEM), for crankshaft 

torsional or vibratory deformation evaluation, is a kind of 

pre measurement method for increasing the accuracy of 

indicated power determination. The second group repre-

sentative example is a rate of pressure rise dp/dα analysis. 

Unfortunatelly, presented exapmles provide limited im-

provement only, or they are selected for specific engines 

constructions or working conditions. Incremental encoders 

allow to reduce greatly the irregular shaft speed influence, 

however the problem of their static adjustment still remains 

unsolved. The method based on FEM analysis, requires 

detailed informations about the shaftline geometry, material 

and set of initial and boundary conditions data. Besides, 

enormous computational capacity is to be engaged for such 

model calculations, that makes it unavailable on board the 

vessel.  

The concept of the thermodynamic TDC, understood as 

the one, detected by pressure course or heat flow analysis, 

was proposed [8, 12, 13]. However, the thermodynamic 

TDC differs from the real TDC [6, 8, 12, 13], by an angle 

φ, which is difficult to evaluate usually. As the main rea-

sons, the heat exchange with cooled, engine chamber and 

loss of charge through the piston rings locks, are indicated 

[6, 13]. The dp/dα analysis gives quite satisfactory results 

for slow speed engines, where ignition occures after the 

piston TDC, however for medium speed engines, where 

ignition occures before piston TDC it is much less accurate. 

Currently used method of indicated power determina-

tion exhibits one more disadvantage - difficulties with pre-

cise uncertainty estimation. Actually none of the commer-

cially available, industrial indicators is equipped with man-

ufacturer’s specification regarding accuracy of calculated 

indicated power. Calibration certificate of the pressure 

sensor is attached eventually. This is mostly due to the 

complexity of the indicated power uncertainty evaluation 

and lack of standardised procedures [6, 7]. A proposal of 

a method for the indicated power uncertainty evaluation 

was presented in [7].  

This paper is meant as a proposal of a method for indi-

cated power determination, free of a major factor influenc-

ing the overall indicated power uncertainty – the TDC de-

termination uncertainty. 

2. Proposed method fundamentals 
The problem of the piston engine’s indicated power de-

termination can be examined in terms of the bond graphs 

theory as a rate of energy transfer [9]. The bond graph rep-

resentation of the piston engine’s kinematics is shown on 

Figure 1. 

 

 

Fig. 1. Cylinder, piston and crankshaft assembly represented by a bond 

graph [9] 

 

The power of the working gas in combustion chamber 

(CC) volume is described by a product of cylinder gas pres-

sure p and rate of CC volume V� . The piston appears to be  

a bond graph node called gyrator (GY), where the rate of 

energy flow undergoes transformation from the energy of the 

working gas pressure into mechanical energy of the moving 

crank assembly. Following gyrator, the rate of energy trans-

fer is described by a product of the force F�, exerted on pis-

ton by working gas pressure, and piston speed v. 

Consequently, the rate of energy transfer to the engine’s 

crank mechanism CM and later, through engine’s coupling, 

to the energy consumer. Assuming, that the rate of energy 

flow is transformed in the gyrator in a lossless process, it 

can be described by equation (2): 

 p ∙ V� = F� ∙ v (2) 

For given combustion chamber geometry, known cylin-

der gas pressure and piston speed, the formula (3) for in-

stant rate of energy transfer may be applied: 

 
������� = F��t� ∙ v�t� = A ∙ 	p�t� ∙ �������  (3) 

By integration, with respect to time, the indicated work 

of a cycle may be determined: 

 � ���������� dt = A� p�t� ∙ ������� dt��� = L� (4) 

Equations (3) and (4) prove that the indicated work may 

be evaluated from known cylinder gas pressure p, the piston 

speed v and piston area A. Consequently, the indicated 

power for one cylinder may be determined (5): 

 P� = !�� � ���������� dt = "�� ∙ � p�t� ∙ ������� dt���  (5) 

Specific technical means to observe the piston move-

ment should be secured in order to apply the proposed 

method of the indicated power determination. Direct meas-

urement of the piston speed might be problematic. A better 

solution is to utilise a number of known piston positions. 

From a series of recorded pairs: piston position and time,  

a function S(t), describing piston shift over the time can be 

elaborated and, consequently, piston velocity function v(t) 

can be established. Effectively, presented technique may be 

called as an observation method of the indicated power 

determination. 

3. The uncertainty analysis 
The overall uncertainty of the determined indicated 

power depends on the individual uncertainty components in 

equation (5). The piston area uncertainty as well as cylinder 

gas pressure measurement uncertainty are the same in new 

observation method as in the well-known conventional 
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method, based on the classic definition. The piston area A 

standard uncertainty type B is found from equation (6): 

 u$�A� = %"%&'	 ∙ u$�D�� = 
∙&'	
 ∙ u$�D�� (6) 

The dynamic pressure measurement accuracy problem 

is common for both methods, it is well described in litera-

ture [5, 6, 13]. It should be analysed in the same way re-

gardless to the indicated power determination method ap-

plied. Consequently, pressure uncertainty has no influence 

on the difference in indicated power uncertainty between 

both described methods. To simplify analysis of the pro-

posed method, which is concentrated on TDC determina-

tion issue, pressure measurement uncertainty is reduced to a 

single sample uncertainty which can be found from formula 

(7):  

 u$�p� = )∙∆+!��%∙√. (7) 

Typically, measured data are recorded at a fixed sam-

pling rate. The relative uncertainty of the time interval 

measurement u/�dt� is quantitatively identical with the 

sampling rate uncertainty and usually given in the ana-

logue-digital converter specification. Typical acquisition 

cards are equipped with clocks of basic frequency f1= 5–10 

MHz and relative stability of 100 ppm, that means: u/�f1� = 

± 0.01%. 

In an industrial measuring devices, the typical sampling 

rate is 10–25 kHz, to secure sufficient time resolution of the 

measurement. The clock time interval uncertainty can be 

determined by means of the sampling rate parameters: 

 u$�dt� = !23 − !23523∙67�28� (8) 

Assuming the sampling frequency of f9 = 10 kHz, thus 

for typical industrial application the clock time interval 

uncertainty amounts to u$�dt� = 10 ns. 

The problem of the piston position uncertainty determi-

nation is closely related to the selected measurement tech-

nique. The review of linear position sensors available on 

the market allows for assumption that the measurement 

uncertainty of u$�S� = 0.1 mm is available. The finite num-

ber of piston positions S� measured in the time domain can 

be approximated by a continuous function S;�t�. The overall 

uncertainty u$<S+= of the piston position estimation (9) 

may be derived from the error propagation law as a singular 

value measurement uncertainty u$�S� and the approximat-

ing function S;�t� mean square error which is a direct esti-

mator of a fitting quality: 

 u$<S+= = >u$
�S� + s
 AS;�t�B (9) 

In time interval dt between consecutive samples i and 

i+1 piston displaces the distance: 

 dS� = S�5! − S� (10) 

The uncertainty of the distance dS� (10) is a function of 

both boundary positions S� and S�5! uncertainties. For a set 

of consecutive distances dS�, a set A� of starting positions S� ∈ A� can be defined. Similarly, a set B� of ending posi-

tions S�5! ∈ B� can be defined too. Correlation coefficient 

r�A�, B�� of both sets: A� and B� can be calculated accord-

ingly. Subsequently the uncertainty of a distance dS� can be 

determined form the formula for correlated values [10] 

(11): 

 U$�dS� = 

>u$
<S+= + u$
<S+= − 2 ∙ u$<S+= ∙ u$<S+= ∙ r�A�, B�� (11) 

Since the piston position is described by means of  

a continuous approximating function S;�t�, the piston’s 

speed function v(t) can be determined: 

 v�t� = ��;�����  (12) 

The piston speed uncertainty can be determined with the 

aid of the formula (13): 

 u$�v�t�� = IJ%K���%�� ∙ u$�dt�L
 + M %K���%��;��� ∙ u$�dS�N


 (13) 

Once the piston speed and cylinder gas pressure uncer-

tainties are known, the rate of the energy flow uncertainty 

can be evaluated. Based on equations (3), (6), (7) and (13), 

the equation can be formulated: 

 u$<E� = = IM%��%" ∙ u�A�N

 + M%��%+ ∙ u�p�N


 + M%��%K ∙ u�v�N


(14) 

In the presented method, to evaluate the cycle work, the 

rate of energy flow E�  must be integrated over the time (4). 

This is done by means of the numerical trapezoidal method 

usually. For the uncertainty determination, an uncertainty of 

the mean value of two consecutive values E� � and E� �5! 

should be determined first. The formula (15) for correlated 

input data can be applied, accordingly [10]. A set A� of 

preceeding values E� � ∈ A� and a set B� of following values E� �5! ∈ A� were defined and then a correlation coefficient r�A�, B�� was calculated. 

 U$<E� PK= = 

>u$
<E� �= + u$
<E� �5!= + 2 ∙ u$�E� �� ∙ u$�E� �5!� ∙ r�A�, B��  

(15) 

For numerical integration, the elementary work is to be 

determined initially, its uncertainty can be expressed as: 

 u$<E� dt= = >AE� PK ∙ u$�dt�B
 + Adt ∙ u$<E� PK=B
 (16) 

In consequence, the uncertainty of the indicated work of 

a single cycle can be defined from the equation: 

 u$�L�� = >∑ u$
<E� Rdt=RSTRS!  (17) 

Finally, the single cycle indicated power uncertainty is 

assessed as follows: 
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 u$�P�� = IM%U�%�� ∙ u$�dt�N

 + M%U�%�� ∙ u$�L��N



 (18) 

Final indicated power uncertainty equation (18) contains 

less variables and is much More convenient for a new ap-

proach, comparing to the conventional method [7] of indi-

cated power determination. On the contrary to the conven-

tional method [7], there are no factors, like a TDC sensor 

positioning, with unknown or difficult to evaluate uncer-

tainties too. Consequently, a hypothesis may be formulated, 

that the new method might lead to the indicated power 

determination with lower uncertainty comparing to conven-

tional method. 

4. The simulation results discussion 
The above presented uncertainty analysis of the pro-

posed method was a subject to the validation test against 

the conventional method. The test was designed as a simu-

lation calculation with the utilisation of data recorded by 

means of conventional method. The main goal of the vali-

dation was the comparison of indicated power and its un-

certainty, resulted from common input but estimated with 

different methods. The original data sets for simulation 

calculations were collected for two marine diesel engines: 

–  medium-speed, four stroke – Hyundai Himsen H25/33, 

– slow-speed, two stroke – MAN K90MC-C. 

Both engines were in good service condition. The fuel 

injection valves were in the middle of their recommended 

working period. The exhaust gas temperatures, cylinder 

compression and maximum pressures did not indicate any 

related malfunctions to the leaky exhaust valves or piston 

rings. 

Cylinder process data sets were collected by means of 

typical industrial digital indicator Premet XL
®

 of Lemag 

GmbH, during engines service operation. Engines were 

operated for at least 1 hour at constant load before meas-

urements were carried out. During measurements, engines 

load remained constant and several monitored operational 

parameters, like charging air pressure, proved it. The slow 

speed engine was equipped with the LEMAG Multiscan 

Sensor
®
, which is a type of incremental encoder, installed 

on the propulsion shaft. The sensor resolution is 360 pulses 

per revolution, that allows for substantial reduction of the 

shaft speed irregularity influences. The medium speed en-

gine TDC was indicated by an inductive pick-up installed 

over a flywheel. Both: multiscan sensor and inductive sen-

sor, prior to the measurement, were adjusted statically to 

the TDC of piston in cylinder unit No. 1, the closest one to 

the flywheel. The indicator presents the recorded set of 

measured data as an average pressure course calculated 

from the initially pre-set number of engine cycles. Even 

though it is a good practice to use the highest available 

number of cycles for average calculation, specifically for 

engines directly driving ship’s propeller, too long time of 

indication increases the risk of recording engine load fluc-

tuation due to influence of the sea swell. In case of engine 

driving electric generator, in industrial condition, there is 

similar risk caused by higher possibility of unexpected start 

or stop of a large electric consumer. For those reasons, the 

amount of observed cycles pre-set was chosen as 10 for 

every monitored engine. Utilised digital indicator allows 

only for post measurement TDC correction by means of 

pressure rise dp/dα analysis. However, such analysis was 

unreliable, specifically for medium speed engine due to 

advanced ignition. For this reason, it was decided to utilise 

uncorrected data for both engines. The influence of the 

pressure measurement uncertainty on the overall indicated 

power uncertainty was the same for both methods, therefore 

this complicated analysis was reduced to the sensor range 

and linearity only. Disturbances in the pressure measure-

ments are independent on the indicated power determina-

tion method and therefore may be examined separately. 

Recorded data sets were used to compare results of ob-

servation technique calculation, marked as method A, with 

outcomes given by the industrial indicator, which result was 

marked as method B. For further analysis and calculations 

only the single cylinder unit No. 1 data of each engine were 

considered. In both cases, it was assumed that the crank-

shaft angular speed was constant. This assumption was 

justified in case of slow speed engine due to installed in-

cremental encoder, allowing to neglect the shaft rotational 

speed irregularity. The medium speed engine crankshaft 

speed irregularity caused a minor influence on the resulted 

indicated power uncertainty [7]. Additionally, this assump-

tion allowed for an easier comparison of the uncertainty 

achieved. It is expected that the proposed method A, based 

on direct piston observation, should not be prone to the 

speed irregularity influence, while for measured engines 

this influence is limited. Finally, the indicated power and 

related uncertainties evaluations for both methods were 

carried out and presented in Table 1. Exclusively, in case of 

method B the uncertainties were evaluated by means of 

method proposed in [7]. The TDC positioning uncertainties 

were evaluated for typical industrial conditions. 

 
Table 1. Results of indicated work and power calculations with their 

uncertainties 

Engine type Hyundai H25/33 MAN K90 MC-C 

Load 59% 80% 

Method A B A B 

TDC uncertain-

ty [7] 
– 0.63° CA – 0.57° CA 

P� 189 kW 182 kW 3991 kW 3850 kW 

u$�P�� ±4.4 kW 

(±2.3%) 

±12 kW 

(±6.8%) 

±86 kW 

(±2.1%) 

±180 kW 

(±4.8%) 

 

For uncertainty determination, several values, listed in 

Table 2, had to be assumed. In case of time interval dt and 

pressure sensor range R, typical values of the industrial 

systems were accepted. Piston position approximating func-

tion S;�t� was assumed with poor fitting quality, even if 

hypothetical sensor class, represented by the singular value 

measurement uncertainty u$�S�, would exhibit higher pre-

cision. 

 
Table 2. Basic assumptions for the observation method uncertainty evalua-

tion 

uB(dt) 10 ns 

uB(S) 0.1 mm s AS;�t�B 4 mm 

R 25 MPa 
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The uncertainty distribution for the indicated power de-

termination using methods A and B, of both marine engines 

are presented in Figs 1 and 2. The uncertainty of indicated 

power determined by means of the proposed technique – A, 

is considerable smaller than uncertainty established using 

the conventional method – B. The improvement is signifi-

cant, approximately up to three times for medium speed 

engine and up to two times for slow-speed K90MC-C en-

gine. In both methods, A and B the pressure measurement 

uncertainty is settled as main component. However, in case 

of a conventional method – B also other issues, described in 

details in [7], have a significant influence on the overall 

indicated power uncertainty. 

 

 

Fig. 1. Distribution of the indicated power uncertainties (method A) for 

marine engines – medium speed H25-33 and slow speed K90MC-C; u$�p�  
– cylinder gas pressure uncertainty, u$�A� – piston surface uncertainty, u$�dt� – clock time interval uncertainty; u$�S� – piston position uncertainty 

 

 

Fig. 2. Distribution of the indicated power uncertainties (method B) for 

marine engines – medium speed H25-33 and slow speed K90MC-C [7]; u$VV�P�� – indicated power uncertainty type B kind II, u$�p� – cylinder gas 

pressure uncertainty, u$�A� – piston surface uncertainty, u$�ω� – crank-

shaft angular speed uncertainty; u$�S� – piston position uncertainty 

 

Generally, the proposed method displays main compo-

nent of the overall uncertainty as the pressure measurement 

uncertainty, with contribution of 97% to 99%. That makes  

a significant quality difference comparing to the conven-

tional method. Also, the number of important factors is 

seriously reduced, that simplifies the uncertainty evalua-

tion. However, it should be underlined that presented tech-

nique comprises essential assumptions: piston position 

samples are uniformly distributed and recorded over the 

entire stroke, and crankshaft rotational speed is constant 

over the entire cycle. In fact, the crankshaft speed irregular-

ities [11] combined with the piston position observation 

difficulties will not allow for such optimistic result. 

In the presented simulation, in case of both methods A 

and B, the uncertainty of type A [10] could not be evaluated 

due to lack of repeatedly collected data. It is expected how-

ever that, in case of the observation method, the value of 

type A uncertainty is significant. Principally, indicated 

power uncertainty type A is expected to include TDC posi-

tion uncertainty, which is estimated on the base of the pis-

ton speed approximating function’s v�t� zero-crossing 

point. 

5. Conclusions 
Basically, new calculation technique should demon-

strate advantages against current approach and observation 

method presents such potential of reducing uncertainty of 

marine engine indicated power. Additionally, proposed 

method substantially improves uncertainty calculation pre-

dictability. In presented simulation confirmation of signifi-

cant uncertainty level reduction was achieved. Main factor 

influencing the overall indicated power uncertainty is cyl-

inder gas pressure measurement uncertainty, which is re-

sponsible for over 90% of the overall uncertainty value. 

That is a qualitative improvement in comparison to the 

conventional method, where some, crucial for uncertainty 

evaluation factors are difficult to measure and evaluate. 

The functional representation of the piston speed allows 

determination of the instant piston speed exactly at a time 

of every pressure sample, therefore difficult process of the 

pressure course synchronization with crankshaft angle is no 

more required. Finally, direct piston position measurement 

and consequent piston speed determination do not require 

additional piston’s TDC determination. The piston TDC is 

automatically detected at the speed function zero-crossing 

points. The calculated functions of piston speed v�t� and 

the rate of energy transfer E� �t� seems to be very promising 

as a future diagnostic and engine performance evaluation 

tools. 

Practical introduction of the proposed method may pose 

a real problem. Not only the difficult environment inside of 

the crankcase must be considered. Fulfilling of safety re-

quirements (potential oil mist ignition) and classification 

societies acceptance may be difficult to overcome. From the 

other hand, proximity sensors, for a bearing monitoring 

systems, are currently successfully installed in large cross-

head engines. This type of marine engines seems to be 

especially fit for the proposed method application. Access 

to the crosshead, which is rigidly connected to the piston is 

easy, and it allows for entire piston stroke observation.  

 

Nomenclature 

A  area of the engine piston [m
2
] A�  set of incremental rate of energy flow preceeding 

values E� � B�  set of incremental rate of energy flow following 

values E� �5! 

A�  set of piston incremental travelling distances starting 

points S� B�  set of piston incremental travelling distances ending 

points S�5! 

CC  combustion chamber 
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CM  crank mechanism dt  time interval [s] D�  nominal cylinder bore [m] 

E  energy [J] E�   rate of the energy flow [J/s] E� PK  average of the consecutive rate of the energy flow 

values [J/s] f1  clock frequency [Hz] F�  piston gas force [N] f9  sampling frequency [Hz] 

GY  gyrator 

k  number of samples per engine working cycle L�  indicated work [J] n  crank rotational speed [rps] n)  number of crank revolutions per cycle 

r  correlation coefficient 

R  sensor measurement range [Pa] 

s  mean square error 

S  piston position (measured value) [m] S+  estimated position of a piston [m] S;�t�  approximating function of a piston position [m] 

p  cylinder gas pressure [Pa] P�  indicated power [W] u"  uncertainty type A u$  uncertainty type B u/  relative uncertainty 

v  piston speed [m/s] V�  ̇  rate of combustion chamber volume change [m
3
/s] ∆p  pressure sensor’s non-linearity error [% FSO] τZ  cycle time [s] 

ω  crankshaft angular speed [rad/s] 
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Tests of urban bus specific emissions in terms of currently applicable  

heavy vehicles operating emission regulations 
 

The article presents a study of a city bus in real operating conditions (RDE) from the perspective of the latest regulations for the 

assessment of specific emissions compliance for heavy-duty vehicles (Euro VI standard). The object of the research was a serial 

configuration hybrid drive vehicle. Measurements were made in the real driving conditions in Poznan agglomeration. The latest mobile 

equipment PEMS was used for the measurements. This article presents the details of the EU 582/2011 Procedure in operational 

conformity assessment, the methodology of the study was discussed, and the obtained results were presented, both in terms of vehicle 

operating conditions and engine operation, as well as specific emissions evaluation. 

Key words: bus, drive system, hybrid, RDE, specific emissions 

 

 

1. Introduction 
Buses have a significant impact on the environmental 

quality in urban areas, where there are large concentrations 

of people. This is due to the number of the vehicles in the 

considered group and the power used in their drive systems. 

The share of urban buses, non-urban buses, and tourist 

coaches from all the HDVs (Heavy-Duty Vehicle) in the 

European Union is 11%, while the estimated fuel consump-

tion by these vehicles accounts for 15% of the consumption 

of all HDVs [12, 13]. The total number of registered heavy 

vehicles (including special vehicles) in Poland in December 

of 2014, was over 3.6 million units. Buses accounted for 

106 057 units, of which almost 85% (89 996 units) were 

operated by public transport companies [3]. In 2000–2006, 

the number of registered vehicles remained at a similar 

level, reaching about 81 000 units, and in each subsequent 

year, their population increased by an average of 2.3%. 

15 498 regular communication lines were operated in 2014, 

with a total travel length of 788 612 km, and transported 

nearly 431.5 million passengers. Due to the age distribution 

of the buses, vehicles of up to five years old constituted 

8.1% of the total, buses in the age range of 6–15 years 

reached 28%, the remaining 45.7% was in the last age 

group, of up to 30 years [3]. 

For the approval of heavy-duty vehicles, in terms of 

compliance with the emission standards in the European 

Union, new Euro standards, from I to VI, were gradually 

introduced, supplemented with the EEV standard (En-

hanced Environmentally Friendly Vehicle) for the Euro III–

V. These rules expect for tests of only the combustion units 

themselves to be performed on an engine dynamometer, in 

defined static and dynamic measurement cycles. With the 

introduction of Euro VI (type approvals from 31.12.2012, 

first registration from 31.12.2013) new compulsory tests 

have been added: WHSC (World Harmonized Stationary 

Cycle) and WHTC (World Harmonized Transient Cycle), 

and replaced the previously used ETC (European Transient 

Cycle), ESC (European Stationary Cycle) and ELR (Euro-

pean Load Response) tests. The recent years of research 

work have indicated that the measurements quality and 

quantity of exhaust gases from internal combustion engines 

performed under laboratory conditions may differ from the 

actual vehicle emissions of the given category, including 

HDV [4, 5, 7, 8]. As a result continuous efforts are made to 

develop detailed and universal methods of emissions as-

sessment in road conditions RDE (Real Driving Emissions). 

From the moment the Euro VI standard came into effect, it 

became necessary for manufacturers to perform road meas-

urements to verify the operating conformity of heavy-duty 

vehicles powered by different types of fuels [1, 2, 9]. 

2. Legal regulations concerning the control  

of operational compliance of in-service HDV 
The Euro V and Euro VI standards provide mileages 

and operating periods corresponding to the normal life span 

of a heavy vehicle. Minimal mileages for durability tests 

depending on the vehicle category and maximum mass are 

also compiled. The records are supplemented with data for 

determining the deterioration factors (more precise and 

unambiguous definitions are outlines in the Euro VI stand-

ard) [6]. Significant changes in the regulations occurred for 

the operational conformity control – at present it is neces-

sary to perform emission measurements in real driving 

conditions, using PEMS type equipment. While previously, 

only combustion engines themselves were tested, after 

being removed from used vehicles.  

The EU Regulation 582/2011 (Annex II) provides de-

tailed description of the requirements for the operating 

compliance evaluation for engines or vehicles. Among the 

most important information it should be noted that the 

measurements need to be carried out on public roads in the 

EU, using normal driving patterns and loads. This means 

that the tests are conducted using the standard (the most 

common) operating conditions. It is also important to en-

sure that the driver has the appropriate driving skills and 

training for the given vehicle type, and it is best when the 

procedure involves a person who usually drives it. In the 

case when it is impossible to carry out tests under normal 

operating conditions it is possible to use other alternative 

routes. If there is insufficient information on a representa-

tive vehicle load an additional load is used to obtain 50–

60% of the maximum vehicle load. 

After the first registration of a complete vehicle is ob-

tained, with a combustion engine which comes from the 



 

Tests of urban bus specific emissions in terms of currently applicable heavy vehicles operating emission regulations 

22 COMBUSTION ENGINES, 2017, 168(1) 

approved group (family) of engines, the manufacturer must 

carry out field tests within an 18 month time frame and 

obtaining a mileage of at least 25 000 km [9]. According to 

[10], measurements have to be repeated periodically, at 

least every 24 months during the normal vehicle operation. 

The testing rejection and acceptance criteria, as a part of the 

compliance checks, is determined based on the number of 

tested vehicles, as relative to the total number of vehicles 

produced [9]. An inspection and testing of the used lubri-

cating oils and fuels samples is included as supplementary 

procedures. It should be noted that the vehicle used for the 

measurement cannot be over-exploited, modified or im-

properly exploited. 

The test route must include driving on urban roads 

(speed range: 0–13.89 m/s), suburban roads (13.89–20.83 

m/s) and highways (over 20.83 m/s); the order can be 

changed should a legitimate case be made for doing so. The 

share in driving time for different conditions depends on the 

category of the tested vehicle (Table 1). These shares are 

determined with an accuracy of ±5% due to the difficulty of 

predicting the actual traffic conditions. Sampling is carried 

out continuously, and it begins even before starting the 

engine. While the data evaluation is carried out from the 

moment the coolant achieves the temperature of 343 K 

(70°C) or is stabilized within ±2 K in the span of 300 s. The 

measurement must be continuous and the data cannot be 

combined or modified. In addition to measuring the emis-

sions intensity the acquisition of data from on-board diag-

nostic system must also be carried out in accordance to the 

guidelines [9]. It is imperative for the test on the realized 

route to perform work five times higher than during the 

WHTC test, or to achieve five times the CO2 reference 

mass value of the same test. 

 
Table 1. Shares of driving time in different conditions during operational 

compliance tests for heavy vehicles [9] 

Category 
Operating time share [%] 

urban suburban highway 

M1, N1 45 25 30 

M2, M3 class I, II 

and A 
70 30 0 

M2, M3 others 45 25 30 

N2 45 25 30 

N3 20 25 55 

 

The conformity factor is determined for the measuring 

windows which are devised two ways: based on the weight 

of CO2, or based on the total work performed by the drive 

system. When issuing positive/negative decisions in the 

legislative process only the second variant should be used. 

The research involves the specific emission of gaseous 

compounds: CO and THC (for CI), NMHC and CH4 (for 

SI) and NOx (for CI and SI). Currently the weight and 

number of particles is not taken into account. In addition, it 

is necessary to measure exhaust gas mass flow, the engine 

operating parameters, the vehicle speed and its location, 

fuel flow rate, ambient conditions, etc. The legislation [9] 

also provides detailed information about the standards and 

functions, which the measuring equipment must meet, as 

well as a method of calibration, resetting, and self-

diagnostics of instruments.  

Pollutants specific emission evaluation is done using the 

moving averaging window method. Their determination is 

based on defining the mass flow rate of harmful substances 

emission for a subset of the complete data set, whose length 

is determined so as to correspond to the weight of CO2 from 

the engine or the work measured on a test bench in transient 

operating conditions (WHTC test). Moving average is cal-

culated for the time increment Δt, corresponding to the 

sampling period. The determined mass flow of emissions is 

expressed in mg/window [9]. For the method based on the 

work, the averaging windows are determined from the rela-

tion (Fig. 1): 

 W(t2,i) – W(t1,i) ≥ Wref (1) 

where: W(tj,i) – engine work measured between the engine 

start and the time tj,i [kW·h], Wref – engine work in the 

WHTC test [kW·h]. 

When calculating the value of t2,i, the following rela-

tions must be met:  

 W(t2,i – Δt) – W(tl,i) < Wref ≤ W(t2,i) – W(t1,i) (2) 

where: Δt depends on the sampling frequency (1 s or less).  
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Fig. 1. Determining the measuring windows in the method based on the 

reference engine work [9] 

 

In order for a measurement window to be considered 

valid, it needs to achieve an average power of more than 

20% Nemax. Throughout the test, the percentage of valid 

measurement windows must be 50% or more. If this is not 

achieved the data evaluation must be repeated using lower 

power thresholds. This reduction is done in 1% increments, 

down to a level of 15% Nemax. Smaller values invalidate the 

test results. Specific emissions of pollutants are calculated 

for each measurement window using: 

 
)W(t)W(t

m
e

i1,i2,
j −

=  (3) 

where: ej – specific emission j in i-th averaging window 

[mg/(kW·h)], m – mass of the exhaust component in i-th 

averaging window [mg], W(t2,i) – W(t1,i) – engine work in  

i-th averaging window [kW·h]. 

The vehicle operational conformity with regard to emis-

sions CF (Conformity Factor) is calculated for all windows 

and for each considered component of exhaust gases ac-

cording to the formula (4). To ensure the evaluation in any 

given averaging period was positive, the coefficients de-

termined cannot be larger than 1.5. The vehicle itself is 

considered as meeting the legal requirements, provided 
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90% of the calculated CF values in the test fulfills this 

criterion. 

 
j

j

L

e
CF =  (4) 

where: CF – conformity factor in the given averaging win-

dow [–], Lj – the permissible pollutant emission j in the 

WHTC test [mg/(kW·h)]. 

3. Research methodology in real operating  

conditions 

3.1. Test vehicle 

The study involved a city bus equipped with a series 

hybrid drive (Fig. 2). The drive system of the 18-meter 

vehicle used an internal combustion CI engine, with a dis-

placement of 6.7 dm
3
, a rated power of 209 kW at 

2300 rpm, and a maximum torque reaching 1008 N·m at 

1200 rpm. The vehicle is equipped with a traction motor 

with a power of 240 kW, and supercapacitors used to store 

the recovered braking energy, which is then used for accel-

eration. In addition, the bus uses electric drive solutions – 

in air compressor, radiator fan, power steering, door servos, 

as well as the air conditioning system. As a result, the pow-

er for the selected systems originates not directly from the 

internal combustion engine (mechanical drive), but from 

the electricity stored in the capacitors. The test vehicle 

meets the requirements of Euro V–EEV. 

 

 

Fig. 2. Bus with a length of 18 m with a series hybrid drive system 

3.2. Measuring equipment 

Mobile device SEMTECH DS dedicated to the research 

in real traffic conditions was used in the measurements, it is 

classified in the PEMS group (Portable Emissions Meas-

urement Systems). This device allows for making research 

measurements of spark and compression ignition engines 

that meet the Euro III and higher, and the principle of its 

operation is shown in Figure 3. The exhaust gases of the 

tested vehicle are directed to the exhaust mass flow probe, 

where the exhaust gas sample is taken. The taken gas sam-

ple is transported to a set of analyzers through heated con-

duits. The use of the heated conduit is to prevent condensa-

tion. The gases then go to the filter, where the particles are 

separated. Such a prepared sample is fed to the individual 

analyzers, each studying an individual exhaust gas compo-

nent. The first FID analyzer (Flame Ionization Detector) is 

used to measure the hydrocarbons. In the next step the 

exhaust gas is cooled to a temperature of approx. 4°C and 

the sample volume is transported to the NDUV analyzer 

(Non-Dispersive Ultra Violet Detector) for the measure-

ment of nitrogen oxides. Subsequently, the carbon monox-

ide and dioxide content is determined using NDIR analyzer 

(Non-Dispersive Infra-Red Detector). The last step is to 

electrochemically test the oxygen content in the exhaust 

gas. The analyzer can synchronize with the GPS positioning 

system, WLAN connection, and can communicate with the 

vehicle's OBD [11]. Using these road emission results it is 

possible to determine the vehicle fuel consumption using 

the carbon balance method. 

 

Sample line Filter 

Chiller 4°C 

191°C 

CAN 

NDIR (CO, CO2) 

FID (THC) 

NDUV (NO, NO2) O2 

GPS Wireless LAN 

Control management 

 

Fig. 3. SEMTECH DS operating schematic [11] 

3.3. Test route 

Measurements in real operating conditions required for 

the route selection to be representative of the tested vehicle 

type. The route is drawn on a map fragment in Figure 4. 

 

 

Fig. 4. The path of the test route used in the emissions test during real 

operating conditions (map created using GPS Visualizer [14]) 
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The developed test route includes the sub-

urban conditions, as well as the agglomeration 

center of the city, also using roads with speed 

limits above 50 km/h. The test route starting 

point was located in Bolechowo, it then led to 

the Poznan city center and ended in its north-

ern part – the total distance of the route was 

72.4 km. This considerable route length was 

driven by the need to obtain the minimum 

work value which had to be obtained during 

the test drive for the measurements to be valid 

according to [9] (at least five times the value 

obtained in the dynamic type approval engine 

test). The maximum relative elevation differ-

ence was 54 m, and the maximum slope did 

not exceed 5.2%. These factors had a direct 

impact on the values of the instantaneous and average ve-

locity, the acceleration and the downtime of the vehicles 

tested. 

4. Research results 

4.1. Analysis of the vehicle and engine operating  

conditions 

For research purposes the specific emission of gaseous 

exhaust components: CO, THC and NOx have been deter-

mined and compared to the EU Regulation 582/2011 [9], 

which refers to a group of heavy vehicles with Euro VI 

emission category. This allows checking whether the results 

obtained by this method correspond to the results obtained 

from all the data recorded during the test. It should be not-

ed, however, that the test vehicle did not meet the Euro VI 

standard, and therefore, it was necessary to adopt some 

assumptions for the performed test procedure. The analysis 

was performed according to the previously described meth-

ods: using measurement windows defined using reference 

work measurements. The second method algorithm was not 

used, because the total weight of CO2 produced by the 

combustion engines of the vehicles from laboratory tests 

was not known. Furthermore, the calculated results were 

referenced not only to the WHTC test, but also the ETC 

test. The presented discussion only refers to buses equipped 

with a hybrid drive, because the operating conditions of the 

combustion engine in such drives were the most relia-

ble in terms of determining the measuring windows. 

During the development of the test route it was as-

sumed that it would consist of roads with an urban 

and non-urban character, ones with a sufficient possi-

bility of obtaining an adequate vehicle speed (above 

50 km/h, i.e. 13.89 m/s). However, the performed 

road tests have failed to meet the condition described 

in [9] regarding the shares of time driven in each type 

of road. To make the measurement compliant with the 

standard, it was necessary to achieve speed shares for 

the urban conditions of 70% and non-urban 30% with 

an accuracy of ±5%, whereas the performed test pro-

vided shares of 95.2% and 4.8% respectively. The 

resulting average speed value of the recorded drive 

(Fig. 5) was 7.26 m/s, and was most similar in this 

respect to the standardized non-urban test SORT 3 

(7.31 m/s). This was primarily the result of local road 

conditions and congestion. Analyzing the current structure 

of roads in the Poznan agglomeration and its surrounding 

areas, it is difficult to unambiguously determine the route, 

which would meet the requirements of the existing stand-

ard. The use of highway section for the measurements 

would increase the share of non-urban speed, but this would 

conflict with the idea of reflecting the city buses operating 

conditions in everyday use. 

Based on the operating parameters recorded by the CAN 

diagnostic system, it was calculated that the total work in 

the test cycle performed by the internal combustion engine 

was 160.4 kW·h. This value meets the requirements of the 

Regulation 582/2011, because it is close to nine times 

greater than in the WHTC test (legislation requires it to be 

at least five times greater). With regard to the dynamic ETC 

test for Euro V, taken into account for the needs of the 

research, the obtained results were more than five times 

greater. Characterization of the combustion engine and the 

cooperation with hybrid drive elements caused the resulting 

distribution of operating points had a specific pattern – 

increased density of measurement points can be seen for 

specific crankshaft speed values (Fig. 6). Maximum torque 

(1000 N·m) occurred in a limited speed range of 1600 and 

1700 rpm, while for the interval of 2000 and 2100 rpm the 

highest torque value reached about 950 N·m. 
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4.2. Assessment of specific emissions  

in the measurement windows in the whole test route 

Determination of parameters of the measuring windows 

in relation to the engine work shown in Figure 7. The de-

termined values of specific emissions of gaseous exhaust 

components show that the values obtained in the context of 

EU Regulation 582/2011 are lower than during the entire 

measurement cycle (Fig. 8).  

 

Due to the nature of urban traffic it is difficult to get a 

50% share of the valid measurement windows, while main-

taining the condition to get 20% of the Nemax value (Fig. 7). 

For this reason, it was necessary to decrease the value by 

1% in accordance with the procedure described in [9]. In 

terms of ETC test the ability to assess the pollution generat-

ed for an average power measurement window of 17% 

Nemax (35.5 kW), whereas while referring to the WHTC the 

accepted windows had to be 18% of Nemax (37.6 kW). In the 

current dynamic type approval test there is less load 

on the engine and therefore the total work it gener-

ates is also smaller, which has a beneficial effect on 

the ability to determine the measurement intervals. 

It should also be noted that the engine used in the 

hybrid bus operated in the idle range to a lesser 

extent, and therefore the calculation of the average 

power of measurement windows it provides the best 

solution. In contrast, for a conventional drive, 

where the engine parameters are largely dependent 

on the conditions of vehicle movement it is more 

difficult, and sometimes impossible, due to the 

greater share of operating time in the area of small-

est load and speed resulting from the characteristics 

of urban operation and visiting bus stops. 

As required by [9] the research measurements 

were performed continuously and the complete 

collection of recorded data was used for the analy-

sis. For the purposes of this research, the conformi-

ty factor was determined for the bus, while the 

calculations using the formula (4) were referred to 

the Euro V–EEV standard, as that was the standard 

used for the type approval of the tested vehicle. The 

averaged results for subsequent harmful exhaust gas 

components were: CFCO = 0.45, CFTHC = 0.4 and 

CFNOx = 2.16. For CO and THC over 90% of the 

obtained results had values of less than 1.5; while 

for NOx only 32.4% of the windows measured met 

this condition. The internal combustion engine’s 

operating parameters were favorable for use with 

the measuring windows because the engine was idle 

for a very limited amount of time. The lowest emis-

sion rates were achieved in the windows defined 

based on a WHTC test, which was the result of their 

shorter duration. 

5. Conclusions 
The operating conditions of city buses are spe-

cific due to the nature of the realized transport 

route, the line load and the number of stops on the 

route, and these parameters have a direct impact on 

the operating conditions of the drive systems used 

in the vehicles. Research pilot programs are current-

ly conducted worldwide, and laws are introduced 

that codify the research of vehicle emissions in real 

operating conditions. The article presents a study of 

a hybrid city bus in light of the current legal rules 

on the operating compatibility – EU Regulation 

582/2011. Due to the characteristics of the vehicles 

used for the research the following assumptions 

were made when analyzing the research results: the 

obtained values were compared to emission stand-
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ards as well as the currently enforced Euro V–EEV tests. 

The results of this research indicate that the conformity 

factors CF obtained using the moving measuring windows 

method are different (the emission of pollutants is smaller) 

than for the whole test cycle. Moreover, based on the as-

sumptions made for the measurements procedures, it can be 

stated that the assessment of the operational compatibility is 

often impossible to carry out for urban buses, due to the 

time requirements involving non-urban drive share. 
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Nomenclature 

CF conformity factor 

e emission of harmful exhaust components  

EEV enhanced environmentally friendly vehicle 

ELR European Load Response 

ESC European Stationary Cycle 

ETC European Transient Cycle 

FID flame ionization detector 

GPS global positioning system 

HDV heavy-duty vehicle 

LAN local area network 

Lj permissible emission of pollutants j in WHTC test 

m mass 

NDIR non-dispersive infrared 

NDUV non-dispersive ultraviolet 

Ne combustion engine power output 

PEMS portable emission measurement system 

RDE real driving emissions 

SORT standarised on-road tests  

W combustion engine work 

WHSC World Harmonized Stationary Cycle 

WHTC World Harmonized Transient Cycle 
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Analysis of the possibilities to achieve adiabatization process of combustion  

surrounded by inactive gases in Rapid Compression Machine 
  

In this work non-combustible gases impact on combustion processes studies is performed. Research was performed in a optically 

accessible rapid compression machine (RCM) under spark ignition engine conditions. The distribution of the swirl charge in the relation 

to adopted for analysis sequence of gas delivery to the chamber was varied with regard to the main injection. Authors investigate the 

influence of these sequence on the combustion and the ignition delay of the main injection and the overall combustion characteristics. 

The aim of this work is the experimental recognition of possibilities of creating combustible mixtures of light hydrocarbon fuels 

surrounded by non-combustible gases affecting the function of the inhibitor. Specifying the ability of preparation and combustion of 

mixtures in such systems enables the scientific analysis of adiabatization of the combustion process of fuel-air mixtures in the operating 

chambers. Theoretical analysis of the issues indicates possibility of obtaining such a stratification of the charge, that the inactive exhaust 

gases creating the outer ring surround the combustible mixture inside in such a way as to reduce the amount of heat exchanged between 

the working medium and the walls of the cylinder. 

Key words: exhaust gas recirculation, inactive gases, combustion fuels 

 

 

1. Introduction 
The selected problem of assessing the emergence and 

spread of flame is critical for the search of new opportuni-

ties to reduce toxic emissions in spark ignition internal 

combustion engines [1, 2, 6]. The proposed system is asso-

ciated with a reduction in the energy indicators, however, 

due to the nature of the combustion and the advantage in 

the form of lack of heat loss in exchange with the cylinder 

walls, investigation of the subject is justified. In order to 

improve the efficiency of combustion engines the proper 

preparation of the combustible mixture in the cylinder 

chamber is very important. Suitable conditioning of the 

combustion process may allow a fuel consumption reduc-

tion. One of the methods that can be used to achieve those 

demands is to use recirculated exhaust gas in order to intro-

duce a controlled volume of non-combustible gases into the 

cylinder [6, 9].  

In contrast to the classic solutions currently used in en-

gines, the arrangement shown involves supplying the non-

flammable gases in a strictly defined manner. Paper [10] 

describes the possibilities of stratification of fuel load with 

non-combustible gases (separation of air and exhaust gas) 

which influenced the Authors to choose the described com-

bustion system concept. Different options for such a strati-

fication is shown in Fig. 1. Stratification can be divided into 

longitudal (from the left), axial, and radial. Radial stratifica-

tion (Fig. 1c) of the air and exhaust gases is the most suita-

ble choice, from the point of view of the compression 

stroke, in terms of maintaining the stratification during 

piston movement. The interior region of the fuel-air mixture 

is encased in the exhaust gas region. Both of these regions 

are coaxial in the cylinder, and therefore the compression 

stroke should not disturb the load stratification (the separa-

tion of injected air and exhaust gas). In addition, if the 

angular momenta of the loads are be kept during the com-

pression stroke then a mass of air and exhaust gas swirling 

in the same direction will result in a much longer lasting 

stratification of the mixtures at the end of the compression 

stroke. 

 

Fig. 1. Gases stratification modes: a) lateral, b) axial, c) radial [10] 

 

The Authors performed simulations using the AVL Fire 

software preceding the experimental studies [5]. The results 

of these studies on different strategies to introduce gases 

into the combustion chamber were considered for possible 

initiation and control of the combustion process. In the 

analyzed cases, the aim was to achieve a strong wall guided 

flow, thus the calculations used the k-ξ-f model developed 

by Hanjalica et al. [7]. The summary of the article is a 

choice of strategy of exhaust gas supply into the engine 

cylinder.  

 

 

Fig. 2. Spatial distribution of the current lines during the sequence used in 

the study [5] 

 

This article is a further research step taken by the Au-

thors towards adapting the results of the simulation on a 

single cycle machine. 
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2. Research methodology 
The test stand with a Rapid Compression Machine imi-

tates the working conditions of the internal combustion 

engine with spark ignition, direct injection, and has been 

adapted to the needs of this research. Test stand parameters 

are shown in Table 1.  

 
Table 1. Characteristic of RCM [8] 

Quantity Value 

Stroke 89 mm 

Bore 80 mm 

Volume of combustion 

chamber 
55 cm3 

Method of delivery 

non-combustible gases 
solenoid valves 

Compresion ratio 11 

Type of combustion 

chamber 

hemispherical chamber in the head + cham-

ber in the piston 

Optical access 
from the bottom of the combustion chamber, 

quartz glass φ50 mm arranged in the piston 

 

The adaptation of RCM, previously used by the Authors 

to study the dynamic [4] and optical processes, was to de-

sign an appropriate system implementing the injection of 

combustible and non-combustible gases into the combus-

tion chamber (Fig. 3).  

 

 

Fig. 3. Modified ring of RCM 

 

 

The 3D model of the test stand with the elements neces-

sary to carry out tests is shown in Fig. 4. In order to achieve 

a radial load stratification intake channels were added on 

the RCM periphery that fed non-combustible gases, con-

trolled using solenoid valves, tangentially to the cylinder 

axis (13). Technical carbon dioxide was used as a non-

combustible gas (9) with a purity of 99.95% by volume. 

The Rapid Compression Machine (8) operation is con-

trolled using a sequencer (1, 2). An additional valve mount-

ed in the head (12) is responsible for providing air in the 

spark plug area. In the first stage of the research presented 

in this article an outward-opening piezoelectric injector 

Siemens VDO (11) was located at the central point of the 

engine head. Spark plug (10) with the built in pressure 

sensor AVL GH13Z-31 is arranged in such a way that the 

formation and ignition of loads in RCM were carried out 

based on the spray guided combustion principle. 

The elements used to perform tests on the present stand 

is: 

– the high-speed camera (6) by LaVision, taking pictures 

with frequency of 5 kHz, 

– piston displacement sensor – contactless potentiometric 

displacement sensor – Megatron LSR 150 ST R5k, 

– the system for acquisition of measurements of fast-

varying signals AVL IndiModul (4). 

The obtained results: indicated (3) and optically meas-

ured (5) were processed using the following programs: 

AVL Concerto V4.5 and DaVis 7.2. The test results were 

compared with each other in relation to the recorded time. 

3. Thermodynamic indexes of combustion process  
A preliminary analysis of the impact of non-combustible 

gas injection into the combustion chamber is made on the 

basis of the indicated pressure registered in the combustion 

chamber. The system response has been shown in the form 

of the combustion process delay and a reduced increase of 

the maximum combustion pressure (Fig. 5). 

 

 

Fig. 4. Three-dimensional view of the measurement stand of Rapid Compression Machine 
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Fig. 5. The results of the measurements of the combustion pressure 

 

In the arrangement without providing a non-combustible 

gas into the chamber, which serves as reference in studies, 

the maximum combustion pressure of 31.5 bar was ac-

quired occurring within 93.6 ms after the piston movement 

began. Providing non-flammable gases into the combustion 

chamber in a selected sequence resulted in a delay of pres-

sure increase of 11.8 ms and a reduction in the maximum 

pressure. Because of the previously cited articles, which 

demonstrated both the repeatability of RCM operation in 

the analysis of indicated parameters [4] and optical pro-

cesses [3], the analysis covers two representative runs in 

which one is a reference run, and the second shows the 

effect of the proposed modifications. Figure 6 shows the 

heat release rate.  

 

 

Fig. 6. Heat release rate 

 

In this context, the fuel injection and combustion with-

out the presence of non-combustible gases results in a large 

heat release rate with a maximum value of 183 J/ms. Using 

the load with recirculated exhaust gases strategy causes the 

combustion to be delayed significantly resulting in a far 

lower rate of heat release. Its maximum value is 41 J/ms, 

which is only 22% of the reference value. 

 

4. Optical analysis of the combustion process 
Optical test consisted of visual recording the combus-

tion process in the RCM with a frequency of 5 kHz. In 

order to specify the area the flame takes up during combus-

tion in a given system the recorded data was subject to 

digital processing consisting of: (1) defining the viewing 

window area mask and (2) counting the pixels whose radia-

tion intensity was higher than the background noise. Then, 

by registering the triggered discharge on the spark plug, it 

was possible to determine a common time baseline for the 

indicator and optical research results (synchronization). 

Figure 7 shows the areas occupied by the flame in subse-

quent measurement attempts. Three functions relate to the 

classic combustion system without a supply of non-

combustible gases and are marked in the article with the 

color blue, while the measurements using the supply system 

with non-combustible gases have been marked in red. The 

results of the calculated areas occupied by the flame have 

been again juxtaposed with pressure changes in the cham-

ber. The results thus illustrate a direct correlation between 

the recorded test results of indicated pressure and the opti-

cal two-dimensional (flat) recording of the flame.  

The reference measurements recorded a sharp flame 

size increase in the chamber, covering on average almost 

100% of the viewing window located in the RCM piston. In 

this configuration, the flame is maintained for a long time 

in the whole viewing window, which indicates the long 

post-combustion process.  

 

 

Fig. 7. The flame area in the combustion chamber with marked average 

times (indicated by black vertical bars) of the recorded maximum values 

 

The supply of non-combustible gases into the combus-

tion chamber resulted in the suppression of growth of both 

the intensity of the flame and its accumulation in the central 

part of the cylinder. In this case, the maximum area occu-

pied by the flame reached 50 to 87% of the viewing win-

dow size. This indicates that the research concept has been 

reached and the flame was isolated from the cylinder walls.  

Due to the extensive amount of data obtained in the 

course of this research further presentation of the results of 

optical tests in this article is limited to representative indi-

vidual measuring points. Figure 8 displays the sequences of 

images of the flame development from the start of the igni-

tion. Since the process was filmed with a frequency of 5 
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kHz, the time interval between images was 0.2 ms. In order 

to present the main features of the whole combustion pro-

cess the chosen time interval between images shown in Fig. 

8 is 2 ms. Comparison of the image timing and indicated 

test values made it possible to determine the flame image 

(in pictures) corresponding to the value Pmax for a given 

measurement point. These pictures are marked with circles. 

The analysis of reference measurement images (left) re-

veals a sharp increase in pressure without the load motion 

and post-combustion flame around the cylinder walls. 

The sequence of images of the combustion measure-

ment in the vicinity of non-combustible gases (Fig. 8; right 

side) shows the development of the flame in the center of 

the cylinder. In addition, the flame is suppressed, and in 

contrast to the reference measurement, no long post-

combustion near the cylinder walls was observed. Due to 

the design of the engine head, where the spark plug is lo-

cated on the side, a clear swirling of the flames from the 

ignition point was observed, which corresponded to the 

turbulence created by the injection of carbon dioxide. 

 

 

Fig. 8. A comparison of combustion: on the left – a reference measurement, on the right – measurement along with the injection of carbon dioxide 

 

5. Summary 
The assumed achievement of radial stratification, allow-

ing the separation of the load in the combustion chamber in 

the spark ignition engine with direct petrol injection has 

been completed. The test results indicate that the flame 

access to the cylinder walls was limited. The resulting re-

duction in flame area ranged from 13% to 50% (for the four 

repeated tests of the combustion process). The proposed 

system is essential for carrying out further analyzes of the 

injection sequence effect, and to further develop the con-

cept. In future projects, the Authors expect to use an engine 

head with a centrally positioned spark plug. This configura-

tion will allow for better flame accumulation inside the 

cylinder volume. 
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AF area of flame 

EGR exhaust gas recirculation 

CO2 carbon dioxide 

dQ heat release rate 

Pcyl cylinder pressure 

Pmax maximum cylinder pressure 

RCM rapid compression machine 
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Laboratory station for research of the innovative dry method of exhaust gas  

desulfurization for an engine powered with residual fuel 
 

Development of technology for exhaust gas desulfurization in marine engines using the dry method is, nowadays, a priority due to 

the calendar of introducing restrictions by the Directive of the European Parliament and of the Council 2012/33/EU of 21 November 

2012. According to this directive, starting from 1 January 2015, inside the SECA (Sulphur Emission Control Area) the maximum sulfur 

content of marine fuels used on territorial seas is 0.1% per weight unit. But at the same time the directive allows for the use of exhaust 

gas desulfurization plant operating in a closed system. The ship equipped with the system will be able to use fuels with a high sulfur 

content, which will then be removed from the exhaust gas through an applied adsorber, and the reacted adsorbent is received by 

specialized services stationed in harbors. The International Maritime Organization has set a limit value of the emissions of sulfur oxides 

in exhaust gases of marine engines at 6 g/kWh (International Convention for the Prevention of Sea Pollution from Ships MARPOL 73/78 

Annex VI, Regulation 14). 

Contemporary methods of exhaust gas desulfurization in marine engines are all expensive methods (4-5 million euro). This is, among 

other reasons, due to the limited market audience, but primarily due to the monop-olized position of manufacturers offering fabrication 

and assembly of this type of marine ship installations. Proposed as part of a research project financed by the Regional Fund for 

Environmental Protection and Maritime Economy in Gdansk, the dry method (adsorption) reducing SOx emissions in exhaust gases of 

marine engines, is an alternative, and a definitely cheaper and therefore competitive solution, compared to the wet methods (absorption), 

which are currently the most widely used in marine scrubber installations. Importantly, as confirmed by the results of the study, the 

proposed dry method, in addition to the effective reduction of sulfur oxides, also reduces emissions of nitrogen oxides and carbon 

monoxide. 

The paper presents the configuration and measurement capabilities of the test station built under the project, as well as the 

representative results of the investigations so far. During the exhaust gas desulfurization test a sodium adsorbent (sodium bicarbonate) 

and its modifications were used in the process of mechanical, chemical, and thermal activation. Two physicochemical processes were 

studied during the development of the method: 

• of adsorbent’s reaction on the chemical emission of the exhaust gas – the effectiveness of SOx and NOx compound removal, with 

various structural solutions in the process reactor, 

• the impact of the adsorber on the emission source of sulfur oxides, that is, on the compression-ignition engine. 

Therefore, one of the priorities of the project, with a utilitarian significance, was to determine the impact of the inclusion of the 

desulfurization installation in the exhaust gas system on the energy ratios of the engine. 

Key words: compression-ignition engine, desulfurization of exhaust gas, dry method 

 

 

1. Introduction 

Maritime transport is an essential element of the func-

tioning and development of many sectors of economy in the 

world. It plays a major role in international trade and the 

transport of people. Ships transport more than 2/3 of the 

goods traded in the world. However, there exists the prob-

lem of air pollution caused by vessels that burn shipping 

fuel. High sulfur emissions originating from the combustion 

of heavy oil on watercraft contributes heavily to air pollu-

tion at sea and areas of port cities. This causes environmen-

tal damage in the form of acid rain and affects human 

health. As a result, the European Union is trying to fight the 

above issue by introducing new rules on the allowable 

limits for sulfur content in the fuel. It decrees the combus-

tion of fuels with very low sulfur content, or alternatively, 

the use of exhaust gas desulfurization installations that 

meets the established requirements. EU, to meet this prob-

lem, issued a Directive of the European Parliament and of 

the Council 2012/33/EU of 21 November 2012, on sulfur 

content of fuels, which is the consequence of the Interna-

tional Convention for the Prevention of Pollution from 

Ships MARPOL 73/78 (Annex VI), signed and ratified by 

its Member States, where it was established that [7, 8]: 

1. Inside the territory of SECA (Sulphur Emission Control 

Area), the maximum content of sulfur  in shipping fuels 

used on the territorial seas is, as of January 1st, 2015, 

0.1% per weight unit, 

2. Outside of SECA territory, the maximum content of 

sulfur in shipping fuels is, as of January 1st, 2020, 0.5% 

per weight unit. 

Of course, the cited directive is an attempt to reduce the 

environmental damage in the form of acid rains and the 

impact on human health, resulted from the high emission of 

sulfur coming from the combustion of residual fuel on 

vessels, which is largely responsible for the air pollution at 

sea and areas of port cities. The effect of the directive 

seems to be incommensurate, as it does not drastically in-

fluence the countries situated around the North Sea as it 

does the ones around the Baltic Sea. Baltic Sea, according 

to the above legislation, is treated as an inland sea, which is 

a special SECA area. At the current price difference be-

tween fuels with low sulfurization and the heavy fuel oil, 

which is about 70-80% in favor of the heavy fuel, the usage 

of fuel with low sulfurization does not have an economic 

justification and it can conceivably lead to changing the sea 

trade routes to avoid the SECA territories [8].  
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Of course there exist alternative solutions to this prob-

lem. In accordance with the directive 2012/33/EU, there is a 

possibility of using a exhaust gas desulfurization installa-

tion in a closed system. The ship equipped with such an 

installation will be able to use fuels with a high sulfur con-

tent, which will then be removed from the exhaust by the 

applied absorber, and the generated reacting sorbent will be 

collected by specialized services located in harbors. Cur-

rently on the market there is equipment supplied with 

scrubbing installations, which absorb the pollution from a 

gas mixture. However, the cost of such an installation is 

very high, ranging between 4-5 million Euro. In addition, 

the use of scrubbers is also associated with significant oper-

ating costs connected to frequent exchanges of the sulfur 

absorbent agent, as well as, while using the wet method, the 

machinery needs to be equipped with complex water instal-

lations, which not only have a significant energy require-

ments, but also considerably reduce the cargo holding ca-

pacity of the ship, limiting its viability to large vessels only. 

An alternative to the wet methods (absorption) of ex-

haust gas desulfurization are the dry methods (adsorption), 

which have found common use in power industry, in the 

combustion of solid fuels, and they are based on the chemi-

cal binding of SO2 in a system: polluted gas – solid 

(sorbent). In the dry method, the adsorbent is directly in-

jected into the flue or the combustion chamber, where it 

reacts with the acidic byproducts of the process. In the case 

of marine uses, the dry desulfurization technology is being 

developed in a few European institutes, among which the 

most influential results have been achieved by the 2006 

TEFLES project (Technologies and Scenarios for Low 

Emissions Shipping) [7]. As per the analysis of available 

sources, the leading role in this study, completed with pilot 

implementations on board, is held by COUPLE SYSTEMS 

GmbH, which is a company that developed the original 

design of the installation marked DryEGCS (Dry Exhaust 

Gas Cleaning System) and the only one currently offering a 

product ready for installation on board of a ship [6]. In the 

presented solution, the desulfurization process is based on 

the chemisorption phenomenon, in which the adsorbent is a 

calcium hydroxide based substance, which, in a reaction 

with SO2, creates calcium sulfate (gypsum) and water. The 

used sorbent requires relatively high temperatures, which 

have a significant impact on the increase of sorptive capaci-

ty of calcium hydroxide. 

In the solution proposed by the authors of the paper, so-

dium bicarbonate serves as the sorbent. The main advantage 

of using a sodium sorbent containing sodium bicarbonate is 

its exceptional sorption capacity to SO2 and other acidic 

pollutants of HCl and HF types, present in the gaseous 

products of fuel combustion. It also shows some capacity 

for removing nitric oxides, depending on the applied chem-

ical modifiers. Sodium sorbents are characterized by their 

high reactivity in considerably lower temperatures (140 – 

300°C) compared to other sorbents, e.g.: calcium (800°C). 

It has a substantial impact on the ability to use sodium 

sorbents for the reduction of gas pollution in installations 

with a direct injection of sorbent into the exhaust gas 

stream of a low temperature. A very high reduction effi-

ciency of gaseous pollutants by the sodium sorbent results 

in using a smaller amount of the adsorbent agent and of 

after-reaction waste, thus reducing costs for both the 

transport and processing of sorption products [5].  

2. The test station 
An alternative method for limiting the sulfur emission 

into the atmosphere, possible to use on marine ships, is the 

process of chemisorption using an agent binding this type 

of pollutants. The process of dry cleaning the gas exhaust 

emitted by the marine ship engines proposed by the authors 

does not require an advanced installation, as it does not 

provide for the circulation of streams, commonly used in 

the wet methods. Suggested sorbent, in form of a syntheti-

cally made sodium bicarbonate (NaHCO3) has the ability to 

bind acidic pollutants present in the gaseous products of 

fuel combustion into salts which have an industrial applica-

tion. During a thermal dissolution, carbon dioxide and wa-

ter are released from it, as shown in the reaction: 

 NaHCO3 → Na2CO3 + H2O↑ + CO2↑           (1) 

Crude, as well as pure sodium bicarbonate are produced 

by Soda Polska Ciech company, in Inowrocław. Sodium 

bicarbonate (trade name), also called the sodium hydrogen 

carbonate or, colloquially, bicarb, is a white, dry, fine crys-

talline powder. The molecular weight of this product is 

84.02 and its density at 20°C ranges from 2.16 to 2.22 

g/cm
3
. 

Increasing the activation of sodium bicarbonate is done 

by reducing the amount of water in its mass, which is 

achieved by drying in the temperature range of 50-60°C. 

Within these temperatures, bicarb doesn’t undergo a disso-

lution into sodium carbonate and water, while the reduction 

of mass is similar and related to an insignificant loss of 

ammonium compounds. Another way of activating sodium 

bicarbonate is the mechanical activation where the diameter 

of the powder grains is reduced, making its reactivity 

higher. Currently used is the grinding of sodium 

bicarbonate in various types of mills: impact, antijet or 

electromagnetic. Grinding the grains of the adsorbent 

results also in changes of the specific surface structure. 

Depending on the employed method of activation, the spe-

cific surface increases as much as tenfold in relation to the 

base value [5].  

The created porous structure of the adsorbent grains has 

a large specific surface, located inside of the microstruc-

tures of the dissolved sodium carboxide, which is the result 

of reducing the molar volume of sodium bicarbonate. The 

creation of a large specific surface of an adsorbent contrib-

utes to increasing its sorption capacity and as such, the 

adsorption of a larger amount of SO2 from the waste gases. 

Thus, while analyzing the sorption capacity of sodium 

bicarbonate it should be noted that it depends on the follow-

ing: 

• degree of dryness (water content), 

• grammature of particles, 

• specific surface of particles. 

In addition to these factors, the contact time of the ad-

sorbent with hot exhaust gases, that is the residence time of 

particles of sodium bicarbonate in the reactor chamber, 

seems equally as important. This time can be regulated 

depending on the method of feeding the adsorbent into the 
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reactor chamber, by a right selection of the chamber height 

or through a choice of speed with which the exhaust flows 

through the reactor chamber. 

While designing the test station it was decided that two 

methods of feeding the adsorbent will be used (Fig. 1):  

• through atomization inside the chamber and its gravita-

tional fall, 

• through the application of a fluidized bed. 

 

 
Fig. 1. The concept of the reactor structure: a) counter-current reactor,  

b) fluidized bed reactor 

 

In the first case, while using the counter-current reactor, 

the time of the adsorbent’s contact with the hot exhaust 

gases is essential for the optimal selection of the amount of 

the adsorbent being fed into the chamber. At the gravita-

tional fall of the bicarbonate particles, except for their 

grammage (the diameter of the sodium bicarbonate particles 

ranges between 1 to 450 um, while the average diameter of 

these particles is around 140-150 um), an aerodynamic 

sedimentation will take place. This event will depend main-

ly on the specific surface of the adsorbent particles.  

It can be assumed with a high probability that the nature 

of the fall, for both the gravitational and aerodynamic sedi-

mentation, will proceed according to the normal schedule. 

The volatility of the aforementioned parameters of the adsor-

bent, that is, its grammage and the specific surface of its 

particles, is rather limited and as such the duration of the 

adsorbent’s contact with the exhaust gases was decided to be 

regulated by lengthening of the path of its fall. For this rea-

son, a double reactor blanket was suggested, which would 

allow a fluid increase of its length (height), and as such, 

lengthen the path and time of the fall of the adsorbent [1].  

In case of using a reactor with a fluidized bed, it is es-

sential to make the right selection of exhaust flow through 

the reactor, so that the conditions of a fluidized balance of 

adsorbent suspension would occur inside of the exhaust 

flow. Considering the limited capabilities for regulating the 

intensity of exhaust of the test engine, it was decided that a 

fan will be placed behind the reactor. Such placement is a 

result of the restrictions placed by the MARPOL conven-

tion and the ISO-8178 regulation [3, 4]. 

In accordance with these documents, it is prohibited to 

dilute fuel before the exhaust extraction point used for 

analyses.  

For a correct conduct of a laboratory station, it is neces-

sary to measure the following parameters: 

• exhaust pressure before the reactor, 

• exhaust pressure behind the reactor, 

• exhaust pressure behind the filter, 

• exhaust temperature inside of the exhaust manifold 

(behind the engine), 

• exhaust temperature behind the exhaust heater, 

• exhaust temperature behind the reactor, 

• the concentration of toxic compounds inside of the 

exhaust manifold (behind the engine), 

• the concentration of toxic compounds behind the reac-

tor. 

In addition to the above mentioned parameters, also re-

alized is a measurement of the flow intensity of exhaust gas 

by measuring the volumetric air flow rate through the en-

gine and measuring the volumetric fuel consumption. 

Below is presented the measuring configuration of the 

laboratory station, which allows for the determining of 

emission values of basic exhaust components, in agreement 

with the ISO-8178 regulation, based on the E-3 and D-2 

tests, which are intended for marine ship engines used ac-

cording to the full-load and propeller characteristics [8]. It 

is also possible to conduct research in the broad scope of 

input parameter changes, both during set work conditions 

and during transient states. The overview of the station is 

shown in Fig. 2.  

 

 
Fig. 2. An overview of the exhaust gas desulfurization station using the dry 

method 

 

Considering the low power of the test engine powering 

the reactor (used was a single cylinder Farymann Diesel 

type D, with power of 6.9 kW), and therefore the small 

stream of exhaust and a high, compared to the employed 

engine, reactor volume, it was necessary to use an exhaust 

heater which would negate any heat loss. At first, the heat 
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loss was significant and it lead to decreasing the dew point 

which, in turn, resulted in the hydration phenomenon, thus 

reducing the sulfur oxide concentration before it reached 

the reactor chamber and which intensified the low tempera-

ture corrosion processes. Of course, considering the goal of 

the research, it was essential to keep a relatively high con-

centration of SO2. Using the exhaust heater allowed the 

exhaust to stay at a temperature oscillating around 120°C. 

Aside from the heater, it was decided that thermal isolation 

made out of mineral wool would be used, which resulted in 

raising the exhaust temperature by another 20°C. 

3. Initial research using the dry method of exhaust 

desulfurization 
As mentioned before, the reactor station of the dry 

method of desulfurization cooperated with a single cylinder 

diesel engine Farymann type D, which was powered by fuel 

with an increased sulfur content. 

The measurement of toxic compound concentration in 

the exhaust was conducted using an electrochemical ex-

haust analyzer KIGAZ 300 PRO made by Kimo company. 

In Figure 3, the placement of the sampling probe of the 

exhaust analyzer in the head of the reactor is shown [3, 4]. 

 

 

Fig. 3. A more detailed view of the head of the gravitational reactor 

 

Research was conducted for two methods of feeding 

sorbent into the reactor: 

• using a fixed bed with a limited fluidization phenome-

non, 

• through atomizing the sorbent inside of the reactor. 

With the former method of feeding the reactor, a layer 

of around 10 mm of sorbent was laid on a grate installed 

inside of the reactor, which evenly covered the entire cross-

section of the flue. This placement of sorbent forced a per-

pendicular flow of the exhaust stream through its layer. 

Considering the low speed of exhaust gases, the bed laid on 

the grate showed the qualities of a moving bed, characteris-

tic of the initial stages of fluidized bed creation, when its 

surface undergoes loosening due to the passage of exhaust 

through it. After starting up the engine it was possible to 

note a brief, sudden increase in SO2 concentration, after 

which the sulfur oxide concentration held for around 10 

seconds before decreasing again and stabilizing at around 

40 ppm. Increasing the thickness of the sorbent layer to 

around 20 mm resulted in a similar course of events, i.e. 

after about 10 seconds from the concentration extreme 

caused by starting up the engine, a decrease took place 

equal to the error value of the measurement noise of the 

analyzer. This value is maintained for around two hours, 

after which it gradually rose along with the decrease of 

sorptive abilities of the sodium bicarbonate. Figure 4 shows 

the initial effect of the reducing action of the sorbent for a 

bed thickness of 10 mm (bed 1) and for a bed thickness of 

20mm (bed 2). 

 

 

Fig. 4. Changes of sulfur dioxide concentrations while supplying the 

sorbent of a fixed bed 

 

The latter method of feeding the sorbent was its atomi-

zation inside of the reactor chamber. In order to define the 

effectiveness of exhaust desulfurization using the dry meth-

od, an experiment was held for three settings of the valve 

controlling the output of the sorbent. Thus, the output of the 

sorbent was regulated by throttling the control valve at a set 

pressure (around 0.9 bar) of air supply. The degree of throt-

tling was unambiguously defined through the measurement 

of the core height along with the wheel above the valve 

frame. Three settings were assumed, i.e.: ¾, ½ and ¼ of a 

core valve stroke. Additionally, in order to define the de-

gree of exhaust stream dilution by the air supply and thus 

its impact on concentration values of particular toxic com-

pounds, including of course the impact on sulfur oxides, the 

reactor column was fed only with air supply for the ¾ 

stroke setting. The view of the valve is shown in Fig. 5. 

 

 

Fig. 5. View of the valve regulating the output of sorbent 

 

The dilution degree is an essential value for at least two 

reasons. Firstly, as mentioned before, ISO-8178 regulation 
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and the MARPOL convention prohibit the dilution of ex-

haust has before the point of their extraction for analysis. 

Secondly, the dilution of exhaust with air supply can yield 

apparent indications, which lead to faulty conclusions. 

Analysis results are presented in Fig. 6. 

 

 

Fig. 6. Changes in concentrations of sulfur oxide with sorbent supply, 

where: 0.025S; 0.5S; 0.75S – degree of  opening of the control valve; air 

0.75S – air supply to the reactor at an opening of 0.75 valve stroke 

 

In the case of sulfur oxide SO2, the impact of exhaust 

stream dilution is not as sizeable, however, it is still vital 

and cannot be ignored (Fig. 6). After around 15 seconds of 

feeding air supply into the reactor column, a significant 

decrease in SO2 concentration can be noticed.  

The intensity of lowering the concentration, in compari-

son to the initial stage of the research is paradoxically high-

er (in an analogous example, concentration stabilization 

time was longer and amounted to around 15 seconds). After 

about another 10 seconds, concentration of SO2 stabilizes 

and maintains level. At a valve throttle of ¾ of core stroke, 

lowering the concentration equals about 8–10 ppm, which 

comes to, respectively, 12–15% of the base value. The 

reason for it may be the decreased volume of the reactor 

column (about 60%), and at the same time the increased 

input of air supply into the exhaust stream going through 

the reactor. 

It will also have an impact on the correct distribution of 

sorbent stream inside of the reactor column, and as such, its 

economic utilization. Currently the dose of sorbent is too 

high, which results in accumulation of unworked sorbent on 

the reactor walls, which in consequence changes the re-

sistance of flow of the exhaust through the reactor, increas-

ing the heat load of the engine. The influence of variable 

quantities of supplied sorbent on its reduction capacity are 

the most visible in case of SO2. It seems to be obvious as 

sodium bicarbonate serves mainly as sulfur oxide reduction 

agent. 

While analyzing Fig. 6, it can be noted that along with 

the increase of sorbent stream (the measurement is the de-

gree of the throttle on the control valve), its sorptive capaci-

ty also increases. 

As such, in the case of a valve set to ¼ of its core 

stroke, the reduction capacity is, respectively, 35%, and 

68% for ½ core stroke. In the case of a valve set to ¾ core 

stroke, the SO2 concentration inside of the reactor decreases 

to the level of the measurement noise error, i.e., the value of 

around 6–7 ppm. It constitutes almost 98% of the base 

value. 

The changes of concentration of nitric oxide NOx (Fig. 

7), with the reactor getting air supply are similar (decrease 

in NOx concentration by 15%). It may signify that it also 

has the same dilution characteristics on an exhaust stream 

inside of a reactor. Observing the reduction effect of sodi-

um bicarbonate on the concentration values of nitric oxides 

NOx (Fig. 7) its valuable capacities can be noticed, even 

though they are not as impressive (it should be mentioned 

that for the purposes of the research, a sodium bicarbonate 

with heightened NOx sorptive capacity was used). The 

greatest sorptive capacity was observed for ¾ of core valve 

stroke, but very similar and comparable values were ob-

served for the ¼ stroke and only slightly lower for the ½ 

valve stroke. The sorptive effectiveness for nitric oxides 

amounted to around 22%. 

 

 

Fig. 7. Changes in concentrations of nitric oxides with a sorbent supply, 

where: 0,25S; 0,5S; 0,75S – degree of opening of the control valve; air 

0.75S – air supply to the reactor at an opening of 0.75 valve stroke 

 

Another issue that was analyzed during this research 

was the evaluation of sorptive effectiveness of the bicar-

bonate injected into the reactor. It was possible through 

determining the reaction time of the sorbent on the changes 

in SO2 concentration. Tests were conducted three times and 

they resulted in a relatively significant repeatability. Slight 

differences of sulfur oxide concentration values and time it 

took the concentration to stabilize are most likely caused by 

the minimal differences in the amount of injected sorbent. 

These differences could also be caused by errors in the 

valve adjustment for the control of sorbent input into the 

reactor. A comparison of these timings is shown in a graph-

ic form in Fig. 8.  

With conditions presented in Fig. 8a, the engine was 

loaded with Ne = 0.9 kW. The value of sulfur oxides before 

the sorbent injection oscillates around 40 ppm while after 

its injection, the value decreases to around 14 ppm in a 

comparable time which amounts to 30-40 seconds, while 

for an engine load of Ne = 2.0 kW (Fig. 8b), the initial 

values of concentrations are around 120–140 ppm for SO2 

and decrease, after about 30 seconds, down to a value of 

10–19 ppm. 

Analyzing the changes of concentration values of SO2 it 

should be noted that the nature of these changes is similar. 

The differences are caused by the significantly, by almost 

triple, higher concentrations of SO2. This is because along 

with the shift of the load, the dosage of fuel increases while 

the SOx concentration in the exhaust gas depends almost 
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solely on the amount of consumed fuel. An additional fac-

tor favorable to an increased sulfur oxide concentration is 

the increased combustion temperature, which also depends 

on the power load of the engine.  

 

a)   b) 

 
Fig. 8. Reaction time of the sorbent on SO2 concentration, where: a) Ne =  

= 0.9 kW, b) Ne = 2.0 kW 

 

As such it seems reasonable to come to the conclusion 

that the reactor capacity was largely oversized in relation to 

the size of the test engine used for powering the reactor. 

5. Summary 
Conducted research allowed for reaching the following 

conclusions: 

1. The research confirmed the effectiveness of reduction 

impact of sodium bicarbonate as a sorbent for the reduc-

tion of oxides of not only sulfur, but also nitric oxides.  

2. The suggested dry method is a competitive method 

relative to the wet methods used currently. 

3. The research confirmed the validity of assumptions 

formulated during the creation of the laboratory station 

for testing the innovative dry method for the desulfuri-

zation of exhaust gas produced by a piston engine dur-

ing the combustion of residual fuel.  

4. The obtained results, on the level of quality reaction, are 

encouraging to conduct further research on the quantita-

tive relations of a sorbent on the emission of reviewed 

sulfur, nitric and carbon oxides. 

5. Encouraging is the perspective of research of dynamic 

reactions of bicarbonate sorbents on toxic compounds. 

Learning of the mechanisms of this phenomenon will al-

low the creation of a dynamic control of the sorbent 

output in case of the engine working during transient 

states. Such ability is not available to the wet method 

installations. 

In order to continue with the research, it seems  to be 

imperative  to: 

1. Conduct extensive optimization research, which would 

aim to help select the adequate amount of sorbent, nec-

essary in the reduction of SOx and NOx. For the control 

parameter of the sorbent stream, not only output of the 

control valve should be considered, but also the supply 

pressure and the structure of atomizers. It should allow 

the free shaping of the sorbent stream, depending on the 

needs. 

2. In order to eliminate the dilution of exhaust which could 

appear in result of feeding the reactor with a solvent by 

means of compressed air injection, research should be 

conducted using a gas neutral to the process of cleaning 

the exhaust, e.g.: nitrogen N2 or carbon dioxide CO2. 
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Model of exhaust system of a traction diesel engine with pulse supercharging  

on transient modes 
 

A mathematical model of joint operation of a piston engine with pulse turbine drive, compressor as well as air supply of a diesel 

locomotive is presented in the article. This model in an integral part of the complex engine-generator power unit of a diesel locomotive 

in steady states and transient conditions, developed by the authors.  

The periodic process in the exhaust manifold is represented as two specific characteristic ranges which encompass the process of 

forced exhaust and the scavenging process. The scavenging calculation is carried out jointly with the processes taking place in the inlet 

manifold of the engine, including inlet devices of the locomotive. The process of forced exhaust is calculated separately from the inlet 

processes and doesn`t require usage of empirical coefficients of impulsiveness. Both processes are represented as systems of nonlinear 

algebraic equations describe in the quasi-steady flow of working fluid in the elements of the inlet and exhaust tracts. The gas-dynamic 

calculation of the turbine in the transition process is conducted while taking into account changes in flow angles on the rotor blades. As 

a result of numerical calculation of the a8S22W diesel operational indices in transient modes, a satisfactory compliance of the calculated 

and the experimental results was obtained. 

Key words: diesel engine, locomotive, mathematical model, pulse supercharging, exhaust system, transient process 

 

 

1. Introduction 
The analysis of the operating modes of the diesel engine 

shows that the engine runs on transient mode for  

a considerable part of the operation time.The transient 

modes, accompanying acceleration of the engine, are 

characterized by sharp increasing of fuel supply into the 

cylinder of engine and as a result by a reduction of the air 

excess coefficient λ, reduction of indicated efficiency ηi, 

significant peak temperature increase of exhaust gases Tt, 

incomplete combustion of fuel and other negative effects.  

A lot of such effects are excluded by using pulse super-

charging. 

Experimental studies of an operation of the diesel 

generator with pulse supercharging when momentary 

changes of load showed that the ratio of pressure in the inlet 

manifold Ps to pressure in front of the turbine Pt, is 

practically always larger than one throughout in the whole 

period of transient process. This parameter is one of the 

determining factors of the preference of using pulse 

supercharging system. The advantages of the pulse 

supercharging system are a better use of exhaust gases 

energy, which facilitates the increase in the torque of the 

turbine and improving the air supply of the diesel engine in 

the transient processes.  

One of the most effective methods of studying the 

performance of the diesel locomotive engine with pulse 

supercharging in operation is a mathematic modelling of its 

working processes with a computer. It allows analysis of 

the working parameters of a diesel locomotive in 

exploitation, to determine and indicate the most efficient 

factors for improvement of the parameters already at the 

stage of design, tests and modernisation of engine systems. 

This task can be achieved if the complex model of the 

engine-generator unit operation of a diesel locomotive in 

steady and transient modes is developed. This model should 

include a traction diesel engine – the piston part with its 

systems – inlet, exhaust and a turbocharger, locomotive 

transmission: – electric or hydraulic as well as auxiliary 

equipment on the vehicle. Development of such a model 

requires creation of mathematical models for above-

mentioned components and systems. The model of the diesel 

locomotive power unit (system) obtained in this way will be 

used for simulation research (optimization) of influence of 

the revolution and power control system of the power unit on 

the energy efficiency of power transmission. Compliance of 

the model with the real processes, and also compactness and 

versatility of the description of processes for different types 

of engines and air aggregates are significant criteria of 

applicability of the mathematic model.  

In [29] the authors reviewed 155 foreign publications 

concerning diesel engine simulations under transient 

operating modes in the open literature in the years 1971-

2006. Most of these works (over 90%) concern simulation 

models of automotive engines as the research object, and 

about 5% marine engines. In this article, the authors 

summarize basic equations and modelling aspects 

concerning in-cylinder calculations, friction, turbocharger, 

engine dynamics, governor, fuel pump operation, and 

exhaust emissions during transients. The various limitations 

of the models are discussed together with the main aspects 

of transient operation (e.g. turbocharger lag, combustion 

and friction deterioration), which diversify it from the 

steady-state. 

The general classification of the operating models of the 

piston engine cycle, known from the Polish literature, is 

described in [30], and the theoretical basics of fuel and air 

supply modelling of engines – in [35]. Implementation of 

mathematical models of diesel engine processes for 

simulation research of exhaust emissions are described in 

[12, 22, 26], and in publication [36], the model of diesel 

engine heat circulation is used for optimization of the 

research engine operation.  

In the field of mathematic modelling of operation of 

automotive engines, most papers relate to control in engine 

systems with taking into account the transient modes [7, 13, 

18, 24, 39]. 
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A representation of conditions of the joint piston part 

and turbocharger operation in the form of calculations is  

a difficult task. It requires an accurate determination of the 

conditions of airflow and exhaust gases flow through the 

turbocharger. In [6, 19, 20, 27, 32], some alternative 

methods of solving the task are presented. They are 

different both in essence and accuracy.  

The design of a model of the diesel with a turbocharger 

requires a mathematical description of the compressor and 

turbine. For solving this task, analytic methods [28, 31], 

which allow for calculating the hydraulic and thermal 

losses in the flow part of the turbine and turbocharger, can 

be used. Another method uses experimental characteristics 

of turbocharges for modelling, as functional relations – 

approximation of characteristics by polynomials of highest 

degree [8, 14, 15, 40]. 

Some mathematic models of the transient processes of 

diesel engines are based on the assumption that the diesel 

engine operation can be presented with a system of five 

differential equations [37]. The authors represented general 

differential equations without analysing the equations 

which express the relationship between concrete parameters 

of the engine. In [16], the mathematic model of the 

transient conditions of a marine diesel with pulse 

supercharging was elaborated based on the system of seven 

differential equations. The flow impulsiveness of exhaust 

gases is taken into account here by means of the correction 

factors obtained from experimental studies. The mathe-

matical model of transient processes represented in [8] is 

also of interest. This model is based on a system of n 

differential equations for the piston part and of 6 equations 

describing the processes in the exhaust manifold in the case 

of using pulse supercharging. The mathematical models of 

transient modes of diesels in [38, 41] are based on similar 

principles. However, it is necessary to state that these 

models require a lot of computations and the presence of 

standard subprograms in the computer database. The 

precision of the model depends on the solution of the 

system of differential equations which is connected with the 

time of calculation.  

For taking into account the pulsation of the mass flow 

which is delivered to the turbine at pulse supercharging, in 

[42] a coefficient α was entered, and to take into account 

the energy delivered at changeable pressure of gases,  

a coefficient β was entered. In [14, 15], impulsiveness of 

the flow of exhaust gases is taken into account with 

correction coefficients kG, kH and kS for determining values 

of momentary growth of consumption of gas and pressure 

and also of changes in turbine efficiency. These coefficients 

are obtained based on analysis of diagrams of changes in 

gas pressures in the exhaust manifold for a certain number 

of engines. These coefficients are represented as 

approximate relations dependent on the pressure ratio πk. 

A systematization of coefficients type α, β, kG, kH, kS is 

complicated due to large number of criteria, which have 

different effects on the shape of the curve of gases pressure 

in the exhaust manifold. 

The authors of this article analysed the possibility of 

application of the existent mathematic model of the 

transient process of a diesel with the isobaric supercharging 

system [21] for the calculation of characteristics of the 

diesel with a pulse supercharging system.  

The method of implementation static characteristics of 

diesel and supercharging aggregates in the mathematic 

model, as well as the calculation of a compressor and inlet 

system, are analysed in detail in [1, 21, 23]. A calculation 

of the transient processes performed in accordance with this 

method, while taking into consideration the pulse 

coefficients for determination of the power and the pressure 

of the turbine, showed that the condition Рs/Pt >1 is not met, 

and the estimated time of transient process calculation is 

considerably prolonged [1]. The inclusion of calculations of 

the gas exchange process in this method, in order to achieve 

a more precise determination of the momentary values of 

gas parameters in the exhaust manifold, makes the 

mathematic model more complicated and useless for 

optimization calculations.  

In [5, 9, 10, 25, 33], the authors described some 

interesting simulation models of diesel engine operation in 

steady conditions and transient states while using 1D 

models for turbocharger and chosen processes of diesel 

engines, and in publications [11, 17, 34] 3D CFD models. 

In these works, the research (modelling) object is, among 

others, a pulse-charged turbine in application for mainly 

automotive engines. In this scope of research, imple-

mentation of 1D and 3D models allows for effective 

simulation of the diesel engine processes chosen by the 

researchers. The object of research (modelling) and 

optimization calculations done by the authors of this article 

is the diesel locomotive power system, and the model of the 

exhaust system with pulse turbine supply is only an element 

of the above-mentioned complex model. Development of 

such a model implementing the 1-D modelling suggested 

by the researchers is a complex problem due to the variety 

of processes in the individual elements and systems of the 

diesel locomotive power unit and due to the limitation in 

the technical capabilities of computers. As it was indicated 

in the introduction to the chapter, the mathematical model 

should be compact, universal and suitable for multiple 

optimization calculations. 

Given the above, the authors proposed a different 

approach to modelling of diesel engine exhaust system with 

pulse turbine supply which does not require implementation 

of differential equations for calculation of gas exchange, 

using experimental pulse indices or creation of complex, 

1D or 3D models, e.g. for the piston part of the traction 

diesel engine, turbocharger.  

2. Modelling of a diesel engine exhaust system  
Based on modelling of the traction diesel engine,  

a quasi-steady model of working fluid flow in engine and 

turbocharging system elements was used [21]. The quasi-

steady flow model allows for achieving satisfactory 

correspondence of the numerical calculation results to the 

experimental results [2, 32]. 

While creating the model it was proposed that the 

change in gas pressure in the exhaust manifold of diesel 

was dependent on time or on crankshaft angular velocity ωd 

represents a periodic function with the period:  

T = ωd∙ φ* (1) 
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where ωd, φ* – crankshaft angular velocity and period of 

change in gas pressure. 

The period of changes in gas pressure in the manifold 

φ* will be equal to the value of phase shift of cylinder 

operation. We will assume that periodic process in the 

manifold may be represented in the form of some sequence 

of processes with the duration ∆φ inter-related by boundary 

conditions. There can be many such consecutive processes, 

however in relation with the processes in the inlet manifold, 

there are two specific periods: a process of forced exhaust 

(angle φex–φin) and a scavenging process (angle φin–φexe, see 

Fig. 1a). 

In the engine with pulse supercharging, the process of 

forced exhaust is completely isolated from the processes in 

the inlet manifold and it can be calculated based on the 

known methods if the parameters of the working fluid in 

the cylinder are set. The scavenging process is directly 

connected with the processes in the inlet manifold. In this 

work, it is suggested to calculate the scavenging process 

together with the processes in the inlet tract of the engine 

including the inlet equipment of diesel locomotive, air filter 

1, compressor 2, intercooler 3, piston part 4, turbine 7 and 

exhaust equipment 8. (see Fig. 1b). The process of forced 

exhaust is calculated separately from the inlet processes. 

Both processes are presented by systems of nonlinear 

algebraic equations, which describe quasi-stationary flow of 

working fluid in the elements of the inlet and exhaust tracts. 

As in [21, 23], systems of algebraic equations are 

complemented by a system of differential equations, which 

describe changes in temperatures of heat carrier, of exhaust 

tract elements and of turbocharge rotor speed depending on 

time. The calculation of the flow of working fluid in the 

scavenging process and the exhaust process is carried out 

subsequently by taking the average values of pressure, 

temperature and working fluid flow rate in the 

corresponding periods with the assumed period ∆φ (see Fig. 

1a). The initial parameters for a calculation of the exhaust 

tract with forced exhaust are the parameter values 

determined while calculating exhaust manifold during 

scavenging. 

A working fluid flow rate (of air-gas mixture) in the 

diesel, Gag, is represented by a sum of air flow rate in the 

scavenging process of cylinders, Gsc, and for filling 

cylinders from the moment of exhaust valves closure to 

bottom-dead-point, Gd. 

It was assumed, that at the end of filling (in the 

cylinder) there will be a mass of working medium equal to 

the sum of the mass from the filling process and the mass 

present in the cylinders at the closure moment of the 

exhaust valves. 

At pulse supercharging, GSC > 0 which demonstrates 

why the pressure in the exhaust manifold behind the 

cylinder at the scavenging process will be determined by 

means of relation: 	P��	�� � P�	 π�⁄  (2) 

where P�	 – pressure of working fluid before inlet valves πd 

– ration of intake manifold pressure and exhaust manifold 

pressure. 

 

 

Fig. 1. Change in pressure in exhaust manifold (а) calculation model of 

а8С22 diesels with pulse supercharging at scavenging (b) and at free 

exhaust (c) 

 

From the energy-conservation equation we determine 

the temperature of air-gas mixture in manifold at 

scavenging process (see Fig. 1b): T10sc∙�Gsc�GVc�∙Cpag�T6∙Gsc∙Cpa�T10ex∙GVc∙Cpex	 �3�	
where G � – working fluid flow rate at exhaust, which 

corresponds with the mass, contained in cylinders at the 

moment of opening of the exhaust valves; Срag, Срa, Срex – 

heat capacity at constant pressure of air-gas mixture, air 

dose, working fluid at exhaust process, respectively; T� – 

temperature of air dose; 

Working fluid flow rate,G �,can be determined from 

equation: G � � V! ∙ ω� ∙ z��ε % 1� ∙ 2π ∙ τ ∙ ρ)*+	 �4�	
where Vh, ω�– cylinder capacity and crankshaft angular 

speed;	z�, ε, τ – respectively: the number of cylinders, 

compression rate and the number of crank revolutions per 

power stroke;ρ)*+ – gas density at temperature T10ex and 

pressure P10ex.  

If we assume that heat capacity at a constant pressure of 

air-gas mixture, air dose and exhaust gases are constant and 

equal (Срag≈ Срa ≈ Срex), then from the equation (3) and (4) 

we obtain: 	T����� -T� ∙ G�� � G � ∙ P��*+ ∙ R)/�0 -G�� � G � ∙ ρ)*+01 	 �5�	
In calculations it is assumed that at time Δφ/ωd of 

scavenging, average gas flow rate G) is determined by 

scavenging air flow rate G��. The pressure of working fluid 

before turbine P�3�� is determined from equation:  	P�3�� � P���� π��⁄  (6) 

where π�� – pressure differential in conditional diaphragm 

6 (see Fig. 1b). 
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The average working fluid flow rate at time Δφ/ωd of 

forced exhaust is determined as a sum of gas flow rate Gd 

for filling cylinders and fuel mass flow rate b5�. G) � G� � b5� (7) 

The temperature of the exhaust gases T��*+ is 

determined by the heat balance while taking into account 

the heat losses from incomplete burning of fuel according 

to the following equation: T��*+ � b5� ∙ H7 ∙ �ξ % η: % ξ��G) ∙ C;*+ � G�G) ∙ T���� (8) 

where H7 – calorific value of fuel; ξ – available heat factor 

at the end of expansion process; ξ� –coefficient taking into 

account share of unburned fuel; η: – efficiency indicator of 

diesel engine, and the gas pressure before turbine P12ex – 

according to equation (6). 

The temperature of gases before turbine T12sc, T12ex is 

determined by taking into account the heat exchange in 

exhaust manifold by means of method described in [21, 23].  

A calculation of the turbocharger turbine at transient 

modes is of particular interest as a change of working fluid 

parameters can significantly change flow angles on the 

rotor blades (see Fig. 2). The pulsation of pressure in 

manifold and partial gas supply lead to the fact that the gas 

turbine works at constantly changing parameters of the gas 

before nozzles. Only the turbocharger shaft speed remains 

constant due to relatively large inertia moment of the rotor.  

 

 

Fig. 2. Velocity diagrams at turbine rotor blades, inlet and exit at 

scavenging (а) and exhaust (b) – а8С22 diesel for ωd = 52 rad/s, P<е	= 0.25: 

α1 – angle of flow exit from nozzle unit; β1 – direction of shock-free inlet 

to the rotor blades; β′1 – direction of relative velocity of flow at inlet of the 

rotor blades; β2 – angle of flow exit from the rotor blades in relative 

motion 

 

In this method, considering the gas-dynamic calculation 

of the turbine, it is assumed that the temperature of 

stagnated gas stream at the inlet of the rotor blades is 

determined by the relative rate w1, (see Fig. 2), and the 

pressure of stagnated gas stream – by velocity w1', which is 

the projection of the relative velocity w1 in the direction β1 

of the shock-free flow of gas into the inlet of the rotor 

blades. The difference of kinetic energy at speeds w1 and 

w1' represents energy losses and turns to potential energy at 

isobaric process, therefore, the pressure of stagnated flow is 

determined by speed w1'. Speed losses in the blades of the 

nozzle unit and rotor blades are taken into account by the 

coefficient of losses, and their values are determined 

according to method [1, 23]. 

Taking into account the stated assumptions and chosen 

method of calculating algebraic equations, the order of 

calculating the turbine is accepted as follows:  

a) for a given value of working fluid flow rate, the 

parameters of stagnated flow stream at inlet of nozzle 

unit are determined as follows T�∗ � T�3 � G)32 ∙ R) ∙ T�33P�33 ∙ f*@3 ∙ k) % 1k)  

(9) P�∗ � P�3 ∙ B T�∗T�3C DEDE/�
 

where f*@ – cross-sectional area of exhaust manifold. 

b) from the equation of gas flow rate at adiabatic flow, 

the flow function ψGcan be determined G) � fG ∙ P�∗HR) ∙ Т�∗ ∙ ψG 

(10) ψG � G) ∙ HR) ∙ T�∗fG ∙ P�∗  

where fG – cross-sectional area of sector nozzle unit; 	fG � FGz*@ ∙ ∆φ2π ∙ τ ∙ z� (11) 

where FG – total cross-sectional area of nozzle unit; z*@ – 

the number of exhaust manifolds which are connected to 

the turbine and have separate gas supply to the nozzle unit 

ψG � M 2k) % 1 NOPP�PP∗ Q 3DE % OPP�PP∗ Q
DE/�DE R (12) 

c) using approximation of the flow function, we deter-

mine: 

– pressure reduction in nozzle unit and parameters of 

working fluid at the outlet of nozzle unit πG � πG�ψG� (13) 

– pressure P�S  and temperature T�S P�S � P�∗ πG⁄  

T�S � T�∗ ∙ πG�/DEDE
 

(14) 
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– absolute с1 and relative w1 flow velocities  c� � φ� ∙ G) ∙ R) ∙ T�SfG ∙ P�S , 
w� � Vc�3 � �ωWP ∙ rY�3 % 2с� ∙ ωWP ∙ rY ∙ cosα�	, (15)

where φ1 – the speed loss coefficient in nozzle unit 

– relative gas velocity w1' by the shock-free inlet and 

parameters of stagnation at the inlet of rotor blades β�	 � π 2⁄ % arcsin Bc� ∙ cosα� % ωWP ∙ rYw� C	, w�	 � w� ∙ cos�β�	 % β��, T`S∗ � T�S � w�32 ∙ k) % 1k) ∙ R)/�, 
T̀ Sa∗ � T�S � w�	b2 ∙ k) % 1k) ∙ R)/�, 
P̀ S∗ � P�� ∙ OT̀ Sa∗TPSQDE -DE/�0⁄

 

(16)

d) based on parameters of stagnation at inlet of rotor 

blades, we determine flow function ψY, turbine pressure 

ratio πY, parameters of working fluid at the outlet of 

rotor blades, relative velocity of gas exhaust from rotor 

blades w2 and components of absolute velocity c2 

ψY � G) ∙ HR) ∙ T̀ S∗fY ∙ P̀ S∗ 	, (17) 

where fY – cross-sectional area of sector rotor blades. πY � πY�ψY�, P̀ b � P̀ S∗ /πY, T`b � T`S∗ ∙ πYSdeEeE
, w3 � φ3 ∙ G) ∙ R) ∙ T̀ bfY ∙ P̀ b , 

(18)

	C37 � w3 ∙ cosβ3 % ωWP ∙ rY, C3о � w3 ∙ cos�π % β3�, 	C3 � HC373 � C3g3 , 

(19)

where φ2 – speed loss coefficient in the rotor blades. 

e) with the Euler`s formula, we determine specific work 

on the rotor blades Li�, adiabatic heat drop Ht and 

internal efficiency of the turbine ηt Li� � ωWP ∙ rY ∙ -w� ∙ cosβ�	 %w3 ∙ cos�π % β3�0	, HY � DEDE/� ∙ R) ∙ T�3 ∙ O1 % �πG ∙ πY�SdeEeE Q , ηY � Li� HY⁄ 	. (20) 

Exhaust temperature and pressure at the outlet of turbine 

are calculated from the equation: T�g � T`b � c3732 ∙ k) % 1k) ∙ R)/�, P�g � P̀ b  

(21) 

A calculation of the exhaust tract and turbine parameters 

during a forced exhaust was performed by determining the 

work fluid flow rate throughout the engine, described in the 

[21]. 

From a calculation of exhaust process, the average 

working fluid flow rate in period Δφ is known, and by 

means of that calculation we determine pressure P��*+ in the 

manifold 5 (see Fig. 1c). 

As a first step of calculation, we set starting value of 

pressure P��*+k  in the first approximation. With equation (8), 

we can determine a value of temperature Т��*+k  and 

calculate parameters of exhaust tract and turbine; as a result 

we receive values of pressure reduction in the conditional 

diaphragm π��, nozzle unit πG, rotor bladesπY, and silencer π�:l. Then, we calculate a product of pressure reductions of 

working fluid at P��*+	,k Т��*+k : 

mπ: � P��*+kPiY@ ∙ 1π�� ∙ πG ∙ πY ∙ π�:lG
� , (22) 

and we check the condition 

nmπ: % 1G
� n < ε3,	 (23)

If the condition (23) is not met with a given accuracy of 

calculations ε3, we set a new value of the current value of 

pressure P��*+k  and repeat the calculation.Otherwise, the 

average value of pressure P��*+ in period Δφ is the value 

searched.  

An average value of the exhaust gas flow rate 

throughout the engine can be calculated from relation 

G) �p z�2π ∙ τ:qG
:q� ∙ ∆φ: ∙ G):,	 (24) 

where n – number of periods Δφ. 

After the calculation of the inlet system, piston part and 

exhaust system of diesel, we solve the system of equations 

which describes the diesel generator fuel supply and power 

control at transient processes. The system of equations 

includes a differential equation of power balance and 

systems of algebraic equations for the determination of the 

dependence of diesel generator power and limiting 

parameters of operational process of the diesel on an 

angular velocity of the diesel crankshaft. The mathematic 

model simulates functional connections used in control 

systems of angular velocity of the crankshaft and power of 

a diesel locomotive engine [3, 4, 21]. A calculation of 

transient and steady modes of diesel operation is carried out 

using a program, common for any diesel type. A general 

block diagram of that program is represented in Fig. 3. 
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Fig. 3. Block diagram of calculation algorithm of transient process for diesels with pulse supercharging  

 
The diesel operation mode and specific data are entered 

into the program in block 1 as an array of source data: array 

of constants, array of constants of the diesel engine and 

approximate experimental relations, like efficiency of 

diesel, characteristics of turbocharger compressors and 

turbines, etc. 

In blocks 2–9, the calculation of air-gas mixture flow 

rate, Gag, at set values of angular velocities of the diesel 

crankshaft and turbocharger rotor, temperatures and fuel 

supply is performed by means of system of nonlinear 

algebraic equations.  

In blocks 10–14, the calculation of exhaust tract and 

turbine during the time of free exhaust is performed by 

means of system of nonlinear algebraic equations. 

In block 15, a choice of possible increment of fuel 

consumption is performed according to system of 

differential and algebraic equations describing specific 

features of fuel feeding and load control system. 

In block 16, an integration of differential equations 

describing changes the above-mentioned set values in time 

is done.  

In blocks 17–19, actual values of angular velocity of 

crankshaft ω�, effective power of diesel P*	and fuel mass 

flow rate b5� are compared with the set ones ω�∗ ,	P*∗, b5�∗ . In 

the case of their compliance with given accuracy, the 

transient process is considered to be finished. Otherwise, 

the calculation is continued with new values ω� and ωТС, 

starting from block 3. 

In block 21, a print of output parameters is made and the 

calculation ends.  

 

 

3. Validation of a diesel engine model 
Using the demonstrated block diagram and method 

described in [21, 23], the performance calculation program 

of diesel locomotive engine with pulse supercharging on 

transient mode was made and debugged.  

Before using the mathematic model for a calculation of 

transient modes of diesel engines, compliance of the model 

with the real objects on steady modes of operation was 

checked. To this purpose, the results of the numerical 

calculations were compared with the experimental data 

from the producer of the engines, HCP Cegielski, for 

exploitation and load characteristics of the a8C22W traction 

engines with the pulse turbine supply. Comparison of the 

calculations with the results of the experimental research 

showed a sufficient similarity of the results [2, 21]. The 

discrepancy between the calculated and experimental 

values is not greater than 2–4%. The differences occurring 

in the angular velocity of the turbocharger rotor, 

turbocharging pressure and air low rate under low load can 

be explained mainly by the shortage of experimental data of 

compressor (characteristics) within lower angular velocities 

of the turbocharger. 

The evaluation of a mathematic model suitability at 

transient process was made by comparing operational 

indices of diesel obtained experimentally on the water 

braking resistor at rapid increase in the engine loading – 

switching of the driver controller from IV to XI position, to 

the numerical calculation data. Figure 4 presents a com-

parison of calculated and experimental time characteristics 

of the transient processes of an a8C22W diesel-generator 

unit for controlling revolutions and load realized on a SM31 

diesel locomotive [2]. Figure 4 proves the sufficient 
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similarity of the results of simulation calculations to the 

results of experimental research. The greatest deviation of 

the calculated values is observed for the turbocharging 

pressure index between 4 and 6 second of the transient 

process period and is equal to 6%. The discrepancy between 

 

 

Fig. 4. Time characteristics of transient process in a8С22W diesel-

generator unit: ωd, ωTC – angular velocity of crankshaft and turbine rotor; 

Рs – pressure of charge air; gfc – fuel charge per cycle; Рe – effective power 

of diesel; continuous line – experimental data; dashed line – calculated 

data 

 

the calculated and experimental values for the other 

performance rates of the diesel engine is not greater than 

3%. These results allow the conclusion that the 

mathematical model reliably reflects the performance rate 

of the diesel locomotive traction engine both in quality and 

quantity. Summing up, the developed model can be 

implemented in optimization calculations of locomotive 

systems. 

4. Conclusion 
The developed mathematical models of interaction 

between the diesel traction engine and turbocharger 

supplied at variable pressure (including the authors’ 

models), using the experimental pulse indices, provide  

a sufficient similarity of the numerical calculations to the 

experimental results in steady modes of the engine 

operation. In contrast, in transients modes the satisfactory 

similarity cannot be obtained. Inclusion of calculations of 

gas exchange processes into the models using differential 

equations or implementation of 1-dimension models, e.g. in 

the case of a turbocharger, makes the mathematical model 

complicated and unsuitable for optimizing calculations of 

locomotive systems. 

The model of the exhaust system of the diesel traction 

engine with the pulsating supply of the turbocharger 

presented in this article was developed by the authors on 

the basis of a non-linear algebraic equations without the use 

of differential equations of the charge exchange process and 

gas exhaust, as well as of experimental, correction 

coefficients taking into account the pressure pulse of the 

exhaust gases. The assumption made by the authors for the 

development of the model are its specific features in 

comparison with existing methods of modelling of the 

exhaust systems of diesel traction engines. Confirmation of 

the validity of the adopted modelling assumptions is 

obtaining a satisfactory similarity of the results of 

numerical calculations to the actual runs, both in steady and 

transition stages. Moreover, the developed mathematical 

model gains compactness and versatility in terms of 

description of the processes in various types of traction 

engines and power aggregates. 

The model of the traction engine exhaust constitutes an 

integral part of the complex model of the diesel locomotive 

power unit in steady operation and transient stages in 

exploitation [1, 3]. The complex model was used in the 

scientific-research works for simulation tests of influence of 

the power unit loading control on the energy efficiency of the 

power transmission. These research was aimed at evaluation 

of the modernisation effectiveness of the power unit loading 

control of diesel locomotive series SM31 [3, 4]. 
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Test bench measurement of friction loss in combustion engine 
 

The results of modeling and bench testing friction losses in the main engine kinematic nodes for different lubricating oil temperature 

values was presented in the article. The study was performed to evaluate the effect of lubricating oil temperature on the engine friction 

losses. In addition to friction losses in the crankshaft bearings and the piston rings in a cylinder-piston group the friction loss due to 

charge exchange in the cylinder, drive of timing system and the oil pump were measured. The obtained results show the course of the 

friction loss in the combustion engine. The research shows that the thermal state of the engine lubricating oil has effect on the amount of 

friction losses. Formulated conclusions allow to assess the impact of the oil temperature on the friction losses in the main friction nodes 

in combustion engine. 

Key words: combustion engine, piston, oil, lubrication, friction loss 

 

 

1. Introduction 
Every year the number of vehicles on the roads and 

highways increases. Distances traveled by cars are often 

small, because the drivers move only in the urban area. In 

heavy traffic, a large number of lights on streets often cre-

ates congestion. In such traffic conditions, the engines of 

motor vehicles operate under idle and low loads, generating 

mechanical losses a relatively large value. It mainly trans-

lates into an increased amount of fuel consumption and 

exhaust emissions. Furthermore, referring to the small dis-

tances that the vehicle passes, it is not possible for an inter-

nal combustion engine to achieve optimum operating tem-

perature. It has a great influence on the friction loss gener-

ated in the drive unit [1, 2]. 

Reducing friction losses has the effect of decreasing fuel 

consumption and increasing mechanical efficiency [1, 7]. 

One of the friction loss reduction method is the use of lubri-

cating oils with reduced viscosity [3, 7]. This solution has a 

certain limitation. The use of oils with a very low viscosity 

may lead to deterioration of the lubricating properties which 

may lead to excessively rapid wear on the working elements 

or even contribute in seizing up of the motor [4]. 

The study of internal combustion engines, especially trac-

tion motors installed on the engine test bench has an im-

portant role in the understanding of the phenomena that occur 

in the engine, such as e.g. friction losses in the group piston-

cylinder. Friction losses in a piston-cylinder largely depend 

on the thermal state of the engine. Mounting the engine on an 

engine test bench significantly changes the operating condi-

tions. This results in structural changes for example in the 

engine cooling system. It should be noted that all changes are 

adaptive and should not change the course of events to those 

that occur in the driving vehicle engine [5]. A particularly 

important role played by the cooling system for the engine 

mounted on a dynamometer. The laboratory cooling system 

requires not only the ability to drain the excess heat under all 

operating conditions, but also the possibility of obtaining 

precise temperature stabilization. 

Engine block coolant temperature determines the tem-

perature of the cylinder and wall oil film covering the cyl-

inder wall. It has a significant impact on the processes of 

friction occuring in the main engine friction nodes [5, 7]. 

Besides the node-piston rings and cylinder to total engine 

friction losses compared to the main part of the bearing and 

make the crank shaft of the engine. The basis for determin-

ing the temperature of the crankshaft bearing is not only the 

coolant temperature but also the temperature of the oil, 

usually measured in the oil sump [5]. 

The article presents the methodology and the results of 

model and bench testing friction losses in the engine com-

bustion conditions of engine dynanometer variants for dif-

ferent temperatures of lubricating oil and engine speeds. 

2. Model tests methodology of the friction losses in 

the combustion engine 
The test bench of the model (Fig. 1) was built with a 

complete engine block FIAT 170A.046 with the crankshaft, 

connecting rods, pistons and engine head, in order to repro-

duce as closely as possible the actual working conditions of 

piston-engine crankshaft in the engine, while ensuring ac-

curate measurement of torque under external drive. 

Model test bench was built to measure friction loss in the 

piston-cylinder group composed of the modified internal 

combustion engine driven by electric motor from outside. 

The drive is transmitted through the measuring shaft which 

allows accurate torque measurement with high temporal 

resolution. In the engine camshaft is immobilized, leaving all 

valves in the closed position, there is also the immobilized 

crankshaft-driven coolant pump and an oil pump replacing 

them by outer system, driven by electric motors. 

 

 

Fig. 1. View of the test bench 

 

The changes made during each revolution of the crank-

shaft forces the repeating cycle of compression and expan-
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sion of the fuel load confined within the cylinder, where in 

a portion of the fuel enters the crankcase due to leakage. 

With the valves closed engine loss charge in the cylinder 

can be supplemented by additional non-return valves 

mounted instead of spark plugs and called charge supple-

ment valves. The design position allows you to close the 

valves or their opening to allow free air intake, ambient or 

bringing it under certain hypertension. Bringing the cylin-

der at the beginning of the stroke compressed air under 

increased pressure causes the increase in the maximum 

cylinder pressure. This is the method to simulate the actual 

increased engine load. 

A very important element of the original system is to 

maintain a constant oil temperature of the heat exchanger oil-

cooling liquid engine, the radiator and heater fluid and elec-

trically powered pumps, coolant and oil. The PID controller 

makes it possible to maintain the desired oil temperature 

within ± 0.2°C, which ensures repeatability of the measure-

ments. Diagram of stabilizing the oil temperature at the posi-

tion shown in Figure 2, and the most important technical data 

positions in Table 1. A detailed description of the position of 

the model can be found in the literature [6]. 

 

 

Fig. 2. Diagram of the oil temperature regulation system used on test 

bench 

 
Table 1. Technical data 

 

3. The results of friction losses model studies in the 

internal combustion engine 
The approach adopted to the construction can capture 

the position of the torque with high accuracy and measure-

ment frequency (Fig. 3), the measured torque is due to 

frictional losses in the piston-crank mechanism and is not 

significantly affected by the action of any other mechanism 

of the engine. Torque measurement is affected by the influ-

ence of thermodynamic phenomena that occur in the engine 

and charge blow-by to the crankcase. 

 

 
Fig. 3. Registered torque measurement at the speed of 2500 rpm and the 

oil temperature of 80 °C 

 

The impact of these phenomena cannot be eliminated, 

but it can be assumed that their progress depends largely on 

micro-geometry for example or covering coats bearing 

surface of the piston and that allows mutual comparison of 

these variants in the range of manufactured friction losses. 

Model tests were carried out for the factory piston from Fiat 

engine 170A.046. 

The measurements were made for the following condi-

tions: 

–  engine speed 750-3000 rpm, 

–  temperature of the oil 50, 80 and 110°C. 

As expected, resulting from the hydrodynamic lubrica-

tion theory of increasing the rotational speed increases the 

braking torque. A series of measurements were performed 

at intervals of several days, then they were averaged and 

summarized in Fig. 4–7. 

 

 
Fig. 4. Course of torque for the five series measuring – oil temperature 50°C 

 

 
Fig. 5. Course of torque for the five series measuring – oil temperature 80°C 

No. Name 

1 Engine Fiat 170A.046 

2 Fan radiator fluid 

3 Microprocessor control fan speed 

4 Cooler 

5 Liquid pump with a variable flow rate 

6 Electric heating liquids 

7 The ball valve of a small flow of liquid 

8 The plate heat exchanger of a water / oil 

9 The ball valve of a large flow of the liquid 

10 Oil pump with variable flow 

11 Manometer-pressure oil lubrication system 
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Fig. 6. Course of torque for the five series measuring – oil temperature 110°C 

 

 
Fig. 7. The plot of averaged torque results for the five series of measure-

ments as a function of oil temperature 

 

On the basis of the results it can be seen that the magni-

tude of friction loss is higher for higher speeds of the en-

gine. 

Temperature 50 and 80°C observed increase in braking 

torque is a monotone throughout the rotation speed range. 

At these conditions, at an oil temperature of 110°C observa-

tion leads to the occurrence of a minimum braking torque. 

For the highest oil temperature speed increase will increase 

the total friction losses. This is a very important observation 

because when the engine speed increasing, due to the larger 

friction losses being converted to heat followed by rapid 

heating of engine components and lubricating oil, and this 

contributes to a reduction in viscosity, which may lead to 

the occurrence of boundary friction conditions. 

4. Methods of friction losses bench tests in the  

internal combustion engine 
The engine mounted on a test bench (Fig. 8) is manufac-

tured by Volkswagen. Its basic parameters are shown in 

Table 2. 

 
Table 2. The engine data installed on the test bench [8] 

Built five-cylinder, in-line 

Displacement 2460 cm3 

Bore 81 mm 

Stroke 95.5 mm 

Compression ratio 18.0:1 

The number of valves per 

cylinder 
2 

Max power 96 kW at 3500 rpm 

Max torque 340 Nm at 2000 rpm 

Built five-cylinder, in-line 

Displacement 2460 cm3 

Bore 81 mm 

Stroke 95.5 mm 

Exhaust aftertreatment 
exhaust gas recirculation valve, 

catalyst 

Research made on the engine are carried out, among 

others, to assess the impact of the thermal state of the en-

gine lubricating oil on the friction losses. 

 

 
Fig. 8. General view of the test bench 

 

In studies conducted on the analyzed test bench engine, 

a key role is played by the system regulating the tempera-

ture of the engine coolant. This system differs significantly 

from the original cooling system, which is shown in Figure 

9, which is used in vehicles, where it was installed above-

mentioned engine. 

Research carried out in a motor are carried out, among 

others, to assess the impact of the thermal state of the en-

gine friction losses. Therefore, the position is equipped with 

a cooling system that gives the possibility of making cool-

ant temperature variants. It is presented in Figure 10. 

 

 
Fig. 9. The standard engine cooling system 2.5 TDI in the car utilitarian 

VW Transporter T5 [8]: 1 – first heat exchanger, 2 – coolant thermostat,  

3 – cylinder head, 4 – exhaust gas recirculation cooler, 5 – coolant pump,  

6 – cooler, 7 – oil cooler, 8 – cylinder block, 9 – vent pipe, 10 – expansion 

tank, 11 – heater coolant shut-off valve N279, 12 – non-return valve, 13 – 

second heat exchanger, 14 – supplementary coolant heater, 15 – recircula-

tion pump 

 

Engine cooling liquid, as in the case of installation in a ve-

hicle, is located in a closed circuit. To its warm up two heaters 

with power of 10 kW are used. The controller that has been 

used is PID type. This controller is designed to establish and 

maintain a constant temperature of the cooling liquid in varia-

ble operating conditions of the engine. Liquid refrigerant for 

cooling water is supplied from the water mains. The water 

flows through the heat exchanger and thereby reduces the 
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temperature of the coolant. In the control panel, the engine can 

set the desired temperature of the liquid, which established 

after some time. Liquid temperature after stabilization of the 

thermal state should be approximately equal to the temperature 

of the oil. In the system before the conversion, the value of the 

coolant temperature can be adjusted significantly in a short 

period of time, but the time to stabilize the thermal state of the 

engine was relatively long. 
 

 
Fig. 10. Diagram of the primary control system of coolant temperature 

engine on a test bench 

 

The lubrication system does not differ in the construc-

tion of the standard system used in the motor mounted in 

vehicles. The only differences are the temperature sensor in 

the oil sump and the manometer measures the pressure of 

the oil injected into the system behind the oil pump. 

To the oil supply system are used the warp anchor holes 

shown in Figure 11, through which flows the oil to various 

bearings engine, and a transmission gear. 

Return oil sump of the engine head is held primarily by the 

gear shown in Figure 12, and return channels in Figure 13. 

 

 

Fig. 11. Oil system power [8] 

 

 

Fig. 12. Oil pump drive [8] 

 

Fig. 13. Lubrication oil return [8] 

5. The tests results of engine friction losses 
Examining resistance of the internal combustion engine, 

in addition to frictional losses in the bearings of the crank-

shaft and a group of the piston rings and cylinder-piston 

unit were measured, also the friction loss due to charge 

exchange in the cylinder and air compression by the piston 

drive system in the oil pump. 

The measurements were made for the following condi-

tions: 

–  engine speed 800-2800 rpm, 

–  oil temperature 55-95°C. 

The results torque and oil pressure were averaged and 

summarized in the graphs below. 

Figure 14 presents a summary of the losses resistance 

engine resulting from the study for various temperatures of 

lubricating oil, which are dependent on engine speed. On 

the loss of resistance engine consists of friction losses in the 

group piston – rings – cylinder and crankset. In addition, 

exchange losses in the combustion chamber. Then there are 

also losses of the drive mechanism of the timing, oil pump 

and the inertia force of the piston. 

The results obtained clearly map the course of the loss 

resistance of the motor during testing. It follows that the 

thermal state of the engine lubricating oil has a significant 

effect on friction loss. 

From the graph in Figure 15 it can be concluded that the 

higher the oil temperature, the smaller is the mechanical 

resistance in a combustion engine. The reason for this is the 

lower viscosity of the lubricating oil. It is important to 

prevent excessive oil temperature, since too low viscosity 

can result in the direct cooperation of the moving parts up 

friction, and thus the mixed friction. 

 

 
Fig. 14. The results of the motion resistance as a function of engine oil 

temperature 
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Fig. 15. Averaged torque curve as a function of oil temperature 

 

 

Fig. 16. The oil pressure as a function of oil temperature for different 

speeds 

 

Also, the resistance losses of the engine depends the 

phenomenon of charge exchange. With the increase of the 

rotational speed increase the resistance losses of the motor. 

Analyzing the diagram in Figure 16, it can be concluded 

that the temperature of the oil affects the oil pressure in the 

lubrication system. At a lower temperature of the lubricat-

ing medium pressure increases. The reason for this phe-

nomenon is the viscosity of the oil. At lower temperatures, 

when the oil has a higher viscosity of the oil pressure must 

be increased in order to ensure the effectiveness of lubrica-

tion in friction. At higher temperatures the viscosity of oil 

decreases and the pressure which is necessary to deliver oil 

to the friction in the required amount is smaller. 

6. Conclusions 
The performed research lead to formulating the follow-

ing conclusions: 

– oil temperature measured in the oil sump is reliable in 

the description of the processes of friction, 

– oil temperature has a big influence on the friction loss 

and other motion resistance in engine. This significantly 

improves the viscosity of lubricating oil, which decreas-

es under the influence of temperature rise. The higher 

the viscosity of the oil is, the higher the friction loss in 

an internal combustion engine, 

– oil viscosity is important for the operation of the oil 

pump. In case of a decrease in viscosity pump generates 

a higher pressure due to the lower resistance of the oil, 

– engine coolant temperature and oil temperature regulate 

the engine that affects the friction losses, 

– increasing speed is followed by rapid heating of the 

engine and oil. This is due to a higher relative velocity 

of the moving parts of the engine and as a result of the 

diffusion of higher temperature, 

– increasing the speed at a relatively constant temperature 

of the oil increases the loss of mechanical resistance, 

– for examineted relatively narrow temperature range of 

oil big changes in the total friction losses were ob-

served. Purposeful independent control of the coolant 

temperature and oil temperature could significantly con-

tribute to improving the mechanical efficiency of the in-

ternal combustion engine under very low loads and 

speeds. 
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Multi-criteria fuel system optimization with an electronic control unit 
 

This paper presents the results of the multi-criteria synthesis of a diesel engine fuel system using the optimization method. The opti-

mization criteria, functional restrictions and quality criteria have been selected. The efficiency of the proposed method was demonstrated 

using the example of a diesel engine with the Common Rail system. 

Key words: diesel engine, fuel system, solenoid injection, optimization 

 

 

1. Introduction 
In technical design practice, various methods of optimi-

zation are frequently applied. First of all, approaches are 

verified on the basis of solving a simple problem – carrying 

out a series of calculations in order to determine system 

indicators for various single parameters [1, 2, 6, 13]. 

The economic aspects of applying virtual experiments 

are obvious. They allow combinations of parameters to be 

selected, a great number (up to 4,000 and more) of experi-

ments to be performed and changes in parameters (pressure, 

displacement, temperatures) to be measured, which is 

sometimes not possible in practice. As a result, it helps to 

reduce the research time and design costs and to find opti-

mal parameters for the entire object or its individual sys-

tem. 

The efficiency of the optimization solution depends on 

the reliability of the mathematical models applied and the 

dependencies between the variables. This article presents 

the results of an experiment obtained while determining the 

optimum parameters of the Common Rail system. Charac-

teristics of most common mathematical models of this sys-

tem are investigated, among others in [2, 3, 5, 8, 9, 10]. 

However, it should be indicated that no optimization 

method eliminates the human factor, i.e. so-called “expert 

advice”. Expert advice plays a decisive role when choosing 

parameters, constraints and criteria, but also when selecting 

the result of the optimization process. Numerous studies 

have been published on the subject of optimization of the 

direct fuel injection system. Among them, the following 

studies can be distinguished [12, 14], where the authors 

apply methods based on constructing, in each point of the 

circuit, a functional model of the injection process and 

determining the search vector based on its analysis. To 

obtain regression equations, the theory of experiment de-

sign is used, making it possible to find the search direction 

with a limited number of calculations. In the complex 

“Wtrysk” [Injection] program [13], the method of optimiz-

ing system processes is formalized and reduced to the ap-

plication of constrained non-linear multivariable function 

programming, including the method of penalty functions. 

As specified by the authors [10], since non-linear pro-

gramming theory does not provide an answer to the ques-

tion of what methods are better; several procedures should 

sometimes be used in parallel. Unlike the above-mentioned 

authors, who used vector analysis and regression equations, 

the study [11] uses linear models of the system in a multi-

parameter and multi-criteria optimization algorithm. Based 

on the models or using computational and analytical meth-

ods for examining the impact of system parameters on the 

operating process factors, it is possible to choose and to 

justify the indirect criteria. 

2. The aim and scope of the study, the object  

of research 
The aim of the study is to optimize the injection process 

in a fuel system. To achieve this aim, an optimization 

method has been suggested, parameters significant for the 

injection process have been selected and functional con-

straints and quality criteria have been determined. 

The object of the research is the injection process in the 

Common Rail (CR) fuel system. The system is equipped 

with an injector with a solenoid valve. The principle and 

characteristics of the system operation have been described 

in [7].  

The operating principles of the injection system allow to 

formulate separate significant optimization tasks for the 

injector. After such a separation, the model (including the 

injector, fuel accumulator and fuel tube) can provide a basis 

for an efficient multi-parameter and multi-criteria optimiza-

tion algorithm. 

3. Optimization method 
The modern method proposed by Sobol and Statnikov 

[15] was used for optimization purposes. This is a method 

based on computational scanning of the parameter space for 

the designed objects, which can be reduced to three stages: 

Stage 1– constructing test tables. This stage does not 

provide for human participation. The procedure starts with 

N test points. The value of all criteria is determined at each 

point. Each criterion is composed of the test table. Tables 

are an analogue of statistical variation series. 

Stage 2– choice of criteria constraints. This stage is car-

ried out through the computer-designer dialogue. When 

reviewing each of the tables, the designer must set a con-

straint for each of the criteria. 

Stage 3– checking the completeness of acceptable 

points. The stage is performed automatically. 

3.1. Selection of sampling points 

To date, the most popular method is one in which regu-

lar grids are used for the review of the multi-dimensional 

cube. However, uniform scanning of a multi-dimensional 

cube is optimal only in a one-dimensional case, at n=1 for 

the space. Regular grids are unsatisfactory at n=2. A precise 

model of the technical object contains a high number of 
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parameters in its description. It is known a priori that a 

considerable number of these parameters do not have any 

significant effect on the process. In an extreme situation, 

which often occurs, only one parameter has a significant 

impact, while others are negligible for a given criterion. 

The distribution of N sampling points in which each of 

the parameters makes an evenly distributed sequence of N 

points at the given section should be considered optimal. 

Regular grids do not satisfy this requirement. Figure 1 pre-

sents a regular grid composed of N = 16 points. Points are 

evenly distributed. One point of the grid is placed in each of 

N small squares. The flaw of such a distribution is obvious. 

Evaluating the f(x1, x2) function, which is strictly correlat-

ed to one argument, we will obtain only four various val-

ues. In a multi-dimensional case, regular grids can provide 

even worse results, since the information loss when calcu-

lating f(x1…xn) increases. Determination of partial deci-

sions for this problem will be possible through the use of 

random generators. 

In this study [15], the authors propose a quite efficient 

distribution of points in space which solves this problem. 

As in the previous case, in the two-dimensional distribution 

composed of N = 16 points, one point is placed in each 

small square (Fig. 1). However, in this case, while calculat-

ing the function in grid points, we will receive 16 weights, 

which will provide a better view of the scale of function 

transformations. An optimum sequence always contains N 

= 2p points, where р – total positive number. An additional 

advantage of such a sequence is the possibility to double 

the number of sampling points. 

 

 

Fig. 1. Regular and improved grid at n = 2 (N = 16) 

 

In [15], such a distribution is referred to as LPτ-
sequence. To calculate the LPτ-sequence, the authors of this 

paper applied the following arithmetic algorithm. Using the 

numerator table, we can define rj (l), for which m = 1 + 

[lni/ln2] is calculated after a set point number and then at 

each point and for each parameter j = 1, 2, ..., n is defined 

by a dimensionless value. The value of the parameter is 

calculated from the following equation: 

��,� � ∑ 2�	
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∑ �2��2���� ∙ �2 ����
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	��   (1) 

In equations [z] – the entire z, {z} – a fraction of z. It is 

possible to determine the value of the j-th parameter in the 

i-th point of the n-dimensional space using a variable mul-

tidimensional cube with an edge of 1. Such an algorithm is 

integrated into the program for fuel system calculations. 

3.2. Choice of injector parameters 

Let us justify the choice of parameters and the scope of 

their changes. As it is known from [1–3], the process of 

injection in systems equipped with electronic control is 

highly affected by the following factors: − displacement of 

the injector elements; − propagation of pressure and defor-

mation waves through fuel channels and injector elements; 

− spring vibrations; − physical phenomena accompanying 

the flow of fuel along small diameter channels (nozzle 

orifices, orifices of the control chamber); − fuel flow prop-

erties in low pressure tubes and related effects of connected 

masses, contacts and others. 

By applying these factors, an improvement of the sys-

tem operation can be expected. Previously conducted com-

putational and experimental studies have made it possible 

to distinguish the basic structural and adjustment parame-

ters of the system. Those parameters are shown in Table 1. 

These are initial set points situated in the centre of a n-

dimensional parallelepiped. The choice of allowable fluctu-

ation ranges for each of the parameters is made taking into 

account constraints related to the structure, production or 

operating conditions of the fuel system. 

For instance, the value of the displacement of the valve 

cannot be lower than 0.025 mm (protection of the minimum 

distance between the magnet and the valve) on one side and 

more than 0.075 mm on the other (this is related to reducing 

the force while increasing the distance as a result of the 

operation). The minimum path of the needle and the stem is 

0.125 mm. This reduction is related to the need to minimize 

the effect of the feasible cross-section area of the nozzle on 

the change of the fuel pressure also related to stem opera-

tion characteristics [5]. Within the ranges of the examined 

circulation, the transformation of each parameter from 

Table 1 was ± (40–50)%. This permits to investigate a wide 

scope of the multi-dimensional space and determines the 

direction for searching the optimum. Using the LPτ-
sequence generator, sampling points were obtained and 

samples were marked in the tables. For the previous scan-

ning of parameter space, 128 points were received. 

 

Table 1. Fuel system parameters 

1 Parameter unit value 

2 Valve diameter mm 1.3 

3 Valve displacement mm 0.05 

4 Spring stiffness coefficient  N/mm 50 

5 Valve socket angle degree 100 

6 Cross-section area of the intake orifice mm2 0.034 

7 Cross-section area of the outlet orifice mm2 0.055 

8 Piston diameter mm 3.8 

9 Piston length mm 76 

10 Diameter of the needle closing device  mm 1.6 

11 Needle displacement mm 0.25 

12 Initial needle displacement pressure MPa 5 

13 Tube length mm 220 

14 Internal diameter of the tube mm 1.5 
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3.3. Determining functional constraints 

To determine the constraints while formulating the ini-

tial data to solve the problem of searching for optimum 

parameters, functional restrictions should be included. For 

the injector, functional constraints include the dependencies 

between the following parameters: −stem diameter exceeds 

the nozzle needle diameter, which is assumed at the con-

stant level of 3.5 mm; − the feasible cross-section area of 

the inlet orifice of the control chamber is smaller than the 

effective cross-section area of the outlet orifice of this 

chamber; − the diameter of the needle closing device is 

smaller than needle diameter; − the speed of injector ele-

ments is reduced by hitting the support – run limiters. 

While solving the optimization, functional constraints can 

be taken into account in two ways. 

The first method – after carrying out calculations, per-

mits excluding from the analysis those points in which the 

value of the parameters is feasible. The second method – at 

the stage of formulating initial data the constraints indicated 

are taken into account by setting k1, k2, k3 coefficients, 

which involves dependencies of the above-mentioned pa-

rameters. The latter method is considered to be the best. It 

makes it possible to obtain a larger number of points for the 

criteria evaluation and reduces the time for solving the 

optimization. 

3.4. Choice of quality criteria 
Pursuant to reports by other authors (e.g. [10]), two de-

cisive quality criteria should be ultimately selected for the 

injector – maximum injection pressure Рw and Qz fuel 

doses for control purposes. At the same time, Рw pressure 

should be at its maximum value. Let us explain the choice 

of the Qz criterion. In the control chamber, the fuel pressure 

is 25-150 MPa. The injection process takes place when the 

fuel is discharged from the control chamber to the fuel 

return system. Therefore, a lower volume of fuel is dis-

charged with the lowest energy expense required for driv-

ing the fuel pump. However, there is a minimum value of 

Qz required for the safety of electromagnet cooling. 

To obtain multiple Pareto points, which represent a sin-

gle-dimensional variability on a plane, it is convenient for 

both criteria to aim towards the minimum, while maintain-

ing a non-dimensional form. Let us introduce the following 

criteria: − Кр = Rz/Рw, where Rz – fuel pressure in the 

accumulator; − Kq = Qz/Qc, where Qc – fuel dose. 

Through the introduction of those criteria it is possible to 

evaluate the relative fuel rate on fuel control and to com-

pare the Рw value with the Rz pressure level. 

In problems with two criteria Ф1 → min, Ф2 → min, 

the decision consists in the so-called Pareto multitude of 

parameters; each such set is a solution to a single-criterion 

problem Ф1 → min at Ф2 = const. Each set of parameters 

allowed after functional constraints (referred to as effective 

ones), corresponds to a point on a criteria plane (Kp, Kq) 

(Fig. 2). Pareto points on the criteria plane (Fig. 2) will 

correspond to the compromise curve section. 

4. Optimization results 
Let us demonstrate the final stage of the search for an 

optimum relation between CR injector parameters. As a 

result of scanning, out of the multitude of 128 acceptable 

points, 24 proved to be effective. Figure 2 shows the loca-

tion of those points on the criteria plane (Kp, Kq). It can be 

seen that in each of those points, the efficiency of the injec-

tion process according to the criteria indicated (Kp = 0.912-

0.941; Kq = 0.178-0.137) significantly surges in compari-

son to point 1 (Kp = 1.08; Kq = 0.447), which corresponds 

to the initial set of injector parameters (Table 1). 

 

 

Fig. 2. Fragment of a distribution of sampling points on the criteria plane 

(Kp; Kq) 

 

The compromise curve features three points, which are 

located on the by-passing curve A (Fig. 3) limited with 

lines D and E. The numbers of those points are – 61, 121, 

106, and the part of the curve joining these points is the 

compromise confidence curve. Points № 48 and № 127 are 

also located on curve A, but curve A is not a compromise 

curve to the right of point № 106. Indeed, on a part of curve 

A separated with a dotted line there are points for which 

two criteria vary either up to the maximum or to the mini-

mum side. For instance, for the minimum value of criterion 

Kq = 0.2, a point of intersection of curve A with the indi-

cated weight of Kq should be found to obtain the best quali-

ty. 

 

 

Fig. 3. Sampling points and compromise confidence curves on the criteria 

plane (Kp; Kq) 
 

In point № 61, seven parameters are located near the 

centre of the scanned area, two parameters assume the max-

imum assumed values and two assume the minimum val-

ues. In point № 106, nine out of twelve parameters are 

located in the centre, two acquire the minimum value and 

one acquires the maximum. In point № 121, the number of 

mean values is eight, two assume the minimum and two 

assume the maximum values. In the obtained number of 

solutions, there exists an isolated point № 65 (Fig. 3). Ac-
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cording to the quality criteria, this is the best point. Howev-

er, five parameters of point № 65 assume the minimum 

acceptable value. The pin spring tensile pressure is 1.57 

MPa, and the dimension of the valve range is 0.864 mm. 

Starting from the recommendation [15], also in view of the 

experience of the authors of the solution of this multi-

criterion problem, this number would have to be increased 

up to 2-4 times, which will help to increase the efficiency 

of the optimization. 

Partially, a solution to the problem is provided by the 

consistent optimization algorithm, the application of which 

to this problem is reduced to further refinement of the com-

promise curve. Additionally, the area of parameters in the 

vicinity of Pareto points № 61, 106 and 121 should be 

scanned. The centre of the new parallelepiped features the 

indicated Pareto point, the parameters of which can change 

within a narrow range of ± 15 %. In such a case, the volume 

of the scanned perimeter is reduced 106 times, and the 

number of sampling points, defined with the use of the LPτ-
sequence generator, can be reduced to 16. 

As a result of such refinement, many new allowable 

points have been obtained, located below A curve (Fig. 3), 

and a new compromise curve В was developed. It is inter-

esting to note that point № 65 obtained during the previous 

scanning is situated on curve B and limits it on the left. 

Therefore, the procedure for refining the compromise curve 

should be repeated once again. At the same time, the area of 

points located in curve B, limited with lines D and E, 

should be scanned. The refinement results in curve С. The 

distance between curves B and C is slight, which indicates 

that the decision on abandoning the refinement of the com-

promise curve can be made. 

 

 

Fig. 4. Relation between injection parameters and pressure Rz for the 

system with an optimized injector 
 

The obtained results indicate that curve A contains 

points with optimal parameters. The final point of the opti-

mization solution is determination of the perimeter for the 

system operation with an optimized injector at pressure Rz 

change. Therefore, the values of parameters obtained for 

Pareto points on curve C were included in calculations, by 

setting the value of Rz, thus enabling calculation of de-

pendencies between Рw, Qc, Qz and Rz. The maximum 

possible Rz was determined by the presence of unnecessary 

fuel rate Qp at the nozzle in the final phase of the injection. 

The obtained results make it possible to claim that the op-

timized system protects the fuel injection at minimum pres-

sure of Rz = 20 MPa, and the maximum pressure of R = 

150 MPa (Fig. 4). 

The performed optimization of the injector permits in-

creasing the injection pressure Рw in comparison to the 

pressure in the accumulator Rz by 15 % (Fig. 5). 

 

 

Fig. 5. The relation between injection pressure Pw, dz diameter and the 

injector valve socket angle (Pz = 100 MPa) 

 

For all calculation points in the optimization process, a 

single-phase injection was set with electric pulse parame-

ters (maximum value of current in the solenoid 17.5 A, and 

during the steady period 10 A, duration of the electric sig-

nal 1 ms). 

5. Conclusions 
1. A new method for multi-criteria optimization of the fuel 

system with an electronic control unit has been devel-

oped. It is based on computer scanning of the parameter 

change perimeter and construction of Pareto compro-

mise curves.  

2. The major parameters of the fuel system with the most 

significant impact on the injection process (Table 1) 

have been determined. Functional constraints have been 

formulated, along with the quality criteria – maximum 

injection pressure Рw and fuel rate on fuel control Qz, 

which enables evaluation of the injection process effi-

ciency. 

3. The fuel system optimization makes it possible to in-

crease the maximum injection pressure Рw in compari-

son to the pressure level in Rz accumulator by 15% (Rz 

exceeds Рw in the initial system) and to achieve two-

fold reduction of the fuel rate on fuel control. 

4. The range of effective operation of the system in rela-

tion to pressure Rz has been determined. The system 

protects fuel injection at Rz pressure changes ranging 

from 20 to 150 MPa. 
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Nomenclature 

CR common rail 

LPτ sequence points in a multi-dimensional case 

Pw maximum injection pressure 

Pz fuel pressure in the accumulator 

Qc fuel dose of injection 

Qz fuel dose for control purposes 

Kq, Kp quality criteria  
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Diagnosing methods common rail fuel injectors 
 

Article describes diagnose and research methods Common Rail system fuel injectors. Profesional diagnose modern fuel injectors is 

very dificult procedure. Basic theirs work parameter influencing on correctly work parameters are magnitude injection and return 

dosages by definite pressures prevailing in system and injetion times. Sometimes dosages during diagnose by coordinate task and actual 

fuel injector are correct but engine work is not proper. So that during diagnose should extend tests procedure in range varie work 

conditions. Fuel injectors work characteristics are one of method researching in whole range work. During researches has been used 

Continental fuel injector. 

Key words: CI engine, Common Rail system, fuel injector, high and low pressure system, engine diagnose, fuel combustion 

 

 

1. Introduction 
Common Rail fuel injection system is very compound 

diagnosing process. These system assembles with many 

cooperating elements. There are apart from injection, in-

take, exhaust systems and everything is steered by engine 

controller with sensors and actuators. These whole system 

controls CI – engine work. When there are starting faults, 

diagnostic process begins with engine computer test, which 

not only rely on memory errors but actual parameters (if the 

engine work). It happens often that engine during vehicle 

test doesn’t work, then one should suggest memory faults 

of controller. If actual parameters analysis and memory 

errors indicate that injection system is defected it should be 

whole low and high pressure system elements checked. One 

of the most exposes on damages whole system element is 

fuel injector. Its main tasks are spray and distribute fuel in 

combustion chamber at a given work moment. Injector 

nozzle influences on spraying and distributing quality. If 

injections holes are damage or pollute, work quality is dete-

riorated. Toxic substances in fumes increasing and whole 

combustion process is disrupt. The second factor influences 

on combustion process are injection dosages. There are 

injection and return dosages main work parameters of fuel 

injector. If these factors change outside of correct limits 

injector is fault. On these influence use precision elements 

and rest elements (springs, pads, inner sealers). The most 

reasons to speeding up use these elements are pollution and 

damp in fuel. So fuel injection diagnostic process should be 

investigate as quality and quantity. 

2. Analysis modern fuel injectors construction  

solutions 
There are known many varies classification modern 

Common Rail system fuel injectors [4]. But for something 

research, diagnose and repair possibility there is simply 

divide it as repairable and not repairable. Every fuel injec-

tor could be diagnose, but unfortunately on account of re-

pair technology and original spare parts lack not every 

could be repair. It could be use fuel injectors producers like 

Bosch, Delphi, Denso and Continental in motor vehicles 

[2]. Bosch, Denso and Delphi companies produce electro-

magnetic and piezoelectric injectors and Continental com-

pany only piezoelectric [6]. It could be repair practically all 

electromagnetic injectors. Bosch fuel injectors generations 

1.0, 2.0, 2.1, 2.2 and Delphi electromagnetic there are orig-

inal spare parts and repair technology, injectors Bosch 

generations 2.16, 2.5 there are not original repair technolo-

gy and spare parts but these injectors could be disassembly, 

clean, to seal and assembly. The same situation is with 

electromagnetic Denso injectors. There is no repair tech-

nology and original spare parts but it could be improve 

technical conditions. It is differently with piezoelectric 

injectors [5]. Delphi and Denso are not repairable, with 

Bosch it is hard to repair because of getting air in, and with 

Continental is a possibility to repair but difficult to regulate. 

There are original spare parts to Continental fuel injectors. 

Figure 1 presents piezoelectric Bosch fuel injectors. 

 

 

Fig. 1. Piezoelectric Bosch fuel injectors 

 

Piezoelectric Bosch fuel injectors are signed with num-

bers 0445115xxx, 0445116xxx or 0445117xxx. There are 

various generations 3.1; 3.2 and 3.3. This type of injectors 

are not repairable. Figure 2 presents disassembly on spare 

parts piezoelectric Bosch fuel injector. 

Figure 3 presents electromagnetic Bosch fuel injector. 

These type of injectors are marked with number 

0445110xxx CRI (cars) and 0445120xxx CRIN (lorries). 
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Fig. 2. Piezoelectric Bosch fuel injector disassemble on spare parts 

 

 

Fig. 3. Electromagnetic Bosch fuel injector  

 

Figure 4 presents electromagnetic Bosch fuel injector 

generation 2.1 disassembly on spare parts. CRI and CRIN 

injectors are built very similar. The differences are in mag-

nitude of injection dosages. CRIN fuel injectors have larger 

on account of bigger engines. The most faulty elements are 

precision vapours on injector needle and steering piston. 

The leakage magnitude influence on injection and return 

dosages[1]. Fuel injector with worn out steering piston and 

nozzle is hard to regulate. 

Figure 5 shows Continental VDO Siemens fuel injector. 

This type of injectors are very hard to regulate during fold-

ing up. The regulation comes down to screw the valve and 

piezoelectric element with appropriate torque. The range of 

correct torque is very small that’s why these type of injec-

tors very hard to regulate. 

Figures 6 and 7 present electromagnetic and piezoelec-

tric Denso fuel injectors. There are not many piezoelectric 

Denso fuel injectors in CI – engines. The most often it can 

be meet electromagnetic (Fig. 6B). These type of electro-

magnetic injectors are very similar to Bosch. It is easy to 

disassemble and repair in spite of lack of original spare 

parts. 

 

Fig. 4. Electromagnetic Bosch fuel injector gen. 2.1 disassemble on spare 

parts 

 

 

     A              B 
Fig. 5. A – Piezoelectric Continental VDO Siemens fuel injectors,  

B – Continental fuel injector disassembly on spare parts 
 

 

   A          B 
Fig. 6. Denso fuel injectors A – piezoelectric, B – electromagnetic 
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Fig. 7. Electromagnetic Denso fuel injector disassembly on spare parts 

 

Figure 8 presents electromagnetic Delphi fuel injector. 

These injector is very fast because of light valve. This is 

very important to create more dosages during one work 

cycle. Negative feature is easy valve damages. This con-

struction is very light and delicate. Delphi injection systems 

need very good fuel quality and to clean whole system very 

often. 

 

 

 A   B 
Fig. 8. A – electromagnetic Delphi fuel injectors, B – electromagnetic 

Delphi fuel injector disassembly on spare parts 

 

Bosch and Denso electromagnetic fuel injectors are sim-

ilarly. There is possibility to regulate and repair both of 

them. The same situation is with electromagnetic Delphi 

injectors. Considerable difference between these injectors is 

construction. Electromagnetic Delphi fuel injector has very 

light steering valve therefore has shorter time of injection 

delay. Different situation is with piezoelectric fuel injectors. 

There is no technology to repair them. It is possible only to 

testing and eventually cleaning. Piezoelectric elements are 

very sensitive for work condition. It is very easy to damage 

them. For example piezoelectric Bosch fuel injectors get air 

in because of wrong engine dismantling. Continental fuel 

injectors are very easy to disassemble than clean and put 

together. The problem with them is very hard to regulate 

injection and return dosages because of precision screw in 

valve and piezoelectric element. Piezoelectric injectors 

have very short injection delay. Thanks to this feature gen-

erate more dosages on one engine work cycle. To high 

dosages divergence cause wrong engine work. 

3. Diagnosing methods modern fuel injectors 
Fuel injectors research process is looked into in two as-

pects. When the vehicle engine work or couldn’t be turn on. 

If the engine works it is checked return dosages and actual 

engine parameters by using engine diagnostic scanner. If 

the actual parameters indicates not correct working fuel 

injectors, it is necessary to dismount and research on test 

bench. By not working vehicle it can be only read faults on 

engine diagnostic scanner. When faulty indicate on fuel 

injectors they are dismounted and test. There is very im-

portant to check every injection and return dosages. There 

are many instances that injectors on normal research test 

worked correctly but engine didn’t work good and diagnose 

indicate on fuel injectors [3]. Then should make detailed 

injector research. It relies on making injector work charac-

teristics. There are analytical methods of researching fuel 

injectors. These methods relies on calculating the magni-

tudes of injection dosages. These approaches are not correct 

because it is impossible to calculate and forecast injector 

work parameters. Fuel injector is the physical object com-

pound with many elements and works in huge range of 

pressures and injection times. During defect faulty works 

only separate area very often. To find faulty area it is nec-

essary to make injector work characteristic for example 

initial dosages. It has been researched engine with Conti-

nental injectors. There was a problem with irregular engine 

work between 1300–1800 min
-1

. Engine diagnose indicates 

on fuel injectors failure. The standard test of fuel injectors 

was the first stage researches (Fig. 9). The results indicated 

that injectors were correctly therefore it has been made fuel 

injectors work test for initial dosages (Fig. 10–20). Initial 

dosages occur for very short injection time about 200 μs for 

various engine work conditions. Improper value causes 

deteriorating of combustion process. Figures shows that 

first injector had considerable higher dosages of the rest. It 

is noticeable on Fig. 12–16. Than it has been made two 

injectors work characteristics but only in initial and neutral 

gear dosages area (Fig. 21 and 22). Researches show that 

first injector had increased dosages values especially in 

range 200–400 μs. There is noticeable decrease of dosages 

values above injection time 450 μs particularly for injection 

pressures 45–55 MPa. 
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Fig. 9. Results of standard fuel injectors research 
 

 

Fig. 10. Injector work test results. Pressure 20 MPa, injection time 200 μs 

 

 

Fig. 11. Injector work test results. Pressure 30 MPa, injection time 200 μs 

 

 

Fig. 12. Injector work test results. Pressure 40 MPa, injection time 200 μs 

 

Fig. 13. Injector work test results. Pressure 50 MPa, injection time 200 μs 

 

 

Fig. 14. Injector work test results. Pressure 60 MPa, injection time 200 μs 

 

Fig. 15. Injector work test results. Pressure 70 MPa, injection time 200 μs 

 

 

Fig. 16. Injector work test results. Pressure 80 MPa, injection time 200 μs 
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Fig. 17. Injector work test results. Pressure 90 MPa, injection time 200 μs 

 

 

Fig. 18. Injector work test results. Pressure 100 MPa, injection time 200 μs 

 

 

Fig. 19. Injector work test results. Pressure 110 MPa, injection time 200 μs 

 

 

Fig. 20. Injector work test results. Pressure 120 MPa, injection time 200 μs 

 

 

Fig. 21. Faulty injector work characteristic  
 

 

Fig. 22. Correct injector work characteristic  
 

Fuel injectors work in varies dosages areas (Fig. 23). It 

means that every load of engine need appropriate fuel dos-

age by appropriate pressure. So that represents it has been 
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made fuel injectors dosages areas graph. This graph came 

into being in results own researches. The first stage of the 

researches was measuring injection and return dosages. 

Test came out positive and according to researches injectors 

worked correctly. But the problem was with engine work 

and diagnose indicated on problem with injector. Problems 

with engine started by 1500 min
-1

.  

 

 

Fig. 23. Fuel injectors dosages areas [own study] 
 

Engine work was irregular and it was heard strength 

clatting causing of predetonation combustion. One reason 

of detonation combustion is problem with initial dosages. 

So that after standard injectors test has been made research 

to check initial dosage. Initial dosages occurs by short in-

jection times with various pressures. For Continental injec-

tors initial dosages have time 200 μs Electrical test is very 

important by researching fuel injectors. For piezoelectric it 

must be made insulation resistance by voltage 100 V be-

tween connectors and to mass by voltage 250 V. Research 

showed that electrically injectors were correct. 

4. Conclusion 

The research objects were Continental fuel injectors. 

The research showed that detonation combustion and irreg-

ular engine work were caused to big initial injection dosage 

by 40–110 MPa system pressure. The reason of it were 

improper piezoelectric element effect in first injector. Elec-

tric and standard test didn’t reveal fuel injectors defects. 

Only accurate tests uncovered the problem. It has been 

made injectors work characteristics for initial dosages. The 

research shows that first injector dosage by 200 μs injection 

time in the 40–110 MPa range were too high. The research 

has been made for 300 and 400 μs injection time in the 

same pressure range and all injectors worked correctly. 

There are two ways to improve engine work. The first is 

change the injector and the second is disassemble, clean, 

assemble and try to regulate to properly screw in piezoelec-

tric element. The magnitude of injection dosages in Conti-

nental fuel injectors depends on piezoelectric element tight-

en moment. It is hard to make the regulation on account of 

element huge sensitive. 

 

Nomenclature 

CI compression ignition 

CR common rail system 

 

μs micro seconds 

H one injection 
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Tyre rolling resistance and its influence on fuel consumption 
 

Rolling resistance of tyres is one of the major resistive forces acting on any wheeled vehicle. Unfortunately, it is also one of the 

forces very difficult to measure. It is estimated that in certain traffic conditions (like for example constant speed driving with slow or 

moderate speed) so called Rolling Resistance Impact Factor may be as high as 0.3. This means that reduction of rolling resistance by 

50% would lead to 15% of energy savings. The paper presents road measuring method of tyre rolling resistance and unique equipment 

used by the Technical University of Gdańsk designed to perform measurements of passenger car tyres. It also discusses road pavement, 

tyre and environmental conditions influence on rolling resistance. Also selected data describing current situation related to rolling 

resistance on different road pavements and rolling resistance of modern passenger car tyres including tyres specially designed for 

electric and hybrid vehicles are presented. 

Key words: tyres, measuring methods, rolling resistance, fuel consumption, CO2 emission 

 

 

1. Introduction 
In order to move every vehicle must overcome resistive 

forces acting on it. Those forces are controlling the vehi-

cle’s performance and energy consumption. Lower value of 

resistance means better acceleration, higher speed and low-

er energy consumption leading to longer range and less 

costly operation of the vehicle.  

Generally speaking, several resistive forces act or may 

act on a moving car. They are shown in Fig. 1. Some of the 

forces act on the vehicle all the time (rolling resistance, 

drag) some of them may not be present in a certain driving 

condition (inertia forces, up/downhill force, tow force). 

 

 

Fig. 1. Resistive forces acting on moving car 

 

For different traffic conditions relative influence of the 

resistive forces may be very different. For example during 

driving in congested traffic the inertia force tends to domi-

nate over other forces with rolling resistance force being the 

second important. During uninterrupted suburban driving 

with low or moderate speeds rolling resistance clearly dom-

inates with aerodynamic drag force being the second, while 

at highway speeds it is the contrary. In mountain areas both 

grade and inertia forces may dominate other resistive forc-

es. 

This paper presents problems related to influence of tyre 

rolling resistance on overall energy (fuel) consumption and 

problems related to measuring of rolling resistance force 

which is one of the most complicated to measure parameter 

of tyre/road interface. 

2. Rolling resistance force 
Tyre rolling resistance (FR) is the force resisting the mo-

tion of the tyre when it rolls on a road surface. It is mainly 

caused by non-elastic effects in tyre and slippage between 

the tyre tread and the pavement, which leads to dissipation 

of energy. Contrary to early diagonal tyres, rolling re-

sistance of modern radial car tyres is not very much de-

pendent on the speed (see Fig. 2), therefore for basic mod-

eling used in this report it was assumed that rolling re-

sistance is constant within low and moderates speed range 

and given by the equation (1). 

 

 

Fig. 2. Speed influence on tyre rolling resistance (results of laboratory 

measurements performed according to ISO standard) 

 

 FR = CRR * FL   (1) 

where: FR – force of rolling resistance [N], CRR – coeffi-

cient of rolling resistance [-], FL – vertical load [N].  

Rolling resistance depends on many factors related to 

road, tyre, and operating conditions. Most important influ-

ences of the road are: pavement texture, road unevenness 

and road stiffness. Most important influences of the tyre 

are: tyre size, rubber hysteresis, rubber hardness, construc-
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tion of the belt and carcass, tread pattern and tread depths. 

Many operating conditions also influence tyre rolling re-

sistance, especially: inflation pressure, air and pavement 

temperature, pavement wetness and tyre load. 

3. Measuring methods of rolling resistance 

3.1. General remarks 

Tyre rolling resistance is very difficult to measure be-

cause it constitutes roughly only 1% of vertical force acting 

on the tyre. If desired accuracy is also 1%, for typical pas-

senger car tyre loaded to 4000 N it is necessary to precisely 

measure forces in the range of 40 N with accuracy at least 

0.4 N. This task which is difficult even in the laboratory 

conditions becomes extremely difficult in road conditions 

when many important variables are less controlled.  

As an example of the problems it may be mentioned that 

if the vertical force loading the test tyre via force sensor is 

not exactly vertical but it is tilted by 20 seconds of angle 

the resulting measuring error is at about 1% of evaluated 

rolling resistance force – see Fig. 3. 

 

 

Fig. 3. Influence of imperfections in measuring system on accuracy of 

rolling resistance measurements 

 

What is more, tyre rolling resistance is very sensitive to 

tyre inflation pressure and load [1], surface wetness [2] and 

temperature [3]. All those variables must be thoughtfully 

controlled during measurements and if it is not possible to 

control them (like for example temperature during road 

measurements), certain corrections must be applied.    

3.1. Laboratory methods 

Laboratory methods are based on so called "roadwheal 

facilities" which are big drums acting as "moving road" for 

tyres. One of the drum facilities used at the Technical Uni-

versity of Gdańsk is shown in Fig. 4. 

General advantages of using drum facilities for rolling 

resistance measurements are as follows: 

•  measurements may be carried indoor with full control of 

ambient conditions, 

•  measurements are not biased by the driving style, 

•  easy adjustment of measuring conditions (load, inflation 

pressure, speed), 

•  low cost of measurements. 

 

 

Fig. 4. Roadwheel facility with 1.7m diameter drum at the Technical 

University of Gdansk, Poland 

   

Unfortunately there is a lot of problems related to the 

use of drums for rolling resistance measurements. Most 

important ones are listed below: 

• road surface interfacing the test tyre is not flat but has 

certain curvature, 

• there are serious problems with obtaining representative 

texture of the road pavement and special replica road 

surfaces must be manufactured, 

• tyres have tendency to worn replica road surfaces and 

deposit rubber particles on them as there is no natural 

cleaning provided by changing weather conditions. 

There are three commonly used laboratory methods of 

rolling resistance measurements, namely Force Method, 

Torque Method and Deceleration Method. All three 

roadwheel facilities at the Technical University of Gdańsk 

use torque method.  

3.2. Road methods 

 Road methods are not so popular as laboratory methods 

because they are very difficult to carry out. Road methods 

are best suited for investigation of road surface influence on 

tyre rolling resistance. The most important advantages are: 

• tyres roll on real road pavements so the phenomena 

related to the tyre/road interfacing are not distorted,  

• road surface is flat so interaction between tyre and 

pavement is not impaired. 

Despite very important benefits there are lots of prob-

lems related to the road methods. Most important ones are 

listed below: 

• during measurements ambient conditions are difficult to 

control, 

• there are a lot of sources of measurement errors like 

wind, road grade or acceleration/deceleration, 

• performing measurements is time consuming and/or 

measuring equipment is very expensive, 

• for some road methods it is not possible to make measu-

rements on trafficked roads, 

Road measurements may be performed using ordinary 

cars or trucks (sometimes with special conversions) or by 
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utilizing specially build trailers [4]. In contrast to the labor-

atory methods there is not a single standard regulating road 

measurements of the rolling resistance.  

There are four basic road methods that may be per-

formed with the use of ordinary vehicles [5]. The methods 

are: 

• Coast Down Method, 

• Power Train Torque Method, 

• Fuel Consumption Method, 

• Trailer Method. 

Trailer method of rolling resistance measurements is the 

most versatile method and at the same time the most diffi-

cult one. At present there are only five known trailers that 

may make accurate measurements of rolling resistance of 

passenger car tyres. Two of them were built and are used by 

the Technical University of Gdańsk. One of the trailers 

called R
2
 Mk.2 is generally considered to be the most ad-

vanced and most versatile on the world. The trailer is de-

scribed in [6] and presented in Fig. 5 and 6. It makes meas-

urements both in EU countries and in the USA [7]. 

 

 

Fig. 5. Test trailer R2 Mk.2 built by the Technical University of Gdańsk 

 

 

Fig. 6. Interior of the test trailer R2 Mk.2 

3.3. Rolling resistance coefficients for modern tyres and 

road pavements 

In open literature most of the data related to tyre rolling 

resistance originate from measurements made on steel 

drums that are not representative for road conditions or 

measurements performed a long time ago by the coast down 

method. What is more, a few years ago a new concept of 

passenger car tyres was developed, namely "Blue Tyres" 

designed for electric and hybrid vehicles.  

With a few exceptions most of the electric cars are de-

veloped for urban and suburban driving conditions where 

maximal speeds are rather restricted and high speed han-

dling or tractions do not play a leading role in tyre ranking. 

For electric cars, especially low end and medium class it is 

however very important to ascertain as long operational 

range as possible because a typical electric car has only 

120-150 km range. Adding 20-30 km of range to such a car 

due to low rolling resistance tyres may make remarkable 

difference for the driver. 

It is interesting to note that, in fact there are two differ-

ent "families" of tyres design for electric cars. First family 

has tyres that have similar sizes to tyres for conventional 

cars with internal combustion engines and the second fami-

ly is composed with tyres developed for electric vehicles 

constructed in nonorthodox way. Those tyres have usually 

got very narrow tread and very big rim diameter – see Fig. 

7. 

 

 

Fig. 7. Tyres for electric cars; on the left – tyre of typical size for modern 

cars with conventional design, on the right – tyre for electric cars con-

structed in nonorthodox way 

 

All results reported in this paper were obtained by using 

R
2
 Mk.2 test trailer and measuring conditions described as 

"TUG measuring conditions" that differ slightly from exist-

ing ISO standards. At TUG conditions the vertical load 

acting on the tyre is set to 4 000 N, inflation pressure (regu-

lated) is kept at the value of 210 kPa and speed is 80 km/h. 

All reported results are corrected to air temperature 20ºC. 

Test tyres that were used for experiments are listed in 

Tab. 1. As there is no ISO standard for rolling resistance 

measurements on the road, Technical University of Gdańsk 

introduced several years ago set "informal reference tyres" 

that was adopted by most of the research institutes world-

wide. Two of the tyres in the set (SRTT and AV4) are also 

used in ISO 11819-3 standard as reference tyres for 

tyre/road noise measurements. Tyre MCPR was selected as 

modern market tyre for medium class passenger cars while 

tyre BLUECO was selected as state of the art tyre specially 

developed for electric cars.  
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Table 1. List of tyres used during experiments 

Tyre desig-

nation 
Tyre description Remarks 

SRTT P225/60R16   UNIROYAL Tiger 

Paw (Standard Reference Test 

Tyre) 

Reference tyre 

passenger cars. 

All-season 

AV4 195R14C  AVON Super Van 

AV4 

Reference tyre for 

light trucks 

MCPR 225/55R16  MICHELIN Primacy 

HP 

Informal reference 

tyre, summer 

tread 

BLUECO 195/50R18  CONTINENTAL 

Blueco 

Tyre designed for 

electric cars 

 

In Table 2 selected results of rolling resistance meas-

urements performed during the period 2015-2016 are pre-

sented. It is clearly visible, that tyre BLUECO exhibits 

coefficients of rolling resistance approximately two times 

smaller than coefficients of other tyres. A similar difference 

may be attributed also to pavement influence where rolling 

resistance measured on Surface Dressing 0/14 is about 

twice as big as rolling resistance on ISO Type DAC 0/6.   

 
Table 2. Coefficients of rolling resistance for selected road surfaces meas-

ured at TUG conditions 

Road pavement 

Tyre 

SRTT AV4 MCPR BLUECO 

Stone Mastic Asphalt, 

SMA11 
0.0086 0.0121 0.0110 0.0068 

Stone Mastic Asphalt, 

SMA8 COOEE 
0.0084 0.0112 0.0108 0.0064 

Stone Mastic Asphalt, 

SMA6 COOEE 
0.0078 0.0119 0.0105 0.0059 

Dense Asphalt Concrete, 

DAC 12.5  
0.0080 0.0121 0.0113 0.0053 

Surface Dressing, SD 

0/14   
0.0133 0.0161 0.0160 0.0082 

Surface Dressing, SD 

8/10  
0.0111 0.0147 0.0141 0.0074 

Fine Surface Dressing, 0.0068 0.0110 0.0088 0.0041 

Porous Hot Mix Asphalt, 

HMA  
0.0088 0.0132 0.0130 0.0058 

Portland Cement Con-

crete, PCC Conventional 

Diamond Grind 

0.0076 0.0115 0.0109 0.0052 

ISO Type DAC 0/6  0.0069 0.0107 0.0081 0.0045 

Concrete block pavement 

(50 km/h) 
0.0081 0.0116 0.0104 0.0050 

 

When permutations of tyres and road surfaces are com-

pared the difference between "the best" and "the worst" 

combinations is even bigger. The best combination of 

tyre/pavement is marked in Table 1 with green background 

color and CRR for it is as low as 0.0041while the worst is 

marked with red color and CRR is as high as 0.0161. Alt-

hough both combinations are in some way extreme they 

show that in principle by playing with road pavements and 

tyres the rolling resistance may be quadrupled.  

There is still ongoing discussion how to describe road 

surface texture in order to obtain good correlation with tyre 

rolling resistance. Commonly used Mean Profile Depth 

(MPD) in opinion of this authors is not appropriate as it 

treats each part of the texture profile in the same way. Dur-

ing interaction of tyre with pavement very often there is no 

contact between rubber of the tread and "valleys" of the 

texture as only summits of protruding aggregate interfaces 

with tyre. MPD is however calculated also in the areas 

where contact is not existing and this impairs correlation 

considerably. The authors believe that it is necessary to 

base texture estimator on enveloping procedures that ac-

count for properties of the tyre tread. 

4. Rolling resistance influence on energy consump-

tion 
There are several simulation models used for estimation 

of energy consumption of light and heavy vehicles. They 

are usually very complicated and based on numerous input 

data that can be difficult to obtain. In the case of simula-

tions reported in this paper it was not necessary to use very 

elaborate models as the goal is not to predict absolute ener-

gy consumption values but to evaluate relative changes of 

energy consumption attributable to rolling resistance 

changes. 

In order to estimate the influence of rolling resistance 

on energy consumption a very simple mathematical model 

was created. It was assumed that changes of engine power 

due to the changes of rolling resistance will not have any 

influence on engine efficiency at given speed and torque so 

what follows is that changes of energy (fuel) consumption 

are proportional to changes of engine power.  

The model used for evaluation is based on equations 2 

and 3.  

 ( ) 0GIDR PVFFFFP +⋅+++=     (2) 

  tPE ⋅=          (3) 

where: P – power [W], FR – rolling resistance force [N], FD 

– drag force [N], FI – inertia force [N], FG – grade force 

[N], V – speed of the vehicle [m/s], E – energy [J], P0 – 

during idling P0 = Pi, during normal driving P0 = Pe (power 

necessary to rotate unloaded engine) [W]. 

Basic power necessary to drive a vehicle is calculated 

according to equation 2. If simulation is performed for 

conventional vehicle (diesel or petrol engine) the model 

evaluates when engine braking is present. Most of the vehi-

cles are constructed in such a way that during engine brak-

ing fuel consumption is reduced to zero and this behavior is 

modeled in the algorithm. Algorithm also checks if the 

speed of vehicle is below 2 m/s and if so, the virtual "idling 

power" value is used (Pi). In the case of electric and hybrid 

vehicles equipped with KERS it is assumed that 50% of 

energy during "engine braking" is recovered. 

To simplify the calculations, energy is calculated ac-

cording to equation 3 with time interval of 1 s and summed 

for whole driving cycle. During idling fuel consumption for 

most of conventional cars is at about 0.5–1.4 l of fuel per 

hour. The authors estimate that virtual "idling power" value 

(Pi) that represents power necessary to idle the engine 

should be in the range of 0.4–1.3 kW for typical car en-

gines. To rotate unloaded engine with certain rpm the virtu-

al "rotation power" (Pe) is necessary. Estimations shows 

that depending on rotational speed the value of Pe is be-

tween 0.5–7.0 kW. 

In order to simulate the influence of rolling resistance 

on overall energy consumption for conventional vehicles, 

six cars were selected as well as three hybrid cars and one 

electric car. 
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  1.   2012 Jeep Liberty 

  2.   2010 Subaru Outback Wagon 

  3.   2009 Toyota Corolla 

  4.   2009 Chevrolet Aveo 

  5.   2009 GMC Sierra XFE 

  6.   2010 Ford Mondeo Estate 

  7.   2011 Chevrolet Volt (HYBRID) 

  8.   2010 Toyota Prius (HYBRID) 

  9.   2010 Honda Insight (HYBRID) 

10.   2014 SMART (ELECTRIC) 

 

Energy consumption simulations were performed for 

constant speeds: 30, 50, 70, 90, 110, 130 and 150 km/h as 

well as for urban driving cycle FTP 75. Calculations were 

performed for rolling resistance coefficients CRR from 0.005 

to 0.015 with increment of 0.001. Rolling resistance coeffi-

cient of 0.01 was considered as reference. The energy con-

sumption calculated according to the algorithm does not 

account for efficiency of the engine and power train but it 

may be assumed that the efficiency will not change consid-

erably for small and moderate differences in engine load 

due to changes in rolling resistance. Energy consumption 

for each rolling resistance coefficient was related to the 

energy consumption for the same driving conditions but 

calculated for reference rolling resistance coefficient of CRR 

= 0.01. The resulting factor is called in this paper "Relative 

Change of Energy Consumption" and designated RE. Val-

ues of RE obtained for cars with internal combustion en-

gines are presented in Table 3.  

During urban driving the average speed is not high (34 

km/h), but a lot of energy is consumed to accelerate vehi-

cles. In conventional cars most of the energy during braking 

is lost. Also in low-emission vehicles this energy is not 

fully preserved by energy recovery systems. During urban 

driving RE for conventional vehicles is on the same level as 

for constant driving with a constant speed of 110 km/h. For 

urban driving a decrease of the rolling resistance coefficient 

from 0.01 to 0.005 would lead to an 11% decrease of ener-

gy consumption for conventional vehicles.  

In order to better describe the influence of rolling re-

sistance on overall energy consumption the authors intro-

duced “Rolling Resistance Impact Factor” (IFRR). This 

factor shows how much the energy consumption is influ-

enced by a change in rolling resistance coefficient. For 

example, IFRR = 0.3 means that decrease of energy con-

sumption will equal 30% of the decrease of rolling re-

sistance. If the rolling resistance coefficient is reduced from 

0.01 to 0.006 the energy consumption will be reduced by: 

(0.01–0.006)*0.3*100%, that is 12%. Impact Factors for 

different vehicles are presented in Table 4.  

 
Table 3. Relative changes of energy consumption for conventional vehicles 

CRR 

Constant speed driving 

FTP-75 

30   km/h 50   km/h 70   km/h 90   km/h 110 km/h 130 km/h 150 km/h 

0.005 0.77 0.78 0.81 0.85 0.88 0.90 0.92 0.89 

0.006 0.81 0.82 0.85 0.88 0.90 0.92 0.94 0.91 

0.007 0.86 0.87 0.89 0.91 0.93 0.94 0.95 0.93 

0.008 0.91 0.91 0.92 0.94 0.95 0.96 0.97 0.96 

0.009 0.95 0.96 0.96 0.97 0.98 0.98 0.98 0.98 

0.010 1.00 1.00 1.00 1.00 1.00 1.00 1.00 1.00 

0.011 1.05 1.04 1.04 1.03 1.02 1.02 1.02 1.02 

0.012 1.09 1.09 1.08 1.06 1.05 1.04 1.03 1.04 

0.013 1.14 1.13 1.11 1.09 1.07 1.06 1.05 1.07 

0.014 1.19 1.18 1.15 1.12 1.10 1.08 1.06 1.09 

0.015 1.23 1.22 1.19 1.15 1.12 1.10 1.08 1.11 

 
Table 4. Rolling Resistance Impact Factor for conventional, hybrid and electric vehicles 

CRR 

Constant speed driving 

FTP-75 

30   km/h 50   km/h 70   km/h 90   km/h 110 km/h 130 km/h 150 km/h 

Conv. 0.46 0.45 0.38 0.31 0.24 0.19 0.16 0.22 

Hybrid 0.42 0.43 0.38 0.31 0.25 0.21 0.17 0.32 

Electric 0.35 0.36 0.31 0.25 0.20 0.16 0.13 0.31 
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Generally for all types of cars the highest impact factor 

is predicted for low end medium speeds. Differences be-

tween conventional, hybrid and electric cars are mostly due 

to different sizes and weight of cars. For example electric 

car SMART has very low weight comparing to convention-

al vehicles and rolling resistance is proportional to the 

weight of the car and this may explain why rolling re-

sistance impact factor for this car is lower.  

Analyzing the results presented in Table 4 it is neces-

sary to notice that the model does not account for energy 

losses due to cornering, or use of electric equipment like air 

condition, fans, lights. In opinion of this authors it is rea-

sonable to assume that impact factor for slow, constant 

speed driving (up to 30 km/h) is at about 0.3 while for me-

dium speed driving (30–90 km/h) it is at about 0.2.  

4. Conclusions 
Rolling resistance of car tyres plays a very important 

role in overall energy (fuel) consumption. This influence is 

especially essential for slow and medium speed driving. 

Rolling resistance measurements performed on numerous 

road pavements and using many modern passenger car tyres 

indicate that average coefficient of rolling resistance is 

close to CRR = 0.01. it is however possible to find tyres and 

road pavements that are responsible for much higher coeffi-

cient, as high as CRR = 0.016. This may increase fuel con-

sumption during slow and medium, constant speed driving 

by 12–18%. On the other hand if special "low rolling re-

sistance" road pavements and tyres designed for electric 

vehicles ("Blue type") are used it is possible to reduce CRR 

to 0.004. Such dramatic reduction of tyre rolling resistance 

may decrease fuel consumption even by 20% during slow 

or medium speed driving.  

Tyres designed for electric vehicles may in many cases 

be also used at conventional cars giving very substantial 

reduction of costs and emissions toxic gases and CO2. 
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Multiresolution analysis of vibration signals acquired from locomotive Diesel  

engine for classification of engine states basing on signal statistical parameters 
 

The paper presents a method of classification of locomotive Diesel engine states basing on vibration signals taken from an engine 

body and using chosen statistical parameters calculated for the original signal and it wavelet multiresolution components. The 

researches presented in the paper concern estimation of an engine states before and after a general repair. The target application of the 

presented researches is an on-line diagnostic system which can complement standard OBD systems. To this purpose the applied methods 

should not base on complex analysis of some spectral, time-frequency or scalogram plots but rather on choosing single diagnostic 

parameters which are suitable for the fast on-line diagnostic. The results have showed the significant difference in distinguishing of 

engine work before and after a general repair using some chosen statistical parameters applied to vibration signals. 

Key words: vibration signals, Diesel engine diagnostic, multiresolution analysis, classification 

 

 

1. Introduction 
A combustion engine is an example of a mechanical de-

vice which can run down. The engine diagnosis needs esti-

mation of the technical state of an engine during it exploita-

tion. Together with engines used in a car transport the loco-

motive combustion engines are nowadays also an important 

source of pollution. To reduce air pollution for passenger cars 

the OBD (on board diagnostic) norms and systems were 

introduced. The rail area is also partially regulated with sev-

eral regulations considering limits on emission of combustion 

gases (for example, cart UIC 623 1-2-3 in Europe). But all 

the time there are no obligatory regulations for systems 

monitoring the emission critical damages that might play a 

similar role to that of the OBD for cars. Anyway, the coming 

years will show a tightening of norms and regulations regard-

ing combustion gases emission regarding vehicles with 

heavy diesel engines like combustion locomotives. It is this 

imminent perspective that gives an impulse to research new 

detection methods that would be applicable in diesel locomo-

tives and which base on vibration analysis [1].  

The paper presents some researches on classification of 

different states of Diesel locomotive engine basing on vibra-

tion signals taken from an engine body before and after a 

repair. In the area of vibration signals analysis many special-

ized methods can be found. It is enough to mention about 

FFT spectrum, nonlinear analysis, short-time analysis and 

wavelets (see e.g. [2-9]). The results presented in the paper 

covers the application of multiresolution wavelet analysis 

into diagnostic of rail vehicle combustion engine with appli-

cation of some chosen statistical parameters applied to the 

original signal and it wavelet multiresolution components.  

The proposition of engine diagnostic presented in the 

paper bases on the indication of some diagnostic parameters 

which can be useful to distinguish engine different states by 

signal processing methods without considering details of 

mechanical engine processes. In this on-line analysis the 

applied methods cannot base on complex analysis of spec-

tral, time-frequency or scalogram plots but they need 

choosing single diagnostic parameter which can be applied 

in a fast on-line diagnostic. 

The results presented in the paper showed the signifi-

cant difference in distinguishing of engine work before and 

after a repair using some of chosen shape parameters ap-

plied to vibration signals taken from an engine. 

2. Multiresolution wavelet analysis 
Wavelet analysis [7, 10] is nowadays a known signal 

processing method applied in broad range of problems and 

disciplines. Wavelets have also found an application in the 

area of analysis of broad class of mechanical signals (also 

vibration signals) for diagnostic aim [5, 6, 11–13].  

In continuous wavelet transformation CWT [7, 10] the 

set of wavelets which create orthonormal base can be ob-

tained by transformations of one special mother wavelet. In 

comparison with Fourier base functions the wavelets series 

is created by scaling (stretching or compressing) and by 

translation, while the Fourier base function are only scaled. 

Wavelets are better from traditional Fourier approach dur-

ing analysis of signals which contain discontinuities and 

sharp non-periodic peaks. During processing of unsteady 

signals the Fourier analysis loses all information about 

localization in time of the given frequency components. 

The use of CWT while all calculations are done for all 

possible scales and translations gives the big amount of 

data. For this reason in practice the Discrete Wavelet Trans-

formation DWT is used [7, 10]. In DWT a signal is trans-

formed to discrete scales and discrete translations what 

gives a data reduction. What is worth to underline each 

DWT transformation can be interpreted as a special case of 

a filtering function [7, 10].  

In effect using DWT transformation to the original sig-

nal S can make it decomposition into two terms: high fre-

quency approximation term and low frequency approxima-

tion term. This operation can be repeated. For example, the 

structure of multiresolution decomposition of an original 

signal S on the level 5 can be described as S = A5 + D5 + D4 

+ D3 + D2 + D1 (see Fig. 1), where D represents low fre-

quency component decomposed with a high scale and A 

high frequency components decomposed with a low scale.  
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Fig. 1. The exemplary tree structure of multiresolution decomposition on 

level 5 

3. Measurements 
All experiments were done on Diesel locomotives ST44. 

The construction of ST44 locomotives is simple and a ser-

vice is easy to performance. They have easiness of start in 

any circumstances and a big force. The ST44 locomotive 

was a typical combustion traction vehicle for railway in 

Poland 1949–1991. It appeared irreplaceable in winter 

conditions. Unfortunately it has also many disadvantages 

like a big fuel consumption, little fuel tank, high emission 

of combustion gases and high level of noise. The measure-

ments were performed on two ST44 locomotives – number 

2045 and 2061. The main calculations were done for data 

registered on both locomotives. The paper presents also 

some calculation performed for each locomotive separately. 

The number of performed registrations was limited by 

complexity of measurements and first of all by the general 

costs of researches.  

The examinations were focused on Diesel engine 14D40 

no 8849. The measurements were done under loading (on 

water resistor) for correspondingly adjustment power in 

determinate measurement points [1, 14]. The researches 

were performing basing on comparison of vibration signals 

recorded from an engine before and after the revision repair 

in a diagnostic station. Periodic repair consisted in full 

service of damaged parts and in replacement of damaged or 

wearing elements [14].  

The acceleration measurements before repair of a Diesel 

engine were done by using acceleration sensors EGCS 

Entran Devices of the range ± 5 g. The signal was regis-

tered by cart PCL-818HD ADVANTECH with the sam-

pling frequency fHz = 1004.0161 Hz/channel. The meas-

urement after repair were done using the same sensors 

EGCS and new sensors PCB PIEZOELECTRONICS 

393B04 where the signal was amplify by 3-channel signal 

conditioning amplifier and next registered using analogue 

to digital cart.  

The sensors were mounted on an engine body in places 

which correspond to bearing sites of engine crankshaft (see 

Fig. 2). Each measurement points registered acceleration in 

vertical direction and transverse horizontal direction [14]. 

The measurements before the repair were performed under 

load on water recoil in the seven measurement points 

mounted on an engine body near of engine crankshaft bear-

ing. In each measuring point acceleration was registered in 

two directions: vertical and horizontal transversal. The 

measurements after repair were also done under load on 

water recoil but in six points of sensors mounted on engine 

body. In this case acceleration was registered in the same 

two directions: vertical (Entran sensors) and horizontal 

transversal (PCB sensors). 

 

 

Fig. 2. Sensors mounted on an engine body 

4. Data analysis 
Taking into account all configurations and all settings 

for horizontal case the full measurements gives finally 180 

signals registered before and 120 signals registered after. 

Each of these signals was processing to find it multiresolu-

tion components. The calculations were performed in 

MATLAB for Daubechies wavelet rank 5 and multiresolu-

tion decomposition at 5-th level. The type of wavelet was 

chosen basing on literature remarks and some own experi-

ments. From the point of view of diagnostic aims the 5 

level of decomposition seems quite enough, because the 

analysis is usually performed on-line and this needs not 

very time consuming calculations.  

In the considerations an original signal S after the de-

composition consisted of 6 sub signals S = A5 + D5 + D4 + 

D3 + D2 + D1, where D5 is a low frequency component 

decomposed with a high scale and successive D5, D4, D3, 

D2, D1 are high frequency components decomposed with a 

small scale.  

The example of signals and it multiresolution compo-

nents are presented in Figs. 3-4. For each signal and its 

components, the following parameters were calculated:   

• mean M, ∑
=

=
n

1i

1 x(i)
n

1
X                                 (1) 

• variance VAR, ( )∑
=

−=
n

1i

2
12 Xx(i)

n

1
X           (2) 

• root-mean square RMS, ∑
=

=
n

1i

2
3 x(i)

n

1
X    (3) 

 

     
A     B 

Fig. 3. Exemplary vibration signal before (A) and after (B) an engine 

repair for horizontal transversal registration (the x-axis units are in number 

of samples; the y-axis units are in 10 m/s2 ≈ g (A) and 1 m/s2 (B)) 
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• mean from absolute values MAV, ∑
=

=
n

1i

4 x(i)
n

1
X   (4) 

• shape coefficient SC, 
4

3
5

X

X
X =                       (5) 

 

 
                          A                         B                      C 

 
                 D                       E                      F 

Fig. 4. Multiresolution components of signal A from Fig. 3 (before a 

repair) (the x-axis units are in number of samples; the y-axis units are in 10 

m/s2 ≈ g) 

5. Results  
The general results for signal S and decomposition compo-

nents A5, D1, D2, D3, D4 and D5 were showed that the 

most interesting are results are for horizontal registration 

(see Table 1). The Table 1 presents the averaged values of 

parameters X1, X2, X3, X4 and X5 calculated for all signal 

cases (180 signals registered before and 120 signals regis-

tered after). Generally all parameters (except “Mean”) for 

horizontal registration show the increase of parameter value 

after the repair. The values of parameters after a repair are 

higher in comparison with values before a repair, but only 

for horizontal registration. It is worth to underline that the 

values “before” represent a worn-out engine in a general 

bad state while values “after” represent the repaired engine 

in better general state. 

The next step of the researches was a creation of a sim-

ple classifier to test if the chosen parameters can play a role 

of diagnostic parameters distinguishing engine state before 

and after the repair. Basing on the above observations 

above the three parameters: X2 (Variance VAR), X3 (Root-

Mean Square RMS) and X4 (Mean From Absolute Values 

MAV) for components S, D1 and D4 were chosen to build 

a classifier. It needs to define a threshold to distinguish the 

states of right and fault work of an engine and at the begin-

ning the simplest way was taken into account. 

Generally all parameters (except “Mean”) for horizontal 

registration show the increase of parameter value after the 

repair. It is worth to underline that the values “before” rep-

resent a worn-out engine in a general bad state while values 

“after” represent the repaired engine in better general state. 

The next step of the researches was a creation of a simple 

classifier to test if the chosen parameters can play a role of 

diagnostic parameters. Basing on the above observations 

the three parameters: X2 (Variance VAR), X3 (Root-Mean 

Square RMS) and X4 (Mean From Absolute Values MAV)   

 
Table 1. The full results from two locomotives for horizontal registrations 

 X1 X2 X3 X4 X5 

S 
Before 0.054 3.298 1.733 1.547 1.257 

After 0.075 65.853 72.862 8.727 5.499 

A5 
Before 0.054 0.009 0.160 0.145 1.142 

After 0.075 2.268 1.879 1.172 1.265 

D1 
Before -0.0000002 1.227 1.032 0.800 1.291 

After 0.000004 33.179 32.276 5.844 3.799 

D2 
Before -0.0000005 1.114 0.987 0.767 1.291 

After -0.000001 21.074 28.197 4.801 3.491 

D3 
Before 0.000003 0.676 0.768 0.611 1.256 

After -0.0000005 8.109 9.955 2.954 2.390 

D4 
Before -0.000006 0.243 0.471 0.374 1.265 

After -0.00001 4.312 4.191 1.942 1.001 

D5 
Before -0.000002 0.029 0.164 0.133 1.239 

After 0.000009 2.048 1.747 1.145 1.238 

 
Table 2. The means and standard deviations of distribution of parameters X2, X3, and X4 calculated for the cases before and after 

 X2 X3 X3 

S 
Before 3.298 ±2.298 1.733 ±0.571 1.547 ±0.513 

After 65.853 ±93.607 72.862 ±129.779 8.727 ±5.307 

D1 
Before 1.227 ±1.079 1.032 ±0.404 0.800 ±0.313 

After 33.179 ±43.655 32.276 ±52.626 5.844 ±3.425 

D4 
Before 0.243 ±0.142 0.471 ±0.144 0.374 ±0.119 

After 4.312 ±5.348 4.191 ±4.557 1.942 ±1.114 

 
Table 3. The results of classification for signal S for gauss thresholds separately for locomotive 2045 and 2061 

 X2 

Number (percentage) of classification as a 

X3 

Number (percentage) of classification as a 

X4 

Number (percentage) of classification as a 

Proper Improper Proper Improper Proper Improper 

After    both 

           2045 

           2061 

95 (79%) 

60 (100%) 

40 (67%) 

25 (21%) 

0 (0%) 

20 (33%) 

110 (92%) 

49 (82%) 

50 (83%) 

10 (8%) 

11 (18%) 

10 (17%) 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

Before both 

           2045 

           2061 

11 (6%) 

6 (7%) 

13 (14%) 

169 (94%) 

84 (93%) 

77 (86%) 

4 (2%) 

0 (0%) 

0 (0%) 

176 (98%) 

90 (100%) 

90 (100%) 

16 (9%) 

6 (7%) 

4 (4%) 

164 (91%) 

84 (93%) 

86 (96%) 
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Table 4. The results of classification for signal component D1 for gauss thresholds separately for locomotive 2045 and 2061 

X2 

Number (percentage) of classification as a 

X3 

Number (percentage) of classification as a 

X4 

Number (percentage) of classification as a 

Proper Improper Proper Improper Proper Improper 

After   both 

            2045 

            2061 

108 (9%) 

60 (100%) 

41 (68%) 

12 (10%) 

0 (0%) 

19 (32%) 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

Before both 

            2045 

            2061 

13 (7%) 

6 (0%) 

0 (0%) 

167 (93%) 

84 (93%) 

90 (100%) 

11 (6%) 

0 (0%) 

2 (2%) 

169 (94%) 

90 (100%) 

88 (98%) 

12 (7%) 

9 (10%) 

5 (6%) 

167 (93%) 

81 (90%) 

85 (94%) 

 
Table 5. The results of classification for signal component D4 for gauss thresholds separately for locomotive 2045 and 2061 

X2 

Number (percentage) of classification as a 

X3 

Number (percentage) of classification as a 

X4 

Number (percentage) of classification as a 

Proper Improper Proper Improper Proper Improper 

After   both 

           2045 

           2061 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

110 (92%) 

60 (100%) 

50 (83%) 

10 (8%) 

0 (0%) 

10 (17%) 

Before both 

           2045 

           2061 

9 (5%) 

1 (1%) 

7 (8%) 

171 (95%) 

89 (99%) 

83 (92%) 

7 (4%) 

46 (51%) 

5 (6%) 

173 (96%) 

44 (49%) 

85 (94%) 

6 (3%) 

1 (1%) 

6 (7%) 

174 (97%) 

89 (99%) 

84 (93%) 

 

for components S, D1 and D4 were chosen to build a classi-

fier. It needs to define a threshold to distinguish the states 

of right and fault work of an engine. 

At the beginning the simplest way was taken into ac-

count. The threshold was considered as a center between 

the parameter averaged value for the case before and the 

case after the repair. The results for this kind of thresholds 

appeared not perfect. But analyzing the original data more 

detailed it was noticed that resolutions of values for the 

state “after” was concentrated very broad in comparison 

with the values for the state “before” (see Table 2). Taking 

the “center” threshold gives a bad classification for signals 

before but better for signals after. 

It can be seen from Table 7 that the standard deviations of 

parameters are approximately ten times bigger for the set of 

data “before”. From the classifier construction point of view, it 

means that the threshold cannot be taken as a center of distance 

between before and after cases. To find the right threshold the 

Gaussian distribution was taken into consideration (find out 

that a mean and a standard deviation are enough to define a 

Gaussian distribution). This way a threshold should be define 

as a value, which is a coincidence point between two adjacent 

Gauss distributions, one for proper and the second for improp-

er case. In other words, the threshold is a solution of equation 

created by equate two Gauss distribution with different means 

and standard deviations  

                            G(x)µ2,σ2 = G(x)µ2,σ2                                (6) 

These kinds of thresholds are calling in the paper as “gauss” 

thresholds. The results of classification for gauss thresholds were 

better but they all the time not satisfactory. The problem was in 

the fact that the set of all signal data were recorded on two lo-

comotives but considered together. That’s way the calculations 

were repeated for each locomotive separately.  

Taking into account the center thresholds for each lo-

comotive separately and classify all cases as improper 

(while the value of a parameter is below threshold) or prop-

er (while the value of a parameter is above a threshold) 

separately for locomotive 2045 and 2061 give the results 

which are not satisfactory the same as for the analysis of 

data from two locomotives jointly. Here also can be noticed 

that resolutions of values for the state after are concentrated 

very broad in comparison with the values for the state be-

fore. Taking into account the means and standard deviations 

of distribution of parameters X2, X3, and X4 calculated for 

the cases before and after for each locomotive separately 

the gauss threshold was using (threshold calculated basing 

on Gauss distributions). Considering gauss thresholds and 

classify all cases as improper (while the value of a parame-

ter is below a threshold) or proper (while the value of a 

parameter is above a threshold) separately for locomotive 

2045 and 2061 give the results of classification which are 

presented in Tables 3–5. These results are really the best 

and give a good perspective for using the above parameters 

and methods for classification of Diesel engine state.  

Find that for classification performed in the paper a case 

was classified as improper while a corresponding value was 

below threshold and as a proper while the corresponding 

value was above a threshold. The state “before” represents 

a worn-out engine in bad conditions while state “after” 

represents the repaired engine in better general conditions. 

It strictly means that the values of Variance X2, Root-Mean 

Square X3 and Mean From Absolute Values X4 of horizon-

tal signal S and of it multiresolution components D1 and 

D4 are higher for proper engine working. At the same time 

the above parameters before the repair have significantly 

lower values (sometimes 10 or even 100 times) of standard 

deviation in comparison with the values for the same pa-

rameters for the case after repair. The resolutions of values 

for the state “after” are concentrated very broad in compari-

son with the values for the state “before”. The bigger values 

of Variance, Root-Mean Square and Mean From Absolute 

Values show that the range of variability of the vibrations 

for repaired engine is higher. From practical point of view it 

seems that for the bigger values of the above parameters the 

engine is working “better”. The sensors mounted on an 

engine body registered vibration signals which represent the 

influence of many vibration processes taken place in an 

engine, like combustion processes and functioning of en-

gine parts. This is no way to distinguish between them and 

presented in the paper diagnostic base on the general indi-

cation of useful diagnostic parameters without finding the 
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relation to real mechanical engine processes. We can just 

say that the “better” working of an engine corresponds to 

better combustion and better working of engine parts.  

6. Discussion 
The analysis presented in the paper was performed to dis-

tinguish between different engine states corresponding to 

engine state before and after a repair using signal processing 

methods. For this analysis three parameters were eventually 

selected: Variance, Root-Mean Square and Mean From Abso-

lute Values. The horizontal registration signals were chosen to 

analysis and in the calculations the original signal S and the 

two multiresolution components D1 and D4 were considered. 

The best results of classification were obtained for considering 

separately data from different locomotives. This shows that in 

this case the individual attributes of each signal can differ 

significantly for different signal source. In practice it means 

the classification and determination of thresholds should be 

performed separately for each locomotive engine. The even 

superficial analysis of the results is interesting and gives per-

spectives to practical application in combustion engine diag-

nostic. Although the results are very promising the great com-

plexity and variety of possible measurement schemas need 

more experiments and researches before practical application 

in an on-line OBD diagnostic system.  

 

Nomenclature 

14D40  engine type  

2045, 2061 locomotive numbers  

A1–A5  multiresolution high frequency components of S  

CWT  continuous wavelet transformation 

D1–D5  multiresolution low frequency components of S  

DWT  discrete wavelet transformation  

FFT  Fast Fourier Transformation 

M/X1  mean 

MAV/X4  mean from absolute values  

OBD  on board diagnostic 

RMS/X3  root-mean square 

S   original signal 

SC/X5  shape coefficient 

ST44  type of Diesel locomotive  

VAR/X2  variance  
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The effect of alternative fuels injection timing on toxic substances formation  

in CI engines 
 

The present study describes selected issues associated with the emission level in toxic exhaust gases and fuel injection timing. The 

study was focused on the following types of fuels: Diesel oil (the base fuel) and the other fuels were the mixture of fatty acid methyl ester 

with Camelina (L10 – diesel fuel with 10% V/V FAME of Camelina and L20 – diesel fuel with 10% V/V FAME of Camelina) was used. 

Fuel injection advanced angle was set for three different values – the factory setting – 12° before TDC, later injection – 7° and earlier 

injection – 17°. The most important conclusion is that in most measurement points registered in the same engine operating conditions, 

the concentration of fuel NOx in L10 and L20 increased but PM emissions decreased which is caused by active oxygen located in the 

internal structure of the fuel. This fact contributes to the rise in temperature during the combustion process. At the same time factory 

settings of the angle makes NOx emissions lower and close to reference fuel. 

Key words: Biofuels, diesel engine, toxic substances 

 

 

1. Introduction 
In the past few years there has been rapid development 

of public awareness and concern for the environment. Con-

tamination of the environment has reached a level from 

which man had so far not met. It has been shown that the 

emission of harmful substances into the environment affects 

human life, the productivity of agricultural and natural 

ecosystems [15]. It has a direct impact on human health and 

contributes to respiratory illnesses; particularly allergies. 

Air pollution causes corrosion of metals and construction 

materials. Act adversely on the plants, disrupts photosyn-

thesis and taints water and soil. On a global scale have an 

impact on climate change. The most characteristic exam-

ples of the risks are [5]: 

• acid rains, 

• the phenomenon of white smog (photochemical), 

• black smog phenomenon (London), 

• the greenhouse effect, 

• decrease in the protective ozone layer. 

Constantly tightening up the criteria for toxic exhaust 

emissions and decreasing oil resources are forcing the au-

tomotive industry to intensify research and finding for new 

technical solutions, offering the possibility of using alterna-

tive fuels and ensuring the least possible adverse impact of 

vehicles on the natural human environment. Reducing 

emissions of harmful compounds should focus primarily on 

reducing their formation in the engine (direct method), and 

then at their disposal (indirect method) [1, 2, 13, 14]. The 

main activities are focused on improving the combustion 

process in the engine by optimizing the design and imple-

mentation of additional systems, limiting the production of 

harmful substances in the combustion chamber. These ac-

tivities are limited, since the primary task of the internal 

combustion engine is to produce energy in a highly effec-

tive and efficient way [5, 8, 12]. 

The article focuses on the impact of different fuels (ON, 

L10, L20) on formation of the toxic components at exhaust 

gases for different injection timing angles. This subject is 

moved mainly in Europe due to the origin of the plant used 

for production of L10 and L20 and partially was investigat-

ed by authors of publications as to the effect of the injection 

timing on combustion process [11]. The originality of pre-

sented research results is that the authors use to power the 

engine mixtures of diesel oil and fatty acid methyl esters - 

L10 and L20. 

2. Experimental apparatus and procedure 
The aim of the study is to analyze and evaluate the 

emission of toxic components in exhaust gases. Research 

was carried out on three fuels; namely, ON (diesel oil), 

L10, L20, and for three different angles of injection timing. 

Measurements related to the two standardized toxic compo-

nents of exhaust gases: PM and NOx were conducted. These 

two toxic components from the exhaust were designated 

from other components in the study because of the highest 

observed differences in their concentrations during tests on 

engine when engine was supplied with described fuels in 

different operation conditions. 

Experimental tests were performed on a test bench in 

accordance with the C1 test procedure and ISO 8178 [3]. 

For the measurement of toxic components in exhaust gases 

AVL CEB II gas analyzer was used. The analyzer measures 

the concentrations of NOx using CLD method – chemilu-

minescent sensor. It utilizes the phenomenon of emission of 

electromagnetic radiation of a wavelength 0,6-3 microns, 

accompanying the reaction of nitric oxide NO with ozone, 

O3. The reaction produces radiation that can be converted 

later into an electrical signal. This signal is proportional to 

the intensity of the radiation, and thus the concentration of 

nitric oxide in the exhaust. Measurement of particulate 

matter was done in real time using the unit Horiba MEXA 

1230. This device provides a continuous measurement of 

the components of the particulate emissions. Our research 

results show the sum of the weights recorded of soot and 

soluble organic molecules. 

Three fuels used during the tests, namely ON, L10 and 

L20. Diesel fuel is the base fuel and the other fuels are ON 

and the mixture of fatty acid methyl ester with camelina, 

which could be, on grounds of its physicochemical proper-

ties, fuel substitute for pure ON [6, 7, 10]. It is known that 
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pure camelina ester is a promising future fuel because it 

belongs to the second generation of alternative fuels pro-

moted and recommended for potential use in the European 

Union. 

 
Table 1. Physical and chemical properties of three fuels ON, L10, L20 

Parameter ON (diesel oil) L10 L20 

Density [g/cm3] 0.83 0.834 0.839 

Viscosity [mm2/s] 2.8 3 3,2 

The calorific value [MJ/kg] 42.5 42 41 

Cetane number 55 54 53 

 

The test stand was based on the Perkins 1104C-E44T 

engine. It is a four-cylinder turbocharged diesel engine with 

direct fuel injection into the combustion chamber and liq-

uid-cooling. This engine is electronically controlled, it has 

two ECU types: primary for engine and secondary for injec-

tion pump control. It is designed for working machines, 

agricultural tractors and power generators [4, 9, 10]. The 

tests measuring system consists of four measurement chan-

nels: (i) the pressure in the combustion chamber, (ii) the 

angle of rotation of the crankshaft, (iii) the toxic exhaust 

emissions, and (iv) the particulate emissions. 

 

 

Fig. 1. Diagram of the test bench: 1 – engine PERKINS 1104C-E44T;  

2 – air inlet; 3 – exhaust; 4 – brake; 5 – piezoelectric pressure sensor;  

6 – crankshaft angle sensor; 7 – amplifier; 8 – indicating device; 

 9 – Horiba MEXA 1230 unit; 10 – AVL CEB II gas analyzer; 11 – heated 

route; 12 – reference gases; 13 – PC computer 

3. Results and discussion 
Because of the inaccuracy of instruments and testing 

methods, measuring result is always different from the 

actual measured values. Research was conducted on Per-

kins 1104C-E44TA and carried out using engine dyna-

mometer and gas analyzers: AVL CEB II and Horiba 

MEXA 1230. Both analyzers have the same class of meas-

uring which is 5% of maximum range of measurement.  

The results are shown in Figures below. They presented 

as speed and load characteristics for n = 1400 rpm, that is 

crankshaft rotation speed of maximum torque. The results 

are presented for the three previously mentioned types of 

fuel (ON, L10, L20) at an angle of fuel injection timing set 

for three different values labeled – A, B, C. The injection 

advance angle A is the factory setting – 12
o
 before TDC, 

value B causes subsequent injection angle by about 5
o
 after 

A, and setting C is earlier injection of around – 5
o
 before A. 

Studies of toxic emissions for three fuels at three injection 

timing settings were conducted in accordance with test C1. 

 

 

Fig. 2. NOx concentration for injection timing A and n = 1400 rpm 

 

 

Fig. 3. NOx concentration for injection timing B and n = 1400 rpm  

 

 

Fig. 4. NOx concentration for injection timing C and n = 1400 rpm 

 

Comparing the concentration of toxic components 

shows that for each injection angle, the highest concentra-

tion of the NOx was observed in the case of fuel L20, 

whereas the lowest pertained to fuel ON. The biggest dif-

ference in NOx formation was detected for fuels L20 and 

ON when injection timing angle C was set. Mentioned 

difference amounts to approx. 25%. (cf. Fig. 4). 

The concentration of PM is the smallest in the case of 

fuel L20, and the largest for ON. The difference between 

the concentration of PM for fuel ON, and the concentration 

of PM for L20 when injection timing angle C was set (cf. 

Fig. 7) is approx. 35% for a maximum load of the engine. 

The results shown in Figures 8–13 include speed and 

load characteristics carrying at n = 2000 rpm, that corre-

sponds to the crankshaft rotation speed of the maximum 

power. Values of NOx for all angles and fuels are almost 

identical. The lowest values of NOx are obtained for angle 

B (cf. Fig. 9). 
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Fig. 5. PM for injection timing A and n = 1400 rpm  

 

 

Fig. 6. PM for injection timing B and n = 1400 rpm  

 

 

Fig. 7. PM for injection timing C and n = 1400 rpm  

 

 

Fig. 8. NOx concentration for injection timing A and n = 2000 rpm  

 

The concentration of PM is the smallest for fuel L10, 

and almost identical for ON and L20. The difference be-

tween the concentrations of PM for fuel ON, L20 and L10 

(cf. Figures 11 and 12) at injection timing angles A and B is 

approx. 60% for the maximum load of the engine.  

In order to finally confirm the test results, the authors 

plan in the future to investigate the combustion process and 

associate it with the results of exhaust gas emissions levels. 

 

 

Fig. 9. NOx concentration for injection timing B and n = 2000 rpm  

 

 

Fig. 10. NOx concentration for injection timing C and n = 2000 rpm  

 

 

Fig. 11. PM for injection timing A and n = 2000 rpm  

 

 

Fig. 12. PM for injection timing B and n = 2000 rpm  

 

 

Fig. 13. PM for injection timing C and n = 2000 rpm  
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4. Conclusions 
The results of experimental studies illustrate the differ-

ence in emissions of toxic components in exhaust gases 

(NOx and PM). The study was carried out for two charac-

teristic crankshaft rotation speeds (corresponding to maxi-

mum power and maximum torque of the engine) as a func-

tion of load. In addition, the study presented different set-

ting of the fuel injection timing with respect to the concen-

trations of these two toxic components. 

Analyzing the test results for two different characteristic 

speeds the following conclusion can be made: 

– in most measurement points registered in the same en-

gine operating conditions when fuel L10 and L20 is 

used, NOx concentration increases, PM emissions de-

creases which is caused by active oxygen content in the 

internal structure of the fuels and thus contributing to 

the rise in temperature during the combustion process, 

– the highest concentrations of NOx and the smallest PM 

were recorded at maximum fuel injection timing angle 

(angle C). The reason for it was the advanced start of the 

combustion process (perhaps even before TDC) and thus 

causing the higher level of maximum pressure and temper-

ature of the working medium in the combustion chamber. 

 

Nomenclature 

CLD chemiluminescent sensor method 

ECU electronic control unit 

FAME fatty acid methyl ester 

L10 diesel fuel with 10% V/V fatty acid methyl ester of 

Camelina oil 

L20 diesel fuel with 20% V/V fatty acid methyl ester of 

Camelina oil 

NO nitric oxide 

NOx  oxides of nitrogen 

ON diesel fuel 

PM particulate matter 

TDC top dead center 
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Cylinder-to-cylinder and cycle-to-cycle variation in combustion process  

in radial aircraft engine 
 

Cycle-to-cycle variation in combustion in a single cylinder of a radial engine has an impact on that in others and the entire engine. 

Steady- and transient-state engine operation was investigated, and the transient states were generated by cyclic changes in the timing of 

fuel injection to a given cylinder, having others operated on the same mixture composition. The measurement of pressure in the combus-

tion chamber allowed for specifying indicated mean effective pressure (IMEP) in all cycles. The time series of IMEP were studied with 

mathematical techniques of non-linear dynamics, i.e. a wavelet transform and a multifractal analysis. Controlled disturbances in mixture 

composition in a single cylinder can have an impact on certain cylinders only. Cylinders 3, 5, 7 and 9 are most responsive to such dis-

turbances, which proves their least cycle-to-cycle variation in combustion. 

Key words: radial engine, combustion, non-uniformity, cycle-to-cycle variation, wavelet analysis, multifractal analysis 

 

 

1. Introduction 
Cycle-to-cycle variations in cylinder operation is typical 

of multi-cylinder engines. Performance of a next cylinder 

and combustion in a given cylinder are impacted by a 

design of a combustion chamber [1], pistons, a piston-

crankshaft system, location of spark plugs and arrangement 

of cylinders [14]. Cylinders in the radial engine are 

arranged radially around the crankshaft, with their axes 

intersected at one point. Intake lines, connecting the 

compressor and heads of the carburetor-powered engine, 

are identical in shape but supply a differently composed air-

fuel mixture, which is due to gravity acting on fuel drops 

and a fuel film. A mixture and fuel film move clockwise 

(lower cylinders) or counterclockwise (upper cylinders) 

with respect to gravity. The compressor moves by several 

degrees a fuel film in the same direction as its own rotation. 

Upper cylinders receive a lighter but lean mixture, whereas 

lower ones a heavier but richer mixture. A mixture of the 

air-fuel ratio larger than 1, i.e. λ > 1, or a lean mixture 

burns longer and makes an excessive increase in 

temperature of combustion chamber elements. As a result, 

it is difficult to maintain an appropriate head temperature in 

air-cooled radial engines and if temperature increases, 

knock occurs. The research by an American company, 

Radial Engines Ltd., a manufacturer of seven-cylinder 

radial engines Motors Jacobs R755B2 (202 kW) confirms 

an irregularly distributed mixture in cylinders, having 

analysed temperatures of exhaust gases in cylinders [22]. 

Multi-point fuel injection is the method to stabilize a 

mixture in steady states and to limit cycle-to-cyle variations 

in the operation of the combustion engine. Unfortunatelly, 

supplying the radial engine by injection cannot entirely be a 

solution here because more than 90% of fuel after injection 

settles down on intake system walls and only 10% of it 

reaches the cylinder in the first operating cycle. The rest of 

fuel evaporates with delay or reaches the combustion 

chamber in the liquid phase. Equilibrium, after which the 

mass of fuel injected into the intake system is the same as 

the mass of fuel which reaches the cylinder, is achieved 

after 6 operating cycles [19]. 

The irregular distribution of IMEP between cylinders in 

the ASz-62IR supplied by injection of Pb95 and Avgaz 

100LL is discussed in [10].  

Cycle-to-cycle variation is also impacted by the 

distribution of temperature on a cylinder surface. In the air-

cooled radial engine, the cylinder head and liner are heated 

unevenly.  

Cycle-to-cycle variation in the multi-cylinder engine 

can result from irregularly distributed any of the above 

factors in cylinders [15] as well as non-linear entire 

combustion (several possible courses of this process). The 

way the crankshaft-piston system in the radial engine is 

designed can differentiate a piston stroke. Each cylinder 

slightly differs in a degree of its compression and 

displacement. 

The phenomenon of cylinder-to-cylinder variation is 

also impacted by cycle-to-cycle variation in combustion. 

The cyclical nature of processes follows from the nature of 

processes in the engine, i.e. the principle behind the 

operation of the piston internal combustion engine. Cycle-

to-cycle variation in combustion may result in instability 

which reduces engine power [9, 11]. 

Cycle-to-cycle variation in combustion is especially 

high in SI engines. The sources of pressure oscillation were 

first classified by Heywood (the 1980s) as a degree of 

turbulence in the cylinder during combustion, a diversity of 

the amount of air and fuel, and the rest of exhaust gas in the 

cylinder as well as the local distribution of mixture around 

the spark plug [8]. The changed quality of a mixture has an 

impact on cycle-to-cycle variation [12]. 

A mathematical technique enables us to study time 

series and predict the future from the past. Data collected as 

time series give information on the past. Predicting the 

future from a statistical analysis is predicting possible 

behaviours. Importantly, predicting changes and tendencies 

can also become complicated if an investigated dynamic 

system  has many solutions, which is a fundamental feature 

of non-linear systems. Slightly modified initial conditions 

or parameters of the system in non-linear systems can lead 

to a significantly modified response of the dynamic system, 

e.g. an internal combustion engine and its combustion. 
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Other interesting effects to be expected in non-linear 

systems are time synchronization and spacial location. 

Importantly, the previous studies on the phenomena of 

irregularity and cyclical variation chiefly investigated 

automotive liquid-cooled engines and a single cylinder 

only. Unlike the radial engine, their intake ducts are 

arranged gravitationally. 

The author proposed [4] a physically proven non-linear 

map as a model of cylinder-to-cylinder variation in the SI 

engine. He also discussed an approach of symbol rates 

statistics to digitize model and research time series. Other 

authors attempted [3] to synchronize cylinder-to-cylinder 

variation in automotive high-capacity engines. Cycle-to-

cycle variation in combustion in the carbureted radial 

engine is investigated [2] to show significant differences in 

combustion in each cylinder and confirm cylinder-to-

cylinder variation. 

The methods to investigate time series of cylinder 

pressure with non-linear dynamics are efficient and allow 

for an in-depth understanding of an internal combustion 

engine. Cycle-to-cycle variation was examined by a number 

of researchers with the methods of non-linear dynamics to 

find out nonlinear aspects of variation [5]. The works using 

a wavelet transform and a multifractal analysis also 

followed this tendency [13, 18]. 

By investigating pressure in a given cylinder, it can be 

said that pressure clearly changes over time, both for its 

amplitude and frequency. Phase-frequency and time-

frequency selections are sensible approaches to study the 

combustion engine bacause of rapid changes that occur at 

high frequencies and slow changes in low frequencies. This 

method is capable of defining positions of a filter on a time-

frequency map by a scale factor and a window shift. If a 

window shifts towards high frequencies, its width 

decreases, which reduces resolution rate and increases time 

resolution and the other way round.  

Recurrence plots method has been used to distinguish 

combustion dynamics of a multicylinder aircraft radial 

engine in the presence of cyclic perturbations in one of 

cylinders [6]. This paper follows non-linear methods to 

describe the mode of combustion in each radial engine 

cylinder. There are applied quantitative methods as a 

multifractal analysis and qualitative methods as a wavelet 

transform. These two approaches allowed for investigating 

an operating cycle in each cylinder and the impact of 

combustion in a given cyclinder on combustion in others. 

2. Research object and the engine test stand 
The research object is a four-stroke, air-cooled, gasoline 

aircraft engine – ASz-62IR (Fig. 1), manufactured at WSK 

"PZL-Kalisz". It is now a drive unit in the following 

aircraft: An-2, M-18 ”Dromader”, DHC-3 ”OTTER”, DC-3 

“Dakota”, GAF-125 ”HAWK” and Y5. Our research engine 

has 9 radially-arranged cylinders with a total displacement 

of 29.87 dm
3
. The engine is supecharged mechanically with 

a radial compressor driven from a crankshaft with a gear of 

1:7. The maximum boost pressure is 0.14 MPa, and 

compression 6.4:1. The maximum power of approximately 

745 kW (1,000 hp) is achieved at 2,200 rpm. The maximum 

fuel consumption at take-off power is approximatelly 300 

kg/h. The engine is supplied with 9 electronically controlled 

injectors that inject fuel into all of the intake pipes. 

 

 
Inlet  
pipe  Throttle  

Injector  

 

Fig. 1. ASz-62IR supplied by injection system  

 

The engine section has a construction where our re-

search engine is attached (Figure 2). Load is a four-bladed 

propeller with an adjustable angle of attack. Torque is 

measured by changing the position of counterweight. The 

so read reaction torque and regarding the factors behind the 

test stand enabled us to specify the torque generated by the 

engine. 

To monitor the parameters of its performance, the re-

search engine is equipped with sensors such as 4 pressure 

transmitters MPX4250 under the carburetor, 2 pressure 

transducers MPX4250 Motorola in each of the intake pipes 

at the compressor and head. 

 

 
Propeller

Self aligning 

engine mount

Engine test 
bed mount

Counterweights
Balance 

indicator

Asz-62IR engine

 
Fig. 2. Schematic of the engine section at the engine test stand  

 

Combustion process was monitored with OPTRAND M 

3.5 x 0.6 optoelectronic sensors installed in special adapters 

screwed in the central section of the head. This type of 

sensor monitors how the intensity of light from two adja-

cent fibers, one connected to the LED and the other to a 

photodetector changes. Any changes in the intensity of light 

received by the photo diode result from changes in the 

intensity of light reflected by a steel membrane which is 

deformed by pressure [21]. 

The cylinder pressure sensor consists of a pressure 

transducer connected to a signal transducer by means of an 
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optic fiber. The measurements of combustion pressure in 

each cylinder were synchronized and automatically per-

formed in line with the signals from the magneto-inductive 

sensor to monitor engine speed and the position of a Hon-

eywell crankshaft. Pressure signals were amplified and sent 

to an acquisition card to be archived on a hard drive. 

3. Research methodology 

3.1. Test stand research  

The operation of the engine was studied in steady states, 

at constant speed and load as intake manifold air pressure. 

The measurements were performed for a middle operating 

range, i.e. speed n = 1,770 rpm and load ranging between a 

propeller characteristics and a full power characteristics at 

pk= 0.094 MPa. At the measuring point, the engine gener-

ates a power of 353 kW and fuel consumption per hour is 

109 kg/h (Figure 3). These conditions correspond to cruise 

speed of the airframe and are most frequent in operation. 

 

p
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Fig. 3. Operating range and the measuring point [6] 

 

Our transient investigation involved registering cylinder 

pressure during a case, in which one of considered cylin-

ders was perturbed by changing the injection timing. Each 

of the cylinders was supplied by a mixture of λ = 0.7. The 

fuel injection timing was selected so as to obtain a given 

value of air-fuel ratio. This composition was achieved by 

selecting fuel injection time as t1 = 7.8 ms. One of the cyl-

inders was fuelled in a varying step way by changing the 

injection time every 10s from t1 = 7.8 ms to t2 = 5.84 ms 

according to the diagram given in Fig. 4 [6]. 

There were 9 measurement series in which a given cyl-

inder was cyclically supplied according to the order of 

ignitions (Fig. 5). Pressures in 9 cylinders, i.e. 8 of them 

supplied by a mixture of constant composition and 1 by a 

mixture of disturbed composition were simultaneously 

registered at each measuring point. 

There were also measurements in which one cylinder 

was supplied by a mixture of disturbed composition and the 

others were supplied by a mixture of λ = 0.7. Combustion 

chamber pressure was measured with a sampling frequency 

of 22 kHz (2 samples per one crankshaft rotation). Then, 

the IMEP for subsequent 1,000 cycles was calculated from 

each engine cycle. The surface area of the indicated pres-

sure chart was calculated. A single sample shows measured 

pressure and displacement. The IMEP of a single cycle can 

be calculated from the formula: 
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where (Pj + P1,j), (Vj+1, Vj) are respectively j+1 and j-th 

value of combustion chamber pressure and volume and n is 

the number of samples per cycle. This means that the calcu-

lation of IMEP is coordinated with the crankshaft position. 

The calculation data included the length of a connecting 

rod, a cylinder bore and the time of a single cycle. 
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Fig. 4. Diagram of mixture composition disturbance in the individual 

cylinder [6] 
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Fig. 5. Order of disturbances in mixture composition in the cylinders  

 

3.2. Wavelet analysis 

The wavelet transform can use any base function as a 

base function [17]. The Morlet function is most popular for 

its simplified mode of calculation. This method resembles a 

filtration with a constant relative bandwidth ∆f/fs. The pa-

rameters of scale a and transposition b determine the loca-

tion of the filter on the time-frequency map. Bandwidth 

increases with the b to larger frequencies (frequency resolu-

tion of analysis decreases), and then time resolution in-

creases and the other way round. This feature is used in a 

simultaneous analysis of various high- and low-frequency 

time steps and rapidly changing processes of low speed.  
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The Continuous Wavelet Transform (CWT) analyzed the 

time series of IMEP. The wavelet transform in relation to a 

wavelet function ψ(·) is defined as follows: 
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where < IMEP > is the mean and σIMEP is a standard devia-

tion. A wavelet ψ(t) is a base wavelet, n is a scale shift and 

s is a positive real number creating the scale. A wavelet 

power spectrum (WPS) of the time series of IMEP is de-

fined as the square of the absolute value of CWT. 
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Our calculation uses as a base function the complex Morlet 

wavelet which consists of a flat wavelet modulated by the 

Gaussian function and is defined by the formula: 

 
 /2ηηiθ1/4 2

0 eeπΨ(η)
−−=  (4) 

The value of q0 defines the number of oscillations in the 

wavelet to control time-frequency resolution. θ0 = 2πf0 is 

defined as a wavelet degree where f0 is a frequency center. 

Higher θ0 improves frequency resolution but if lower, time 

resolution improves. Our analysis uses θ0 = 6. Such an 

approach results in a time and frequency resolution balance. 

The scale is also roughly equal to the period so the condi-

tions of scale and time can be interchanged while investi-

gating results. 

3.3. Multifractal analysis  

A multifractal analysis of IMEP oscillation consists of a 

specific spectrum of time series of IMEP against the Hölder 

exponent as a function of the Hausdorff distance. Its com-

plexity can be evaluated by means of the width of a mul-

tifractal spectrum. 

Following the procedure [16], the vicinity of each cycle 

and along a studied time series of IMEP (i + Δi) are inves-

tigated to find coefficient hi (incomplete number) capable 

of determining the corresponding discrepancy: 

 |IMEP(i) – IMEP(i + Δi)| ≤ ah Δi
hi

 (5) 

Factor ah is related to exponent hi which specifies a local 

internal separation. Generally, a multifractal analysis is 

based on a specific spectrum f(h) of all exponents hi and 

precisely describes a quantitative behavior of a system. 

Formally, h defines the Hölder exponent and the probability 

of its decomposition, f(h), coincides with the Hausdorff 

distance of a dynamic system. 

Figure 6 shows a sample method of specifying critical 

exponents for time series of indicated pressure when mix-

ture composition was modified in cylinder 1. The red curve 

refers to the results from the multifractal analysis using a 

modified software code [7]. Across it, there is marked a 

tendency line (blue) calculated from a 4-level polynomial  

and least squares. The formula of a polynomial was entered 

into the MATHCAD to find the squares of the equation. Its 

complexity can be evaluated by means of the width of a 

specific spectrum, i.e. the value of critical exponents ∆α. 
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Fig. 6. Sample of a multifractal spectrum with critical exponents ∆α and 

its most expected value of α0 when mixture composition was modified in 

cylinder 1 

 

4. Research results 
In each series of our measurements, from 950 to 1,040 

operating cycles were examined. Such a range was selected 

due to our research method in which the engine was held at 

a given operating point over a given constant period of time 

of 1 min. Such a period of time was selected to achieve a 

minimum of 900 operating cycles but it was limited by the 

size of the files with the measurements of several quantities 

to be saved.  

IMEP was calculated from each of the registered cycles 

to create a time series of IMEP. Figure 7 shows a sample of 

a time series at a given measuring point when the mixture 

composition was disturbed in cylinder number 5. 

 

0.8
1

0.8
1

0.8
1

0.8
1

0.8
1

0.8
1

0.8
1

0.8
1

0 100 200 300 400 500 600 700 800 900 1000
numer cyklu [-]

0.8
1

cyl. 1

cyl. 2

cyl. 3

cyl. 6

cyl. 7

cyl. 8

cyl. 9

IM
E

P
 [

M
P

a
]

 

Fig. 7. IMEP time series in subsequent operating cycles when mixture 

composition was modified in cylinder 5 

 

Figure 8 shows the research results of our MF analysis 

of the IMEP in the cylinders if the engine was driven by all 

of the cylinders supplied by a non-modified mixture com-

position of λ = 0.7. There were specified: a range of critical 

exponents ∆α and its expected value α0. The dotted line 

shows the maximum values of the exponents of our MF 

analysis (case without injection perturbations in cylinders). 

Figure 9 shows the research results of our MF analysis 

with the operation of the engine with one mixture-modified 

cylinder, marked with the black circle, and the other cylin-

ders supplied by a mixture of λ = 0.7. In addition, the 

dashed lines marked in all of the charts stand for the maxi-
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mum values of the critical exponents of our MF analysis 

that occur if the engine is not disturbed by a modified fuel 

dose supplied into a given cylinder (see Fig. 9). The bottom 

right section of the figure shows again the research results 

of our MF analysis but for the modified cylinders only. 

The results show that some of the modified cylinders 

can be distinguished by their extreme values of ∆α and α0. 

The maximum value of ∆α for the modified cylinder no. 3 

(a black circle) is due to a cyclically disturbed mixture  

composition. 
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Fig. 8. Comparing an MF analysis of IMEP in the cylinders supplied by a 

mixture of non-modified composition of λ = 0.7 for 100 LL. 

 

Disturbed cylinders no. 3, 5 and 7 show the highest val-

ue of α0 ≈ 0.3, which indicates the least negative correlation 

and a higher correlation of pressure fluctuations. Most of 

the odd-numbered cylinders supplied by a mixture of modi-

fied composition shows large ∆α, which is related to a 

highly complex course of combustion. The course of pres-

sure during mixture modification have complex response. 

If the distributions of MF from Figures 9 and 10 (distri-

butions of MF if no disturbances) are compared, the param-

eters clearly go beyond maximum ∆α ≈ 0.7 and α0 ≈ 0.18. 

This range always covers from 3 to 4 cases of indicated 

pressure out of 8 cases of failed cylinders. The repeating 

courses within this range are the courses of cylinders 6 and 

8 (5 repetitions) and cylinders 4 and 5 (3 repetitions). 

Moreover, if the courses of the disturbed cylinders are in-

vestigated only, and despite a disturbance in mixture com-

position, cylinder 8 still operates as if the engine were not 

disturbed at all. If cylinder 2 fails, there are two courses 

(cylinders 8 and 9). 

Their presence in the collection means that the IMEP 

proceeds in a comparable way, i.e. the largest negative 

correlation and low complexity. 
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Fig. 9. Results of  our MF analysis of the indicated pressure in each cylin-

der supplied by a mixture of modified composition (black circle), the other 

cylinders supplied by a mixture of λ = 0.7. The last graph (black points) 

summarizes the MF analysis for the disturbed cylinders only 

 



 

Cylinder-to-cylinder and cycle-to-cycle variation in combustion process in radial aircraft engine 

82 COMBUSTION ENGINES, 2017, 168(1) 

 

 

 

 

 

 

 

 

 

 
cycle number [-]

p
e
ri

o
d

 [
c
y

c
le

]

 
Fig. 10. Wavelet power spectrum for the IMEP in the cylinders supplied 

by a mixture of disturbed composition and the others supplied by a mixture 

of λ = 0.7 

Cylinder-to-cylinder variation in operation is depicted in 

the wavelet power spectrum (Fig. 10) showing the pressure 

changes in the two domains at the same time, i.e. in do-

mains of time and frequency (or the corresponding periods). 

The horizontal axis shows the subsequent numbers of suc-

cessive cycles, whereas a vertical one shows a period (the 

inverse of frequency) in cycles. An associated power of a 

signal (relative to the option) is marked with colors in the 

figure. Red indicates the highest level of power, blue the 

lowest level, and other colors show middle values. The 

individual colors of the chart inform about dominant peri-

ods, which signal is stationary, and what its nature is 

(growth and disappearance of amplitudes or an intermittent 

signal). 

The areas limited in the graphs by the black lines show 

a 95% certainty of red noise. The areas below the thin U-

shaped line mean the cone of influence below which the 

edge effect is dominant so the results may not be reliable 

and should be applied with caution [20]. The period for the 

results in this area is less than 256. 

Cycle-to-cycle variation in combustion occurs simulta-

neously in several different time scales as a result of non-

linear factors. Longer injection time results in oscillations 

to occur in a period ranging from 10 to 100 cycles. Such 

oscillations do not occur if mixture composition in the other 

cylinders remains the same. 

Summary 
A mathematical analysis of time series proves that if 

there are controlled disturbances in mixture composition in 

a single cylinder, certain cylinders only are responsive. 

Cylinders 3, 5, 7 and 9 are most responsive to disturbances, 

which proves that they show the least cycle-to-cycle varia-

tion in combustion. Cyclical modification in mixture com-

position are able to increase critical indicators of a mul-

tifractal analysis, i.e. a level of variation correlation and a 

complexity of its response). A wavelet analysis confirms 

graphically that combustion in cylinders supplied by a dis-

turbed mixture is complex. There are significant differences 

in the level of cyclical variation in combustion in a single 

cylinder, which has an impact on a level of cycle-to-cycle 

variation in operation of the entire engine. 

The methods to investigate a dynamic response of a sys-

tem used in internal combustion engines need to be tested 

in other types of engines and for a different option of mix-

ture composition disturbance to evaluate all of their ad-

vantages,  typical irregularities in combustion. Investigating 

thoroughly the position of parameters of a multifractal 

spectrum/area for each time series of a given cylinder can 

be helpful in identifying and diagnosing an incorrectly 

operating cylinder. 
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Nomenclature 

MF multifractal analysis 

CWT continous wavelet transform 

IMEP mean indicated effective pressure 

SI spark ignition 

λ air-fuel ratio 

WPS   wavelet power spectrum  
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Effect of asymmetric elliptical shapes of the sealing ring sliding surface  

on the main parameters of the oil film 
 

This article discusses the results of simulation studies of the effect of selected sealing ring sets with asymmetrical elliptical sliding 

surfaces on the oil layer thickness distribution over the whole operating range of an internal combustion engine. The problem of 

calculating the sliding surface coverage with visco-elastic oil film as well as in mixed friction conditions is discussed. The effect of 

asymmetrical elliptical sliding surfaces particularly on the dimensionless slip and squeeze indicators was determined, defining these 

surfaces ability to produce an oil film.  

The research results presented in this article show that there exists a real possibility of friction loss re-duction in the cylinder and 

sealing rings contact area, while maintaining the oil film continuity between the sliding surfaces. 

Key words: rings with asymmetrical sliding surface shape, friction loss, oil film, quantification of lubricant oil consumption 

 

 

1. Introduction 
During piston engine operation, the lubrication condi-

tions of the piston and the rings mounted on it are constant-

ly changing. Variable gas and mass forces acting on the 

piston rings along with the changing temperature affect the 

oil film performance. By performing simulation studies on 

the oil film thickness distribution for a given engine design, 

areas on the cylinder surface where the oil film may break 

can be identified. This results in the fluid friction to change 

into mixed friction, or even into boundary friction under 

extreme conditions.  

The ring sliding surface oil film thickness affects the 

pressure distribution in the oil film. The sealing rings slid-

ing surface shape becomes a key factor in this case. A sig-

nificant factor affecting the oil film instantaneous pressure 

distribution is the shape of this piston rings sliding surface 

obtained on the individual sections of the total axial surface 

height. The greatest challenge is determining the top sealing 

ring sliding surface shape, so that it both ensures the oil 

film continuity and at the same time reduces friction losses. 

Significant reduction of friction losses in the internal com-

bustion engine can be achieved by selection of the sliding 

surface shapes of both the top and bottom sealing rings. In 

addition, the theoretical predictions regarding the piston 

rings sliding surface oil coating impede the conditions as-

sociated with the instantaneous parameters of lubrication oil 

and the instantaneous temperature distribution on the sur-

faces of the kinematic pairs. It is very difficult to obtain the 

planned oil film thickness distribution by shaping the ge-

ometry of the piston rings sliding surfaces and shaping the 

ring operation parameters, due to the complex relationship 

between them. The minimum oil film thickness between the 

sliding surface of the piston rings and the cylinder wall 

depends on the shape of the sliding surface directly covered 

by the oil film and on the thickness of the oil layer on the 

cylinder wall surface before and after the ring passes it. The 

oil film distribution and the resulting friction type, in addi-

tion to the conditions mentioned above, will also be influ-

enced by other factors related to the type of lubricating oil 

used as well as its viscosity and temperature characteristics, 

the instantaneous position of the sealing ring sliding surfac-

es within the piston groove and the oil film layers surface 

conditions.  

Shaping the sliding surface of the piston rings directly 

affects the results of squeeze and slip, i.e., the instantaneous 

oil layer thickness left on the smooth surface of the cylinder 

wall after passage of the ring. The oil thickness in this area 

shapes the oil flow at the inlet to the next ring or to the 

same ring when returning through the cylinder. Depending 

on the shape of the sliding surface sections of this ring, the 

ring moves along the regions of various oil layer thickness 

at the piston's turning points. It can be stated, therefore, that 

a significant reduction in friction loss can be achieved pri-

marily by setting the limit value of the minimum oil film 

thickness to be found on the cylinder wall after the ring 

passes, and the oil layer it leaves after its return just after 

the TDC. The thickness of the oil layer left behind by the 

top sealing ring at the piston's return point applies to a very 

short surface distance of the cylinder. The length of this 

section depends on the piston stroke and on the axial height 

of the upper ring. When analyzing these phenomena, it is 

also necessary to consider the forces from the gas acting on 

the upper sealing ring on this section of the piston path in 

the BDC direction, as well as the cylinder wall distance oil-

coated by the bottom sealing ring moving towards the TDC 

in the previous stroke. The influence of these parameters 

must be taken into account when verifying the effect of the 

change in the sliding surface shape of the two sealing rings. 

Otherwise, the influence of these surfaces shape on the 

parameters defining the oil extrusion and lubrication effects 

may be misinterpreted.  

Assuming that the sliding surface of the piston ring is 

not covered with the oil over its entire height, this area 

should be limited to just the section covered with the oil 

film. This requires describing complex surface shapes using 

appropriate mathematical functions or coefficients that 

define the approximate shape of the sliding surfaces. The 

asymmetric shape’s effect of the piston rings sliding surface 

on their oil film coverage depends on the flow balance. In 

order to accurately analyze the effect of the sliding surface 

shape changes on the oily film distribution on its surface, 

the flow balance resulting from velocity areas should take 

into account. 
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The shape of the piston rings sliding surface should be 

chosen in a way that ensures an oil film coverage continuity 

of these surfaces throughout the whole engine cycle. On the 

sliding surface of the top sealing ring, the continuity of the 

oil film should be maintained especially in the angle range 

of 345 to 390° at the crankshaft. When analyzing such a 

crankshaft rotation angle range for the upper sealing ring, it 

is necessary to determine the path length just after TDC, on 

which the sliding surface of that ring moves on the oil layer 

left by its movement in the previous stroke. The distance to 

the end of this section, after which the sliding surface will 

encounter the oil layer left by the lower sealing ring before 

the piston's turning point also needs to be determined. 

In the case of the most commonly used three ring piston 

design, in the suction and expansion strokes, the scraper 

ring moves over the oil layer accumulated on the cylinder 

wall and the remaining rings move over the layer left be-

hind by the scraper ring. In the compression and exhaust 

strokes, the order of rings movement on the oil layer is 

reversed. The upper sealing ring moves only over the oil 

layer left by itself in the previous stroke, whereas the fol-

lowing rings move over the oil layer left by the preceding 

rings. In order to separate the sliding surfaces of the rings 

and the cylinder walls, a pressure must be created in the oil 

film that will determine its bearing capacity. In the expan-

sion, exhaust and to some extent in the compression stroke, 

according to the pressure increase characteristic in the 

combustion chamber, the internal pressure in the oil film is 

influenced by the pressure of the gases acting on the inner 

surface of the piston ring. Depending on the adhesion of the 

ring sliding surface to the piston grooves surface resulting 

from the movement direction of the piston, it is the pressure 

from the space above or below the piston. In the intake 

stroke and to some extent the compression stroke the oil 

film pressure is affected by the ring's own elasticity and the 

distribution of specific pressures on the cylinder walls. The 

force exerted by the piston ring on the cylinder wall de-

pends primarily on its geometrical dimensions, the type of 

material used, and the actual sliding surface covered by the 

oil film. 

2. The problem of calculating the sliding surfaces 

oil coverage for an oil film with partially elastic 

properties 
The effects of the temperature distribution, the lubricat-

ing oil dynamic viscosity, the specific pressure of the piston 

rings on the cylinder walls, the arrangement of all rings in 

the piston grooves and their geometrical dimensions on the 

piston rings sliding surface oil film thickness distribution 

are all well known. However, the currently produced syn-

thetic oils are not perfectly viscous liquids and they do not 

show the elasticity that is manifested in compressibility. 

The partial elasticity of the oil results in different tangential 

pressures that affect the instantaneous friction forces occur-

ring between the rings sliding surface and the cylinder walls 

[2]. In synthetic oils with elastic properties, there are other 

phenomena accompanying the distribution of the internal 

friction forces in the oil film, than in the mineral and sem-

isynthetic oils. The adoption of these features into the simu-

lation model for the analysis of the influence of the sealing 

rings sliding surfaces shape on the oil film surface is very 

important, as the reciprocal stresses due to viscosity and 

elasticity that occur in the turning points of the piston 

movement tend to combine.  

According to the oil layer swelling theory, known as the 

Weissenberg effect, these oils can increase the oil coverage 

of the sealing rings sliding surfaces [4]. Accurately deter-

mining the effects of this phenomenon requires detailed 

experimental research, including the aspects of covering 

these surfaces at the piston's turning point. In this respect, 

the effect of the sliding surface shape of the upper sealing 

ring plays a crucial role in shaping the thickness of the oil 

film related to its return stroke and scraping the oil into the 

combustion chamber in the compression and exhaust 

stroke. Taking into account the resilient properties of sem-

isynthetic and synthetic oils, the results can be expected to 

reduce the average friction losses in the oil film with a 

slight increase in losses at the piston turning points. Taking 

into account the resilient properties of these oils and evalu-

ating their effect on the instantaneous oil film coverage of 

the upper sealing ring at the piston's turning points, an ac-

curate mathematical model can be created to approximate 

the results that can define the effect of surface shape chang-

es on the actual oil film coverage. Separation of the effects 

of these oils while simultaneously changing the shape of the 

sealing rings sliding surface requires experimental research.  

In theoretical considerations this is not possible due to 

the error resulting from the introduction of the oil elastic 

modulus value into the mathematical model. Such a math-

ematical model would certainly make it possible to accu-

rately predict the effects of changes in the rings sliding 

surfaces shape in terms of engine friction losses reduction 

while maintaining the durability of its kinematic connection 

of the main mechanisms and the engine timing. Another 

difficulty is creating a reliable mathematical description of 

the actual oil film volume at the piston's turning points, 

even if the oil is assumed to be only a viscous fluid. 

Taking into account the theoretical considerations of the 

oil partially elastic one should also take into account the 

conditions when mixed friction occurs. For this purpose, an 

anisotropic friction model can be used, in which the value 

of the friction coefficient is calculated based on the slipping 

direction of the surface microroughness. At the moment the 

sealing rings sliding surfaces move on the cylinder walls, 

the main friction directions are perpendicular to each other. 

Such calculations use an elastic-plastic friction model. 

These phenomena are broadly illustrated in the works of 

Maksak [12], which investigated the effect of tangential 

direction on the preliminary displacement values for metal 

surfaces, including spheroidal cast irons used for the pro-

duction of piston rings. Based on the results of the Maksak 

study, it can be assumed that friction coefficient values 

decrease for samples with machining indications directed 

along the sliding direction, and increased – if the machining 

marks are perpendicular. In addition, displacement in the 

elastic range occurs only for a specific static load [15–17]. 

Thus increasing the static load resulting from the instanta-

neous changes in the piston movement direction will result 

in a macro-slip, preceded by the appearance of reciprocal 

elastic-plastic displacements in certain areas of the rings 

sliding surface and the cylinder walls. Displacement in the 
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elastic range is referred to as micro-slip and in these con-

siderations concerns only the instantaneous friction be-

tween the rings and the cylinder walls. An unloading and 

reloading of the sealing rings sliding surfaces pressure will 

result in a permanent plastic displacement as a difference of 

total displacement and the elastic preliminary displacement.  

According to Fredriksson's experimental research, re-

ducing the roughness of the metal surfaces results in an 

increase in the friction coefficient in spite of the contact 

pressure being the same.  

Considering the conditions described above, it is possi-

ble to determine the change in friction coefficients of sphe-

roidal cast irons covered with selected piston ring protec-

tive coatings, depending on the method of shaping the 

asymmetrical sliding surfaces of the piston rings under 

instantaneous friction conditions. Adoption of the afore-

mentioned conditions guarantees a precise theoretical defi-

nition of the effect of piston rings sliding surfaces shape 

change for fixed engine material and geometric require-

ments for the conditions where these surfaces are separated 

with visco-elastic oil film, as well as in mixed friction con-

ditions. In addition, the mathematical modeling of the phe-

nomena occurring at the piston rings sliding surfaces in 

mechanical friction conditions can be used to precisely 

predict the change in shape of these surfaces during the 

break-in period. Because every geometric change of the 

sealing rings asymmetrical shape affects the oil film thick-

ness distribution on the cylinder wall surface over the entire 

engine life.  

Currently, the most accurate available method for de-

termining the impact of all the discussed conditions is ex-

clusively experimental research of the piston ring operation 

with cylinder walls under certain engine operating condi-

tions. It is worth mentioning that the measurements of pis-

ton rings sliding surfaces, piston and cylinder walls are the 

most important for guaranteeing the reliability of the ob-

tained friction loss and oil film thickness results before, 

during, and after the completion of the tests.  

3. Partial filling of the space beneath the asymmet-

ric sliding surface with oil 
Simulation studies on the asymmetric change in the pis-

ton rings sliding surfaces shape require the inclusion of 

many variables that are difficult to determine. However, 

irrespective of the shape of these surfaces, their oil film 

coverage area results from the flow balance. As mentioned 

previously, this balance also depends on the type of liquid 

used to separate the sliding surfaces.  

In the assumed mathematical model [3] the oil exhibits 

viscosity but has no elastic properties. Taking into account 

such criteria at this stage of the study provides sufficient 

accuracy to determine the effect of the changes in the slid-

ing surfaces shape on their oil film coverage. In all simula-

tions, the asymmetrical shape of the sliding surface of both 

sealing rings is assumed in various combinations in the 

piston grooves. Based on the flow balance, it can be shown 

that the distribution of the oil film pressure affects not only 

the thickness of these film surfaces but also affects the 

position of the center and the angle values defining the 

selected parabolic shapes.  

The sliding surfaces asymmetric spherical shapes with 

parabola peaks between 5 to 20 microns relative to the side 

edges of the rings and their different arrangements at axial 

ring heights were selected for the study. Based on experi-

mental measurements of the actual piston rings shape, the 

selected asymmetrical spherical shapes are preserved for 

most of the samples over the entire circumference of the 

ring with a tolerance of about 1 micron. Such accuracy 

enables a real assessment of the effect of these surfaces 

shape change on friction losses and oil film parameters. On 

the other hand, repeatedly producing these surfaces in the 

ring cross-section at the technological stage is very diffi-

cult, since the asymmetric barrel shape error, i.e. the center 

of the parabola tip, and the height of the parabola with 

respect to the ring side edges, are in average between 3 and 

5 microns. However, this is not a problem when selecting 

identical sliding surfaces for large production cycles for 

experimental purposes. The sliding surface shape of these 

rings around their circumference may be determined by 

means of profilers or visual-measuring devices. 

The mathematical expression of asymmetric shapes sim-

ilar to elliptic figures forces the assumption of certain dis-

tance values between the antipodal points of the ellipse, 

where the center of the line defined by these points, is the 

ellipse's center of symmetry relative to the transverse diam-

eter and the conjugate diameter. Adopting elliptic shapes 

allow to determine the ellipse position center and the antip-

odal points distance that express the transverse diameter 

and the conjugate diameter values. In the case of asymmet-

rical shapes described using parabolic combinations, the 

comparison of friction losses and oil film parameters can be 

expressed based on the parabolic center position with its 

angle in that point defining the distance of the rings sliding 

surfaces from the cylinder surface. Manipulation of ellip-

soidal angles and coordinates of their position and parabolic 

angles at the level of several micrometers of the ring cross 

section greatly influences the distribution of the velocity 

fields components at the starting and separating points of 

the oil film. 

With the mathematical model used it is possible to ana-

lyze the phenomena accompanying the partial oil filling of 

the space under the piston rings sliding surface as well as 

the space between them by mapping the surface with 

straight line sections. As a result, a model simulating para-

bolic and sinusoidal surfaces using a specified number of 

broken curves was created. To make comparing the effects 

of implementing asymmetric parabolic or elliptical shapes 

possible, the values of the dimensionless slip and extrusion 

effects coefficients for these cross sections should be estab-

lished. In the simulated type of reciprocating internal com-

bustion engine, the manufacturer used a nose shape for the 

lower sealing ring and a symmetrical barrel shape for the 

upper sealing ring. 

The dimensionless slippage and extrusion effects coeffi-

cients determine the rings sliding surface ability to form an 

oil film. It has been established so far that the highest val-

ues of slip rates have been obtained for stepped and two-

step surfaces. On the other hand, the values of the extrusion 

coefficients increase as the interacting surfaces approach 

the parallel level. It is therefore justified to create a coeffi-
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cient that would allow the sliding surface shape contours to 

be compared in terms of slip and extrusion coefficients. 

Due to the fact that the parallel position of the opposing 

surfaces may be unpredictable and vary during the entire 

engine life, it is important to adjust the sliding surface con-

tours so that the values of the slip and extrusion effects are 

as large as possible within the limits set by the construction 

goals. The asymmetric contours arrangement defining the 

sealing rings sliding surfaces shape results in more favora-

ble results than symmetric contours arrangement or the 

formation of circumferential grooves on these surfaces [16].  

The upper sealing ring sliding surface contours should 

promote an asymmetrical shape with high slip coefficient 

values and low values of the extrusion coefficient. Contours 

characterized by a high value of slip coefficient should be 

located on the sliding surfaces on the crankcase side in the 

case of piston movement towards the TDC in the compres-

sion and exhaust strokes. Contours with small values of 

extrusion coefficient must be introduced in the opposite 

manner. Such a sliding surface design favors leaving an 

increased oil film thickness after the ring passage just be-

fore the piston's turning point. This provides reasonable 

conditions for liquid friction to occur along the return path 

of this ring before its sliding surface shape meets the oil 

layer left by the lower sealing ring. In this case, the con-

tours with low extrusion coefficient values introduced on 

the sliding surface from the combustion chamber’s side 

reduce the thickness of the oily film left behind by the ring 

in the intake and expansion strokes. This is acceptable since 

the upper sealing ring in the subsequent compression and 

exhaust strokes no longer generate as large gas forces as the 

expansion stroke. The reduced value of the gas force within 

this angle range on the crankshaft promotes the automatic 

increase of the oil film thickness by decreasing the specific 

pressure. Due to the fact that the load acting on the upper 

ring is smaller than at the piston's turning points just after 

the TDC, it is acceptable for the upper sealing ring to leave 

a thinner oil film within this crankshaft angle range. This 

improves the lubrication conditions of the upper sealing 

ring at the more heavily loaded crankshaft angles, resulting 

in the asymmetric position of the apex, i.e. the critical con-

tour center at the axial ring height. 

The contours of the lower sealing ring sliding surface 

should be able to achieve a high extrusion coefficient value 

and a low slip coefficient value. Contours with high extru-

sion coefficient values must be located on the sliding sur-

face from the combustion chamber side, and the contours of 

the low slip coefficient values on the opposite side. This is 

caused by the shift of the critical contour center tip to the 

ring sliding surface part from the combustion chamber side. 

Such contour placement defines the shape of a sliding sur-

face that favors oil scraping on the upper sealing ring slide 

surface during the compression and exhaust stroke due to 

the high value of the extrusion coefficient on that side of 

the ring. This sliding surface shape of the lower sealing ring 

reduces the oil film thickness left during its movement in 

the TDC direction. As a result, the lower ring moves over a 

reduced oil film thickness in the expansion stroke, where 

the load absorbed by the ring grows. This is very advanta-

geous because the thickness of the oil layer left by the 

scraper ring is sufficient to ensure the continuity of the oil 

film and, in addition, the reduced oil thickness for this ring 

results in a reduction in friction loss in this crankshaft angle 

range.  

These observations indicate the positive effects of modi-

fying the contours defining the sliding surface shape for 

both rings and its effect on the slip and extrusion coefficient 

values. As noted, the position of these contours correspond-

ing to the values of the slip and extrusion coefficients is 

different for each sealing ring, and should be selected based 

on the load transmitted by the respective ring in a given 

crankshaft angle region of the engine operating cycle. 

The results of previous simulations did not clearly show 

the effect of sliding surfaces asymmetric contours angles on 

the values of slip and extrusion coefficients. An important 

parameter determining the value of these indicators beyond 

the contour angle is also the position of the critical contour 

center tip, where there is a change in the sectional effects of 

slip and extrusion. The offset of the critical contour center 

to the outer edge of the sliding surface profile directly af-

fects the contour angle, and thus, it increases to the extru-

sion coefficient value.  

Based on the previous model [2], approximative extru-

sion and slip effects coefficients can be determined for the 

entire sliding surface of a given ring. However, a thorough 

analysis of the phenomena occurring on surfaces with a 

parabolic curvature, and not solely rectilinear, requires the 

addition of additional approximation coefficients or an 

increase in the number of calculation steps of the current 

mathematical model, which will be the subject of subse-

quent studies.  

Because of the complex relationship of the ring position 

with parameters characterizing the design of the engine 

components, its operating conditions and the properties of 

the oils, determining the coefficients approximating the 

phenomena resulting from the effects of slip and extrusion 

is preferred. Based on the assessment of these phenomena 

and the assumed changes in the ring's direction within the 

piston groove, tilt effect coefficients can be determined and 

linked to the slip and extrusion effects. The position of the 

ring is in particular influenced by the hydrodynamic pres-

sure in the oil film and by the ring's own elasticity. To ap-

proximate the most important aspects of effective shaping 

of the upper sealing ring sliding surface by changing the 

value of the extrusion and slip coefficients, it is necessary 

to first determine the area of operation in which the mixed 

friction phenomenon can occur. The distance traveled by 

the upper sealing ring until it encounters the oil film left by 

the lower sealing ring during the return movement can be 

described by the equation: 

acpg=ag-d±avg±avd 

The length of this path described in crankshaft degrees 

can be expressed by: 

aOWK=
180

S
×acpg 

where: acpg – distance from the oil film start point on the 

sliding surface profile of the upper sealing ring to the oil 

film separation on the sliding profile surface of the lower 
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sealing ring, ag-d – distance from the axial center of the 

upper sealing ring to the middle center of the lower sealing 

ring, avg – distance from the axial center of the upper seal-

ing ring height to the oil film layer edge on the sliding pro-

file surface, avd – distance from the axial center of the lower 

sealing ring height to the oil film separation on the sliding 

profile surface, aOWK – the distance expressed in crankshaft 

rotation degrees, S – piston stroke. 

For a 70 mm piston stroke internal combustion engine, 

this path averages out between 10 to 13° on the crankshaft 

just after TDC, depending on the shape of the sliding sur-

face of the two sealing rings, their axial height and their 

respective positions in the piston. The shape of the top 

sealing ring sliding surface should allow for the thickest 

possible layer of the oil film behind the ring leading to the 

TDC on the path section covered by its return movement. 

This shape also needs to allow as little oil consumption as 

possible while reducing friction losses with respect to the 

reference ring sliding surface shape.  

4. Analysis of oil film parameters and friction loss-

es for selected sets of piston rings with asymmetric 

sliding surfaces 
In the simulation studies, the asymmetric spherical 

shape of the lower and upper sealing rings was assumed. 

Simulation studies on oil film thickness and friction losses 

were made for the characteristic axes in the plane of the 

piston pins motion. The following sets of piston rings 

placement in the piston groove have been used: 

− reference ring set – upper and lower sealing ring – ref-

erence shapes for the given engine, 

− ring set 1 – upper sealing ring – parabolic peak located 

in the crankcase side sliding surface and lower sealing 

ring – parabolic peak on the side of the combustion 

chamber – optimal ring set, 

− ring set 2 – upper and lower sealing ring – parabolic 

peak located in the sliding surface on the crankcase side, 

− ring set 3 – upper and lower sealing ring – parabolic 

peak located in the sliding surface on the combustion 

chamber side. 

From the analysis of Figure 1, it is clear that the good 

oil film characteristics while reducing friction losses are 

obtained for the asymmetric spherical surfaces of the lower 

sealing ring with the center of the parabolic peak located in 

the sliding surface on the combustion chamber side – ring 

sets 1 and 2. Such a sliding surface shape of the lower seal-

ing ring allows for the formation of a greater oil film thick-

ness than in the reference shape and an oil film on the turn-

ing point of the upper sealing ring at about 15º on the 

crankshaft after the TDC, representing the expansion 

stroke, and a lower oil film thickness retained for the return 

movement of that ring in the BDC direction. Reducing the 

oil film thickness on the lower sealing ring sliding surface 

in the range of 20 to 180° on the crankshaft without the risk 

of mixed friction is very useful. It reduces the friction loss 

of this ring towards the BDC in the expansion stroke, while 

maintaining the conditions necessary to produce fluid fric-

tion throughout the entire crankshaft angle and at the max-

imum permissible load for the engine. The reverse situation 

occurs for the upper sealing ring. For this ring, the parabol-

ic peak defining the asymmetric shape should be located on 

the crankcase side. Such a sliding surface shape of the up-

per ring provides less scraping of the oil to the combustion 

chamber in the compression and exhaust strokes, reducing 

friction losses and ensuring increased oil film thickness and 

retaining the film in the crankshaft angle of 0 to 15° after 

the TDC in the expansion stroke.  

 

 
Fig. 1. The change in the oil film thickness, friction and the thickness of 

the oil layer left on the cylinder wall by the lower sealing ring after com-

pleting the TDC-BDC stroke; thick line – film, medium line – layer, thin 

line – friction, a) reference ring set, b) ring set 1, c) ring set 2, d) ring set 3 

 

As shown in Figure 1, the insertion of the lower sealing 

ring with an asymmetrical sliding surface with the parabolic 
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peak on the side of the combustion chamber (ring sets 2 and 

3) ensures oil film continuity just after the TDC in the ex-

pansion stroke. Within this angle on the crankshaft, the 

lower sealing ring has the highest gas force value, which 

can lead to breaking the oil film continuity. The analysis of 

Figures 1 and 2 leads to the statement that the oil layer 

distribution on the lower ring sliding surface for ring set 1 

and 2 is similar to the reference distribution while simulta-

neously reducing the friction force in the return stroke of 

the ring.  

Such a distribution of the oil film indicates a greater 

scraping of the oil by the lower sealing ring under the upper 

ring and leaving the reduced film thickness for the return 

movement of the piston. This sliding surface shape of the 

lower ring, in spite of the reduced oil film thickness, en-

sures continuity of its sliding surface coverage throughout 

the engine work cycle, especially just after TDC in the 

expansion stroke. Introducing the shape of ring set 3 for the 

lower sealing ring is not recommended. With this sliding 

surface shape, the oil film is broken off immediately after 

the piston's turning point, which promotes mixed friction 

and, in extreme cases, boundary friction. For this shape of 

the lower ring in the range of 5 to 34° on the crankshaft 

after the TDC in the expansion stroke, a sharp reduction in 

oil film thickness can be observed. This is due to the simu-

lation program limitations and the reduction of these values 

to less than 0.200 μm. However, it is expected that such a 

slight surface roughness is impossible to obtain at the man-

ufacturing stage and will probably result in mixed friction. 

Such a distribution of the oil film in this range of crankshaft 

angle is very unfavorable, because it affects the intensifica-

tion of the operational wear of the lower sealing ring and 

cylinder wall sliding surfaces. 

In addition, the lower ring sliding surface shape pre-

sented in ring set 3 increases the friction power of this ring 

by 1 W relative to the reference ring set and 4 W in relation 

to ring sets 1 and 2 at 3000 rpm. Increased friction losses 

for these ring sets result from breaking of the oil film conti-

nuity in the initial range of the crankshaft angle just after 

the TDC in the expansion stroke. From data in Table 1, it is 

clear that for ring set 1 the greatest reduction in friction 

losses is observed with respect to the reference set, while 

maintaining the favorable conditions for covering the slid-

ing surfaces of the lower and upper sealing rings. For ring 

sets 1 and 2, the lower friction of the lower sealing ring N2 

is identical – it is equal to 20%, 11.11%, and 13.85% for 

engine speeds of 1000 rpm, 3000 rpm and 5000 rpm respec-

tively. 

 

 

 
Fig. 2. Lower sealing ring sliding surface oil film layer after the TDC-BDC stroke; a) reference ring set, b) ring set 1, c) ring set 2, d) ring set 3 

 
Table 1. Values of power and friction force for selected piston ring sets 

 

Piston ring 

setup 

variant  

Engine 

speed n 

[rpm] 

Friction power of 

the upper sealing 

ring N1 [W] 

Friction power 

of the lower 

sealing ring N2 

[W] 

Friction power of 

the scraper ring 

N3 [W] 

Friction power of 

a piston ring set 

Nrsum [W] 

Friction force at 20° on the 

crankshaft after the TDC for 

the upper sealing ring [N] 

Reference 

ring set 

1000 10 5 6 27 4.3 

3000 60 27 36 159 8.4 

5000 142 65 83 374 11.1 

Ring set 1 1000 7 4 6 23 3.6 

3000 45 24 36 141 6.7 

5000 105 56 83 327 8.9 

Ring set 2 1000 8 4 6 24 3.9 

3000 47 24 36 143 7.3 

5000 108 56 83 330 9.9 

Ring set 3 1000 7 4 6 24 3.6 

3000 46 28 36 146 6.6 

5000 108 65 83 339 8.8 



 

Effect of asymmetric elliptical shapes of the sealing ring sliding surface on the main parameters of the oil film 

90 COMBUSTION ENGINES, 2017, 168(1)  

Figure 3 indicates that the asymmetric shape of the low-

er sealing ring for ring sets 1 and 2 reduces the oil film 

thickness of that ring to below the thickness of the oil film 

of the scraping ring. For the reference ring a slight increase 

in oil film thickness is observed to above the film thickness 

value of the scraper ring. Such situation leads to the reduc-

tion of the friction losses for both sealing rings while main-

taining the oil film continuity in the most heavily loaded 

areas from 0 to 50° on the crankshaft immediately after the 

TDC in the expansion stroke. By analyzing the graphs in 

Figures 1, 2 and 3 on the oil film distribution for the lower 

sealing ring, it can be stated that the use of asymmetrical 

shapes with the parabolic peak on the combustion chamber 

side makes it possible to significantly reduce friction losses 

while maintaining the oil film in all engine strokes. This 

means that this direction of piston ring sliding surface de-

sign enables high values of the extrusion coefficient and 

low values of the slip coefficient for these shapes. An im-

portant aspect of such modeling is the need to determine the 

whether the sealing rings retain their given shape after the 

adjustment of their sliding surface to the cylinder walls in 

engine break-in. In this case the decisive role in maintain-

ing or slightly adjusting the sliding surface of the two seal-

ing rings (at the level not exceeding 1–2 micrometers) plays 

the type of protective coating used on the sliding surfaces 

of the rings and the cylinder walls. The degree of changes 

in the original sealing ring sliding surface shape is affected 

by the thickness of the applied coating, friction wear re-

sistance, sliding surface forming technology, surface 

roughness for all co-operating surfaces of the kinematic 

pairs, and the quality and viscosity of the applied lubricant. 

The most favorable oil film distribution in the range of 

332 to 390° on the crankshaft is obtained for ring set 1, as 

shown in Figures 4 and 5. In addition, the largest reduction in 

friction power for the upper sealing ring N1 was 30%, 25% 

and 26.06% for 1000 rpm, 3000 rpm and 5000 rpm respec-

tively, and for the whole piston rings set Nrsum: 14.81%, 

11.32% and 12.57% for 1000 rpm, 3000 rpm and 5000 rpm 

respectively. Reduction of friction in 20° on the crankshaft 

after TDC for upper sealing ring is – 16.28%, 20.24% and 

19.82% for 1000 rpm, 3000 rpm and 5000 rpm respectively.  

In Figures 4 and 5 for ring set 1, the continuity of the 

upper sealing ring sliding surface oil layer can be observed 

throughout the entire crankshaft angle range, particularly 

from 360 to 390° on the crankshaft. For ring set 2, the up-

per sealing ring sliding surface is shifted away from the 

combustion chamber side in movement towards the TDC in 

the compression and exhaust stroke, which promotes the 

scraping of larger amounts of oil in this engine operating 

range and increases the consumption of the engine oil. Such 

a situation not only reduces the engine operation economy, 

but also damages the sliding surface interaction of this ring 

with the cylinder wall, as shown in Figures 4 and 5. For this  
 

 

 
Fig. 3. The oil film layer distribution for the lower sealing ring and the scraper ring after the TDC-BDC stroke; a) reference ring set, b) ring set 1, c) ring 

set 2, d) ring set 3  

 

 

 
Fig. 4. Changing the upper sealing ring oil film coverage – blue line, oil film thickness – red line, friction forces – green line as a function of the crank-

shaft angle; a) reference ring set, b) ring set 1, c) ring set 2, d) ring set 3  
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Fig. 5. Change in the upper seal ring sliding surface oil film coverage for characteristic axes in the plane of the piston pins motion; a) reference ring set, b) 

ring set 1, c) ring set 2, d) ring set 3 

  

combination, the thickness and width of the oil film cover-

age between 330 and 335° on the crankshaft before TDC in 

the compression stroke is significantly reduced. It is partic-

ularly dangerous to reduce the oil film coverage of the top 

sealing ring sliding surface in the plane of its largest point 

of this surface, i.e. the peak of the parabola just before the 

TDC at 334° on the crankshaft in the compression stroke 

and at 387° on the crankshaft in the expansion stroke. In 

these areas, despite favorable engine operating conditions, 

there will certainly be a break in oil film continuity. 

The areas of reduced oil film coverage and reduced oil 

layer thickness on the upper sealing ring sliding surface are 

varied and are not a reference point for a larger group of 

asymmetric piston rings. These areas depend on many indi-

vidual piston-crank design factors and the actual engine 

operating conditions. However, the example of reducing the 

coating and the oil layer thickness for these ring sets indi-

cates some tendencies for changes in these parameters that 

occur when shaping the geometry of the asymmetrical pis-

ton rings sliding surfaces.  

From Figures 4 and 5 as well as Table 2, it can be seen 

that ring set 3 exhibits unacceptable variations in the thick-

ness and coverage of the sliding surface oil film of these 

rings. A sharp reduction in oil film surface coverage is 

observed at 326° on the crankshaft in the compression 

stroke and at 391° on the crankshaft in the expansion 

stroke. A breach in the oil film continuity occurs at these 

points. Based on the data in table 2, it can be stated that 

there is no constant crankshaft angle value for different 

asymmetrical shapes and their combinations that would 

define the minimum oil film thickness. The value of this 

parameter, depending on the different asymmetrical shapes 

cooperation conditions and various operating conditions of 

the engine, is shifted closer or further from the TDC. This is 

shown in Figure 5 – by the blue line, where the minimum 

oil film thickness for ring sets 1, 2 and 3 is different. For 

example, for ring set 1, it is approximately 336° on the 

crankshaft in the compression stroke and 389° on the crank-

shaft in the expansion stroke, for Pack 2 at approximately 

333° on the crankshaft in the compression stroke and 391° 

on the crankshaft in the expansion stroke, and for ring set 3 

at approximately 326° on the crankshaft in the compression 

stroke and 395° on the crankshaft in the expansion stroke.  

 
Table 2. Oil film thickness values at 5° and 10° on the crankshaft after the 

TDC in the expansion stroke for selected ring sets 

Piston ring setup 

variant  

Engine 

speed n 

[rpm] 

Oil film thick-

ness 5° after 

TDC [μm] 

Oil film thick-

ness 10° after 

TDC [μm] 

Reference piston 

ring set 

1000 0.657 0.711 

3000 1.084 1.168 

5000 1.580 1.633 

Ring set 2 1000 0.427 0.520 

3000 0.880 1.017 

5000 1.148 1.322 

Ring set 3 1000 0.322 0.500 

3000 0.803 0.995 

5000 1.259 1.433 

Ring set 4 1000 0.455 0.531 

3000 0.918 1.041 

5000 1.179 1.344 

 

It can therefore be considered that the lower the oil film 

thickness encountered by the upper sealing ring in the pis-

ton movement towards the TDC in the compression stroke 

and to the BDC in the expansion stroke, the larger the dis-

tance of the crankshaft angle between points defining the 

minimum oil film thickness. If the oil film thickness en-

countered in both directions is large enough, both points 

defining the minimum film thickness for the upper sealing 

ring slide surface are approaching the crankshaft angle near 

the TDC. This is a valuable observation that indicates that 

the susceptibility of the points of minimum oil film thick-

ness in the compression and expansion strokes closely de-

pends on the shape and the asymmetry of the opposing 

sliding surfaces of both the sealing rings. This dependence 

is also repeated for other geometric dimensions of piston-

crank assemblies, which justifies the practical application 

of this relationship to a wider group of engines.  

It can also be noted that in considering the oil layer dis-

tribution on the two sealing rings sliding surfaces, in nu-

merical methods significant parameters should not be line-

arized. The goal should be to precisely express the change 

of the gap between the kinematic pairs surfaces that limit 

the lubricant wedge. Linearization of the two opposing 

surfaces shape geometry may lead to a significant error 

resulting in misinterpretation of the change in this parame-

ter and its effect on the oil film distribution on the piston 

rings sliding surface. Similar recommendations also apply 
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to the speed of the wedge thickness change. In these cases 

increasing the parameters and auxiliary parameters accura-

cy, that result from the hydrodynamic lubrication theory, 

greatly increases the complexity of the mathematical model 

used in the numerical calculations.  

5. Quantitative oil consumption analysis for  

selected asymmetrical ring sets sliding surfaces  
In the performed simulations it has been assumed that the 

asymmetric shape of the upper sealing ring sliding surface in 

a given position, moving in the compression and exhaust 

strokes, moves along the oil layer that it left on the cylinder 

wall surface in the intake and expansion strokes. The approx-

imate amount of oil that is partially evaporated or burned 

during the hot gases is taken into account in the mathematical 

model defining the oil consumption. It is assumed that the 

additional amount of oil consumption depends on the dis-

tance of the tip leading the asymmetric shape of the upper 

sealing ring towards the combustion chamber and from the 

instantaneous oil temperature value near the TDC before the 

expansion stroke, with the height of the piston sliding surface 

from the piston head to the end of the upper realing ring. The 

instantaneous actual oil temperature in this range of engine 

performance also depends on the thermal conductivity of the 

material applied to the upper sealing ring, piston head, piston 

and cylinder surface, pressure and temperature generated 

before and after the expansion stroke in the combustion 

chamber, and fuel concentration in the oil after a given peri-

od of its operation in the engine.  

For the given engine kinematic assemblies geometry 

and the assumed values of the temperatures in the combus-

tion chamber, the data defining the thermal conductivity of 

the spheroidal cast iron and the selected aluminum alloy 

used in the manufacture of the pistons, the geometrical data 

of the main engine assembly, for the duration of combus-

tion flame acting on the cylinder walls surface from its 

ignition to decay, just before and during the exhaust stroke, 

and for the ignition temperature of synthetic oil with a dy-

namic viscosity of 0.0152 Pa×s in the range of 200 to 

250°C, the total amount of oil consumed due to its combus-

tion in the cylinder will hypothetically increase from 16% 

to 19%. The percentage value of the amount of oil con-

sumed depends on the gas force, and will certainly increase 

with the rise in the isochoric pressure increase factor, that is 

to say, for supercharged engines. 

The analysis of the data in Table 3 indicates that, for ring 

sets 1 and 3, the total oil consumption is much lower than for 

the reference ring set. This is due to the asymmetric shape of 

the upper sealing ring with the sliding surface parabolic peak 

located on the crankcase side. The more oblique angle of the 

parabola defining the given elliptical shape on the sliding 

surface on the combustion chamber side results in less oil 

scraping to the combustion chamber in the expansion and 

exhaust strokes. This is due to the use of asymmetric shaped 

contour surfaces of the upper sealing ring with large values 

of the slip coefficient and small values of the extrusion coef-

ficient. Oil consumption is one of the most important param-

eters determining the practical application validity of the two 

sealing rings asymmetrical shapes located in the  piston 

grooves. Each attempt to reduce the friction loss of a piston 

ring set affects the oil consumption and oil film thickness, 

and the thickness of the oil film influences the durability of 

the main engine assemblies.  

6. Conclusions 
Using the data obtained from the simulations, the fol-

lowing conclusions can be made: 

− Analyzing the most important effective shaping aspects 

of the upper sealing ring sliding surfaces by changing the 

extrusion and slip coefficients values, it is necessary to 

determine the area of its operation in which mixed fric-

tion may occur. This means that the distance traveled by 

the upper sealing ring must be defined until the oil film 

left behind by the lower sealing ring is encountered dur-

ing its return movement for the given engine design. 

− The mathematical description of asymmetrical elliptic 

shapes forces the acceptance of certain values of the dis-

tance between the antipodal points of the ellipse, i.e. the 

pairs of points whose midway point defines the center 

of the ellipse's symmetry relative to the transverse dia- 

meter and the conjugate diameter. The accepted elliptic 

 

Table 3. Specific and hourly oil consumption and the quantity of oil scraped into the crankcase and combustion chamber for each engine stroke for select-

ed piston ring sets 

Piston ring 

setup 

variant  

Engine 

speed n 

[rpm] 

Specific oil 

consumption 

go [g/kWh] 

 

Hourly oil 

consumption 

Gh [g/h] 

 

The volume of oil 

scraped into the 

combustion chamber 

in the intake stroke 

V1 [mm3] 

The volume of oil 

scraped into the 

combustion chamber 

in the compression 

stroke V2 [mm3] 

The volume of oil 

scraped into the 

combustion cham-

ber in the expansion 

stroke V3 [mm3] 

The volume of oil 

scraped into the 

combustion cham-

ber in the exhaust 

stroke V4 [mm3] 

Reference 

ring set 

1000 9.5 1.2 0.008 0.027 0.060 0.010 

3000 13.54 3.1 0.006 0.022 0.031 0.017 

5000 20.79 5.7 0.006 0.026 0.058 0.016 

Ring set 1 1000 15.89 1.6 0.022 0.034 0.074 0.024 

3000 13.72 3.2 0.015 0.020 0.056 0.020 

5000 17.60 4.9 0.013 0.018 0.044 0.018 

Ring set 2 1000 26.96 2.7 0.007 0.067 0.022 0.033 

3000 23.10 5.4 0.004 0.041 0.021 0.026 

5000 51.92 14.3 0.004 0.083 0.028 0.023 

Ring set 3 1000 16.07 1.6 0.024 0.035 0.138 0.024 

3000 13.58 3.2 0.015 0.019 0.079 0.020 

5000 17.67 4.9 0.015 0.018 0.064 0.018 
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shapes allow to define the common center of the ellipse 

position and the distance of the antipodal points that ex-

press the transverse and conjugate diameters. 

− The shape contours of the upper sealing ring's sliding sur-

face should be characterized by a high slip coefficient val-

ue and a low extrusion coefficient value. Contours charac-

terized by a high value of slip coefficient should be located 

on the crankcase side sliding surface. In case of piston 

movement in the direction of TDC in the compression and 

exhaust stroke, contours with small values of the extrusion 

coefficient must be placed on the opposite side. The con-

tours of the sliding surface of the lower sealing ring should 

be in the opposite positions relative to the contours of the 

sliding surface of the upper sealing ring. 

− Using the right sliding surfaces asymmetrical contours 

of both the sealing rings reduces the friction power of 

the entire piston ring assembly of the Nrsum by: 14.81% 

at 1000 rpm, 11.32% at 3000 rpm and 12.57% at 5000 

rpm. It also affects the reduction of friction in 20° of the 

crankshaft after TDC for the upper sealing ring by: 

16.28% at 1000 rpm, 20.24% at 3000 rpm and 19.82% 

at 5000 rpm.  

− Reduction of the oil film thickness encountered by the 

upper sealing ring when piston moves towards the TDC 

in the compression stroke and to the BDC in the expan-

sion stroke results in a distance increase of the crank-

shaft angle points defining the minimum oil film thick-

ness. If the thickness of the oil film encountered in both 

piston movement directions is large enough, both points 

defining the minimum film thickness for the upper seal-

ing ring slide surface are approaching the angle on the 

crankshaft near the TDC. 

− Using an appropriately selected asymmetrical sliding 

surface shape of the upper sealing ring can lead to a 

slight increase in specific and hourly consumption of the 

engine oil between 1000 to 3000 rpm, while maintain-

ing an approximate value of this parameter at speeds of 

2500 to 3500 rpm and a significant decrease in the value 

of this parameter above 3500 rpm – even over 15% 

while maintaining good lubrication conditions for all 

piston rings throughout the entire engine speed range.  

− The theoretical assumption of the oil partial elasticity 

should be considered simultaneously with the mixed 

friction conditions – in the asymmetric analysis of the 

sliding sealing rings shape contours – due to the reduced 

oil film thickness and the angular value of this parame-

ter position in the compression and expansion strokes. 

Hypothetically, one can use an anisotropic friction mod-

el or an elastic-plastic model of orthotropic friction to 

include these assumptions. 
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The evaluation of the regularity of the combustion process in the SI engine 

 fueled with petrol and ethanol 
 

In the paper are presented results of a research work concerning automotive spark ignition engine fueled with ethyl alcohol. The 

research was performed on a Fiat 1100 MPI engine adapted to dual fuel feeding. Injection of ethyl alcohol was accomplished in area 

near inlet valve with use of original injectors, the same as used in case of gasoline feeding. The subject-matter of the study was to 

compare smoothness of engine operation fueled with alcohol in relation to parameters of the engine fueled traditionally with gasoline. 

There were analyzed combustion parameters calculated on the basis of recorded indicated diagrams of successive individual combustion 

cycles and averaged diagrams of successive 50 cycles. Performed investigations are pointing at smooth engine operation running on 

neat alcohol, and on improvement of performance parameters such as effective power and overall efficiency. 

Key words: ethyl alcohol, overall efficiency, engine smoothness, combustion pressure, indicated pressure 

 

 

1. Introduction 
Obligation of usage of biofuels results from accom-

plishment of the National Indicative Targets (NCW in 

short), which assume gradual increase of reproducible fuels 

in total volume of engine fuels [1–3]. According to decree 

of the Polish Government on the NCW of the 20.07.2013, 

energetic fraction of biofuels in the year 2017 should 

amount to 7.8%, while in the year 2018 should reach level 

of 8.5% [3].  

The alcohols belong to primary biofuels (used mainly in 

spark ignition engines) and esters of unsaturated fatty acids 

used to fueling of self-ignition engines [5–8]. 

Simple alcohols, like methyl and ethyl, can be produced 

from a biomass, reproducible source of energy, possible to 

be obtained in very high quantities [9, 12]. Ethyl alcohol 

can be obtained in fermentation process of vegetable raw 

materials (cereals, potato, sugar cane, cassava) and cellu-

lose from a wood waste. It seems that in future, in Polish 

domestic conditions, methyl alcohol produced from coal or 

natural gas can also play an important role [13, 14, 18]. A 

future can be foreseen also for developed during the recent 

years technology of synthesis of methanol from carbon 

dioxide and hydrogen. 

Products of combustion of methyl and ethyl alcohols are 

carbon dioxide and water, while the process proceeds ac-

cording to the following reaction: 

 OHCOOOHCH 2223 2
2

3 +→+  (1) 

 OHCOOOHHC
22252

323 +→+  (2) 

Mass fraction of carbon atoms in a molecule of alcohols 

is lower comparing to traditional fuels and amounts to 

0.375 for methyl alcohol, and to 0.520 for ethyl alcohol, 

while in case of gasoline and diesel fuel such ratio amounts 

approximately to 0.845–0.850. Anyhow, taking into con-

sideration differences in calorific values, obtainment of the 

same unit of energy from alcohols will result in a slight, 

within limits 2%, reduction of CO2 emissions comparing 

with gasoline [14–16]. 

Alcohols, due to their perfect properties, mainly due to 

high octane number, high heat of vaporization and high 

combustion rate, can be successfully used both in spark 

ignition engines (as a neat fuels, or as additions to tradition-

al fuels), and in self-ignition engines as additions combust-

ed simultaneously with diesel oil [10, 11, 17, 19]. Ad-

vantages of alcohols have resulted in research studies on 

feeding of engines with alcohols, conducted in many 

worldwide research centers.  

Spark ignition engines in European conditions are the 

most often fueled with mixtures of anhydrous ethyl alcohol 

or its esters with gasoline [1, 14, 18]. Due to susceptibility 

of alcohol-gasoline mixtures to stratification in low temper-

atures and in presence of water, total contents of alcohol or 

duration of usage of the mixtures are limited. Due to such 

reasons, fueling of spark ignition engines with pure ethyl 

alcohol is especially attractive, because in such case it is 

possible to use water-down alcohols, and cost of their pro-

duction is lower. Fueling with pure alcohol enables to take 

full advantage of high knock resistance of alcohols, allow-

ing increase of compression ratio, increase of overall effi-

ciency and unit power of the engine [15, 18, 19]. Such 

direction is especially developed in Brasil, where are run-

ning some 2 million cars fueled with ethyl alcohol produced 

from cassava and sugar cane [14]. 

Common usage of multipoint injection of light fuels has 

created a new possibilities of usage of alcohol additive to 

gasoline, or alternating use of alcohol or gasoline to feeding 

of engines. After some modifications of engine’s feeding 

system, start-up of the engine and its heating can occur 

when the engine is fed with neat gasoline, and further en-

gine operation can occur with alcohol fueling. In such en-

gines the compression ratio can be increased with 2.0–3.0 

units, what should increase engine efficiency. The research 

studies show that also in area of partial engine loads, effi-

ciency of the engine fueled with neat alcohol is higher, 

what have a significant effect in case of automotive spark 

ignition engines operated in urban conditions. 

In this study are presented results of investigations of 

automotive engine of the FIAT 1100 MJT type fueled with 

ethyl alcohol. Special attention was paid on parameters of 

combustion process, calculated on the basis of recorded 

indicated diagrams from successive cycles of individual 

combustion courses and averaged diagrams for 50 succes-
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sive cycles. Selected parameters were used to assessment of 

smoothness of engine operation in successive cycles, so 

called cycle by cycle, and to assess changes in pressure 

course during combustion. As a reference values were im-

plemented the same parameters as obtained during engine 

fueled with neat gasoline. 

Performed investigations are pointing at a stable opera-

tion of the engine running on pure alcohol, and improve-

ment of operational parameters such as effective power and 

overall efficiency. 

2. Engine test bed 
The investigations were performed on four cylinder, 

spark ignition engine with multipoint fuel injection of the 

Fiat 1100 MPI brand. Technical data of the engine are spe-

cified in the Table 1. 

 
Table 1. Technical data of the Fiat 1100 MPI engine 

Engine type Fiat 1100 MPI 

Bore x stroke 70 x 72 mm 

Swept capacity 1108 ccm 

Compression ratio 9.6 

Rated power/rpm  40 kW/5000 rpm 

Maximal torque/rpm 88 Nm/3000 rpm 

 

Factory made engine was adapted to the dual fuel feed-

ing with gasoline and alcohol. To perform it, in suction 

manifold of the engine were installed additional injectors 

for each cylinder. Original injectors (positioned close to 

inlet valve) served to injection of alcohol, while additional 

injectors to injection of gasoline. In course of the investiga-

tions, due to alternating fueling with alcohol or gasoline, 

were used original injectors only, positioned near the inlet 

valve. Scheme of prototype suction manifold is presented in 

the Fig. 1. 

 

 

Fig. 1. Scheme of prototype inlet manifold of Fiat 1100 MPI engine 

 

For the purpose of engine indication, in cylinder head of 

the second cylinder one drilled a hole for adapter of not-

cooled sensor made by the AVL. To recording of quick-

changing pressures in the combustion chamber one make 

use of the INDIMETER 619 system made by the AVL. 

In the test stand one installed a system to automatic ac-

quisition of measurement data to the Excel calculation 

sheet. To needs of the testing, in the test stand one installed 

a dual system of fuelling for the alcohol and for the gaso-

line. Each from the systems was equipped with individual 

fuel pump and pressure stabilization system, and system to 

measurement of fuel consumption. Fuelling system enabled 

control of instantaneous consumption of the fuels, what 

considerably facilitated selection of engine adjustment and 

recording of time of consumption of a determined dose of 

the fuel. View of the test stand is presented in the Fig. 2. 

 

 

Fig. 2. Test stand – general view: 1 – research engine of Fiat 1100 MPI 

type, 2 - radiator, 3 – eddy-current engine brake made by Schenck,  

4 – transducer of engine load, 5 – engine speed sensor, 6 – alcohol tank,  

7 – gasoline tank 

3. Analysis of results of the investigations 
Comparison of overall efficiency of the engine shown in 

the Fig. 3 indicates what in complete range of engine loads 

the efficiency, when fueled with ethyl alcohol, was higher 

than efficiency of gasoline fueling. Especially significant 

differences are present in area of medium and maximal 

engine loads, where increase of the efficiency in range of 

1.5–2.5% of absolute values was observed. 

 
a) 

 
b) 

 

Fig. 3. Comparison of overall efficiency of the Fiat 1100 MPI engine 

fueled with Et 95 gasoline and ethyl Eth 100% alcohol 
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a)  b) 

    
c)  d) 

      

Fig. 4. Comparison of maximal combustion pressures and angles of their occurrence in the Fiat 1100 MPI engine fueled with Et 95 gasoline  

and Eth 100% alcohol 

 

In the Figure 4 is presented comparison of maximal 

combustion pressures and CR angles corresponding with 

points of maximal pressure for 50 successive cycles of 

engine operation for the both types of fueling. From analy-

sis of the Fig. 4 is seen that at full engine load the levels of 

maximal pressure for gasoline and alcohol are similar. Sim-

ultaneously, it can be seen a slightly bigger fluctuations of 

maximal pressure in case of gasoline, Fig. 4a. 

In majority of cycles, maximal combustion pressures are 

developed for the angles of 20–25° CR after TDC, Fig. 4c 

and 4d. However, there are existing cycles in which the 

maximal pressures were developed later, while in case of 

ethyl alcohol such phenomenon occurs in distinctly bigger 

number of cycles, Fig. 4d. 

Values of average maximal pressures for 50 successive 

cycles of engine operation for changing engine loads are 

shown in the Fig. 5a. The average pressures were calculated 

according to the following dependency: 

 
n

p
p imax

max
∑ −=  (3) 

where: pmax-i – maximal pressure of a successive cycle,  

n – number of analyzed cycles. 

From comparison of the Fig. 5a results that in complete 

range of engine loads change, similar values of mean pres-

sures are present for the both fuels. Such tendency was also 

seen for other investigated rotational speeds. 

As a repeatability measure of successive operational cy-

cles are used standard deviation of maximal combustion 

pressures and variability factor calculated from the follow-

ing equations: 

 
( )

1

2

−
−=σ ∑ −

n

pp maximax
maxP  (4) 

 
max

maxP
p

p
s

σ=  (5) 

where: σPmax – mean standard deviation, sp – pressure varia-

bility factor. 

 
a) 

0 20 40 60 80 100
Mo   [Nm]

10

20

30

40

p
m

a
x
  

 [
b

ar
]

3000 rpm

 
b) 

 

0 20 40 60 80 100
Mo   [Nm]

1

2

3

4

5

 σ
p

m
ax

  
 [

b
ar

]

3000 rpm

Et 95

Eth 100%

 

Fig. 5. Comparison of average value of maximal combustion pressures and 

mean standard deviation of combustion pressures in the Fiat 1100 MPI 

engine fueled with Et 95 gasoline and Eth 100% ethyl alcohol 
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Comparison of standard deviation values shown in the 

Fig. 5b and comparison of pressure variability factor shown 

in the Fig. 6 indicate that the engine fueled with ethanol in 

range of medium and maximal engine loads is characteristic 

of a higher repeatability of operation from one cycle to 

another. It speaks for more uniform and stable operation of 

the engine with such type of fueling, comparing with stand-

ard fueled with gasoline. Only in area of the lowest engine 

loads are present more bigger fluctuations of the pressure, 

what can be caused by reduction of temperature of the 

charge, connected with a higher heat of vaporization of 

alcohol and prolonged time of flame stabilization after 

ignition. 

 

 

Fig. 6. Comparison of variability factor of maximal combustion pressures 

in the Fiat 1100 MPI engine fueled with Et 95 gasoline and Eth 100% 

ethyl alcohol 

 

Noisiness of engine operation when fueling with gaso-

line and ethyl alcohol is similar, what can be proved by 

similar values of pressure growth rate dp shown in the Fig. 

7. In the both Figures 7a and 7b are seen, in case of the both 

fuels, a distinct differences of the dp in range of 1.0–1.3 

bar/ms with maximal values of the dp amounting to 1.8 

bar/ms. It is worth to pay attention on lack of distinct corre-

lation of the runs with minimal growths of the pressure dp 

and with CR angles of the maximal pressure shown in the 

Fig. 4c and 4d. It suggests changing combustion rate of the 

charge after ignition, similar for the both fuels, which char-

acter is clearly stochastic. 

The mean indicative pressure was calculated from the 

following formula: 

 ∫ α
=

720

0

1

d

dV
p

V
p

d
i  (6) 

where: pi – mean indicated pressure, V – cylinder volume, p 

– instantaneous pressure of the working medium in cylinder. 

 
a) 

 
b) 

 

Fig. 7. Comparison of pressure growth rate during combustion on the Fiat 

1100 MPI engine fueled with Et 95 gasoline and Eth 100% ethanol 

 
a) b) 

         
c) d) 

   

Fig. 8. Comparison of changes of mean indication pressure of complete cycle of pi and high pressure portion of the cycle pi comb in the Fiat 1100 MPI run 

on Et 95 gasoline and Eth 100% ethylene alcohol 
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From comparison of the pressures shown in the Fig. 8a 

and 8b is seen that at constant engine load, fluctuations of 

the pi in successive cycles of engine operation are very low 

and are similar for the both fuels. Analysis of relative factor 

of variability of the pi shown in Fig. 9 tells that in range of 

medium and maximal engine loads the fluctuations of pi for 

the both fuels are similar and their values are lower than 

2%, what should be considered as a small changes, compar-

ing with the ones met in a spark ignition engines. 

A little bit higher values of the fluctuations are present 

for the mean indicated pressures of high pressure portion of 

the cycle pi comb (calculated from the formula (6) only for 

CR angles for which instantaneous pressure in the cylinder 

is higher than atmospheric pressure p > pa), because their 

values can approach to 6% of the mean value. Also in such 

case, however, value and character of the changes are simi-

lar for the both fuels. 

Comparison of pressure runs for individual cycles dur-

ing combustion of gasoline and ethyl alcohol is presented in 

the Fig. 10. With black colour are marked runs with maxi-

mal pressure similar to the mean value calculated from 50 

successive cycles of engine operation, while with dotted 

lines are depicted runs of the maximal pressures lower than 

the mean pressure, and with solid lines are depicted maxi-

mal pressures higher than the mean pressure. The compari-

sons were made for low engine load Mo = 10 Nm and the 

load closer to the maximal one Mo = 86 Nm.  

 

 

Fig. 9. Comparison variability factor of mean indicated pressure in the Fiat 

1100 MPI engine run on Et 95 gasoline and Eth 100% ethyl alcohol 
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c) d) 
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Fig. 10. Comparison of pressure runs in cylinder of the engine run on gasoline and ethanol: rotational speed 3000 rpm, minimal load10 Nm and maximal 

load 86 Nm 

From the comparison is seen that a lower maximal 

combustion pressures are accompanied by more late CR 

angles of completion of kinetic combustion phase (when 

the maximal pressure is reached), this phenomenon is more 

clearly seen in case of low engine loads. For the load of Mo 

= 10 Nm, in case of the cycles with low pressure it can be 

seen protracted combustion process accompanied by a 

higher pressures in more late phases of the combustion. 
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The comparison presented in the Fig. 10 shows that in 

case of two investigated fuels the both runs of combustion 

with high pressure and with low pressure are similar. 

4. Summary 

Usage of ethyl alcohol to fueling of automotive spark 

ignition engine results in increased overall efficiency of the 

engine. Increase of the efficiency occurs in complete range 

of changes of engine load and rotational speed and amounts 

to 1.5–2.5% of absolute values. Further growth of the effi-

ciency can be achieved by increasing compression ratio of 

the engine, what will enable to take advantage of high 

knock resistance of ethyl alcohol. 

Fueling with ethyl alcohol doesn’t result in any signifi-

cant changes in area of maximal combustion pressure as 

well as noise level of engine operation, values of average 

maximal pressures and pressure growths dp are similar. 

Changes in maximal pressure pmax in successive cycles of 

engine operation are similar for alcohol and gasoline, and 

their character is distinctly stochastic. 

Quantitative change of maximal pressures defined by 

mean standard deviation σPmax and factor of variability of 

pressures sp indicate that fluctuations of maximal pressure 

for gasoline in area of medium and maximal engine loads 

are higher, what can testify for improvement of smoothness 

of engine operation run on ethyl alcohol. 

In area of low engine loads, when the engine was run on 

ethyl alcohol, it was observed a worsening of smoothness 

of engine operation from cycle to cycle. Probably it was 

caused by reduction of temperature of the charge due to a 

higher heat of vaporization of ethyl alcohol comparing to 

gasoline, what had an effect on duration of flame stabiliza-

tion after ignition of combustible mixture. This issue shall 

be investigated in course of a further research. 

Performed investigations indicate that ethyl alcohol can 

be used as a pure fuel to modern spark ignition engines. 

Adaptation scope of the engines to alternating fueling with 

gasoline and alcohol is small, whereas alcohol fueling can 

be implemented in selected fleets of cars, or periodically in 

our climatic zone. It will enable to comply with the Nation-

al Indicative Targets in range of usage of biofuels and will 

bring measurable economic benefits due to possibility of 

usage of water-down alcohols. 

  

 

Bibliography 

[1] BACZEWSKI, K., KOŁDOŃSKI, T. Paliwa do silników o 

zapłonie iskrowym. WKiŁ, Warszawa 2005. 

[2] BORYCHOWSKI, M. Produkcja i zużycie biopaliw płyn-

nych w Polsce i na świecie – szanse, zagrożenia, kontrower-

sje. Roczniki Ekonomiczne Kujawsko–Pomorskiej Szkoły 

Wyższej w Bydgoszczy. 2012, 5, 39-59. 

[3] Biuletyn Urzędu regulacji Energetyki, 2010, 2. 

[4] Ethanol Internal Combustion Engines. ETSAP Energy 

Technology System Analysis Programme. Technology Brief, 

June 2010. 

[5] GMYREK, J. Bioetanol w realizacji NCW w PKN ORLEN 

S.A., Konferencja „FUEL’S ZOOM – BIOETANOL” Kra-

ków 27-28 kwietnia 2010 r. 

[6] KOWALEWICZ, A. Emission characteristics of compres-

sion ignition engines fuelled with RME/DF and ethanol. 

Journal of KONES. 2004, 11(1-2). 

[7] KOWALEWICZ, A., PAJĄCZEK, Z. Eco-diesel engine 

with additional injection of ethanol. Archives Combustionis. 

2003, 23(3-4). 

[8] LÁBAJ, J., BARTA, D., LENHARD, R. CFD simulation of 

glycerol combustion in diesel engine. Prague. Institute of 

Thermomechanics AS CR, ISBN 978-80-87012-14-7, 2008, 

35-50. 

[9] LARISCH, J., STELMASIAK, Z. Dual fuelling SI engine by 

mixing alcohol and gasoline. Combustion Engines. 2013, 3. 

[10] MCNEIL, J., DAY, P., SIROVSKI, F. Glycerine from 

biodiesel. The perfect diesel fuel. Process Safety and 

Environmental Protection – ELSEVIER. 2012, 90, B, 3. 

[11] MCNEIL, J. Efficient combustion of glycerol and other low 

cetane fuels in the diesel engine. The Institution of Diesel 

and Gas Turbine Engineers publication. Power Eng. 2011. 

[12] PAŃCZYSZYN, T. Forum roślin energetycznych. Produk-

cja biopaliw płynnych – potencjał surowcowy. Poznań, 
12.02.2010. 

[13] RYCHLIK, A., KIBALCZYC. Ł. Zastosowanie gliceryny 

do zasilania tłokowych silników wysokoprężnych dużej mo-

cy. Combustion Engines. 2015, 3.  

[14] SEMIKOW, J. Studium dwupaliwowego zasilania silnika o 

zapłonie iskrowym benzyną i alkoholem. Praca doktorska, 

ATH Bielsko-Biała, 2012. 

[15] STELMASIAK, Z., LARISCH, J., SEMIKOW, J. Some 

aspects of dual fuelling SI engine with gasoline and alcohol 

12th EAEC European Congress Bratislava EAEC. 2009, 

June 29-July 1. 

[16] STELMASIAK, Z., SEMIKOW, J. The possibilities of 

improvement of spark ignition engine efficiency through 

dual fueling of methanol and gasoline. Combustion Engines. 

2010, 3, 59-67. 

[17] STELMASIAK, Z. A new concept of dual fuelled SI en-

gines run on gasoline and alcohol. The Archives of 

Transport. 2011, 2, 73-85. 

[18] STELMASIAK, Z. Applications of alcohols to dual-fuel 

feeding the spark-ignition and self-ignition engines. Polish 

Maritime Research. 2014, 3, 86-94. 
[19[ WESTCOTT, P.C. Ethanol expansion in the United States. 

How will the agricultural sector adjust? Economic Research 

Service. May 2007. 

 
Zdzislaw Stelmasiak, DSc., DEng. – Faculty of 

Mechanical Engineering at University of Bielsko-

Biala. 

e-mail: zstelmasiak@ath.bielsko.pl 

 

Dariusz Pietras, DEng. – Faculty of Mechanical Engi-

neering at University of Bielsko-Biala. 

e-mail: pietras@ath.bielsko.pl 

 

 



 
Article citation info:  

SICZEK, K., SICZEK, K. Studies on the dynamics the valve train with machined valve springs. Combustion Engines. 2017, 168(1), 100-

109. DOI: 10.19206/CE-2017-116 

100 COMBUSTION ENGINES, 2017, 168(1)  

Krystian SICZEK CE-2017-116 
Krzysztof SICZEK  

 

 

Studies on the dynamics the valve train with machined valve springs  
 

An analysis of the literature for currently used solutions of valve trains in internal combustion engines and analytical studies on the 

dynamics the valve train of the internal combustion engine provided with machined valve springs were carried out. The aim of the study 

was to compare the dynamic parameters of the two valve trains for the established internal combustion engine: the first one equipped 

with machined springs and the second one with coil springs. The numerical models for investigated valve trains, using the Finite Element 

Method and additional mathematical relationships were developed and presented in the article. The article describes the results of the 

researches and formulated conclusions. 

Key words: dynamics, valve train, combustion engine, machined spring, finite element method 

 

 

1. Introduction 
The valve train is a very important subsystem in the 

combustion engine treated as the system for change of the 

chemical energy of combustion into mechanical one. Its 

design has varied with time becoming more complex due 

number of valves per cylinder, number of cams per valve, 

number of valve springs etc. There was observed tendency 

for downsizing and use of lightweight parts as valvetrain 

components. The control of mechanical valve trains some-

times includes electric motor or hydraulic units driving 

phasers used to change valve timing. The stiffness, dimen-

sions and mass of valve springs are critical for operation of 

mechanical and some advanced types of valve trains, i.e. 

electromechanic or electromagnetic one. The one aim of the 

present study is to investigate the dynamical parameters of 

machined valve springs with some geometrical parameters 

like these of classical coil valve springs.  

During studies were investigated components the valve 

train from the combustion engine used i.e. for tribological 

studies [1]. The scheme of such valve train is shown in the 

Figure 1. Inlet valves operate under fully variable control. 

 

 

Fig. 1. The scheme of valve train from the engine for tribological studies 

The two models of the chosen valve train but with dif-

ferent valve springs were elaborated using the Finite Ele-

ment Method. Dynamical parameters obtained for the valve 

train with machined valve springs were compared with 

those for valve train with classical coil springs. 

2. Types of valvetrain  
The pushrod valve train systems can be used not only in 

both SI or CI four-stroke combustion engines with classical 

valve timing and combustion process, but also in similar 

engines with: 

– modified combustion process by varying valve timing 

via the phasor [2–10], 

– modified combustion process by varying valve timing 

via other methods [11–13], 

– modified combustion process by varying valve lifts via 

different cams [14–32], 

– modified combustion process by continuously varying 

valve lifts [33–34], 

– modified combustion process and the pneumatic energy 

accumulator [35].  

There are five most often met types of valve train sys-

tem with poppet valves.  

– The Direct Acting OHC Valve Train (Fig. 2a), also 

known as the Bucket Style Follower OHC. It is used in 

i.e. Ford Ztec, Olds Quad 4. This type has: high rigidity 

during functioning which enable to be used at high en-

gine speeds, high friction because of contact between 

cam lobe and tappet surface, high values of inertial 

masses [36].  

– The End Pivot Rocker Arm OHC Valve Train (Fig. 2b), 

also known as the Finger Type Follower OHC. It is used 

in i.e. Ford Modular, Pinto and Ranger 4 Cyl., 

Mitsubishi 4G63, GM Ecotec, Chrysler 2.2L. This type 

has: low friction because of rolling contact between cam 

and rocker arm, high friction for sliding contact, high 

sensitivity at rocker arm oscillation, small values of ac-

celeration due to cam concavity which doesn’t permit to 

be used at high engine speeds, small cam profile due to 

rocker ratio [36]. 

– The Centre Pivot Rocker Arm OHV Valve Train (Fig. 

2c), used in i.e. Honda B18, Porsche. It is characterized 

by low friction for rolling contact between cam and 
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rocker, high sensitivity at rocker oscillation, low stiff-

ness as a function of rocker ratio [36].  

– The Centre Pivot Cam Follower OHV Valve Train (Fig. 

2d) which has similar characteristics with the third type 

[36]. It is used in Ford Escort CVH. 

– The Pushrod OHV Valve Train (Fig. 2e). This type is 

very flexible because of the length of the pushrod and 

can’t be use at high engine speeds [36]. It is used in the 

GM 556-hp 6.2L LSA V8 OHV engine of the Cadillac 

CTS-V.   

The friction due to valve train system represent 7.5-21% 

of total engine friction loss [36].  

The variation of the first type is the Double OverHead 

Cam (DOHC) Valve train, sometimes called "Twin Cam" 

or "Double Cam", used in most modern cars. 

A DOHC engine has usually two camshafts and 4 

valves per cylinder. There exists also the configuration with 

five valves per cylinder. One camshaft operates intake 

valves installed on one side, while another camshaft con-

trols outlet valves on the opposite side. Camshafts can be 

installed further apart from each other. This allows the inlet 

valves to be at a larger angle from the outlet valves, which 

results in a more direct air flow through the engine with less 

obstruction. A DOHC engine produces more power out of 

smaller engine volume. It is used in i.e. 3.5-liter V6 DOHC 

engine of the 2003 Nissan Pathfinder.  

 

 

Fig. 2. Types of Valve Train: a) Direct Acting OHC, b) End Pivot Rocker 

Arm OHC, c) Centre Pivot Rocker Arm OHV, d) Centre Pivot Cam Fol-

lower OHV, e) Pushrod OHV [36] 

3. Classical types of valve springs  
The functions of valve springs are presented in [37]. 

Some typical winding shapes of coil springs are shown 

in [38]. Helical coil springs with different winding shapes 

are usually used [39].  

Some typical cross-sections of a valve spring wire are 

shown in [38]. Elliptical cross-sections allow a reduction of 

the overall height. Multi-arc profiles (MA) are generated 

from several circular segments with differing radii and 

center points. Compared to elliptical cross sections, MA 

profiles has better stress distribution and allow better utili-

zation of the material. 

According to [40], the use of MA profiles in combina-

tion with beehive winding reduces the spring forces in a 

valve train by 13%. According to [37], the valve closing 

load is conveyed axially along the spring, which stresses 

the material principally in torsion. For the valve, open and 

the valve closed conditions, the ratio of spring loads is 

usually in the region of 2:1.  

Spring end coils are ground flat and square with the 

spring axis and are also diametrically opposed, to minimize 

an inherent tendency towards bowing of the spring during 

its compression.  

According to [38], nearly without exception valve 

springs of current engines have a progressive behavior.  

This behavior is mainly caused by a non-constant pitch 

between adjacent coils. The coils with a lower pitch come 

into contact earlier than coils with a higher pitch.  The ac-

tive part of the spring is reduced resulting in increasing 

total spring stiffness with increasing compression of the 

spring. The characteristic becomes progressive and resonant 

frequencies increases. 

According to [37], if the frequency of load coincides 

with the natural vibration frequency of the valve spring 

itself, a phenomenon known as spring ‘surge’ may develop 

because of resonance effects. According to [41], springs 

with asymmetric shapes are less prone to surging because 

of lower moving masses and geometrical reasons. 

According to [38] the further reduction of the moving 

mass can be obtained using conical valve springs. The 

smaller spring fixings and collars are possible, and the solid 

length is marginally shorter. They have the less progressive 

characteristics than the cylindrical springs. 

Beehive springs are a combination of cylindrical and 

conical springs. The moving mass is reduced by the conical 

part and the cylindrical part provide progressive character-

istic. 

The methods to reduce valve spring surging are present-

ed in [37]. According to [42], the pneumatic valve springs 

are used, for example, in high-speed Formula One racing 

engines. Pneumatic valve springs enable high rotational 

speeds of up to 20000 rpm due to their progressive charac-

teristic and the reduced number of moving parts.  

According to [43], the stock valve springs can operate to 

about 5,500 to 6,000 rpm, but beyond that it is needed stiff-

er springs, double springs or even triple springs depending 

on the engine design. The design, materials and methods of 

manufacturing for valve springs are presented in [37]. The 

failure modes of valve springs, especially fatigue, are pre-

sented in [44–46]. 

4. Machined valve springs  
The pushrod valve train systems can be used with clas-

sical valve springs replaced with machined valve springs, 

which strategy is used in the other devices [47]. The ma-

chined springs can possess the same free length, mean di-

ameter and thickness equal to the diameter of the wire. This 

allows for the use of some original components like valves, 

keys, spring retainers in the valve train. 

One example of use the machined spring was reported 

in [48], where was presented a displacer spring and displac-

er/spring assembly for use in a free-piston Stirling engines 

(FPSE). The machined spring provided enhanced structural 
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accuracy which, in turn, leads to the elimination of lateral 

and side loads as compared to prior art wire-wound helical 

springs.  

The analysis was carried out for  machined springs with 

parameters like those for coil valve springs. Each valve in 

the analyzed valve train mated with the set of two springs: 

the outer and the inner. The free height for those springs 

was of 40.86 mm. For outer spring the outer diameter was 

equal 27.5 mm, the wall thickness was of 3.75 mm. For the 

inner spring, the outer diameter was of 20 mm and the 

thickness was of 2.6 mm. The spring rate of the original 

coil spring set was equal 55 N/mm, so such rate of ma-

chined spring set should be close to that value. The geome-

try of machined springs was shown in the Figure 3.  

 

 

Fig. 3. Coil springs: a) outer, c) inner and machined springs: b) outer, d) 

inner used in the analyzed valve train 

5. The model of analyzed valve train  
The model of analyzed valve train consists of two 

drives: the first for inlet valve and the second for outlet one. 

Model was elaborated with FEM. The geometrical parame-

ters were as in the original configuration. The valve stroke 

was of 9 mm. The analysis was carried out with the con-

stant rotation speed of the camshaft and for two variants: 

the first with coil springs and the second with machined 

springs. Except springs, each component was modelled 

using stiff finite elements connected to the other compo-

nents by the elastic-damping joints or contact elements. The 

friction coefficient in the contact between sliding surfaces 

was assumed to be constant and equal 0.1 and between 

rolling surfaces to be constant and equal 0.03. The material 

of stiff elements was assumed to be steel with the equiva-

lent: Young modulus E = 210000 MPa, Poisson ration ν = 

0.3 and density ρ = 7,800 kg/m
3
.  

It was assumed, that the stiffness between cam and the 

follower is the sum of the stiffness kr-c in contact between 

roller and cam and the stiffness kr-f in contact between roller 

and the follower. The stiffness in contact between pushrod 

and follower was equal to half the pushrod stiffness kpushrod. 

The stiffness in the contact between pushrod and rocker 

arm was the sum of half the pushrod stiffness kpushrod and 

the stiffness kraps of part the rocker arm on the pushrod side. 

The stiffness between the rocker arm and valve was the 

sum of the stiffness kravs of part the rocker arm on the valve 

side and half the valve stiffness kvalve. The stiffness between 

the rocker arm and the axis was equal to the axis stiffness 

kaxis. The stiffness between valve and its insert was equal to 

half the valve stiffness kvalve. The damping coefficient val-

ues in each contact zone was assumed to be the same and 

equal 5 Ns/m.  

To estimate the stiffness kr-c in the contact between roll-

er and the cam, the FEM sub-models of the camshaft were 

elaborated and presented in the Figures 4 - for the inlet 

valve and in the Figure 5 - for the outlet one. The camshaft 

was loaded by the force F with linearly raised values up to 

1,000 N. The camshaft was fixed on the cylindrical surfaces 

1 and 2. For the given i-th value of the force F(i), the dis-

placement dr-c(i) of the middle point on the cam surface was 

computed. Then the stiffness kr-c for the step number i of 

the analysis was estimated as the ratio of such force value 

F(i) and displacement dr-c(i). 

 

 

Fig. 4. The grid of finite elements for the sub-model of the camshaft 

loaded by the force F, for the case of inlet valve 

 

 

Fig. 5. The grid of finite elements for the sub-model of the camshaft 

loaded by the force F, for the case of outlet valve 

 

To estimate the stiffness kr-f in the contact between roll-

er and the follower, the FEM sub-model of the follower was 

elaborated and shown in the Figures 6. The follower was 

loaded by the force F with linearly raised values up to 1,000 

N and uniformly distributed along the roller axis. The fol-

lower was fixed on the inner spherical surface 1 mating 

with the pushrod. For the given i-th value of the force F(i), 

the displacement dr-f(i) of the middle point on the roller axis 

surface was calculated. Then the stiffness kr-f for the step 

number i of the analysis was estimated as the ratio of such 

force value F(i) and displacement dr-f(i). 

As mentioned earlier, assumed stiffness values in the 

contact between pushrod and the follower and in the contact 

between pushrod and rocker arm were the same. To esti-

mate the stiffness in such contacts, the FEM sub-model of 

the pushrod was elaborated and presented in the Figure 7. 

The pushrod was loaded by the force F with linearly raised 

values up to 1,000 N. The pushrod was fixed on the outer 
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spherical surface 1 mating with the rocker arm screw. For 

the given i-th value of the force F(i), the displacement dpush-

rod(i) of the middle point on the inner pushrod surface was 

obtained. Then the stiffness kpushrod for the step number i of 

the analysis was estimated as the ratio of such force value 

F(i) and displacement dpushrod(i). The stiffness values in the 

contact between pushrod and the follower and in the contact 

between pushrod and rocker arm were equal the half of 

obtained stiffness kpushrod. 

   

 

Fig. 6. The grid of finite elements for the sub-model of the follower loaded 

by the force F 

 

 

Fig. 7. The grid of finite elements for the sub-model of the pushrod loaded 

by the force F 

 

To estimate the stiffness kraps of the rocker arm on the 

pushrod side, the FEM sub-model of the rocker arm was 

elaborated and presented in the Figure 8. The rocker arm 

was loaded by the force F with increasing values up to 1000 

N and acting along the axis of the rocker arm screw. The 

rocker arm was fixed on the semicylindrical surface 1 and 

on the axis the bearing surface 2. For the given i-th value of 

the force F(i) the displacement draps(i) of the loaded point 

the rocker arm was calculated. Then the stiffness kraps for 

the step number i of the analysis was estimated as the ratio 

of such force value F(i) and displacement draps(i). 

To estimate the stiffness kravs of the rocker arm on the 

valve side, the FEM sub-model of the rocker arm was elab-

orated and shown in the Figure 9. The rocker arm was load-

ed by the force F with linearly raised values up to 1,000 N 

and acting along the axis of the valve. The rocker arm was 

fixed on the inner cylindrical surface the screw hole 1 and 

on the axis the bearing surface 2. For the given i-th value of 

the force F(i), the displacement dravs(i) of the loaded point 

the rocker arm was computed. Then the stiffness kravs for 

the step number i of the analysis was estimated as the ratio 

of such force value F(i) and displacement dravs(i). 

 

Fig. 8. The grid of finite elements for the sub-model of the rocker arm 

loaded by the force F on the pushrod side 

   

 

Fig. 9. The grid of finite elements for the sub-model of the rocker arm 

loaded by the force F on the valve side 

 

 

Fig. 10. The grid of finite elements for the sub-model of the rocker arm 

axis loaded by the force F for the outlet valve case 

 

To estimate the stiffness kaxis of the rocker arm axis, the 

FEM sub-models of the rocker arm axis were prepared and 

shown in the Figure 10 for the inlet valve and in the Figure 

11 for the outlet one. The rocker arm was loaded by the 

force F with linearly raised values up to 1,000 N and uni-

formly distributed along the axis of rocker arm bearing. For 

the outlet valve, the rocker arm was fixed on the cylindrical 

surface 1. For the inlet valve, the rocker arm axis was fixed 

on the cylindrical surfaces 1 and 2. For the given i-th value 

of the force F(i), the displacement daxis(i) of the loaded 

point the rocker arm was obtained. Then the stiffness kaxis 

for the step number i of the analysis was estimated as the 

ratio of such force value F(i) and displacement daxis(i). 

To estimate the stiffness kvalve of the valve, the FEM 

sub-model of the valve were prepared and shown in the 
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Figure 12. The valve was loaded by the spring force S with 

linearly raised values up to 400 N and by the pressure from 

the gas in cylinder with values up to 7 MPa. The valve was 

fixed on the conical seat surface 1. For the given i-th value 

of the force S(i) and gas pressure p, the displacement 

dvalve(i) of the valve tip was computed. Then the stiffness 

kvalve for the step number i of the analysis was estimated as 

the ratio of such force value F(i) and displacement dvalve(i). 

 

 

Fig. 11. The grid of finite elements for the sub-model of the rocker arm 

axis loaded by the force F for the inlet valve case 

 

 

Fig. 12. The grid of finite elements for the sub-model of the valve loaded 

by the spring force S and gas pressure p 

 

 
Fig. 13. The modelled course of gas cylinder pressure p against crankshaft 

rotation angle CE 

The modelled course of gas pressure p against the 

crankshaft rotation angle CE was shown in the Figure 13. 

The coil springs was modelled using joints with values 

of the stiffness and the damping coefficients equivalent to 

those of real valve springs. The machined springs were also 

modeled using FEM, but with the elastic solid finite ele-

ments. The grid of finite elements for the machined springs 

was shown in the Figure 14.   

 
Fig. 14. The grid of finite elements for machined springs a) large and b) 

small applied in the model of the analyzed valve train 

 

One of the spring front surface was fixed and the force 

F was applied to the opposite front surface. The force was 

evenly distributed over the circumference the spring front 

surface. The value of the force was constant for the each 

case of analysis, but varied up to reaching the spring deflec-

tion equal 12 mm. The distributions of displacements and 

von Misses stresses were recorded for each case of analysis. 

Also, the modal analysis was provided for machined 

springs. One of the spring front surface was fixed and the 

spring was preloaded by the initial displacement of 6 mm 

along the spring axis. It was calculated the modal frequency 

values and equivalent modes of spring deformations. 

6. Results  
The resulted values of displacement dr-c of points the 

camshaft sub-model loaded by the force F = 1,000 N was 

presented in the Figure 15, for the inlet valve and in the 

Figure 16, for the outlet one. The corresponding estimated 

stiffness kr-c value was equal 37,000 N/mm for inlet valve 

and 2,380,000 N/mm for the outlet one. 

The calculated values of displacement dr-f of points the 

follower sub-model loaded by the force F = 1,000 N was 

presented in the Figure 17. The corresponding estimated 

stiffness kr-f value was of 26,000 N/mm. 

   

 

Fig. 15. The displacements of points the camshaft sub-model loaded by the 

force F = 1,000 N, for the case of inlet valve 



 

Studies on the dynamics the valve train with machined valve springs 

COMBUSTION ENGINES, 2017, 168(1) 105 

 

Fig. 16. The displacements of points the camshaft sub-model loaded by the 

force F=1,000 N, for the case of outlet valve 

 

 

Fig. 17. The displacements of points of the follower sub-model loaded by 

the force F = 1,000 N 

 

 

Fig. 18. The displacements of points the pushrod sub-model loaded by the 

force F = 1,000 N 

 

The resulted values of displacement dpushrod of points the 

pushrod sub-model loaded by the force F = 1,000 N was 

presented in the Figure 18. The corresponding estimated 

stiffness kpushrod value was equal 38,000 N/mm. 

The calculated values of displacement draps of points the 

rocker arm sub-model loaded by the force F = 1000 N on 

the pushrod side was shown in the Figure 19. The estimated 

stiffness kraps value was of 189,000 N/mm. 

The resulted values of displacement dravs of points the 

rocker arm sub-model loaded by the force F = 1,000 N on 

the valve side was presented in the Figure 20. The estimat-

ed stiffness kravs value was equal 100,000 N/mm. 

The calculated values of displacement daxis of points the 

sub-model of the rocker arm axis loaded by the force F = 

1,000 N was shown in the Figure 21 for the outlet valve and 

in the Figure 22 for the inlet one. The estimated stiffness 

kaxis value was equal 1,520,000 N/mm for the outlet valve 

and 1,250,000 N/mm for the inlet one. 
   

 

Fig. 19. The displacements of points the rocker arm sub-model loaded by 

the force F=1000 N on the pushrod side 

 

 

Fig. 20. The displacements of points of the rocker arm sub-model loaded 

by the force F=1000 N on the valve side 

 

 

Fig. 21. The displacements of points the sub-model of the rocker arm axis 

loaded by the force F = 1000 N for the outlet valve 

   

 

Fig. 22. The displacements of points the sub-model of the rocker arm 

axis loaded by the force F = 1000 N for the inlet valve 
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The resulted values of displacement dvalve of points the 

valve sub-model loaded by the force S = 330 N and gas 

pressure p = 7 MPa were shown in the Figure 23. The esti-

mated stiffness kvalve value was equal 1,520,000 N/mm for 

the outlet valve and 150,000 N/mm for the inlet one. 

 

 

Fig. 23. The displacements of points of the valve sub-model loaded by 

the force S = 330 N and gas pressure p = 7 MPa 
 

 

Fig. 24. Displacement and maximum von Misses stress against loading 

force for the large machined spring 

 

 

Fig. 25. Displacement and maximum von Misses stress against loading 

force for the large machined spring 

 

The resulted values of displacements and maximum von 

Misses stresses as a function of loading force were present-

ed in the Figure 24 - for the large machined spring and in 

Figure 25 – for the small machined spring. The obtained 

courses were of the linear nature. The spring rates were 

equal the inverse of the slope the function h(F). For the 

large spring its rate was equal 36 N/mm and for the small 

machined spring the rate was of 19 N/mm. As the springs 

operate in parallel configuration, so equivalent rate of the 

spring set was equal 55 N/mm. 

The obtained distributions of displacements for the large 

machined spring loaded with the force F were shown in the 

Figure 26 and in the Figure 27 – for the small one. Maximal 

displacement in both cases was about 9.5 mm.  

 

 

Fig. 26. Distribution of displacements for large machined spring loaded 

with the force F equal 430 N 

 

 

Fig. 27. Distribution of displacements for small machined spring loaded 

with the force F equal 180 N 

 

The corresponding von Misses stress distributions were 

shown in the Figure 28 – for large spring and in the Figure 

29 – for the small one. The maximum von Misses stresses 

for the large spring loaded by the force F = 430 N was of 

1582 MPa and for the small spring loaded by the force F = 

180 N was of 1,668 MPa. The points of maximal von Miss-

es stresses were located near the inner diameters of springs.  

 

 

Fig. 28. Distribution of von Misses stresses for large machined spring 

loaded with the force F equal 430 N 
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The obtained courses of the inlet valve lift and accelera-

tion against time were presented in the Figure 30 – for the 

coil valve springs and in the Figure 31 – for the machined 

springs. The use of machined spring resulted in the twice 

lower amplitude of small vibrations with the high frequen-

cy, probably due higher weight of the machined spring in 

comparison to the coil one.  
 

 

Fig. 29. Distribution of von Misses stresses for small machined spring 

loaded with the force F equal 180 N 

 

 

Fig. 30. Courses of the inlet valve a) lift and b) acceleration against time 

for the coil valve springs 

 

 
 

Fig. 31. Courses of the a) lift and b) acceleration of the inlet valve against 

time for the machined valve springs 

The obtained courses of the outlet valve lift and acceler-

ation against time were presented in the Figure 32 – for the 

coil valve springs and in the Figure 33 – for the machined 

springs. The use of machined spring resulted in the twice 

lower amplitude of small vibrations with the high frequen-

cy, probably again due higher weight of machined spring in 

comparison to the coil one. The occurrence of gas pressure 

in the beginning of valve opening resulted in the 1.5 times 

lower amplitude of small vibrations with the high frequency 

in comparison to the case of the inlet valve. 
 

 

Fig. 32. Courses of the a) lift and b) acceleration of the outlet valve against 

time for the classical valve springs 

 

Modal frequency values were calculated for the range 0-

700 Hz, as current engines can operate with the speed up to 

19,000 rpm [49]. The obtained modal frequency values for 

inner and outer machined springs were shown in the Table 

1. For common engines operating with the speed up to 

6,000 rpm the existence of spring resonances was hardly to 

observe.  

 

 

Fig. 33. Courses of the a) lift and b) acceleration of the inlet valve against 

time for the machined valve springs 
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Table 1. Modal frequency against number of mode for machined springs 

Number of mode  Modal frequency [Hz] 

Inner spring Outer spring 

1 211.97 165.26 

2 285.43 170.52 

3 287.80 268.63 

4 352.89 365.23 

5 413.26 707.05 

6 422.41 711.28 

7 589.11 1031.54 

8 619.59 1301.54 

9 619.58 1370.11 

10 684.17 1710.77 

 

The obtained modes were presented in the Figure 34 for 

the inner machined spring and related modal frequencies. 

4. Summary 
The use of machined valve springs against classical coil 

springs resulted in the obtaining almost the same spring 

stiffness. The increased mass of machined springs did not 

make important changes in the lift and acceleration of inlet 

and outlet valves. Only small decreasing of amplitude the 

small vibrations with high frequency was observed during 

motion the valves. For the engines operating with the com-

mon speed range up to 6,000 rpm the machined spring 

resonances cannot exist. 

 

     

 

Fig. 34. Modes of the inner machined spring for the different values of modal frequency: a) for the mode number 1, b) for the mode number 2,…, j) for the 

mode number 10, respectively 
 

 

Nomenclature 

FEM finite element method 

CE engine crankshaft rotation angle 

OHC over head cam 

OHV over head valve 

DOHC double over head cam  

MA  multi-arc 

SI  spark ignition 

CI  compressed ignition 
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Causes of the powerplants failures installed on Polish civil aviation aircraft 
 

Currently in Poland about 2,500 different engine types are installed on the aircraft. In the years 2008-2016 powerplants failures 

caused nearly 600 aviation events. Aborted flight or emergency landing, especially in the case of aircraft powered by a single piston 

engine occurred. The objective of the article was to determine the failure causes and assessment of their impact on the flight safety. 

Engine faults were assigned to particular types of powerplants, for example turboshaft, piston, etc. Causes of the failures were examined, 

assigning ATA chapter to each of them. Also human factor was taken into account. According to the ICAO methodology, aviation safety 

engine systems essential for flight safety and theirs impact on the safety risk was determined. The results of the analyzes presented in this 

article are useful for managing the national aviation safety and supervising SMS in aviation organizations. The article shows that 

preventive measures to raise the level of aviation safety should be taken. This is the first comprehensive analysis of the powerplants 

failure causes and an evaluation of their influence on the level of aviation safety in Poland. 

Key words: powerplant, aircraft engine failure, safety risk 

 

 

1. Introduction 
The hitherto operational experience indicate that to the 

greatest extent powerplant determines airplanes and heli-

copters safety of flying. Still significant number of aircraft 

engines exploitation is a subject of the guaranteed by manu-

facturers service life (so-called “hard time”) [8, 9]. Such 

a time is usually determined by the manufacturers carrying 

out test-bed endurance programs where the engine is run 

day and night, cycling through a specified and purposely 

over-punishing schedule of so many hours at full power, so 

many at idle, so many at cruise. During the manufacturer’s 

tests the engine is run on the test bed in a manner which 

is purposely more severe than ordinary operator will use. 

Often engines are tested in the flying beds as well as high 

altitude test-cells. During tests engine durability, especially 

resistance on uncontained failure of the fan, compressor and 

turbine cases are checked. Also resistance of the fan blades 

against bird strike is examined. 

The hard time exploitation method requires technical in-

spections and engine overhaul conducting after its work for 

a certain period of time (regardless of the actual technical 

condition of the engine). After a guaranteed by manufactur-

er life the engine is subject of a cassation. The advantage 

of this method of operation is the possibility of a relatively 

simple overhaul and maintenance tasks planning, spare 

parts purchasing and new engines acquisition scheduling. 

This system, however, is expensive, because often unneces-

sary maintenance tasks have to be carried out, reduces air-

craft operational readiness, requires removals of a servicea-

ble engine parts (risk of damage during these works), in 

brief, increases engine direct maintenance cost. 

It was noted that the degree of engine wear depends not 

only on the number of its working hours, but also on variety 

of difficult to evaluate factors like environmental conditions 

(eg. dust, salt, humidity), and aircraft flight profile. Also 

level of training and individual pilot psychophysical charac-

teristics are engine condition influencers. An attempt to 

take into account the influence factors related to engine 

operating conditions was the use of appropriate statistical 

tools. 

The development of a safe for aircraft application meas-

urement and registration technologies, enabled introduction 

of the on-condition exploitation method applied for air-

frames, powerplants and specific aircraft parts. The possi-

bility of obtaining reliable records of the registered parame-

ters resulted, in turn, in the development of data interpreta-

tion methods. For the equipment reliability evaluation 

mathematical statistic methods in a wider range were ap-

plied [5, 7, 11]. The reliability function allows a determina-

tion of the system continued operation probability. The 

quality of the assessment depends on the obtained data 

credibility, samples volume, that is, from the experience 

gained during operation of a specific equipment type. 

In order to present equipment reliability various indica-

tors are used, which include inter alia time between failure, 

time between overhaul or factor describing the number of 

its failures per 1000 operating hours [5, 6, 12]. 

The aircraft engines exploitation practice is to maintain 

the required level of the flight safety. For this purpose, in 

addition to the assessment of the engine’s technical condi-

tion, identification of its installations significantly affect the 

flying safety is carried out. The risk associated with the 

frequency of their faults is determined, which is important 

one of the elements of aviation safety management system 

(SMS). 

The identification of aircraft and engines systems was 

simplified by the introduction in 1956 standard numbering 

system ATA 100 developed by Air Transport Association 

(ATA) [4]. This rely on aircraft and engines systems de-

scription by giving them a two-digit number, eg. Chapter 73 

– fuel supply and flow control, chapter 74 – ignition, chap-

ter 80 – starting etc. This system has expanded in 1999 by 

adding two more digits to indicate each group, defining the 

specific subsystems, eg. in the chapter 71 – powerplant 

(general) separated: 7110 – cowling, 7120 – mounts, 7150 – 

electrical harness etc. During the encoding of events caused 

by powerplant, recorded in the data base ECCAIRS 

as SCF-PP, the authors used the numbering system identical 

for large aircraft, small and helicopters. 
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2. Research methodology 
In order to analyse various types of the powerplants 

influence on flight safety, data contained in the ECCAIRS 

were reviewed. This database is conducted by SCAAI and 

ULC. Contains aviation event reports sent by the organiza-

tions involved in air operations. It is very extensive – con-

tains over 7000 events in air traffic reported between 2008 

and 2016. Reported aviation incidents are coded according 

to ICAO aviation occurrence categories [1, 2]. 

Events caused by powerplants coded as SCF-PP were 

divided depending on engine type (piston, turboprop, tur-

boshaft and turbine). As the number of Polish registered 

aircraft was changing between 2008 and 2016, factor in 

order to objectify the data analysis was introduced (equa-

tion 1). 

 
TYPE

TYPE
TYPE1000

LSP

LZ1000
K

⋅=  (1) 

where: LZTYPE – number of aviation events caused by tur-

boshaft, turboprop, turbine and piston engines in certain 

year, LSPTYPE – number of registered aircraft powered by 

specified above type of engine in certain year. 

Proper safety management lies not only in an 

identification of essential safety parameters and prediction 

of their level, but also requires an estimation of safety risk 

connected with selected safety indicators. 

In order to assess safety risk, it is necessary to estimate 

the probability that the consequences of hazard will come to 

effect during aircraft operations. In literature five point 

probability table is frequently used [13]. The Tab. 1 

includes five categories, which describe the probability 

related to an unsafe event. 

 
Table 1. Safety risk probability [13] 

Likelihood Meaning Value 

Frequent 
Likely to occur many times  

(has occurred frequently) 
5 

Occasional 
Likely to occur sometimes 

(has occurred inferequently) 
4 

Remote 
Unlikely to occur, but possible  

(has occurred rarely) 
3 

Improbable 
Very unlikely to occur  

(not known to have occurred) 
2 

Extremely 

Improbable 

Almost inconceivable that the event will 

occured 
1 

 

The next step is a safety risk severity assessment, which 

is a potential harm that might occur as a consequence of the 

identified hazard. Tab. 2 from [13] has been utilized in 

order to evaluate safety risk as a consequence of a potential 

event caused by any powerplant system.  

Based on the two tables above, safety risk assessment 

could be performed. Usually it is performed utilizing Tab.3 

Safety risk assessment matrix, which is a combination of 

severity/probability 

Events caused by particular type of powerplant system 

were assigned by authors and shown in the safety risk 

assessment tables (Tab. 5, Tab. 10, Tab. 13, Tab.16), which 

are presented in the chapters disscusing each engine type. 

 
 

Table 2. Safety risk severity [13] 

Severity Meaning Value 

Catastrophic Equipment destroyed 

Multiple deaths 
A 

Hazardous A large reduction in safety margins, 

physical distress or workload such that 

the operators cannot be relied upon to 

perform their tasks accurately or 

completely 

Serious injury 

Major equipment damage 

B 

Major A significant reduction in safety 

margins, a reduction in the ability of the 

operators to cope with adverse 

operating conditions as a result of an 

increase in workload, or as a result of 

conditions impairing their efficiency 

Serious incident 

Injury to persons 

C 

Minor Nuisance 

Use of emergency procedures 

Operating limitations 

Minor incident 

D 

Negligible Little consequences E 

 
Table 3. Safety risk assessment matrix [13] 

Risk 

probability 

Risk severity 

C
at

as
tr

o
p
h
ic

 

A
 

H
az

ar
d

o
u

s 

B
 

M
aj

o
r 

C
 

M
in

o
r 

D
 

N
eg

li
g

ib
le

 

E
 

Frequent 5 5A 5B 5C 5D 5E 

Occasional 4 4A 4B 4C 4D 4E 

Remote 3 3A 3B 3C 3D 3E 

Improbable 2 2A 2B 2C 2D 2E 

Extremely 

improbable 
1 1A 1B 1C 1D 1E 

 

There was 557 reported events between 2008 and 2016 

caused by all engine types installed on Polish registered 

aircraft. 

Figure 1 shows an annual number of reported aviation 

events caused by powerplant types considered in this arti-

cle. 

 

 

Fig. 1. Number of reported aviation events caused by powerplants installed 

on Polish registered aircraft 
 

Figure 2 shows changes of the coefficient K1000 

for aviation events occurred within 2008-2016, for all pow-

erplant types. The below presented figures are showing 

increased trend of the reported aviation occurences per 

1000 registered aircraft for last two years. Such a situation 
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is different considering various engine types. Next four 

chapters contains detailed information of aviation events 

have occurred for each of the powerplant type since 2008. 

 

 

Fig. 2. Changes of the coefficient K1000 for SCF-PP aviation occurrence 

categories 

3. Aviation piston engines 
Piston engines will be a suitable and popular engine 

choice among personal airplane owners for many years. 

From a manufacturing and engineering perspective, the 

reciprocating engines found in piston aircraft are far less 

complex than turboprops. Piston aircraft are generally 

smaller aircraft, seating no more than six passengers, and 

are well suited for relatively short missions of 500 kilome-

ters or less. There are many piston engine models being 

currently in operation in Poland. All of them are installed 

on aircraft which are operated in general aviation. Tab. 4 

contains information about numbers of each installed en-

gine model. 

 
Table 4. Model and number of the piston engines  

Engine model Number of installed engines 

Austro Engine 5 

Bombardier Rotax 101 

Continental 208 

de Havilland Gipsy Major 3 

Franklin 23 

Jabiru  2 

Limbach 4 

LOM 46 

Lycoming 492 

PZL Kalisz ASZ62  120 

PZL Kalisz AI14 94 

PZL Kalisz M11 7 

PZL Kalisz WN3 3 

Rolls Royce 20 

Rotor Way RI 4 

Simonini Victor 1 

Subaru EA  4 

Thielert TAE125-01 Centurion 1.7 7 

Titan CC340 4 

Vedeneyev M14 P 35 

Verner 1400 1 

Volkswagen 1600 1 

Walter Mikron III 3 

WSK PZL Rzeszów PZL3 SR 1 

Total 1189 

 

Figure 3 shows view of the contemporary utilized typi-

cal aviation piston engine with description of its main parts 

[3]. 

 

Fig. 3. Four cylinders, horizontally opposed, air cooled aviation piston 

engine 

 

3.1. General information 

There was totally 207 aviation events caused by piston 

engines in 2008-2016. Due to the fact that almost 95% of 

the piston engines powered aircraft are single engine 

airplane each failure is not the only a threat to the flying 

crew safety, but most importantly for individuals on the 

ground. 
Figure 4 shows an annual number of reported aviation 

events caused by piston engines. Figure 5 shows changes 

of the coefficient K1000pist.between 2008-2016. 

 

 

Fig. 4. Number of events caused by piston engines installed on Polish 

registered aircraft between 2008-2016 

 

 

Fig. 5. Changes of the coefficient K1000pist. 

 

It has to be pointed out that for last two years sudden, 

significant increase in number of events caused by this 
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engine type is observed. From 17 in 2014 to 43 in 2016 – 

more than twice.  

Figure 6 gives (in percent) information during which 

aircraft maneuver and how often reported event caused by 

piston engine took place in 2008-2016. It is unacceptable 

that the vast amount of the powerplant reported failures 

occurred during aircraft movement. Only 15% of them were 

detected during routine maintenance tasks.  

 

 

Fig. 6. Flight phases share when piston engine malfunction took place 

 

Figure 7 shows reported system defects frequency in 

percent assigned to the certain ATA chapter for the piston 

engines in the 2008-2016. 
 

 

Fig. 7. Share of each powerplant system events coded by ATA 100 chapter 

between 2008 and 2016 

 

The above Fig. 7 shows “share” of the certain ATA 

chapter in percent in the total volume of the piston engines 

reported events. It was assumed that the most frequently 

occurred event – ATA chapter 72 has occurrence 

probability level equel 5. Next 79, 74 and 73 level 4, 61 

level 3, 76 and 80 level 2 and the remaining 62, 71, 75, 77, 

78, 81 and 83 level 1. According to the methodology de-

scribed in the introduction (Tab. 1, Tab. 2 and Tab. 3) to 

each from the above ATA chapters safety risk severity was 

assigned, based on events consequences described in the 

ECCAIRS reports. Then safety risk assessment matrix was 

developed for piston engines operated in Poland. Results of 

the analysis are presented in the Tab. 5. 

Every item presented in the red field requires immediate 

actions, which have to be taken on the country level in 

order to mitigate safety risk connected with the highlted in 

red engine systems coded in ATA 72, 74 and 79 chapters. 

Engine systems marked in yellow are acceptable based on 

risk (moderate risk) mitigation. However, a schedule for 

performance of safety assessment has to be prepared in 

order to find ways to bring down safety risk to low. In this 

way aviation authority can develop or order program 

implementation of safety risk mitigation, in our case on 

Country level. Below are discussed in details “red” ATA 

chapters. 

 
Table 5. Safety risk assessment matrix for piston engine systems 

ATA chapter 
Index 

No. Contents 

61 Propellers/propulsors 3C 

62 Main rotor(s) 1D 

71 Powerplant general 1C 

72 Engine-reciprocating 5B 

73 Engine-fuel and control 4C 

74 Ignition 4B 

75 Bleed air 1E 

76 Engine controls 2C 

77 Engine indicating 1C 

78 Exhaust 1E 

79 Oil 4B 

80 Starting 2D 

81 Turbines 1E 

83 Accessory gear boxes 1D 

 

3.2. ATA chapter 72 

There were 97 reported aviation events in the ATA 72 

chapter between 2008-2016. Figure 8 shows an annual 

number of reported events as a result of piston engine fail-

ures coded in that chapter. 

Figure 9 gives (in percent) information during which 

aircraft maneuver and how often failure of the piston engine 

in the ATA 72 chapter took place between 2008-2016. 
 

 
Fig. 8. Number of events caused by piston engines installed on Polish 

registered aircraft in the ATA 72 chapter between 2008-2016  

 

 
Fig. 9. Flight phases share when powerplant malfunction ATA chapter 72 

took place  
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Majority failures concern ATA sub charters 72-20-00 

power section and 72-30-00 cylinder section. As a result 

of the engine failure serious events took place. Table 6 

shows in numbers result of the piston engines malfunction, 

symptoms observed and precursors of the powerplant de-

fect, where it was confirmed. 

Almost 50% out of the total (207) occurrences caused 

by powerplants can be assigned to the engine itself (see Fig. 

7). Most of the events are connected with powertrain and 

cylinder systems. The events were caused by cracked ex-

haust valves. Also carbon deposit was observed on them. 

Other occurrences were caused by different failures of the 

cylinders. It can be presumed that those damages were 

mainly due to engines overheating that resulted from an 

improper exploitation. 

3.3. ATA chapter 74 

During 2008-2016 there was 19 events caused by igni-

tion system. All of them in the two ATA sub chapters  

74-10-00 electrical power supply and 74-20-00 distribution. 

First includes magnetos, second spark plugs. 

Figure 10 gives information during which aircraft ma-

neuver a failure in the ATA 74 chapter took place within 

2008-2016. The Tab. 7 shows in numbers result of the en-

gine ignition system malfunctions, symptoms observed and 

precursors of the powerplant defects, where it was con-

firmed.  

Spark plugs during post event checks were found with 

carbon deposit, few wrongly fitted, which again is an evi-

dence of careless maintenance or failure to meet engine 

exploitation procedures. More than 70% of ignition system 

malfunctions jeopardized flight safety as 13 aborted flights 

or emergency landings occurred. 

 

 

Fig. 10. Flight phases share when powerplant malfunction in the ATA 74 

chapter took place 
 

3.4. ATA chapter 79 

Between 2008-2016 there was 23 events caused by en-

gine oil system. Figure 11 gives information during which 

aircraft maneuver a failure coded in the ATA 79 chapter 

took place within 2008-2016.  

The Tab. 8 shows in numbers result of the engine oil 

system malfunctions, symptoms observed and precursors of 

the powerplant defects, where it was confirmed. 

Improperly installed or connected oil pipes causing 

leaks are the main, but not the only reason, for the reported 

events connected with the engine oil system. Most of them 

occurred due to maintenance imperfections. Oil system 

faults had a significant impact on flight safety. It needs 

to be mentioned that in 23 cases, in the years 2008-2016 

out of the oil system malfunctions, 19 of them resulted in 

aborted flights or emergency landings. 

Table 6. Confirmed roots of the piston engines failures coded in the ATA 72 chapter which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

14 Emergency landing 27 Loss of power 4 Exhaust valve 

51 Aborted flight 24 Unstable engine work 5 Cylinder 

3 Aborted takeoff 2 Engine overheating 5 Crancase 

2 Ground roll stopped 11 In flight shut down 4 Crankshaft 

  1 Engine vibration 1 Camshaft 

    2 Connecting rod 

 
Table 7. Confirmed roots of the piston engines failures coded in the ATA 74 chapter which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

3 Emergency landing 8 Unstable engine work 10 Spark plug 

10 Aborted flight 4 Loss of power 5 Magneto 

  2  Engine vibration 1 Electrical wire 

 
Table 8. Confirmed roots of the piston engines failures coded in the ATA 79 chapter which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

15 Aborted flight 3 Loss of power 6 Improper maintenance 

4 Emergency landing 4 Oil pressure low 6 Metal chips in the oil filter or on 

detector 

1 Ground roll stopped 3 Oil temperature high   

1 Aircraft elements damage 2 Engine vibration   

  1 Oil pressure high   

  3 Oil leak   

  1 Not extended nose gear   

  1 Oil chip indication   
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Fig. 11. Flight phases share when powerplant malfunction in the ATA 79 

chapter took place 
 

The above descriptions presented leading to the conclu-

sion that piston engines require changes in the current ex-

ploitation system in order to improve flight safety. 

In addition to the existing maintenance and operational 

requirements already included in the manufacturers’ manu-

als such a system should introduce new tasks like, for ex-

ample, engine vibration or flight parameters monitoring. It 

seems that also more insightful supervision of the mainte-

nance tasks execution as well as way of flying is required. 

This will not have only a positive economic impact for 

general aviation operators, but also intangible, like im-

provement of the flight safety, technical culture and sense 

of responsibility of aviation technical staff and pilots. 

4. Turboprop engines 
Turboprop engines are source of power for aircraft op-

erated in general and commercial aviation. Turboprop air-

craft are generally most efficient at altitudes of 6000 to 

9000 meters and at average speeds of 450 km/h to 600 

km/h. Turboprops tend to be larger than piston aircraft with 

greater passenger capacity – and more fuel on-board – and 

are more likely to be found flying distances of up to 2000 

km. It seems that turboprops will be used widely for a long 

time, both short and medium distances. Table 9 presents 

number of installed turboprop engine models on Polish 

registered aircraft. 

Today's turboprop engines are characterized by a huge 

power range (300-11000 kW) and a variety of design 

forms. These are now mostly single-rotor with axial or axial 

compressors with a radial stage, and a large share (among 

small and medium power engines) of separate power tur-

bines. 

 
Table 9. Model and number of the turboprop engines 

Engine model 
Number of installed  

engines 

PRATT AND WHITNEY PT6A FAMILY 53 

PRATT AND WHITNEY PW 150 20 

PRATT AND WHITNEY PW 124 10 

GENERAL ELECTRIC CT7 5A2 28 

HONEYWELL TPE331 3 

IVCHENKO AI24 VT 4 

LOM M601 E 4 

Total 122 

 

Figure 12 shows scheme of the contemporary utilized 

popular Pratt &Whitney PT6 turboprop engine with de-

scription of its main parts, covering the power range be-

tween 430 and 680 shaft kilowatts [8, 9]. 

 

 

Fig. 12. Design scheme of PT6 turboprop engine: 1 – air inlet, 2 – com-

pressor, 3 – combustor chamber, 4 – compressor powered turbine, 4’ – 

power turbine 5 – exhaust, 6 – reduction gearbox 

4.1. General information 

There were 101 aviation events caused by turboprop 

engine malfunction. It has to be emphasized that in Poland 

almost 95% of turbo-propops are twin engines aircraft, so 

results of a powerplant failure are not so dangerous like for 

single engine aircraft. 

Figure 13 shows an annual number of reported aviation 

events caused by turboprop engines. Figure 14 shows 

changes of the coefficient K1000tprop during 2008-2016. 

 

 

Fig. 13. Number of events caused by turboprop engines installed on Polish 

registered aircraft between 2008-2016 

 

 

Fig. 14. Changes of the coefficient K1000tprop 
 

Above pictures are showing sudden decrease in number 

of events as well as coefficient K1000tprop from 2012 without 

turboprop aircraft fleet size changes. Reason for such level 

of safety increase is one of the operators aircraft fleet a 



 

Causes of the powerplants failures installed on Polish civil aviation aircraft 

116 COMBUSTION ENGINES, 2017, 168(1) 

change to another turboprop aircraft type powered by dif-

ferent engine model. 

Figure 15 shows reported system defects frequency in 

percent assigned to the certain ATA chapter for the turbo-

prop engines in the years 2008-2016. Figure 16 gives (in 

percent) information during which aircraft maneuver and 

how often reported event caused by turboprop engine took 

place within 2008-2016.  
 

 

Fig. 15. Share of each powerplant system events coded in the ATA 100 

chapter between 2008 and 2016 

 

 

Fig. 16. Flight phases share when powerplant caused event took place  

 

Figure 15 shows in percent “share” of the certain ATA 

chapter in the total volume of the turboprop engines 

reported events. It was assumed that the most frequently 

occurred event – ATA chapter 72 has occurrence 

probability level equel 5. Next, 77 and 79 level 4, 61, 73, 76 

level 3, 80 level 2 and the remaining 71, 74, 75, 78, level 1. 

According to the methodology described in the Introduction 

(Tab. 1, Tab. 2 and Tab. 3) to each from the above ATA 

chapters safety risk severity was assigned, based on events 

consequences described in the ECCAIRS reports.  

Then safety risk assessment matrix was developed for 

turboprop engines operated in Poland. Results of the 

analysis are presented in the Tab. 10. 
 

Table 10. Safety risk assessment matrix for turboprop engine systems 

ATA chapter 
Index 

No. Contents 

61 Propellers/propulsors 3D 

71 Powerplant general 1E 

72 Engine 5D 

73 Engine-fuel and control 3D 

74 Ignition 1E 

75 Bleed air 1E 

76 Engine controls 3D 

77 Engine indicating 4D 

78 Exhaust 1E 

79 Oil 4C 

80 Starting 2E 

 

Similarly like for piston engines, turboprops systems 

marked in yellow are acceptable based on risk (moderate 

risk) mitigation. However, a schedule for performance of 

safety assessment has to be prepared in order to find ways 

to bring down safety risk to low. Especially when so many 

engine systems fall in moderate risk level. The Tab. 11 

shows in numbers result of the turboprops system malfunc-

tions, symptoms observed and precursors of the powerplant 

defects, where it was confirmed. 

Turboprops failures, which caused aviation events were 

mainly due to medium level of engine parts reliability and 

durability. There were only seven confirmed maintenance 

faults. 

5. Turboshaft engines 
There are 135 helicopters powered by turboshaft en-

gines registered in Poland. Fourteen of them are in MTOM 

> 5700 kg class. Most of them is powered by engines mod-

els like: Allison 250C20, different kinds of P&W 206, 

Turbomeca Arrius 2F and Arriel 2B1. Also manufactured in 

Poland PZL-10W and GTD-350 are being in exploitation. 

Mainly twin engine helicopters are utilized. Tab. 12 pre-

sents number of installed turboprop engine models on 

Polish registered helicopters. 

With the constant number of helicopters, the number of 

events reported to the ECCAIRS database have increased 

since 2008 (Fig. 18), as a consequence also coefficient 

K1000tshaft, proportionally has increased (Fig. 19). 

 
Table 11. Confirmed roots of the turboprop engines failures which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

25 Aborted flight 12 In flight shut down 6 Auto feather unit/governor 

19 Aborted takeoff 12 Unstable engine work 4 Starter generator 

4 Ground roll stopped 5 Low oil pressure 5 Torque indication 

6 Emergency landing 1 High oil pressure 4 EGT indication 

  2 Engine vibration 7 Wrong seals/tubes installation 

    6 PCU/HMU/EEC failure 

    3 Compressor blades damage 

    1 Turbine blade damage 
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Fig. 17. View and cross-section of the PW 206 turboshaft engine: 1 – air 

inlet, 2 – combustor chamber, 2 – compressor, 3 – exhaust, 4 – radial com-

pressor and turbine, 6 – reduction gearbox, 7 – shaft [17] 

 
Table 12. Model and number of the turboshaft powerplants 

Engine model Helicopter type 
Number  

of helicopters 

PW 206 B2 EC-135 25 

GTD-350 Mi-2 24 

Turbomeca Arriel 2 B1 EC-130 11 

Turbomeca Arrius 2F EC-120 11 

PZL-10W W-3 7 

GE T-700 S -70i 6 

Allison 250 C20B 
Bell-206, Mi-2 Kania, 

H-369 
5 

Allison 250 C20R2 SW-4 5 

Turbomeca Arriel 2 D AS-350; EC-130 4 

PW 206 B3 EC-135 4 

PW 207 D Bell-427; Bell-429 4 

R-R 300 Robinson 66 4 

Allison 250 C47B Bell-427 4 

 

 

Fig. 18. Number of events caused by turboshaft engines installed on Polish 

registered aircraft between 2008-2016 

 

Fig. 19. Changes of the coefficient K1000tshaft and the trend line 

 

A more accurate analyzes of the events shows that most 

of them concerns engine oil system (ATA 79 chapter) and 

ATA 72 chapter. This order is preserved both in terms of 

number of events and percentage share (see Fig. 20 and 21). 

 

 

Fig. 20. Number of the turboshaft engine system events coded in ATA 100 

chapter between 2008 and 2016 

 

Fig. 21. Share of turboshaft engine system events coded in ATA 100 

chapter between 2008 and 2016 

 

The positive thing is that as many as 2/3 of all tur-

boshaft malfunctions were detected during routine mainte-

nance checks and less than 1/5 during flight, which shows 

Fig. 22.  

Using a method described in Chapter 2 (Tab. 1 and Tab. 

2), a safety hazard assessment chart for turboshaft engines 

was developed (Tab. 13). It includes engine systems (coded 

according to ATA100) failures were mentioned in the inci-

dent reports. The most frequent failures are related to the oil 

system (ATA chapter 79), when malfunctions of the ex-
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haust system (ATA chapter 78) are rare. Oil system faults 

had a significant impact on flight safety. It needs to be 

mentioned that in the years 2008-2016 six of the oil system 

malfunctions ended in aborted mission, two emergency 

landings and one aborted takeoff. For helicopters that carry 

out rescue missions (HEMS), aborted flight may mean 

serious consequences for victims who may not be able to 

get medical help right away. 

 

 

Fig. 22. Flight phases share when turboshaft engine malfunction took place 

 

Even worse are the events related to the engine itself 

(ATA 72 chapter). In two cases, the sudden loss of power 

caused a catastrophe and complete destruction of the heli-

copters. Compressor surge has also been reported during 

startup at high ambient temperature. Also maximum torque 

exceedance in the drive transmission units, and a dozen or 

so cases of compressor blades damage by FOD hashap-

pened. There have also been 3 cases of the rotor blades 

damage due to engine open covers or unplugged exhaust 

pipes. 

 
Table 13. Safety risk assessment matrix for turboshaft engine systems 

ATA chapter 
Index 

No Contents 

62 Main rotors 3D 

63 Main rotors (drive) 3D 

64 Tail rotor 2D 

65 Tail rotor (drive) 2D 

66 Rotor blade and tail pylon folding 3C 

71 Power plant general 1D 

72 Engine  4C 

73 Engine-fuel and control 3C 

76 Engine controls 2D 

77 Engine indicating 3C 

78 Exhaust 1D 

79 Oil 5D 

80 Starting 3D 

83 Accessory gear boxes (engine driven) 2D 

 

Summary of the causes, symptoms and effects of major 

events involving turboshaft engines are contained in the 

Table 14. One of the most common causes are electrical 

wire connection breaks in the connectors. Electrical instal-

lations for helicopter engines operating at high vibration 

levels are particularly susceptible to the disconnection of 

contacts due to, for example, contamination by marine 

pollutants. At the same time, modern engine control sys-

tems cannot operate properly without rpm signal (FADEC 

turns off), as almost all control functions operate on this 

signal. 

Ordinary occurrence for helicopter propulsion systems 

is the “oil chips” signal. In many cases it turns out that the 

chip detectors are so sensitive that they respond to the 

“dust” generated during the normal wear of the gears (even 

a case was reported of the piece of synthetic thread from the 

fabric detection). The causes of damage to the powerplants 

are also faults of the maintenance staff: improper assembly 

of components (gaskets, bolts), not closed engine covers 

(rush during dispatch). 

6. Turbojet engines 
Currently there are 94 Polish registered aircraft powered 

by jet engines, 80 of them fall into MTOM > 5700 kg class 

[16]. Details are shown in the Tab. 15. Figure 23 presents 

representative of the most popular worldwide turbofan 

engine family CFM56. 

 

 

 

Fig. 23. Basic features of modern turbofan engine [18]: 1 – engine inlet,  

2 – fan, external duct, 3 – low pressure compressor internal duct, 4 – high 

pressure compressor air, 5 – combustion chamber, 6 – high pressure 

turbine, 7 – low pressure turbine, 8 – exhaust 

 

Table 14. Confirmed roots of the turboshaft engines failures which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

13 Aborted flight 7 Engine chips 20 Main gearbox tapping 

10 Emergency landing 6 Unstable engine work 21 Electrical connection missing 

3 Aborted take off 5 In flight shut down 12 Foreign object damage 

  3 Oil pressure or temperature 7 Incorrect bolt/gaskets installation 

  3 FADEC fail   
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The aircraft jet propulsion usually consists of two en-

gines placed under the aircraft wings or at the rear of the 

fuselage. Currently on Polish registered aircraft mostly 

turbofan engines are installed. They have superior fuel 

efficiency over single shaft engines, which are only used in 

military applications on aircraft of the 50's. 

 
Table 15. Type and number of the aircraft powered by jet turbine power-

plants 

Engine model Aircraft type 
Number  

of aircraft 

GE CF-34 
Embraer  

ERJ 170 and 190 
26 

CFM-56 serie 3, 5 and 7 
Boeing 737 and Airbus 

321 
24 

PW serie 300, 500 and 600 

Cessna 510 

Embraer 500 

Falcon 2000 

Learjet 60 

8 

IAE V2527 Airbus 320 6 

Trent 1000 Boeing 787 6 

Williams FJ44 

Cessna 525 

Beech 390 

Raytheon 390 

6 

Allison AE3007 
Embraer  

EMB 135 and 145 
5 

Honeywell AS907 Bombardier 100 4 

Honeywell TFE731 

Gulfstream 150 

Learjet 45 

Hawker 750 

3 

 

Number of reported events as well as factor K1000jet 

since 2011 have stabilized (Fig. 24 and 25). 
 

 

Fig. 24. Number of events caused by turbojet engines installed on Polish 

registered aircraft between 2008-2016 

 

 

Fig. 25. Changes of the coefficient K1000jet and the trend line 

Figure 26 presents number of reported events in each 

ATA 100 chapter dedicated to powerplant systems. Fig. 27 

shows reported system defects frequency in percent as-

signed to the certain ATA chapter for the turbojet engines 

in the years 2008-2016. Fig. 28 gives (in percent) infor-

mation during which aircraft maneuver and how often re-

ported event caused by turbojet engine took place between 

2008-2016. 

 

 

Fig. 26. Number of the turbojet engine system events coded by ATA 100 

chapter between 2008 and 2016 

 

 

Fig. 27. Share of turbojet engine system events coded by ATA 100 chapter 

between 2008 and 2016 

 

Figure 27 shows “share” of the certain ATA chapter in 

percent in the total volume of the turbojet engines reported 

events. It was assumed that the most frequently occurred 

event concerns engine design parts coded in ATA chapter 

72, next are events in the ATA chapters 78, 75 and 73. The 

most serious consequences are caused by events related to 

the engine itself (chapter ATA 72). In 43 cases, 10 ended 

with aborted flight, 4 aborted takeoffs and 1 emergency 

landing. The reason was usually the sudden increase in 

engine vibration, compressor surge, also exhaust tempera-

ture limit exceedances, and thrust differences between en-

gines causing the aircraft drift during takeoff. Borescope 

inspections performed during routine maintenance detected 

damage to the fan blades and compressor blades caused by 

foreign objects (FOD).  

Failures of the exhaust (ATA chapter 78) caused 

aborted takeoff (5 out of 14 events). One aborted flight and 

one emergency landing took place. During routine 

maintenance checks usually thrust reverser sensors 

mulfunction were reported.  
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Problems with the fuel flow are very important for flight 

safety as this is the main parameter of the engine control. In 

the fuel flow control system (ATA chapter 73), clogged 

filters (5 out of 12 cases) or fuel pump failures (3 cases) 

were an events reason.  

Malfunctions of the engine bleed system (75 ATA chap-

ter) are most likely due to incorrect operation of the control 

valves. The inability to open such a valve results in, for 

example, the failure of the de-icing installation or the cabin 

pressurization system. Leakage of this valve causes that hot 

air flows into the engine nacelle and, for example, activates 

a fire alarm. A relatively common cause of malfunction of 

several airframe systems is the jamming of the valve that 

opens the air bleed from the compressor. This valve works 

in harsh conditions: the air temperature can exceed 400 °C 

and the pressure difference reaches dozens of bars. 

It has to be taken into consideration for those involved 

in the SMS that more than 60% of the reported events have 

occured during different aircraft flight phases (Fig. 28). 

Some organizational projects has to be undertaken in order 

to increase failures detectability level during maintenance.  

 

 

Fig. 28. Flight phase share when turbojet engine malfunction took place 

 

Using a method described in Chapter 2 (Tab. 1 and Tab. 

2), a safety hazard assessment chart for turbojet engines, 

similarly like for other engine types, was developed (Tab. 

16). The most frequent failures are related to the engine 

itself (ATA chapter 72), when malfunctions of the ignition 

system (ATA chapter 74) are rare. 

Similarly like for previusly analysed types of the 

engines, turbojet engine systems marked in yellow are 

acceptable based on risk (moderate risk) mitigation. The 

Tab. 17 shows in numbers result of the turbojets system 

malfunctions, symptoms observed and precursors of the 

powerplant defects, where it was confirmed. 

Unfortunately there are also cases of service negligence. 

Quite a bizarre event was lack of one of the fuel filters on 

engines across one aircraft fleet. Other cases of this kind 

include improper mounting of the VSV mechanism result-

ing in damage to it, no connection between the actuator and 

the vane ring etc. 

 
Table 16. Safety risk assessment matrix for jet engine systems 

ATA chapter 
Index 

No Contents 

49 Airborne auxiliary power 4D 

71 Power plant general 3E 

72 Engine  5D 

73 Engine-fuel and control 4D 

74 Ignition 1E 

75 Bleed air 4C 

76 Engine controls 2B 

77 Engine indicating 3B 

78 Exhaust 4D 

79 Oil 2B 

80 Starting 3D 

 

7. Conclusions 
The factors K1000TYPE values, excluding piston engines 

are similar for all considered in the article powerplant 

types. They are in the range between 100 and 150.  

For piston engines, this value increased in 2016 and its 

value now is 60. This is due to the relatively small number 

of reported events assigned to the number of airplanes. The 

reason for such situation is probably the lack of willingness 

to report all aviation occurrences by general aviation opera-

tors. Also, the number of notifications about engine defects, 

potentially threatening flight safety, found during mainte-

nance inspections is disquietingly low for general aviation. 

This may indicate low quality level of the maintenance. 

Reasons for this situation require serious analyzes. Espe-

cially due to the fact that in general aviation mostly single-

engine aircraft are operated. 

The quality of the method described in the article can be 

improved by referring the number of events to the engine 

working hours. At present there is no flight hour data ag-

gregated in one place. They are recorded in the aircraft 

technical logs. Also knowledge of the engine production 

dates would help in carrying out more accurate analyzes. 
 

Table 17. Confirmed roots of the jet engines failures which caused aviation event 

No Mulfunction result No Symptom No Confirmed precursor 

24 Aborted flight 9 Reverser disagree 15 Sensor damage 

18 Aborted taxi 7 EGT incorrect 8 Jamming out the air valve 

15 Aborted take off 5 Vibration too high 4 Foreign object damage 

5 Emergency landing 5 FADEC fail   

  7 Fuel filter bypass or fuel 

pressure too low 

  

 

Nomenclature 
 

ATA  Air Transport Association  

ECCAIRS European Coordination Center for Accident 

and Incident Reporting Systems 

FADEC full authority digital engine control 

SCF-PP  system component failure – powerplant 

 

 

SCAAI  State Commission on Aircraft Accidents 

Investigation 

SMS  safety management system 

VSV  variable stator vanes 

ULC  Polish Civil Aviation Authority 
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A 4-stroke spark-ignition engine fuelled with low quality gas 
 

Huge amount of by-products is still considered as waste and is simply disposed, for example by-product gas is usually flared. 

Political and social pressure to reduce air pollution and national needs for energy security make these waste fuels interesting for near-

future power generation. Unfortunately most of these waste fuels, even when liquefied or gasified, have very low quality and can hardly 

be used in high-efficiency power systems. Among main challenges are low calorific value and composition fluctuation. Additionally very 

often there is a high content of sulphur, siloxanes, tars, etc., which have to be removed from the fuel. 

Modern 4-stroke gas engines designed for power generation applications provide very high efficiency, high reliability and 

availability. Unfortunately, these gas engines require high quality fuel with stable composition. Horus-Energia together with Cracow 

University of Technology developed a novel gas supply system HE-MUZG that can adapt to current gas quality and change engine 

settings accordingly. 

This article will present results from the HE-MUZG system tests on modern 4-stroke spark-ignition gas engine. Tests focus on low 

quality gas, such as gas with low calorific value, gas with very low methane number and gas with very big variations of calorific value. 

Test results compared with performance of that engine in the original configuration show huge improvements. Moreover the HE- MUZG 

system is easy to implement in commercial gensets. 

Key words: engine, genset, low quality gas 

 

 

1. Introduction 
Modern 4-stroke gas engines are designed to operate 

with high reliability and high efficiency. It is possible due 

to fact that they utilise advanced combustion systems sup-

ported by sophisticated control system. For example, a 20-

cylinder spark-ignition gas engine can be equipped with 

more than 200 various sensors which gather continuously 

information about engine operation, combustion character-

istics and help to optimise control settings such like air-

fuel-ratio, ignition advance etc. On one hand such complex 

control systems provide ultimate engine performance but on 

the other hand high quality of gas is required. Usually gas 

quality requirements include calorific value, methane num-

ber, methane or inert gas content etc. It is possible to tune 

engine for specific fuel but tuning may influence engine 

performance: available power, efficiency, emissions etc. 

There is a strong limitation for using fuels with very low 

methane number or very low calorific value, because these 

parameters determine available power of the engine. Opera-

tion at very reduced power makes solution not feasible – 

engine becomes very expensive in respect to available 

power and additionally engine efficiency decreases signifi-

cantly. Even more problematic is situation when gas pa-

rameters change significantly or if the changes are rapid 

because control systems of typical gas engine can hardly 

adopt. 

Novel gas supply system HE-MUZG was developed by 

Horus-Energia together with Cracow University of Tech-

nology. The system can be mounted on typical stationary 

gas engine and can automatically adjust own settings if fuel 

properties change. The results of broad tests are presented 

in this paper. 

2. Test facility 
The tests were held at Horus-Energia test facility, which 

is arranged for genset testing. The test facility is equipped 

with gas mixing station that creates possibility to mix sev-

eral components and create almost any gas composition 

required for tests. Additionally, the gas mixing station is 

equipped with specially built control system that can gener-

ate very rapid change of fuel composition between set 

points defined by user. The test engine MAN E2876 LE302 

was combined with Marelli MJB 250 LB4 generator as it is 

in the original genset configuration. The basic data of the 

engine and the genset in original configuration are present-

ed in the Table 1 and the Figure 1 shows general view of 

the test facility. 

 
Table 1. Basic data of the engine and the genset in original configuration 

(provided by manufacturer) [1, 5] 

Engine type 4-stroke, turbocharged, spark-

ignition, 2-stage mixture cooler 

Cylinder configuration 6 cylinders in-line 

Cylinder bore 128 mm 

Piston stroke 166 mm 

Compression ratio 11:1 

Mean effective pressure 13.1 bar 

Fuel supply system Gas mixer in front of turbo-

charger’s compressor 

Nominal air-fuel equivalence 

ratio (λ) 

1,6 

Engine speed (50 Hz genset 

application) 

1500 rpm 

Nominal power (engine) 210 kW 

Nominal power (genset) 200 kW 

Genset efficiency (at 50% load) 32.0% 

Genset efficiency (at 75% load) 35.2% 

Genset efficiency (at 100% load) 37.1% 

 

The test program covered following stages: 

− engine optimisation for operation on methane, 

− engine operation on gas with very low calorific value, 

− engine operation on gas with very low methane number, 

− engine operation on gas with significant and fast change 

of calorific value. 
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Fig. 1. General view of the MAN E2876 LE302 engine at the Horus-

Energia test facility 

2. Test results 
The first stage of tests showed that HE-MUZG fuel 

supply system enables operation with higher genset effi-

ciency than with original fuel system. The results are pre-

sented in Table 2 and in the Figure 2. 
 

Table 2. The genset efficiency measured during tests with HE-MUZG fuel 

supply system 

Engine load Genset efficiency 

0% 0.00% 

25% 27.00% 

50% 35.30% 

75% 37.80% 

90% 38.41% 

100% 38.63% 

 

 

 

Fig. 2. The genset efficiency for original fuel system and measured during 

tests with HE-MUZG fuel supply system [1] 

 

In the second stage methane was mixed with carbon di-

oxide to reduce gas fuel calorific value. The main target 

was to check how low can be gas calorific value that still 

enables stable genset operation. According to the engine 

manufacturer requirements, the gas with lower heating 

value (LHV) at least 32 MJ/m
3
 is required for engines tuned 

for natural gas and the gas with LHV higher than 18 MJ/m
3
 

is required for engines tuned for bio-gas [4]. During test it 

was important not only to achieve stable engine operation 

but also to keep NOx emission within allowed limit, i.e. 250 

ppm at 5% oxygen content in the exhaust gas [2]. The re-

sults are presented in Table 3 and in the Figure 3. 

Table 3. NOx emissions for genset operation on fuel with wide range  

of LHV 

CH4 content 

in fuel 

CO2 content in 

fuel 

Fuel LHV 

[MJ/m3] 

NOx emission [ppm] 

(adjusted to 5% O2) 

100% 0% 36.0 146 

75% 25% 27.0 165 

65% 35% 23.4 171 

50% 50% 18.0 185 

43% 57% 15.5 207 

 

 
Fig. 3. NOx emission at 5% O2 for wide range of fuel LHV 

 

Results show that the HE-MUZG system enables stable 

engine operation in wide range of fuel calorific value. It is 

important to highlight that the test genset was equipped 

with the engine originally tuned for operation on natural gas 

and the HE-MUZG system enabled operation with range of 

fuel calorific value wider even if compared with tuning of 

that engine for operation on biogas. Moreover NOx emis-

sions do not cross allowed level for whole fuel calorific 

value range. However at very low LHV NOx emissions are 

significantly higher. The reason is that for fuel with very 

low LHV engine was tuned to operate at richer mixture 

than for fuel with higher LHV. 

The next stage of tests was focused on low methane 

number. This is very important aspect, because lot of waste 

gas fuels contain heavier hydrocarbons or significant 

amount of hydrogen. These components reduce fuel me-

thane number rapidly which creates problems with engine 

stable operation, engines cannot reach nominal power or 

operation can be simply impossible. According to manufac-

turer’s requirements, engine can reach nominal power for 

fuels with methane number at least 80 and for pure propane 

engine can reach maximum 71% of its nominal load, which 

corresponds with 143 kW of the genset electrical power [4, 

6]. As fuel for these tests pure propane was used. The re-

sults are presented in Table 4 and in the Figure 4. 
 

Table 4. The performance of the genset fuelled with propane 

Genset power [kW] Engine load Genset efficiency 

0 0% 0% 

45 23% 27.24% 

90 45% 34.48% 

135 68% 37.41% 

162 81% 38.55% 

180 90% 38.63% 
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Fig. 4. The efficiency of the genset fuelled with propane 

 

It was impossible to reach engine nominal power when 

engine was fuelled with propane due to the engine knock-

ing, but the engine with the HE-MUZG system easily 

reached power higher than guaranteed by manufacturer for 

original fuel supply system. Moreover, the genset efficiency 

reached during operation on propane was higher than dur-

ing operation on methane. 

The last stage covered tests of engine operation during 

very fast changes of fuel composition. For this purpose 

mixture of methane and carbon dioxide was used. The orig-

inal fuel supply system can tolerate changes of gas calorific 

value not faster than 0.002 MJ/m
3
 per second and not more 

than 20% of the LHV set point. The gas composition was 

changed in a way that methane content was decreasing from 

90% to 50% and then it was increasing from 50% to 90% 

with the same rate upwards and downwards. This corre-

sponds to change of gas LHV between 32.337 MJ/m
3
 and 

17.965 MJ/m
3
. The tests covered ramp times from 167 s 

down to 29 s, which covers methane content fluctuations 

from 0.24% per second to 1.38% per second. It can be pre-

sented also as fuel LHV variation from 0.086 MJ/m
3
 per 

second to 0.496 MJ/m
3
 per second. As the acceptance crite-

ria for stable genset operation the generated electricity 

frequency variation (ẞf) was selected, according to ISO 

8528-5 norm. The norm defines operation as stable when 

ẞf parameter is not greater than 2.5%. The shortest ramp 

time when the genset could fulfil stable operation criteria 

was 38s, which corresponds to CH4 content change 1.05% 

per second and LHV change 0.378 MJ/m
3
 per second. This 

results is approximately 190 times faster and covers range 

twice wider than allowed for standard engine setting. 

Moreover, for ramp time equal to 29 s, the ẞf parameter 

was equal to 3%, which means only slight deviation from 

the norm and fluctuations of methane content of 1.38% per 

second and LHV fluctuations even 0.496 MJ/m
3
 per second 

can be accepted in other applications for the engine. 

Conclusions 
The HE-MUZG fuel supply system tests showed that 

system improves gas engine operation characteristics and 

makes engine more flexible for fuel quality. Even for good 

quality gas the system brings benefits by improving engine 

performance. 

The HE-MUZG extends limits for accepted fuel param-

eters. The system makes possible use of fuels with LHV 

15.5 MJ/m
3
, improves engine operation with fuels with low 

methane number providing better knock resistance and 

higher efficiency. Additionally system is very adaptive and 

fast responding for current gas quality, which is reflected in 

enabling the engine stable operation even when fuel LHV 

fluctuates almost 0.5 MJ/m
3
 per second. The HE-MUZG 

fuel supply system can tolerate not only 200 times faster 

fluctuations but can also adopt do LHV changes in twice 

wider range than standard fuel supply system. 

As next steps further system tests and optimisation are 

scheduled. 
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The proposition of utilisation the vehicle in 1:5 scale to construction and testing  

of an autonomous vehicle 
 

In the near future, vehicles will be moving autonomously with little participation or completely without the driver affecting on the 

vehicle move. Task of driver will be limited to identify the end point of the vehicle route. Vehicles, to meet this challenge, must be 

equipped with the control systems and supervising the movement of the vehicle, reacting onto the movement of pedestrians and other 

vehicles, road signs, time of day and weather conditions. The movement of the vehicle will be controlled and driven by a system on board 

a vehicle, but will also be required to tracking the vehicles position and its movement parameters using of the vehicle satellite navigation 

systems. In addition, the motion trajectory of the vehicle will be determined and any deviation from the target track will be corrected. 

The article presents a proposal for determining the trajectory of the vehicle based on the control points specified by the coordinates 

of the location of the vehicle and ways of correcting the trajectory of the vehicle. For this purpose was utilized the vehicle in scale. 

Key words: autonomous vehicle, determining the trajectory of the vehicle, the correction of the vehicle motion trajectory 

 

 

1. Introduction 
The main task of the autonomous vehicle is to carry 

passengers and cargo from a specific starting place to the 

particular ending position. In addition, the vehicle must 

react to the situation on the road, pedestrians, vehicles and 

road signs. This vehicle also must adjust their speed to the 

road conditions, speed up or slow down and to keep in their 

road lane. These properties require the development of an 

autonomous vehicle control system that is able to respond 

to traffic conditions in every situation by adjusting the 

speed and direction of vehicle motion. For this reason, the 

control of the autonomous vehicle is a complex issues, 

which consists of a number of different tasks. These tasks 

can be analysed and implemented separately. 

 

 

Fig. 1. The measurement equipment mounted on the vehicle in scale 

 

In the Department of Internal Combustion Engines and 

Vehicles of University of Bielsko-Biala was built vehicle in 

a scale of 1: 5, which has been used to study the vehicles 

stability. For this purpose, was used the theory of similarity 

and π-theorem of Buckingham [3,5]. To describe the pa-

rameters of the vehicle and its movement were used the 

dimensionless variables, normalized using the basic units 

like: length, mass and time. 

Presented vehicle in scale, in addition to the require-

ments such as the maintenance of conditions similarity to 

the full size vehicle (geometric, kinematic, dynamic and 

structural similarities), the behavior of the similarity of the 

test research, was designed to drive defined route with a 

defined speed. From these tasks we saw that is required to 

build a specific control system for our vehicle. This system 

will could control the vehicle motion, to ride vehicle in 

scale after a certain, imposed from the top track and be able 

to make adjustments to the realized trajectory of motion. In 

addition to the evaluation parameters of vehicle movement 

was necessary to select of the measuring equipment with 

low weight and small size while maintaining the required 

measurement accuracy. 

1.1. Description of the vehicle in scale 

For the build of the vehicle in scale was used an existing 

radio controlled vehicle in scale 1:5, Himoto Raptor, which 

was modified resulting from the need to meet the require-

ments of similarity to the full-size vehicle. 

The vehicle in scale it was equipped with an internal 

combustion engine with a capacity of 26 ccm, centrifugal 

clutch, gearbox, powertrain with central gear and differen-

tials on front and rear axle in the basic version. The driving 

torque is transmitted via a shaft to the gearbox and then 

through the shafts to front and rear differentials and through 

driveshaft on the wheel. Wheels consist of the rim of the 

plastic and rubber tires with stiffening inserts. The frame 

was made of aluminum sheet metal profiled, reinforced in 

the rear part. The basic version of vehicle has allowed rid-

ing with maximum speed of 70 kph. Suspension both front 

and rear are based on two wishbones with coil springs. The 

brake is mounted on the output shaft of the motor in the 

form of a single disk-compressible during braking. Servo 

motor controls the engine speed and brakes. The second 

servo motor is used to control of the steering system, it is 

connected to the longitudinal steering rod. The vehicle is 

controlled by radio (Fig. 1). 

In order to maintain the conditions of similarity with re-

spect to the full-size vehicle (the truck with a high-lying 

center of mass), it was done a number of modifications on 
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the vehicle in scale. These modifications has included: 

increasing the wheelbase, change the position of the center 

of mass, changes the mass moments of inertia, changes the 

suspension of both the front and the rear axle from the 

independent to dependent, changing tires with characteris-

tics similar to use in the real vehicle. Description of the 

vehicle after these modifications and methodology of con-

duct found in [10, 11, 14, 16]. This vehicle was equipped 

with measuring apparatus Racelogic VBOX with module 

IMU and two antennas GPS/GLONAS. 

The basis of the analysis was to use a model of the hu-

man driver that allows to achieve the desired action. 

2. The models of human driver 
In literature we can find models the human driver with a 

high complexity, allowing the inclusion of driver reaction 

time, delays resulting from the reaction of vehicle systems 

or correction of the track resulting from the nature of coop-

eration of tires with the road [7–9]. The following is the 

relationship describing the general model of the human 

driver [1]. 

 
s

I

D
Le)

s

1
1s(h)s(H

⋅τ−⋅
⋅τ

++⋅τ=    (1) 

where: h – constant of proportionality, τL – driver's reaction 

time, τD – differentiation time constant, τI – integration 

time. 

In this study, we focused on passing the points lying on 

the track of the vehicle in scale and a possible correction of 

the assumed trajectory. For this purpose were used simpler 

models of human driver: a compensation [15], and anticipa-

tory model [1, 6, 13]. 

2.1. The compensation model of human driver 

The compensating models of human drivers are relative-

ly simple. The aim of their activities is to minimize the 

deviation of the position of the vehicle from the established 

track. In this model, the task of the human driver is the 

correction of the position of the car, which would lead to 

driving on the specified path. The basic equation describing 

the control of the vehicle can be presented in a form that 

allows the selection of the angle of rotation of the steering 

wheel [16]: 

 )t(P)t(yP)t( 0y α⋅+⋅=α α  (2) 

where: Py and Pα – amplification factors of the human driv-

er model, defining the sensitivity of the model to the lateral 

and angular deviation, α0 – the current angle of deviation 

the car from the predetermined direction, y(t) – the current 

value of the coordinate describing the lateral deviation of 

the vehicle from the predetermined direction. 

2.2. The anticipatory model of human driver 

The anticipatory model of human driver is based on the 

assumption that the driver observes the road some distance 

ahead of the vehicle L(m) and evaluates the deviation of 

lateral position of the vehicle from the established route ε 
(Fig. 1, 2) [1, 6, 13]. 

 

Fig. 2. The motion of the vehicle using of the anticipatory driver model 

 

Fig. 3. The simple block diagram of a driver-vehicle system [1] 

 

The estimated lateral displacement of the transverse 

component y0L is the distance traveled by the vehicle at 

time t = L/V in certain traffic conditions. Hence the mathe-

matical description of the human driver model: 

 

 )tt(P)t( R−β⋅=α  (3) 

 L0yLy −β+=ε  (4) 

 0OL )]yy([
L

1
)t( α−−−ε=β  (5) 

Reński [11] proposes the following solution to the prob-

lem presented above: 
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where: P – amplification factors of the human driver model, 

tR – driver's and steering system reaction time, β – angle 

between the longitudinal axis of the vehicle and the position 

of the point of observation, y – the vehicle's position in the 

global coordinate system, y0L – estimated position of the 

vehicle (at the point of observation) after adjustment driv-

ing path, ε – estimated lateral displacement of the vehicle at 

the point of observation L, α0 – angle of longitudinal axis 

of the vehicle from the direction of the track, α – required 

steering angle, L – distance of the point of observation. 

3. Controlling of the vehicle in scale 
To drive was used the specially built system consisting 

of a microprocessor controller and servomotors. In the 

memory of controller was stored setting of servomotor to 

carburetor throttle and clamping the braking system and 

also servomotor to control of turning wheel angles. They 

have been saved the procedures specifying how to acceler-

ate and stop the vehicle. In the memory of the controller has 

been saved also procedures to control the speed and direc-

tion of travel of the vehicle during the test. These proce-
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dures are similar to ISO tests but they have adapted to the 

size and speed of the vehicle in scale. Were made the loca-

tion system of the vehicle utilizing the vehicle positioning 

system GPS assisted by the accelerometers and magne-

tometers to the realization driving after a specified path. In 

the first version of the system was used microcontroller 

Arduino II [4]. The proposed system allow for the ride of 

the vehicle after a predetermined track only at relatively 

low speeds. 

4. Tests of the vehicle in scale 
The application of the model the human driver to con-

trol of the vehicle in scale resulted from the vehicle path 

deviation of movement from the established track. This was 

due to disruptions caused by unevenness of the track, by 

various coefficient of adhesion of the driving wheels, by 

external forces as well as the phenomena occurring during 

twist maneuvers, such as: changing of load on left and right 

side of the vehicle, changing the suspension geometry, or 

the characteristics of the tires. 

In the case where the direction of motion of the vehicle 

is affected by interference the external, a correction needs 

to establish of the position of the vehicle and its direction of 

movement. Under the direction of K. Romaniszyn was 

developed controller equipped with a GPS chip, allowing 

the collection of information on the position and direction 

of the vehicle motion [3]. Efforts were made to use the 

compensating model of the human driver and ultimately 

create a system of autonomous control the direction of the 

vehicle movement. 

 

 

Fig. 4. Comparison of the preset and has made track of the vehicle physi-

cal model [3] 

 

For this purpose was used the Arduino microcontroller, 

GPS antenna, and a number of actuators allowing for "pro-

gramming" the trajectory of the vehicle by determining the 

selected waypoints. These selected points, have been 

achieved by the vehicle with the specified accuracy. The 

correction of the vehicle path was carried out by changing 

the twist angle of the steered wheels. Figure 4 shows the 

"programmed" and the real path of the vehicle in scale 

during test "ride the circular path". 

The use of anticipatory model of human driver, present-

ed in the work of M. Abe [1] requires the determination of 

the characteristics of tires, longitudinal and lateral speed of 

vehicle, center of mass, yaw ratio and twist angle of the 

steered wheels. During road tests of the vehicle in scale was 

used testing equipment of Racelogic VBOX 3i. This 

equipment allows for measurement of the position of the 

vehicle, its speed and direction of movement. Since the 

measured variables are required to determine the amend-

ments of the wheel steer angle, based on the anticipatory 

model of human driver it is possible to make adjustments to 

the path of vehicle. Ongoing works allow determining the 

adjustment of the vehicle path. A simulation was performed 

using the results of measurements of the motion of the 

vehicle while driving along a circular path. Figure 5 shows 

the difference between the predetermined and realized radi-

us of driving, during the test "ride on a circular path". 

 

 

Fig. 5. The difference between predetermined and realized radius of driv-

ing, during the test “ride on a circular path” 

 

Based on these graphs, you can attempt to make a cor-

rection of angle δe. this correction will be introduced with a 

delay resulting from the characteristics of the control sys-

tem of the vehicle in scale. 

 

 

Fig. 6. Steering angle: real and corrected, during the test “ride on a circular 

path”  

 

The use of a simplified driver model allows for an tra-

jectory adjustment which simulates the behavior of the 

human driver. Figure 7 shows the realized path, after which 

vehicle in scale was driving and simulated circular path 

after correction of steer angle. 

Due to accept the simple model of the human driver, the 

proposed adjustment does not take into account the delayed 

reaction time of the vehicle to changes in the controller 

settings. This influence should also be estimated and in-

cluded in the amendment of control parameters vehicle. 

5. Summary and conclusions 
In this article was presented the preliminary considera-

tions regarding the possibility of construction an autono-

mous vehicle based on a testing of the vehicle in scale. In 

such a vehicle may be tested solutions used subsequently in 

the autonomous vehicle. This article presents possible to 

use human driver models allowing moving along a speci-

fied route or making some adjustments of motion direction 
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of the vehicle. Studies were carried out using a vehicle in 

the scale of 1:5. 

 

 

Fig. 7. The vehicle path: real (from the test) and corrected, during the test 

“ride on a circular path”  

The control system based on the position signals from 

the GPS, which uses a compensation driver model turned 

out to be little accurate, due to the low frequency determin-

ing vehicle position and relatively slow actuators. However, 

the use of the more efficient measuring apparatus may al-

low to increase the accuracy of control of the vehicle and 

eventually to apply it to the autonomous vehicle. 

The use of anticipatory model of human driver allows 

you to make adjustments to the track of the vehicle. From 

the simulations carried out using the results of measure-

ments made while driving in a circular path indicates that 

the majority of motion parameters of the vehicle requires 

filtering with low-pass filter frequency to 6 Hz. The appli-

cation of the proposed solution requires the use of actuators 

with a short response time. Delays resulting from the reac-

tion speed of actuators require estimating and taking into 

account in the applicable adjustment of control parameters. 

Ultimately, the planned modifications to the vehicle in 

scale by incorporating a system of speed control and steer 

angle with greater accuracy and speed of execution. 

Despite this, the authors believe that the results of both 

of the tests are promising and believe that further research 

in this area is justified. 
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Improving the environmental performance of the internal combustion engine  

by the use of in-cylinder catalyst 
  

The problems of using the inner surfaces of a combustion chamber as catalytic converters in order to reduce the harmful exhaust 

emissions were discussed in this paper. The proper choice of the catalyst is one of the most important issues. The interaction between the 

burned mixture and the catalyst is not limited by the kinetics of the chemical reactions but depends primarily on the flow rate of the 

reactants to the catalyst surface during combustion. The lifespan of a catalytic layer is determined by the application technique, where 

plasma spraying is the most popular and most accessible method. However, when it comes to the catalytic coating durability, it is not an 

efficient option, as ion implantation is indicated shows greater potential in this respect. In this research the coating of aluminum-

titanium and chromium-nickel have been applied to the engine head and the piston crown. Then the modified catalytic parts were used in 

a CI combustion engine and the obtained emission results were compared with the reference results. Another set of tests was performed 

for an SI engine, powered with gasoline and methane, where the piston crown was covered with a thermal layer of zirconium oxide and a 

catalytic layer of platinum. The beneficial effects of these in-cylinder catalysts on exhaust emissions and the possible problems in the 

wide spread use of such solutions have been presented.  

Key words: IC engine, catalyst, in-cylinder catalysis 

 

 

1. Introduction  
Reciprocating internal combustion engines are now a 

common source of power in the drives of motor vehicles, 

machinery and equipment. They were initially used as sta-

tionary engines, but then, thanks to their many advantages, 

they started also being used in vehicles. The pursuit to get 

more and more engine power output, improved work indi-

cators, to reduce the engine weight and its harmful effects 

on the environment are just some of the targets for engines 

today. All of these aspects also substantially affect the en-

gine development process, including its individual compo-

nents and subsystems. These requirements are also the 

reason driving change in the proper operating method of 

internal combustion engines, with the aim to achieve these 

benefits while maintaining a low environmental impact.  

For an internal combustion engine, the nature of its op-

eration determines the formation of harmful exhaust gases, 

where the proper execution of the combustion process tends 

to be the primary source of these pollutants. Increasing 

emphasis on reducing the negative impact of combustion 

engine vehicles on the environment, both from the legisla-

tive institutions of individual countries as well as their 

communities, drives the search for ever more sophisticated 

technical solutions for the internal combustion engine, 

which will ensure environmental impact reduction and 

allow meeting current emission standards. Among such 

efforts, the ones that reduce the emissions in exhaust gases 

after they leave the internal combustion engine are essen-

tial, i.e. the advanced exhaust aftertreatment systems.  

Due to the nature of operation of such systems (obtain-

ing the high required operational temperature) places them 

ever closer to the engine. However, these activities are 

aimed at reducing the pollutants that have already formed 

(been produced) in the combustion engine. On the other 

hand, careful consideration should be given to measures 

which are technically feasible and which would influence 

the reduction of pollutant production at their source – that 

is, in the combustion chamber of the engine – by adding 

catalysts as close to the combustion process as possible. 

2. The concept of using an in-cylinder catalyst 
The process of combustion and heat release in combus-

tion engines generates effects of a physical and a chemical 

nature, that to a large extent determine the engine opera-

tional properties. The most essential physical effect of the 

combustion process for the engine, is primarily the combus-

tion quality (how much energy contained in the fuel is re-

leased), and how effectively it is used, the value of the 

crank dynamic loads the and the noise generated. The 

chemical effects mainly relate to the composition of the 

exhaust gases, especially the content of toxic substances. 

Currently, due to the environmental protection regulations 

the control of these substances is among the main require-

ments for the operation of internal combustion engines. 

The conditions in which combustion occurs, should pri-

marily ensure the complete release of fuel energy (complete 

combustion) with the fullest possible use of the air and main-

taining the exhaust gases as pure as possible. From the en-

gine, thermodynamic cycle analysis, it follows that the utili-

zation efficiency of the heat released in the engine during 

combustion is related to its position in time. As a result the 

conditions required for the full fuel energy release, along 

with its use, and for obtaining low dynamic crankshaft loads 

while maintaining low noise level oppose each other. There-

fore, every technical solution to this problem must be a mat-

ter of compromise between these aspects. Another factor 

affecting this compromise is the exhaust gas composition, 

which must now meet the established legal requirements.  

In the first stage of self-ignition delay a stream of atom-

ized fuel is subject to preparatory reactions which result in 

spontaneous combustion centers appearing in different 

locations on the fuel stream surface. Oxidation in this stage 

can be represented as a slow burning process without a 

visible flame or pressure increase. This process is exother-

mic, so heat is produced, where part of it heats the air-fuel 

mixture, and part is dispersed to the combustion chamber 



 

Improving the environmental performance of the internal combustion engine by the use in-cylinder catalyst 

130 COMBUSTION ENGINES, 2017, 168(1) 

wall. Heating the mixture accelerates the reaction, which 

leads to further production of heat and oxidation. Under 

certain conditions, the amount of heat generated becomes 

equal to the amount of heat dispersed, leading to a thermal 

balance which corresponds to the mixture ignition tempera-

ture. Such thermal equilibrium quickly disappears as the 

mixture is heated further as a result of the increasing pres-

sure and temperature, which finally results in the self-

ignition and combustion of the fuel. 

For the reaction to start, collision of reactive particles is 

necessary. In fact, not all collisions cause a reaction to 

occur between the particles. The particles have finite 

speeds, which means that only a certain number of them 

causes a reaction to occur. Effective collisions are defined 

as only those collisions, where the total collision energy is 

higher than the average energy, specific for a given temper-

ature. The activation energy is the energy surplus, which 

molecules need to have in the moment of impact in order to 

enter into a chemical reaction, and is the primary factor in 

determining the course of that reaction. The lower the acti-

vation energy, the greater the reaction rate constant and the 

faster the reaction. To help overcome the energy barrier 

associated with the activation energy, either additional 

energy can be delivered to the reaction (for example 

through heating) or a substance can be used (a catalyst), 

which readily reacts with the substrate (lower activation 

energy) and the resulting compound can easily transform 

into the final product (also low activation energy). After the 

substrates transform into products the catalyst completely 

regenerates, thus it is possible to sometimes encounter the 

claim that the catalyst is a substance not taking part in the 

reaction but merely facilitating its course. 

Based on such analysis it can be concluded that the im-

provement of environmental and economic operating pa-

rameters of combustion engines mainly depend on the 

proper execution of the combustion process, which is high-

ly dependent on the activation energy and the presence of a 

catalyst that increases the chemical reaction rate. Therefore, 

it is proposed that such "internal" catalyst is used as a struc-

tural element of the combustion chamber. 

3. Possible applications overview 
Studies by Karuppasama and Mageshkumara [5] related 

to engine components coated with aluminum, titanium, 

nickel and chromium compounds deposited via plasma 

spraying (Fig. 1). The parameters of the investigated engine 

were as follows: 

–  four-stroke single cylinder CI engine, 

–  cylinder diameter – 80 mm, 

–  piston stroke – 110 mm, 

–  compression ratio – 16, 

–  liquid cooling, 

–  engine speed (const.) – 1500 rpm. 

The study was conducted for fixed engine speed and 

variable load. The concentration of carbon monoxide (Fig. 

2), hydrocarbons (Fig. 3) and nitrogen oxides (Fig. 4) have 

been determined as well as specific fuel consumption (Fig. 

4) for the following test conditions: 

–  elements of the engine head and piston crown without a 

catalytic layer, 

–  parts of the engine head and the piston crown covered 

with aluminum and titanium compounds (Al–Ti), 

–  parts of the engine head and the piston crown covered 

with nickel and chromium compounds (Ni–Cr). 

 

 
Fig. 1. The elements of engine covered by means of plasma spraying 

 

 

Fig. 2. The concentration of carbon monoxide as a function of engine load 

 

Fig. 3. The concentration of hydrocarbons as a function of engine load 

 

Fig. 4. The concentration of nitrogen oxides as a function of engine load 

 

Based on the research results, it has been confirmed that 

the Al–Ti and Ni–Cr catalytic layers: 

–  adversely affect the concentration of carbon monoxide 

(CO) and hydrocarbons (HC) in the exhaust gas. For 

hydrocarbons, a 10% reduction has been observed for 

the highest engine loads, 



 

Improving the environmental performance of the internal combustion engine by the use in-cylinder catalyst 

COMBUSTION ENGINES, 2017, 168(1) 131 

– reduce the emission of nitrogen oxides (NOx) in the 

entire range of engine loads by approx. 30%, which is of 

particular importance for compression ignition engines, 

–  reduction in specific fuel consumption by about 15% 

over the entire tested engine load range. 

 

 

Fig. 5. Specific fuel consumption as a function of engine load 

 

Research by Soltic and Bach [9] related to the issue of 

internal catalysts used in spark ignition engine powered 

with methane. The basis for the performed analysis of this 

issue was the difficulty of methane reduction in the catalyt-

ic reactor, due to the fact that it is the most stable molecular 

hydrocarbon, while keeping the methane in the catalytic 

reactor at an excess air ratio greater than 1. 

Two pistons with different catalytic layers were tested: 

–  platinum layer with a thickness of 20 nm, 

–  porous zirconium oxide layer with a thickness of 0.6 

mm to increase the temperature of the catalytic surface 

and thus catalyst reactivity (Fig. 6). The catalytic plati-

num layer was applied in a magnetron sputtering pro-

cess (Fig. 6). 

Figure 7 shows the surface of the piston after applying a 

zirconium oxide layer via thermal spraying. The desired 

thickness of the thermal surface was obtained through 

grinding. 
 

 

Fig. 6. Method of covering the piston with catalytic and thermal surfaces 

 

 

Fig. 7. Piston surface coated with zirconium oxide 

The test was carried out on a research station that enabled 

maintaining stable air parameters (temperature and humidity) 

and the measurement of engine performance as well as hy-

drocarbons concentration in the exhaust gas. In the study a 4-

cylinder, spark ignition engine fueled with gasoline and me-

thane with a displacement of 2 dm
3
 was used. 

Measurements of hydrocarbons, carbon monoxide and 

nitrogen oxides concentrations in exhaust gas were per-

formed at the following parameters: lubricating oil tempera-

ture greater than 90°C, air temperature of 24°C, humidity of 

47%. Measurements were taken at 2500 rpm for different 

values of the excess air ratio (0.9, 1.0, 1.1) and various 

ignition timing settings. After 28 hours of operation, the 

catalytic coating was evaluated for signs of wear. Damp 

areas formed by the effects of the engine oil have been 

found on the piston crowns (Figure 8). 

 

 

Fig. 8. State of the catalytic surface after 28 hours of operation 

 

In this research the authors did not notice any signifi-

cant changes in the nitrogen oxides concentration in the 

exhaust gas, regardless of the fuel used and the excess air 

ratio (Fig. 9). Similar results have been reported with re-

spect to the carbon monoxide concentration in the exhaust 

gas – irrespective of the fuel used and the excess air ratio 

there were no significant concentration changes (Fig. 10). 

An increase in the hydrocarbons concentration has been 

confirmed regardless of the fuel used and the excess air 

ratio value – this was a result of the catalytic coating appli-

cation. The result of the study was the adsorption and de-

sorption properties determination of the thermal coating 

layer (zirconium oxide). With a high internal cylinder pres-

sure, the coating takes in a significant mass of methane 

(1.74 10
–3

 g per cylinder). At low pressures, methane is 

released directly into the exhaust, increasing its content as a 

result (Fig. 11). 

 

 

Fig. 9. Nitrogen oxides concentration in the exhaust gas of petrol and 

methane fueled engine 
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Fig. 10. Carbon monoxide concentration in the exhaust gas of petrol and 

methane fueled engine 

 

 

Fig. 11. Hydrocarbons concentration in the exhaust gas of petrol and 

methane fueled engine 

 

The study concluded that the thermal and catalytic lay-

ers would withstand the thermal and mechanical stress 

present in the cylinder of the spark-ignition engine. There 

was a significant hydrocarbons concentration increase in 

the exhaust gas due to the use of a piston covered with  

a catalytic layer. There were no changes in concentrations 

of other pollutants (nitrogen oxides and carbon monoxide). 

4. Conclusions 
From the presented overview of the possibilities of us-

ing in-cylinder catalysts in internal combustion engines, the 

following conclusions can be drawn: 

– One of the most important issues is the choice of an ap-

propriate catalytic converter depending on the engine 

type (spark ignition, compression ignition). Individual el-

ements or compounds are characterized by different oper-

ating temperature ranges in which they reach the highest 

efficiency. Due to the change in the catalytic surface effi-

ciency depending on the temperature in the cylinder, en-

suring a sufficiently high catalysts efficiency for the en-

tire engine load range is challenging. This is due to the 

fact that the temperature in the cylinder also changes de-

pending on the engine load. 

– The interaction between the combustible mixture and 

the catalyst is not limited by the kinetics of the chemical 

reactions, but rather depends on the rate at which the re-

actants are delivered to and from the catalyst during the 

combustion process. This aspect can be improved by in-

troducing turbulence into the cylinder charge. 

– The lifespan of the catalytic surface depends on the 

coating method. Plasma spraying is the most common 

and most readily available, but it does not work well for 

catalytic coating. Ionic implantation is most often con-

sidered as a high potency solution for this problem. 
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The influence of vehicle body roll angle on the motion stability and maneuverability 

of the vehicle 
 

The article discusses the impact of design solutions of vehicle suspensions into angles of body roll. It was shown which type of 

suspensions is better from this point of view. There were examined the dependence of the suspensions parameters on the vehicle body roll 

angle. The influence of camber angle on the force transmitted to the tire contact with the road surface was analysed. The lateral forces 

were measured on the test stand. There was tested dependency of lateral forces from the sideslip angle for different angles of camber. 

Was analysed change of lateral forces generated by camber angle on the vehicle which was made on a scale ~ 1:5 during tests carried 

out on the testing track. For this purpose, two tests have been selected: first one allowing the measurement in steady motion conditions, 

the second one with dynamic change of direction of vehicle motion. The graphs show the effect of camber angles on the controllability 

and stability of the vehicle motion. 

Key words: stability of vehicle motion, suspensions, the interaction of the road and tires, the roll angle of vehicle body 

 

 

1. Introduction 
One of the tasks of the suspension of the vehicle is the 

appropriate wheel movement relative to the vehicle body. 

The controllability and stability of vehicle motion is influ-

enced by: the stiffness and damping of suspension ele-

ments, suspension kinematics motion and changes the 

wheels angles. The solutions of design of suspensions affect 

the load and wheel inclination while performing various 

maneuvers by the vehicle. During analyzing the interaction 

of the wheel with the road surface, it can be determined 

which of the suspension construction is the most preferred 

for use in various types of vehicles. For this purpose, was 

conducted the study of dynamics of the physical model in a 

scale of 1:5, in which were assembled various types of 

suspension on the front and rear axles. This model fulfills 

criteria of similarity to medium truck [1, 2, 11, 14]. 

Tires parameters were determined during the tests on 

the test stand: stiffness in the longitudinal direction, trans-

verse and radial and angular stiffness. In addition, were 

compared various parameters of the vehicle suspension: 

vertical stiffness and roll stiffness while maintaining the 

gross vehicle weight and moments of inertia. During the 

testing on the testing track were analyzed behavior of the 

vehicle during tests: the first one – driving on the circle 

track (quasi-static driving conditions) and the second one – 

sudden changes of vehicle direction (dynamic driving con-

ditions) [5, 6]. The study allowed to determine the effects 

of the suspension on the vehicle behavior [10]. 

2. Influence of the kinds of suspension on the  

co-operation of the tire with the road surface 
The total force transmitted by the wheel on the road sur-

face consists of the normal force and tangential forces 

(driving or braking, and lateral force). The maximum val-

ues of tangential forces are limited by the conditions of the 

adhesion [13]. The lateral force depends on the wheel angu-

lar stiffness and its inclination. Figure 1 shows a compari-

son of different kinds of vehicle suspensions during driving 

in a circular track. 

 

Fig. 1. Comparison of vehicles with different kinds of suspensions on a 

curvilinear track [own study] 

 

In the case of dependent suspensions, camber angle is 

usually smaller than that of the car equipped with the dou-

ble wishbone in suspensions. Suspensions equipped with 

McPherson's columns, generate slightly less camber angles. 

The vehicle body inclination angles depend on the kinemat-

ics and stiffness of the suspensions and are usually smaller 

for vehicles equipped with dependent suspensions. The use 

of anti-roll bar increases the angular stiffness of the vehicle. 

The anti-roll bar increases the angular stiffness of the sus-

pension on the axis of the vehicle and protects it from ex-

cessive angles of body roll. During driving on a bend of the 

road, vehicle under the influence of the centrifugal forces 

incline towards the outer wheels. The anti-roll bar operates 

to reduce the differences of instantaneous loads on the elas-

tic elements of suspensions of the wheels on one axle and 

reduces roll angles [13]. 

In vehicles equipped with suspension with rigid axles 

change camber depends on the susceptibility of the tires and 

the road surface irregularities. In the case of vehicles with 

independent suspensions angle of wheel inclination de-

pends on the suspension geometry changes resulting from 

the vertical movement of wheel and the lateral inclination 

of the suspension. Figure 2 shows the camber angle accord-

ing to the inclination of the vehicle body for different kinds 

of suspension: double wishbone, McPherson's column, and 

rigid axle [own study]. 

2.1. The parameters of the vehicle suspensions 

For the analysis were chosen dependent suspension cur-

rently used in SUVs, vans and trucks, and an independent 

suspension with double wishbones of different lengths used 

in passenger cars and vans. The test method was used to 
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determine the vertical and angular stiffness of the suspen-

sion and roll damping of suspension. The measurement 

results of suspensions stiffness are given in Table 1. 

 
Table 1. Comparison of parameters of the vehicle physical model equipped 

with various types of suspension [own research] 

Parameter 
Dependent suspension Independent suspension 

front axle rear axle front axle rear axle 

Vertical stiffness        Ks, N/m 1910 1550 2980 5240 

Vertical stiffness         Kt, N/m 1680 1680 1680 1680 

Suspended mass            ms, kg 9,329 13,688 8,839 13,818 

Unsuspended mass       mus, kg 1,667 1,648 2,662 2,783 

 

The following figures show the impact of vehicle body 

inclination angle to the wheels camber angles for different 

types of suspension, taking into account the correction 

caused by the anti-roll bars. 

 

 

Fig. 2. The angle of wheel camber γ as a function of vehicle body roll 

angle φ for different types of suspension (including the impact of tire 

deflection) [own research] 

 

 

Fig. 3. The wheel camber changing γ resulting from vehicle body roll 

angle φ equipped with suspension with double wishbone [own research] 

 

 

Fig. 4. The wheel camber changing γ resulting from vehicle body roll 

angle φ equipped with McPherson suspension [own research] 

2.2. The parameters of the vehicle suspensions 

Figure 5 schematically shows the inclination of the car 

due to a lateral force. 

 

 

Fig. 5. The inclination of the vehicle caused by the lateral force [11] 

 

The impact of tires deflection was omitted. Taking 

equation for the sum of lateral force and equation for the 

sum of moments about the roll centre it can be determined 

the impact of the location of centre of gravity on roll angle 

of the vehicle.  
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For small roll angles φ it can be assumed that sinφ ≈ φ 

and cosφ ≈ 1, and that the lateral offset of centre of gravity, 

caused by inclination of the body, is so small that can be 

neglected. The equation (2) was used to determine how the 

lateral acceleration affects on the roll angle of the vehicle 

body (assuming that the lateral motion of the vehicle body 

is relatively slow). 
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Hence, the simplification:  
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Analysing the equation (5) it can be stated that the roll 

angle of the vehicle body to a large extent, determined by 

the lateral acceleration, the distance from vehicle centre of 

gravity to the roll centre and ratio of the mass to the roll 

stiffness of the suspensions (including the influence of the 

anti-roll bar). 
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Taking into account the deflection of tires, it will result 

in an increase in the roll angle of a few percent for trucks to 

several percent for passenger cars. Based on of research 

carried at the Laboratory of the Department of Internal 

Combustion Engines and Vehicles in University of Bielsko-

Biala, was determined the maximum roll angle φt, resulting 

from the deflection of tires: for passenger cars ~ 1.3 ° and 

for trucks ~ 0.7 °. 

Figures 6–8 shows the influence of the lateral accelera-

tion, distance of centre of gravity from the roll centre and 

the suspension roll stiffness and damping. 

 

 

Fig. 6. The impact of lateral acceleration on the vehicle roll angle (for a 

full-size vehicle) [own research] 

 

 

Fig. 7. Impact at vehicle roll angle of distance from centre of gravity to the 

roll centre (for a full-size vehicle) [own research] 

 

 

Fig. 8. The impact at vehicle roll angle of the roll stiffness of suspension 

(for a full-size vehicle) [own research] 

 

On the vehicle roll angle also affects the product of roll 

rate and roll damping stiffness, in the dynamic states, it 

creates a temporary decrease in the roll angle. In Figure 8 is 

shown as dashed line, which represents the possible impact 

of roll rate and roll damping to temporarily change the roll 

angle (e.g during turning manoeuvre). 

The maximum value of the roll angle for cars and trucks 

is about 4 to 7°, with the largest impact on the roll angle has 

lateral acceleration ~56%, slightly lower distance from 

centre of gravity to roll centre ~46% and the minimum ratio 

of weight to suspension roll stiffness ~8%. Taking into 

account the deflection of the tire can change the roll angle 

to ~4%. Moment of inertia of the vehicle body will cause a 

delay of rolling. The use of anti-roll bars of the front and 

rear axles will cause a reduction in the roll angle of up to 

30%. 

On the basis of this analysis, it can select the appropri-

ate type of vehicle suspension with high and low located 

centre of gravity above ground. In the sports vehicle and 

passenger cars distance from the centre of gravity to the roll 

centre is relatively small and can be used suspension, in 

which the effect of vehicle body inclination on the roll 

angle is greater. In cars with a high located centre of gravity 

for example SUV and trucks should be used suspension, in 

which the inclination of the vehicle body has a little effect 

on the wheel camber angles. 

3. The impact of wheel camber angle on the  

transmission of forces on the tire contact with 

the road 
Changes in camber angles cause a change in footprint 

the tire contact with the road and affect on change of the 

value of lateral force transmitted to the road [8,9]. Because 

the side force is limited by the terms of adhesion, and de-

pends on the wheel load, the cornering stiffness Kαi will not 

be constant and will vary. 

Lateral force between wheel and ground depends on the 

sideslip angle α and camber angle γ and is described by 

equation (6a) [4]. For larger sideslip angles R. Jazar [7] 

recommends the use of a simplified equation (6b), taking 

into account the non-linear curve of the lateral force:  

 iiiiyi KKF γ⋅+α⋅−= γα   (6a) 
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The wheel camber angle will cause a change of the tire 

footprint on the roadway and thus the formation of the 

lateral force component depends on the camber angle γ. In 

addition, will appear some point shift reaction force Fz from 

the wheel axis. In Figure 10b was shown the impact of 

wheel camber angle on the tire footprint shape on the road-

way. 

When vehicle is driving with lateral acceleration under 

steady state conditions (e.g. during cornering), on the vehi-

cle operates the centrifugal force, which can be determined 
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from equation yy amF ⋅= . This lateral force can be decom-

posed into components acting on the front and rear axles.  

 yryfy FFF +=  (7) 

The forces acting on the front and rear axles, for small 

sideslip angles of wheels, can also be determined from 

equation: 

 
w

2
yyf

L

a
FF ⋅=   (8a) 

 
w

1
yyr

L

a
FF ⋅=   (8b) 

Based on the analysis equation (6b) can be seen that 

when the vehicle is moving on the curvilinear track under 

steady state conditions (fixed side force), the increase of 

camber angle, will affect the decrease value of lateral force 

and at the same values of this force the value of wheel side-

slip angle α will be increased. 

Sideslip angles of the wheels can be determined from 

equations (9a) and (9b) [3].  
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They were defined functional dependencies of wheels 

camber angle as a function of vehicle body roll angle and a 

vehicle body roll as a function of lateral acceleration, based 

on the results of research and analysis for various types of 

suspensions. The values of tires cornering stiffness and 

camber stiffness were determined from measurements on 

the test stand [10]. 

4. The impact of wheel camber angle on the  

transmission of forces on the tire contact with the 

road 
Lateral force measurements were conducted on a test 

stand [10] using the tire used in physical model for various 

wheel sideslip angles α at fixed value of camber angles γ 

(in the range of 0 to 10 deg). 

 

 

Fig. 9. a) Lateral force on the wheel contact with the road Fy at various 

wheel camber angles γ, depending on the wheel sideslip angles α (for a 

full-dimensional vehicle) [own research], b) The lateral and vertical force 

and a footprint of the contact on the road surface caused by wheel camber 

angle 

 

Figure 9a shows a comparison of the lateral force de-

termined from the equation (6b), and obtained from meas-

urements on the test stand [10]. The lateral force – Fy de-

creases with increasing camber γ from a few to several 

percent, proportional to the wheels sideslip angle. 

The values of angular stiffness of tire and camber stiff-

ness were determined on the basis of measurements which 

were made on the test stand. The values shown in table 2 

were obtained from measurements and were multiplied by 

scale factors of similarity (for full-dimensional vehicle). 

The impact of the vehicle body roll angle on stability 

and steerability of the vehicle were verified during the tests 

of physical vehicle model at scale ~1:5, conducted on the 

test track. 

 
Table 2. The stiffness of tire for full-dimensional vehicle determined on 

the basis of the tire of the physical model [own research] 

Parameter Front axle Rear axle 

Vertical stiffness Kz, N/mm 923 1151  

Lateral stiffness Ky, N/mm 70  82  

Cornering stiffness Kα, N/rad 68800  76000  

Camber stiffness Kγ, N/rad 3305  3569  

 

The influence of the vehicle body roll angle on the sta-

bility and steerability of the vehicle were verified during the 

tests of the vehicle model in a scale performed on the test 

track. 

5. Analysis of influence of the camber angle on the 

dynamics of vehicle motion based on tests of the 

physical model 

5.1. Measurements of stability and steerability  

performed with using the vehicle model 

During measurements of stability and steerability of ve-

hicles are used standardized research tests: driving in a 

circular path at a steady-state condition (ISO 14792) [5], 

step steering input (ISO 14793) [6], dynamic stability of the 

vehicle motion (AVTP 03-160 – test of avoid an obstacle 

on the road) and other [12]. For study were chosen two tests 

based on the driving on a circular path in steady-state con-

ditions and test of a response on sudden change of the steer-

ing wheel rotation. 

For testing was used a physical model of the vehicle 

made on a scale ~1:5, which fulfilled criteria of similarity 

to the commercial vehicle (LCV) [11,14]. Using the theory 

of similarity, were chosen the trajectory and the parameters 

of motion to the scale of the vehicle. The runs of the tests 

has been programmed in the controller of model. 

On the vehicle model was mounted measuring equip-

ment VBOX 3i Racelogic based on GPS technology, allow-

ing for registration of the trajectory and parameters of the 

motion: velocity, longitudinal and lateral acceleration, an-

gular velocity of vehicle motion about axis passing through 

centre of gravity and roll angle of the vehicle [15]. Figure 

10 shows a model prepared for the tests. During the tests on 

the model were assembled various types of suspension and 

additionally also were mounted anti-roll bars on the front 

and rear axles. 
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Fig. 10. The physical model of the vehicle on a scale ~1:5 with mounted 

measuring apparatus 

5.2. Analysis of influence of camber angle on the vehicle 

stability and steerability 

During the tests, after the start the vehicle was moving 

straight for about 3 seconds to achieve the required speed 

and then performed a manoeuvre of turn right and for about 

four seconds was moving along a circular path, would then 

return to the straight track and stop. Steering angle of 

wheels, velocity and duration of individual manoeuvres 

were programmed and performed by the controller. This 

test allows for conducting research under conditions of 

dynamic changes of motion direction and during the driving 

on a circular path in steady-state conditions. 

Figure 11 shows the run of the velocity during transient 

and steady-state motion. 

 

 

Fig. 11. The run of vehicle motion velocity during the test. [own research] 

 

The following figure shows the vehicle body roll angle 

(Fig. 12) depending on mounted suspension in the vehicle. 

The red curve shows the vehicle body roll angle with 

mounted dependent suspension at front and rear axles. The 

curve of blue colour shows the vehicle body roll angle with 

independent suspension for both axles and the green one 

shows the vehicle with independent suspension (two wish-

bones) mounted on the front axle and with the rear rigid 

axle. The body roll angles are greatest in a vehicle with 

independent suspension ~13° and the smallest in the vehicle 

equipped with dependent suspension ~7°. In the first case, 

with the independent suspension on both axles, the roll 

angle in the initial phase of the turning reached to 13° and 

then decreased up to 6°. In the case of independent suspen-

sion on the front axle and dependent on the rear one (green 

curve) roll angle reached up to 9° in the initial phase of the 

manoeuvre, order then to decrease to 4°. While a vehicle 

was equipped with a suspension with rigid axles (red curve) 

the roll angles were of ~7° to fall in the final phase to 2.5°. 

 

 

Fig. 12. The run of the vehicle body roll angle during the test. [own re-

search] 
 

Figure 13 shows influence of the camber angle on the 

side slip angle of wheels. 

 

 

Fig. 13. The influence of camber angle γ on the difference of wheels side 

slip angle – ∆α [own research] 

 

Camber angles have an influence on the side slip angles, 

and their change does not exceed ~3° for a vehicle 

equipped with an independent suspension on both axles, 

~1.75° for the vehicle with independent suspension on the 

front axle and dependent on the rear one, and ~0.3° for a 

vehicle equipped with dependent suspension on both axles. 

Figure 14 shows difference of side slip angles of wheels of 

the front and rear axle for different suspension types 

mounted on the vehicle. The vehicle equipped with differ-

ent suspension on the front and the rear axle had oversteer 

characteristics. The vehicle had understeering characteris-

tics for other combinations of the suspensions. 

Vehicle with different suspension of front and rear axles 

in the initial part of the test (dynamic change of the direc-

tion of motion) clearly tightened the turn. A vehicle 

equipped with independent suspension on both axles in the 

initial part of the test increased the radius of curvature of 

the track. A vehicle equipped with a dependent suspension 

to a much lesser extent increased the radius of the track. In 
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the part of the test, while the vehicle was moving in steady-

state condition, radii of curvature of the tracks were very 

similar. 

 

 

Fig. 14. The influence of roll angle φ on the difference of wheels side slip 

angle of front and rear axles. [own research] 
 

 
Fig. 15. The influence of anti-roll bars on the vehicle body roll angle. [own 

research] 
 

The application of anti-roll bars in the suspensions of 

vehicles reduces the roll angles (Fig. 15). During the tests 

of the model has been observed reducing of the vehicle roll 

angle more than 1 degree (about 15%). This was due to 

increase reactions forces on the unloading wheels (at large 

roll angles, even up to 40%) and in result the improvement 

of lateral stability. The use of anti-roll bars allowed the 

transfer the larger driving forces during the intense turn 

manoeuvres (even at high lateral accelerations). During the 

road tests was observed a slight decrease of the trajectory 

radius of the vehicle motion, resulting from better load 

distribution on the sides of the vehicle. 

6.  Summary and conclusions 

In vehicles equipped with suspension with rigid axles 

the change of the camber angle results from the compliance 

of the tires and the road surface irregularities. In the case of 

vehicles with independent suspension the camber angle also 

depends on the suspension geometry changes resulting from 

its the vertical movement and from the vehicle body roll 

angle. Changes of camber angles will change the contact 

patch the tire with the road and affect to change of the size 

of lateral force transmitted on the road surface. 

On basis of conducted tests and studies it can be con-

cluded about choosing the right type of suspension for 

vehicles with high and low centre of gravity position. In the 

sport vehicles and classical passenger cars the distance 

between the roll axis and the centre of gravity is relatively 

small and can be used suspensions, in which the influence 

of vehicle body roll angle on the camber angle is greater. In 

cars with a high position of gravity centre, for example 

multipurpose vehicle (SUV – sport utility vehicle) and 

trucks (CV – commercial vehicle) should be applied sus-

pension, in which the vehicle body roll angle has little ef-

fect on camber angles. 

Larger camber angles effect on increasing the side slip 

angles. The application of different suspensions can cause 

variation of side slip angles difference of front and rear axle 

and thereby affect on understeer and oversteer of the vehi-

cle. This is particularly apparent when dynamically changes 

direction of the vehicle motion. During the driving in a 

circular path at steady-state condition influence of the ap-

plied suspension is much less felt. The use of independent 

suspensions on the front and rear axle in trucks results in a 

significant increase in vehicle roll angle, which increases 

the risk of vehicle rollover and deteriorates the properties of 

vehicle motion, both in quasi-static and dynamic condi-

tions. 

The use of anti-roll bars on the front and rear axles re-

sults in decrease the vehicle roll angles and thereby improv-

ing cooperation the wheel with the road surface, and in-

creasing steerability and stability of the vehicle. 

 

Nomenclature 

α  sideslip angle of wheel, 
o
, rad  

∆α  difference of wheels sideslip angle of front and 

rear axles, 
o
, rad 

∆αy  difference of wheels sideslip angle caused by cam-

ber angle, 
o
, rad 

β  vehicle slip angle, 
o
, rad 

γ  camber angle of wheel, 
o
, rad 

φ  roll angle of the vehicle body, 
o
, rad 

φs  roll angle of the sprung mass, 
o
, rad 

φt  roll angle of the vehicle body caused by tire, 
o
, rad 

φ& . roll rate of the vehicle, 1/s 

ψ& . yaw rate of the vehicle, 1/s 

a1, a2  distance of the centre of gravity from the front/rear 

axle, m 

ax  longitudinal acceleration (ax = V& ), m/s
2
 

ay  lateral acceleration, m/s
2
 

b  wheel tread, m 

bs  lateral separation between the springs, m 

Cγ  tire camber stiffness, N/rad 

Cα  tire cornering stiffness, N/rad 

Cz  tire vertical stiffness, N/m 

Cy  tire lateral stiffness, N/m 



 

The influence of vehicle body roll angle on the motion stability and manoeuvrability of the vehicle 

COMBUSTION ENGINES, 2017, 168(1) 139 

Dφ  roll damping of suspension, Nms/rad 

FsL(sR)  vertical force acting as a result of the deflection of 

the left (right) spring, N 

Fyf, Fyr  lateral force acting on the front/rear wheel, N 

FyL(R)  lateral force acting on the left wheel (right), N 

FyM  maximum value of the lateral force, N 

FzL(zR)  vertical force acting on the left wheel (right), N 

g  gravity acceleration, m/s
2 

h  distance between the center of gravity and the roll 

center, m 

hGC  height of the center of gravity above the ground, m 

hRC  the height of the roll center above the ground, m 

i  an index 

Kφ  the roll stiffness of suspension, Nm/rad 

Kφ_ARB  additional roll stiffness suspension caused by a 

anti-roll bar, Nm/rad 

ks  suspension stiffness, N/m 

kt  vertical tire stiffness, N/m 

kα  cornering tire stiffness, N/rad 

Lw  wheelbase (Lw = a1 + a2), m 

MRC  sum of moments about the roll centre, Nm 

m  mass of vehicle (mus + ms), kg 

ms  „sprung” mass of vehicle, kg 

mus  „unsprung” mass of vehicle, kg 

R  roll centre point, 

r  the radius of the track, m 

Ry, Rz  the reactions operating in the roll centre, N 

V  the speed of a moving vehicle, m/s 

Wf, Wr  load of front/rear axle, N 
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Emission of pollution from motor vehicles with respect to selected solutions  

of roundabout intersections 
 

The article concerns the assessment of emmision of selected two-lane roundabout functioning in the city of Rzeszow and its alternate 

turbo version. In the work was considered four scenarios that represent two different in terms of traffic congestion time of day. The 

results of the emission of selected components of the exhaust gas (NOx and particulates PM10) were obtained on the basis of calculations 

of emission model VERSIT+ Enviver. While the input data for the calculations were taken from the modeled options of roundabouts in 

the Vissim program. The results from the Enviver program were compared to calculations from mesoscopic model COPERT 5. The 

results show that the overall reduction in average speed, as well as increased frequency of braking and sudden acceleration, directly 

contribute to the growth of harmful emissions. However, with respect to comparision of turbo roundabout in regard of currently running 

two-lane roundabout can be observed reduction of selected components of exhaust gases emission about approx. 1/3.  

Key words: emission, roundabout, traffic, urban transport, microsimulation 

 

1. Introduction 
As the number of motor vehicles continues to increase, 

so too does the total emission of toxic exhaust gas compo-

nents. This leads to a deterioration in air quality and peo-

ple’s health. Notwithstanding the fact that steps have been 

taken to remedy this problem by establishing relevant 

standards and executing a number of social campaigns and 

research projects, emissions from road transport still pose a 

significant threat. Road transport emissions depend on 

many factors, including traffic volume, road and car fea-

tures, weather conditions, drivers’ behaviour and the type 

of intersections. At intersections, vehicles usually slow 

down or stop, causing disruption in traffic flow. Rounda-

bout intersections are safe and effective, and can also im-

prove traffic flow compared to conventional signalized 

intersections. However, it is not certain, to what extent 

different solutions of this kind can reduce emissions of 

toxic chemicals from car exhaust fumes [4, 6, 8]. 

The aim of this study is to determine the volume of pol-

lutants emitted by means of road transport for a selected 

Rzeszów roundabout which is heavily burdened with traf-

fic. At present, the roundabout has two lanes but a turbo 

roundabout option was additionally modelled to compare 

emission outputs. In order to obtain traffic-related results, 

a microsimulation of traffic flow was carried out in Vissim 

software using the actual traffic values obtained from the 

traffic count points existing in the city. In total, 4 scenarios 

representing two times of the day with different traffic 

volumes were collated. The traffic results obtained were 

used to determine the amounts of toxic components: nitro-

gen oxides (NOx) and particulate matter (PM10) emitted by 

motor vehicles. A COPERT 5 emission model was adopted 

to verify the emission results obtained by Enviver software.  

2. Methodology of the study 

The intersection chosen for exhaust emission analysis 

was a two-lane roundabout at the crossing of Warszawska, 

Marszałkowska, Rycerska and Lubelska streets in Rzeszów. 

The roundabout has four main entrances, three of which 

having two lanes. The entrances on the side of Warszawska, 

Lubelska and Marszałkowska streets are marked by high 

traffic volumes, whereas the traffic at the entrance from 

Rycerska street is light. The traffic on the two-lane entrance 

roads during the times of commutes and returns home 

makes the intersection access roads jam over a distance of 

about 100 m from the roundabout entrance. The intersection 

is shown in Fig. 1.  

During the measurements, pedestrian traffic was very 

light and was therefore passed over in further analysis. All 

the road traffic measurements were taken on 18 Dec. 2015. 

The intersection geometry data were taken from a satellite 

photograph found in Google Maps. The photograph was 

appropriately scaled so that it could be processed in the 

Vissim traffic microsimulation software. Traffic volume 

numbers for individual roundabout entrances were obtained 

from the database of a vehicle weight pre-selection system. 

Two times of the day were chosen for the testing of emis-

sions. The first time from 8:00 to 9:00 am represents the 

morning peak hours, whereas the second time from 8:00 to 

9:00 pm is marked by light traffic. Total traffic volumes for 

all roundabout entrances are charted in Fig. 2. 

 

 

Fig. 1. A view of the selected intersection 
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Fig. 2. Aggregate daily traffic volume for selected roundabout at the day of 

research (black squares means selected part of the day)  

2.1. Modelling traffic and related emissions  

Models of traffic and exhaust gas emission can be divid-

ed by their detailed scales as follows: macroscopic (regional), 

mesoscopic (local) and microscopic (intersections, street 

stretches). Whereas, models of exhaust gas emission can be 

differentiated, according to traffic congestion (average speed, 

vehicle density), to form the following 3 types: A, B and C. 

A models require input data for particular road situations 

defined as speed profiles. The data are generated by B mod-

els when emissions processes are modelled. Both A and B 

models are suitable for micro-level analysis. Whereas C 

models contain standard driving patterns in their emission 

model and are suitable for mesoscopic application [11]. 

PTV Vissim, a microsimulation traffic modelling tool 

was chosen to estimate emissions at the intersection. Based 

on the traffic data from Vissim, the emission of toxic exhaust 

gas components was calculated using TNO Enviver Enter-

prise. These tools and the models created in them provide 

reliable data for microscopic emission simulation [1–3, 5]. 

Additionally, the results obtained were collated with a 

mesoscopic emission model from COPERT 5 software.  

The VERSIT+ emission model, which is used in Enviver 

software, is a multiple regression model in which the driving 

cycle of a given vehicle is a variable (A emission model). 

This model requires that speed profiles are first obtained in 

Vissim in order to provide a basis for estimation of emission 

coefficients (g/km) for different vehicle classes [10]. VER-

SIT+ contains a series of 246 emission model classes, the 

algorithms of which are appropriately determined for each 

vehicle category and each type of toxic exhaust gas compo-

nent. Using the vehicle data, Enviver can calculate types of 

emissions like CO2, NOx and PM10. As opposed to the emis-

sion factors derived from the New European Driving Cycle 

(NEDC), the speed profiles used in this model are representa-

tive for the actual road conditions [9]. The emission factors 

(E
F

j,k,l) are derived from multiple linear regression in order to 

find empirical relationships between emissions, speed pro-

files and dynamic variables [12]. 

Exhaust gas emissions from road transport [g/h] for a 

specific exhaust gas constituent from one or more road 

sections are calculated using this equation [13]:  

 TEj= ∑k,m(E
F

j,k,l *TVk,m*Lm) (1) 

where: E
F

j,k,l – average emission factor [g/km], j – exhaust 

gas component, k – vehicle class, l – speed profile, TVk,m –

traffic volume [vehicles/h], m – road section, Lm – road 

section length [km]. 

In the case under study, NOx and PM10 emissions were 

calculated in a spatial resolution of 5x5 m using Enviver 

software. The emissions were estimated for urban condi-

tions, that is, the model allowed for a certain proportion of 

vehicles which were characterized by increased emission of 

pollutants in exhaust gas due to the phenomenon of engine 

cold start.  

The duration of Vissim traffic simulation was set to 

3600 s. Two classes of vehicle were adopted, namely cars 

(which made up 80% of all vehicles) and trucks plus buses 

(20%). The car class was made up of 40% of vehicles with 

petrol engines, 47% of vehicles with Diesel engines and 

13% of LPG-powered vehicles. The average vehicle age for 

cars was set to 8 years. For the truck and bus class, it was 

assumed that 82% of the vehicles had Diesel engines and 

18% were CNG-powered buses. The average vehicle age 

for this class of vehicles was set to 9 years. Emission clas-

ses for these vehicles are presented in Fig. 3. 

 

 

Fig. 3. Emission classes for selected vehicles; a)passenger car’s b)trucks 

and buses 

 

The modelled variants of roundabout intersections are 

presented in Figures 4 and 5. 

 

 
Fig. 4. Vissim model of existing two-lane roundabout  

 

 
Fig. 5. Vissim alternative model of turbo roundabout 

 

The modelled turbo roundabout introduces a modification 

for Rycerska street: its entrance and exit become wider to 

include an additional lane. The main direction of the traffic 

flow in this roundabout is the stretch from Marszałkowska to 

Lubelska streets for its highest total traffic volume. 
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The traffic volume data for the individual entrances 

were set in accordance with the actual values collated in 

Table 1. Whereas parameters related to the right of way 

were set in the tool in accordance with the data in Table 2.  

 
Table 1. The traffic volume for selected street entries in selected hours of 

the day, with the division on the analyzed scenarios  

Scenario Day Hour Street entrances 

Traffic intensi-

ty (veh/h) 

A1 

18th 

December 

2015 

8:00-

9:00am 

Warszawska 1507 

Marszałkowska 1453 

Lubelska 1000 

Rycerska 100 

A2 

08:00-

09:00pm 

Warszawska 462 

Marszałkowska 761 

Lubelska 296 

Rycerska 47 

A3 The data as for A1 scenario (optional turbo roundabout) 

A4 The data as for A2 scenario (optional turbo roundabout) 

 

Scenarios A1 and A2 represent a real road situation that 

occurred during the measurement of traffic volume in the 

subject roundabout. Whereas scenarios A3 and A4 are their 

alternative equivalents to the turbo roundabout option.  

 
Table 2. Priority rules for the simulation  

Roundabout 

type 

Lubelska/Marszałkowska 

streets 

Warszawska/Rycerska 

streets 

Headway 

(m) 

Critical gap 

time (s) Headway (m) 

Critical gap 

time (s) 

Two-line 

roundabout 

3.5 (outer 

lane) 

2.7 (outer 

lane) 2 (outer lane) 

2 (outer 

lane) 

3.8 (inner 

lane) 

3.2 (inner 

lane) 

2.6 (inner 

lane) 

2.9 (outer 

lane) 

Turbo round-

about 

3.5 n 2.7 2 (outer lane) 

2 (outer 

lane) 

– – 

2.6 (inner 

lane) 

2.9 (outer 

lane) 

 
It should be stressed that the first 5 minutes of the simula-

tion were excluded from the analysis due to insufficient 

model saturation. The simulation starts with a null number of 

vehicles, so, a certain phase of saturation of the road network 

is needed at the beginning. If this “model warm-up” phase 

were not allowed for, the true road data would not coincide 

with the data obtained during the simulation [5, 8].  

2.2. Assessment of the model 

The emission outputs from Enviver were collated with 

the results from the Computer Programme to Calculate 

Emissions from Road Transport (COPERT 5). COPERT 5 

is a model basing its results on the average speed of the 

vehicles which have passed through a given stretch of the 

selected route [7]. It is classified as a C-type emissivity 

model [11]. It is used primarily for calculation of emissivity 

for a given region or country. It can also be also as a refer-

ence model for other microscopic models. In the subject 

study, the average vehicle speeds obtained from VISSIM 

formed the input data for the COPERT model. For the sce-

narios under study, these data are as follows: A1 – 13.1 

km/h, A2 – 34.4 km/h, A3 – 20.7 km/h, A4 – 37.8 km/h. 

In summary, Figure 6 shows the overall implementation 

pattern of the emissivity test procedure for the selected 

roundabout. 

 

Fig. 6. Diagram of the procedure for selected modelled roundabout  

scenarios  

3. Results of testing 
The data needed to determine speed-time profiles for 

each of the vehicles were obtained from VISSIM and had a 

time resolution of 5 s. These data were essential for EN-

VIVER to calculate average vehicle speeds for a grid of with 

a resolution of 5x5 m. This provided data for speed changes 

that occur when vehicles enter the roundabout (Fig. 7). 

 

 

Fig. 7. Resulting average speed of vehicles for considered scenarios  

 

 

Fig. 8. Speed-acceleration pattern for selected vehicles; a) free flow traffic 

conditions b)saturated traffic conditions  
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For example, Figure 8 presents speed and acceleration pro-

files for vehicles under different road congestion conditions.  

From Figure 8b, or the case of severe traffic congestion, 

it can be seen that vehicles need more time to pass through 

the same road stretch compared to the case of a low level of 

traffic congestion (Fig. 8a). This is due to the fact that the 

vehicles perform more braking and acceleration operations 

and this in turn translates directly into an increase in harm-

ful emissions. If the passage times for both the cases are 

collated, it can be seen that the time lengthens by 35% for 

traffic congestion conditions.  

3.1. Results of emission estimation  

The impact of low speeds and, hence, of traffic conges-

tion on car emissions are well reflected in microscopic 

models. 

 

 

Fig. 9. NOx emission results for considered scenarios with spatial resolu-

tion of 5x5 m  

 

From Figures 9 and 10 it is easy to notice on which in-

tersection access roads the most massive traffic jams take 

place and how they influence the emission levels for the 

selected constituents of vehicle exhaust fumes. In places 

where the emission is marked red and yellow, vehicles 

move at low speed, stop for a moment and accelerate one 

by one, thus contributing to increased emissions. This takes 

place mainly in the case of congestion as in scenarios A1 

and A3, in access road stretches with the highest traffic 

volumes. Whereas scenarios A2 and A4, in which the traf-

fic flow is smooth, have definitely lower emission levels 

than scenarios A1 and A3. This is directly due to a lower 

number of vehicles and to the constant speed maintained by 

them while passing through the intersection, without the 

need to brake or accelerate suddenly. 

The results of total emissions and emission factors for 

NOx and PM10 are presented in Fig. 11 and 12. Emissions 

are lower by approximately 70% for evening hours com-

pared to the morning peak hours for both the exhaust gas 

components under study.  

 

Fig. 10. PM10 emission results for considered scenarios with spatial 

resolution of 5x5 m  

 

 

Fig. 11. Total NOx and PM10 emissions for considered scenarios 

 

 

Fig.12. Emission factors for NOx and PM10 for considered scenarios 

 

 

Fig.13. Comparison of Enviver and COPERT 5 emission factors 

 

The results obtained in ENVIVER were compared to the 

results from COPERT 5 in order to verify them. Figure 13 

shows that the NOx emission outputs from Enviver and 

COPERT 5 are near to each other. Differences in the emis-
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sion calculations as performed by the VERSIT+ model 

range from 7 to 18% compared to COPERT 5. These two 

models differ mainly in that VERSIT+ calculates different 

emission factors for various road situations which are 

marked by similar average speeds but different dynamics 

[12]. VERSIT+ uses driving patterns for specific local 

situations which it takes from Vissim, while COPERT 5 

calculates averaged driving patterns. Therefore, Enviver 

should reproduce micro-level emissions better [3]. The 

scenarios with severe congestion and high emission levels 

involve the greatest deviations from the emission outputs. 

4. Conclusions 
According to the results, the total exhaust gas emission 

in the area under analysis confirms that the emission signif-

icantly changes throughout the day. For the selected ex-

haust gas components, i.e. NOx and PM10, the total emis-

sion is 3-4 times higher for heavy traffic hours (scenarios 

A1, A3) compared to the hours outside the peak hours (sce-

narios A2, A4). It's certainly connected with the traffic 

volume and on the consequent of road conditions as well. 

During the morning peak hours, the emission factor for 

NOx increases by 35-45%, and for PM10 – by 32-43%. 

With regard to the comparison between the existing two-

lane roundabout and the alternative option of a modelled 

turbo roundabout, an increase in average speed by 38% can 

be noted under morning congestion conditions. This trans-

lates into a decrease in the emission of NOx by 31% and of 

PM10 by 26% in favour of the turbo roundabout. For the 

evening time when the traffic is definitely lighter, one can 

see an increase in average speed by 8% for the turbo rounda-

bout and a decrease in the emission of NOx by 21%, and of 

PM10 by 13% against the two-lane roundabout.  

The emission values obtained at the micro-scale were 

also compared to the mesoscopic model in this study. The 

collation of the NOx emission factor calculations showed 

differences ranging from 7 to 18% depending on the scenar-

io. However, these results can be considered satisfactory. 

Further studies in respect of improvement in the perfor-

mance of the mesoscopic model should focus on the correc-

tion of its calculation algorithms, mainly with regard to 

emissions other than those from vehicle exhaust systems. 
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The creation of energy efficient hybrid vehicles in the Russian Federation 
 

The paper shows the development of the NAMI Russian State Scientific Research Center associated with advanced research in the 

field of hybrid vehicles. The stages of design, creation and testing of hybrid vehicles with range extender system. The paper presents the 

results of bench and road tests of hybrid vehicles with range extender system. The peculiarities of creation and operation of hybrid 

vehicles for countries with difficult climatic conditions, for example, the Russian Federation. 
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1. Introduction 
Individual mobility is a basic need of humans. Growing 

income goes hand in hand with more individual mobility. In 

early 2000, we had a total about 750 million vehicle, but in 

2016, we have over 1 billion vehicle in the world. Currently 

most of the world's automotive countries link the solution 

of a complex ecological safety and problems of energy 

saving by regulating CO2 emissions, as well as increasing 

adoption in the production of hybrid vehicles, which can 

significantly reduce the pollution on the planet. [1, 2]. 

According to the European Commission for Transport’s 

forecasts, by 2020 7 per cent of passenger and light com-

mercial transport in Europe is going to have electric drives, 

by 2030 this figure is going to increase to 31 per cent. The 

tendency to increase amount of hybrid vehicles and electric 

vehicles defines extension of geography of their use, inclu-

sive of northern regions with low temperatures and long 

winters. 

2. Main part 
Electric transport is an integral part of our lives, but it 

has several significant shortcomings such as limited mile-

age on a single charge, the lack of well-developed infra-

structure of charging stations, the complexity when operat-

ing in conditions of negative temperatures, etc., these dis-

advantages slow down its promotion in the global markets, 

especially in countries with difficult climate and long dis-

tances between cities. The Russian Federation is a country 

with a cold climate prevalent in most areas: average annual 

temperatures in the Northern and Central regions are in the 

range 0...–22
o
С that you can see on the temperature map 

presented in Figure 1. 

While electric vehicle shall be operated over the full 

temperature range of the region in which it is used, the 

critical factor is the lowest temperature. The average winter 

temperature in Russia is Krasnodar –2
o
С, Moscow –6

o
С, 

Irkutsk –23
o
С. While in Moscow, winter temperatures can 

be below –30
o
С, and in Irkutsk – below –50

o
С (Fig. 2). 

Lithium-ion battery system can operate in a rather wide 

range of temperatures, but there are extrema, which is 

worth remembering all the time, especially in countries 

with cold climate and a lot of time zones, such as Russia. 

In the Northern regions of Russia, the annual duration of 

the period of negative temperatures can reach 250-270 

days. Electric and hybrid vehicles doesn’t have the capabil-

ity of temperature control of the traction batteries for their 

normal functioning in such conditions of temperature that 

negatively affects the durability of the traction batteries. 

 

 

Fig. 1. Average air temperature during the year in Russia 

 

 

Fig. 2. Average minimum air temperature during the year in Russia 

 

For example, in the instruction manual of the electric 

vehicle Tesla Model S indicate that to save battery you 

must fulfill the following conditions: the traction battery of 

an electric vehicle should be kept solely at zero tempera-

ture; avoid idle running car (30 minutes) in the cold; do not 

operate the electric vehicle at temperatures below –15
o
С; to 

warm up the electric vehicle after a long idle in the cold 

when you connect to the network and not from the battery. 

This determines the relevance of studying the properties of 

battery systems included in vehicles on electricity, at low 

temperatures. 
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Modern battery systems of hybrid and electric vehicles 

are designed, as a rule, on the basis of lithium – ion batter-

ies of various types of electrochemical systems. Negative 

consumer characteristics of all lithium batteries is that they 

are very poorly adapted to sub-zero temperatures. They 

usually allow you to discharge at temperatures below  

–10...–20
o
С (reduction of the capacity and output of cur-

rent), a charge – only at positive temperature. 

At temperatures below +5°C, the charge current must be 

lowered. The charge is not valid when the temperature is 

below 0°C, in this case the external changes are not ob-

served, but the chemical processes necessary for the correct 

operation of the battery will be broken, which can lead to 

permanent damage to the battery. During charging, at this 

temperature, the particles of lithium metal can be deposited 

on the anode. This coating of deposited lithium will not be 

lost when cycles of charge/discharge. Batteries with such a 

coating become less fault tolerant and can fail under vibra-

tion. [3–6]. 

In the world, developed and patented a large number of 

technical decisions concerning control systems and stabili-

zation of the thermal state of the traction battery, having in 

its composition the elements of heating and cooling. In such 

devices are mainly used liquid temperature control system. 

Their disadvantages lie in the structural complexity. In 

addition, an emergency exists the possibility that the work-

ing fluid in the cavity of the battery container. 

Frequently used air system the destination. Their design 

is virtually indistinguishable from liquid systems. The air 

system can be considered more promising, as the large heat 

capacity of the coolant compared to air in this case loses its 

relevance, given the relatively small magnitude of energy 

flow per unit volume, with temperature control of the bat-

tery. 

Recently widely, especially in China, is under develop-

ment that uses as the working parts of the thermostat ther-

moelectric probes such as Peltier elements. Such devices 

simplify the design of the battery have a higher energy 

performance. 

As already mentioned, one of the key drawbacks that 

prevent widespread use of electric vehicles is the limited 

range of their actions. The existing problem is difficult to 

solve by increasing the capacity of the battery, as it leads to 

increase the cost of the vehicle (the vehicle) and weight 

gain, which in turn increases the energy consumption for 

overcoming the motion resistance forces. Besides the big 

battery has a long charge time (up to 7-8 hours). These 

shortcomings imposed on the climatic features of our coun-

try, exacerbate the problems hampering the popularization 

of electric vehicles. 

The world's leading vehicle manufacturers and research 

organizations of the automotive industry, knowing about 

these problems, focus on the establishment of various sys-

tems of hybrid and electric vehicles, improvement of con-

trol algorithms. 

Specialists of NAMI Russian State Scientific Research 

Center was developed an experimental model of a hybrid 

vehicle with a Range Extender system and innovative sys-

tem of temperature control (Fig. 3) [7, 8]. As the combined 

power on this vehicle used the engine-generator set for 

extended range electric vehicles that don’t have rigid kine-

matic connection with the drive shaft of the vehicle, in the 

world known as the Range Extender. 

The Range Extender installed into the experimental pro-

totype of the motor vehicle consists of a small operating 

volume internal combustion engine and electrical machine 

operating in a generator mode. This unit is experimental 

and allows to refine an algorithm and work out a method of 

definition of the Range Extender required capacity and 

energy capacity of the accumulator module, which will 

allow to use different variants of their arrangement on chas-

sis of various class hybrid vehicles. Range Extender com-

prises the engine and the 20 kW/270 V generator. 

 
Table 1. Technical characteristics of the Range Extender 

Fuel type Gasoline ≥ 90 

Oil type 10W/30 SAE 

Nominal voltage (DC) 270V DC 

Maximum capacity [kW] 20 kW 

Fuel efficiency [min] 0.5 l/kW·h 

Range extender dimensions [mm] 667x451x698 

 

The Range Extender has a transverse position in the ve-

hicle’s luggage compartment, on a place of the removed 

spare wheel well (Figures 4, 5). 

 

 
 

  

Fig. 3. Hybrid vehicle with Range Extender 
 

The Range Extender is separated from the passenger 

compartment of the vehicle by special partitions equipped 
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with thermal insulating and noise absorbing materials. Con-

trol over the combined energy unit is performed via the 

information controlling interaction of the vehicle’s electric 

traction drive, consisting of the electric machine, the inver-

tor and the accumulator battery, and the Range Extender. 

The system’s software includes the control over combined 

energy unit algorithm that was developed in 

MATLAB/Simulink and AVL Cruise, preliminary tested on 

a mathematical model of the vehicle with the combined 

energy unit (software-in-the-loop), as well as utility driver 

programs that perform data exchange and interaction of 

hardware and software parts of the control system. 

Components composition and information connections 

of the combined energy unit control system are shown on 

the Figure 4. The arrows indicate directions of the infor-

mation connections, above the arrows there are names of 

the used information protocols (RS-232, CAN). The com-

bined energy unit control algorithm is in the controller that 

interacts with components of the electric traction drive 

control system – the electric machine’s invertor and the 

Battery Management System (BMS), as well as with the 

Range Extender control unit. The control algorithm devel-

oped in the MATLAB/Simulink and AVL Cruise environ-

ment is translated into the C-language code, compiled and 

“flashed” into the combined energy unit controller. The 

control system included into the controller uses for its oper-

ation feedback signals that come from the combined energy 

unit’s components via their control units. 

 

 

Fig. 4. Control system structure 

 

For hybrid vehicle with Range Extender has been de-

veloped a system of accumulation and storage of electrical 

energy with innovative thermostatting’s systems (Fig. 5). 

The system temperature control consists of 26 of the 

battery cells placed in an airtight container. The container 

has an inner insulating coating and built-in temperature 

control device, built on two thermoelectric Converter Pelti-

er and two SPAL fans. The system thermostat is powered 

by the onboard battery voltage of 12 V. In case of tempera-

ture increase in the battery pack above +20°C, at block 

enable control signal enable voltage. The signal U± is ab-

sent. Turn on the fan and the Peltier element operates in a 

cooling mode. The inclusion continues until the tempera-

ture drops below +20°C. If in conditions of low external 

temperatures the temperature of the battery decreases below 

+10°C, the control unit battery are formed signals enable 

voltage; U± and the Peltier element is switched on in heat-

ing mode. The advantage of Peltier element is small in size, 

the absence of any moving parts, as well as gases and liq-

uids. Turning the direction of the current, perhaps as a cool-

ing and heating – this allows for temperature control when 

ambient temperature is both above and below the tempera-

ture of the thermostat. Was carried out aerodynamic and 

thermal calculations temperature control system. It is possi-

ble to find the optimal layout of the battery module. The 

task of aerodynamic calculation was solved with the use of 

a complex of programs allowing to carry out solid model-

ling, and the integration of the movement of the air flow by 

the finite element method. Figure 6 shows how the airflow 

near the fans are distributed without significant turbulence, 

which minimizes the effect of surge. 

 

 
Fig. 5. General view of the engine compartment with the developed system 

of accumulation and storage of electrical energy 

 

 

 
Fig. 6. Visualization of airflow near the fans 

 

In the summer of 2016 hybrid vehicles with a Range ex-

tender system underwent comprehensive testing in the test 

Center "NAMI" (Fig. 7, 8). 

The main results of the tests: 

–  maximum speed of the vehicle 134 km/h; 

–  regenerative braking from a speed greater than 40 km/h; 

–  emissions vehicle correspond to ecological class 5 

(UNECE regulation No. 83); 

–  decrease in fuel consumption 12...14% in comparison 

with existing analogues hybrid vehicle; 

–  the energy content of the traction battery 23 kW/h; 
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–  nominal voltage of the traction battery 305 V; 

–  the thermostating system ensures a working temperature 

range up to +12...+18°C at an external temperature of –

40...+50°C. 

 

 

Fig. 7. Fragment of bench tests 

 

 

Fig. 8 Fragment tests in a heat chamber 

 

 

3. Conclusions 
1.  Claimed by the manufacturers of electric performance, in 

particular the reserve and the required charging time, of-

ten not focused on countries with negative temperatures, 

and the middle Eastern climate, with excellent road and 

charging infrastructure and quality public services. 

2.  The results of the study allow to formulate the main 

aspects of ensuring the effective functioning of the bat-

tery systems of hybrid cars and electric vehicles in 

freezing conditions, so operation is not protected from 

the ambient temperature below +5°C battery systems 

are not desirable, as leading to accelerated degradation 

of the batteries. 

3.  Vehicles, having in its composition a heat-insulated 

battery, it is allowed to leave at negative external tem-

peratures for a limited time, decreasing with decreasing 

temperature. 

4.  When you implement independent heating of the bat-

tery, for example, by using thermoelectric converters 

Peltier, the daily power consumption will be at –30°C of 

at least 1.6 kW·h. Therefore, if the time long-term Park-

ing not known, hybrid and electric vehicles must be 

connected to the stationary power grid or hybrid vehi-

cles to provide periodic startup to warm the engine and 

recharge the battery. 

5.  Developed temperature control system of the electric 

vehicle meant to be operated in difficult climatic condi-

tions. The practical application of the developed princi-

ple of temperature control allows to provide the function 

of the battery in the most favorable temperature range 

20–30°C, which in turn provides increased service life 

of battery is not less than 10–20%. The developed sys-

tem thermostat will ensure the temperature within – 40 

to +50°C 
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Environmental aspects of the impact of the technical condition of motor vehicles 

on environmental pollution 
  

The article presents selected aspects related to the influence of toxic components of exhaust gases from vehicle transport vehicles on 

environmental pollution and human health. The paper describes the quantitative structure of motor vehicles that are operating in 

Poland. The structure of used passenger cars that were imported from abroad and first registered in Poland was presented. The 

procedure for periodic control tests in exhaust emission diagnostic stations is also described. The results of the study allowed to 

distinguish a group of vehicles that did not meet the limits of pollution established by the legislator.  
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1. Aspects of environmental pollution by motor 

vehicles 
The environmental pollution caused by motor vehicles 

is closely linked to the development of technology, and the 

technological revolution that has been observed for several 

decades in the world has led to an increase in the demand 

for energy. This triggers dangers, first of all the effects of 

burning all kinds of fuels. In the course of combustion, 

chemical compounds that are inactive for the environment, 

human life and animals are formed. Emissions to the at-

mosphere of large amounts of gases, mainly CO2, produce a 

greenhouse effect resulting in a steady increase in the aver-

age temperature of the ecosphere and associated undesira-

ble meteorological phenomena [1]. The industrial activity 

of society is a source of influence for the change of the 

natural environment, the fabrication and development of the 

manufacturing process results in the emergence of a new 

category of environmental influences, not only quantitative-

ly but qualitatively. The development of new manufactur-

ing processes, as a result of technical progress, has become 

the source of previously unknown environmental effects 

[2]. Transport in Europe is responsible for harmful levels of 

air pollutants and a quarter of greenhouse gas emissions in 

the European Union. According to a recent report by the 

European Environment Agency, many of the resulting envi-

ronmental problems can be resolved by stepping up efforts 

to meet the new objectives of the European Union. Alt-

hough air pollution has decreased in the last two decades, it 

is still a serious problem in many areas. "European stand-

ards" for vehicles did not reduce NO2 emissions to levels 

set by law, although they generally contributed to signifi-

cant improvements in air quality [3]. People living around 

high intensity roads are particularly exposed to excessive 

levels of pollution in the air. In 2010. The NO2 level, in 

excess of the legal restrictions, was registered in 44% of 

roadside monitoring stations. The concentration of PM10 

dust in these places exceeded the limits of 33%. These 

impurities have a direct effect on cardiovascular, lung, 

liver, spleen and blood [4]. 

Motor vehicles powered by internal combustion engines 

have the effect of polluting the atmosphere by emitting 

harmful substances such as carbon monoxide, hydrocar-

bons, nitrogen oxides, solids, and substances in low concen-

trations, such as aldehydes, Sulfur compounds, phosphorus 

and others. Substances that pollute the atmosphere are: 

engine exhaust gases, engine crankcase and fuel supply 

system [5]. 

 

 

Fig. 1. Air pollution in urban agglomerations [4] 

2. Structure of motor vehicles in Poland 
In Poland, in the recent period of time, along with the 

economic growth, the number of motor vehicles in continu-

ous use increased. In December 2015, 27409106 units were 

registered in Poland. [7] All vehicles, trucks, buses, motor-

cycles and more (Fig. 2). The largest group of passenger 

cars is 20723423 [7], which accounts for 75.6% of the 

overall condition of vehicles in Poland (Fig. 3). There is a 

problem of ensuring proper technical condition of vehicles 

that are in service for many years. The average age of pas-

senger cars in operation in December 2015. In Poland it 

was 15.5 years [6]. 

Their technical condition is checked once a year in di-

agnostic tests during compulsory control tests. Over the 

past period, the number of vehicles registered per 1000 

inhabitants has risen to 653 in Poland. The highest growth 

was achieved in passenger cars, reaching 502 copies [6]. 

Most of the vehicles that are currently in service were not 

registered for the first time as new in the country, were used 

abroad and then imported to Poland. In 2003year 35736 units 

were imported, and in subsequent years, the number of im-

ported cars increased significantly to an average of 700000 

units per year, the most imported. In December 2008years 
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1103970 pcs. Until December 2015 the number of imported 

motor vehicles was 94522717 pieces [6].  
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Fig. 2. Motor vehicles registered [7] 
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Fig. 3. Registered vehicles 2015 [8] 
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Fig. 4. Structure of used imported passenger cars [6]  

3. Vehicle inspection in diagnostic stations  
Existing legal regulations aim at guaranteeing road traf-

fic safety participants only by vehicles that comply with 

accepted technical and safety standards. 

 

 

Fig. 5. Diagnostic station [9] 

Table 1. Levels of gaseous pollutants and air excess coefficient λ [12] 

From 1 

October 

1986 to 

30 June

1995

1 2 3 4 5 6 7 8 9 10

CO CO CO CH λ CO λ

1 Motorcycle Idle 5,5 4,5 4,5 - - 4,5 -

Idle 4,5 3,5 0,5 100 - 0,3 -

2000 

min
-1

 to

0,97-

3000 

min
-1

1,03

Until 

Sept. 

1986

From 1 July 1995 to 30 

April

Since May 1 

2004

0,2 0,97-

1,03

2004

2 Another 

motor 

vehicle
- - 0,3 100

Lp Vehicle Engine 

speed

CO content in% volume of exhaust gas

HC in ppm (particles per million) and λ for a vehicle 

 
 

 

Fig. 6. Emission control [10] 

 

Technical tests of vehicles are performed at the Vehicle 

Inspection Stations and consist of verifying that the vehicle 

meets the technical specifications of the regulations [12]. 

Measurement of gaseous emissions is carried out using a 

device designed to measure the concentrations of carbon 

monoxide (CO), carbon dioxide (CO2), hydrocarbons (CH), 

oxygen (O2), and lambda (λ). 

 
Fig. 7. Gasbox Autopower emission control device [10]  

 
Table 2. Gasbox Autopower technical specification [10] 

Parameter  Value  

Dimensions  460 x 200 x 250 mm 

Weight 9 kg 

Power supply 115–230 V 

Power consumption 80 W 

Control system  ETS lub ID < 4E 

Technology  NDIR 

Response time  < 15 s 

Warm-up time  do 60 s 
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3.1. Measurement execution  

Tests were carried out at the Vehicle Inspection Station 

on a randomly selected group of vehicles equipped with SI 

petrol engines fueled with petrol to determine the concen-

trations of the toxic exhaust gases of the used vehicles. The 

analysis was made according to the year of manufacture 

and mileage, which is the emission limit for engines 

mounted on vehicles. Concentration measurements were 

made at the gas emission test site, which is part of the com-

pulsory equipment of the Vehicle Inspection Station [12]. 

Exhaust gas emission measurement was performed when 

the engine was heated above 70°C for engine oil and above 

80°C for the coolant. The exhaust gas analyzer was intro-

duced into the engine's exhaust system immediately before 

the measurement at a depth of at least 30 cm. The engine's 

crankshaft rotational speed was maintained for more than 

15 seconds and then lowered to idle speed [12].  

3.2. Findings 

The test results presented [11] were made on a 120 ve-

hicle group during mandatory inspection at a selected vehi-

cle inspection station (SKP). Figure 9 shows the results of 

the measurement of the carbon monoxide (CO) content of 

exhaust gases from the engine, Made on low engine crank-

shaft rotation around 1000 rpm. The research shows that 

vehicles that were manufactured before 1995 do not meet 

the required pollution limits of about 36%, produced after 

1995 does not meet about 30%, and vehicles that were 

produced after 2004 do not meet the requirements in about 

10%.  
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Fig. 8. CO test at idle [11]  
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Fig. 9. CO study at elevated speed [11]  

 

Figure 10 shows the test results (CO), which were made 

at elevated engine revolutions (2000-3000 rpm). Research 

shows that groups of vehicles that were produced after 1995 

do not meet the required level of gaseous pollutants in 

about 28% while vehicles produced after 2004 in about 5%.  
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Fig. 10. Examination HC at idle [11]  

 

The results of hydrocarbon (HC) research shown in Fig. 

11 were made only for the group of vehicles that were pro-

duced between 1995 and 2004, as only this group of vehi-

cles is subject to mandatory testing (HC). The research was 

done at a low crankshaft engine speed of around 1000 rpm, 

from the group of vehicles about 30% did not meet the 

requirements.  

Hydrocarbon test at elevated engine crankshaft speed 

2000-3000 rpm (Fig. 12). The research showed that a group 

of vehicles that do not meet the requirements is about 15%. 
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Fig. 11. HC test at elevated speed [11]  
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Fig. 12. Lambda study at idle [11] 

 

The results of the measurement of the excess air ratio 

(lambda) are shown in Fig. 13. The tests were performed at 

low engine crankshaft speed of about 1000 rpm. The group 

of vehicles that were produced after 1995 did not meet the 

emission requirements in about 26%.  
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The measurement of the excess air ratio (lambda) was 

made at an increased engine speed (2000-3000 rpm). Re-

sults from the research they represent a group of vehicles 

manufactured after 1995 that do not meet the requirements 

of about 24% and vehicles manufactured after 2004 do not 

meet the required limits in about 5%. 
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Fig. 13. Lambda study at elevated speed  

4. Conclusion 
The analysis of the number of vehicles in use in Poland 

shows that over 70% is over 10 years old. The average age 

of vehicles in 2015 was 15.5 years old. In the period from 

2003 to 31 December 2015, 945,227 used cars were im-

ported to the country, the average age brought in 2016 was 

about 12 years. During the periodic technical studies carried 

out, it has been shown that a significant proportion of the 

vehicles in service are not able to meet the required emis-

sions limits. The research shows that the largest number of 

vehicles that do not meet emission limit values have been 

manufactured before 1995. The reason for not meeting the 

requirements of emission limit values for gas pollutants is 

too long car life and low technological advances of fuel 

supply systems and lack of modern exhaust aftertreatment 

systems. 

 

Nomenclature 

SI spark ignition engine  

CO carbon monoxide  

CH hydrocarbons  

CO2 carbon dioxide 
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The closed-cycle model numerical analysis of the impact of crank mechanism  

design on engine efficiency 
 

The research presents a review and comparison of different engine constructions. Investigated engines included crankshaft engines, 

barrel engine, opposed-piston engines and theoretical models to present possible variations of piston motion curves. 

The work comprises also detailed description of a numerical piston engine model which was created to determine the impact of the 

cycle parameters including described different piston motion curves on the engine efficiency. Developed model was equipped with Wiebe 

function to reflect a heat release during combustion event and Woschini’s correlation to simulate heat transfer between the gas and 

engine components.Various scenarios of selected engine constructions and different working conditions have been simulated and 

compared. Based on the results it was possible to determine the impact of different piston motion curves on the engine cycle process and 

present potential efficiency benefits. 
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1. Introduction 
Most of the recent piston engines which are used in all 

types of business (automotive, aviation, marine and power) 

are presenting typical crankshaft mechanism where piston 

is connected to the crank shaft through a piston rod. Some 

of the constructions (e.g. RND 105 marine engine) includes 

additional connecting rod between the piston rod and crank 

shaft in order to decrease the piston side force but this de-

sign does not differ significantly from the first one in re-

gards to the piston motion curve. Apart from that construc-

tion more and more companies are interested in new piston 

engine constructions. Most remarkable designs are those 

which are based on the opposed-piston (OP) engine con-

cept. This design in general may provide reduced fuel con-

sumption or increased power-to-weight ratio. 

There are six main types of the OP engines [1]: 

1. Crankless free piston engine 

2. Single Crankshaft engines 

3. Double Crankshaft engines 

4. Multi Crankshaft engines 

5. Rotary engines 

6. Barrel engines 

All of those constructions may be additionally divided 

for subtypes since there are different variants of the joints 

which can be applied for those engines. 

This work focuses on the impact of different construc-

tions on the piston motion. Different piston motion have 

impact on the local piston speed and thus the heat transfer. 

Also the different piston motion result in the different pres-

sure profile, pressure derivative and therefore efficiency 

and other factors. Eight different construction have been 

selected to analyze the effect of different crank mechanism 

designs on the engine efficiency. 

2. Review of different engine constructions 
Selected engine construction for the analysis includes: 

typical crank shaft mechanism (STDE), crank shaft mecha-

nism with added cam rod (EE), barrel engine (BE), single 

shaft opposed-piston engine (SSOP), single shaft OP engine 

with phasing (SSPOP), double shaft OP engine (DSOP), 

opposed piston barrel engine (BEOP) and the elliptical 

shape rotating cylinder (ERCOP). For each construction a 

piston motion equation was presented in subchapters 2.1–

2.8. 

2.1. Traditional crank shaft mechanism (STDE) 

This design is world wide spread in all types of indus-

tries as it was stated at the beginning of the work. This 

construction will be used as the baseline for comparison 

purposes. 

 

 

Fig. 1. STDE engine scheme 

 

The equation for piston movement is as follows [2, 3]: 

 x � R �cosα 	 
� �1 � �λsinα � μ��� (1) 

where: x – piston location, R – distance between crankshaft 

axis and piston rod crankshaft joint, L – length of the piston 

rod, α – crankshaft angle (CA), λ – is the R/L ratio, μ – is 

the e/L ratio. 

The piston stroke may be directly calculated using fol-

lowing equation: 

 s � R ���
� 	 1�� � ����� � ��
� � 1�� � ������  (2) 

2.2. Crank shaft mechanism with cam rod (EE) 

This model of the engine was proposed by Rychter and 

Teodorczyk in 1985. The main advantage of this construc-

tion was variable compression ratio. The idea of this engine 

was to introduce additional eccentric rod between the 

crankshaft and piston rod with possible rotational move-
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ment during engine work. The concept was analyzed for 

different relative rotational speeds between the crankshaft 

and eccentric rod [3–5]. 

1. ω��� � ω�� !"#$ %& 
2. ω��� � ' 
� ω�� !"#$ %& 
3. ω��� � 'ω�� !"#$ %& 
 

 

Fig. 2. EE engine scheme 

 

For this engine the the piston motion curves is repre-

sented by following equation: x � R �cosα 	 (� cosγ 	 
� �1 � �λsinα � δsinγ � μ���  (3) 

where: m – length of the eccentric rod, δ – is the m/L ratio, 

other parameters are the same as for the STDE. 

2.3. Barrel engine (BE) 

The barrel engine, known also as axial engine, is a con-

struction where cylinders are parallel to the crankshaft. This 

construction may be realized by cam, swash plate or wob-

ble plate.  

 

 

Fig. 3. BE engine scheme 

 

Derived equation for the piston movement is expressed 

by the following formula: 

 x � +,��#-. 	 L01 � 123�
4�356789: �34;< =� (4) 
where: Z – length of the crank, D – plate diameter, R – 

crank radius, e – distance between shaft axis and cylinder 

axis. 

The stroke of the engine is represented by the formula: 

 s � 2 +,.   (5) 
2.4. Single shaft opposed-piston engine (SSOP) 

The construction of SSOP engine reaches XIX century 

[1]. Single crankshaft is connected to two pistons through 

two crank rods with different lengths. The longer rod pro-

vides pulling force after combustion while the shorter rod 

pushes in the same time. This ensures well balanced design. 

Recently that type of engine construction is developed by 

the Ecomotors company [6]. 

 

 

Fig. 4. SSOP engine scheme 

 

The closed gas length is described by the following 

formula: x � s � R � 
�3 �1 � λ���sinα 	 ϵ�� � 2cosα �                                    
�A �1 � λ
��sinα � ϵ���                 (6) 

where: λ
, λ� – are ratios of 
,<A and 

,<3 respectively, ϵ – is a 

ratio of 
;,, other parameters are the same as for the STDE. 

2.5. Single shaft opposed-piston engine with phasing 

(SSPOP) 

This engine model is a derivative of the previous one. 

The concept provides additional geometrical parameters 

like different radii of the crankshaft (C
, C�� and angle shift 

between the cranks Δ. 

 

 

Fig. 5. SSPOP engine scheme 

 

The equation for the captured gas length is: 

 x � s � R� � 
�3 �1 � λ���sin�α 	 Δ� 	 ϵ���  �cos�α 	 Δ�� � R
 �cosα 	 
�A �1 � λ
��sinα � ϵ
��� (7) 
where: λ
, λ� – are the ratios 

,A<A , ,3<3  respectively, ϵ
, ϵ� – are 

the ratios 
;,A , ;,3 respectively. 

2.6. Double shaft opposed-piston engine (DSOP) 

This type of engine contains two crankshafts which are 

driving via the piston rods two opposed pistons. Those 

shafts are coupled with gears, lay-shafts or chain to 

maintain the same movement. It is possible to provide in 

this construction phase shift for both crankshafts. 

 

 

Fig. 6. DSOP engine scheme 
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The piston motion for this construction is the same as 

the motion for STDE engine with the difference that there 

are two pistons. So the geometrical parameters of the 

crankshaft construction are different for the same piston 

stroke. Additionally this construction may have for the 

same compression ratio and volume as the STDE lower 

piston speed for the same engine speed. Each of the piston 

from DSOP has to cover half of the distance with 

comparable STDE. That engine configuration is recently 

developed by the Achates Power company [7]. 

2.7. Opposed-piston barrel engine (BEOP) 

This engine is a single shaft construction with all cylin-

ders placed parallel to and around main shaft. The plates are 

located on opposite sides of the crankshaft. 

 

 

Fig. 7. BEOP engine scheme 

 

The piston motion is the same as the BE construction 

with the same difference between the STD and DSOP - two 

pistons for one cylinder. This engine is recently developed 

at Warsaw University of Technology [8]. 

2.8. Elliptical rotating cylinder engine (ERCOP) 

This engine is known also as a Coomber rotary engine 

[9] which was designed at the end of 19
th

 century. The 

biggest advantage of this construction is elimination of 

piston side force and transferring it to the rollers which are 

moving on the elliptical guideway. The shape in general for 

that type of engine does not have to be an ellipse but this 

research will focus on that construction. 

 

 

Fig. 8. ERCOP engine scheme 

 

Derived equation for the combustion chamber lengths is 

presented by the formula: 

 x � � EF3
4;3 ��#3 - � H  (8) 

where: AI – the smallest ellipse radius, AJ – the biggest 

ellipse radius, H – the height of the piston with rollers, e – 

ellipse eccentricity described as: 

 e� � EL34EF3EL3   (9) 

Stroke can by calculated as the double difference be-

tween the maximum and minimum ellipse radii: 

 s � 2�AJ � AI�  (10) 

3. Piston motion curves 
In order to compare all types of engines it was decided 

to provide for all constructions exactly the same 

geometrical dimensions. All models have the same piston 

bore, total piston stroke and compression ratio. Total piston 

stroke for all engines is the change of length of cylindrical 

volume of the gas for the compression and expansion 

process (maximum gas length decreased by minimum gas 

length). There was no differentiation between the 

compression and expansion ratios (like in the Atkinson 

cycle). It has to be noticed that for the opposed piston 

configuration determination of top dead center (TDC) and 

bottom dead center (BDC) may be addressed to the: 

• minimal and maximal gas volume,  

• TDC and BDC of the inlet piston position,  

• TDC and BDC of the exhaust piston position, 

For the need of this work the TDC and BDC will be 

associated with the gas volume regardless of the 

construction. The Table 1 presents selected engines’ 

geometry parameters. 

 
Table 1. Geometrical engine parameters for all configurations 

Parameter Unit Value 

Bore mm 50 

Stroke mm 194 

Volume of cyl L 0.381 

 

To obtain exactly the same stroke and CR for all 

engines the geometrical parameters were calculated based 

on the equations (1)–(10) prestented in the chapter 2. For 

those designs which stroke equation was not directly 

provided in this work the geometrical parameters were 

numerically determined to achieve required stroke and 

compression ratio. The stroke and compression ratio which 

were numericaly determined where accurate within 10
-4

mm 

for stroke and 10
–3 

for CR. 

The selected geometrical parameters were presetented in 

the Tables 2–9. All the parameters presented in the tables 

were rounded to 3 decimal places. 

 
Table 2. Geometrical engine parameters for STDE 

type M N O 

STDE_1 –0.1 0.2 96.493 

STDE_2 –0.1 0.3 96.465 

STDE_3 –0.1 0.4 96.420 

STDE_4 0 0.2 97 

STDE_5 0 0.3 97 

STDE_6 0 0.4 97 

STDE_7 0.1 0.2 96.493 

STDE_8 0.1 0.3 96.465 

STDE_9 0.1 0.4 96.420 

 

The EE engine configuration presents very unique 

behaviour near the TDC. The compressed gas starts to 

expand for a while and just after TDC compresses once 

again. This situation appears when the angular position of 

the eccentric rod is twice bigger then crank angle (α� � 2α��. 

That means also that the eccentric rod rotates twice faster 

then crank angle. 
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Fig. 8. STDE piston motion curves 

 
Table 3. Geometrical engine parameters for EE 

type M N R e_rod pos P 

EE_1 –0.1 0.4 43.328 α� � α� 0.495 

EE_2 –0.1 0.6 64.996 α� � α� 0.295 

EE_3 –0.1 0.8 86.875 α� � α� 0.089 

EE_4 0 0.4 42.135 α� � 2α� 0.544 

EE_5 0 0.6 63.175 α� � 2α� 0.345 

EE_6 0 0.8 84.272 α� � 2α� 0.144 

EE_7 0.2 0.4 47.200 α� � α� 	 30� 0.567 

EE_8 0.2 0.6 70.172 α� � α� 	 30� 0.365 

EE_9 0.2 0.8 88.241 α� � α� 	 30� 0.136 

 

 

Fig. 9. EE piston motion curves 

 
Table 4. Geometrical engine parameters for SSOP 

type NS NT O U 

SSOP_1 0.2 0.148 48.493 –0.1 

SSOP_2 0.3 0.196 48.485 –0.1 

SSOP_3 0.4 0.234 48.493 –0.1 

SSOP_4 0.2 0.148 48.485 0 

SSOP_5 0.3 0.196 48.475 0 

SSOP_6 0.4 0.234 48.5 0 

SSOP_7 0.2 0.148 48.5 0.3 

SSOP_8 0.3 0.196 48.5 0.3 

SSOP_9 0.4 0.234 48.434 0.3 

 

 

Fig. 10. SSOP piston motion curves 

Table 5. Geometrical engine parameters for SSPOP 

type NS NT OS OT P US UT 

SSPOP_1 0.225 0.193 45 55.312 –0.524 –0.1 –0.081 

SSPOP_2 0.225 0.182 45 51.983 0 –0.1 –0.087 

SSPOP_3 0.225 0.193 45 55.135 0.524 –0.1 –0.082 

SSPOP_4 0.225 0.193 45 55.241 –0.524 0 0 

SSPOP_5 0.225 0.182 45 52 0 0 0 

SSPOP_6 0.225 0.193 45 55.241 0.524 0 0 

SSPOP_7 0.225 0.193 45 55.135 –0.524 0.1 0.082 

SSPOP_8 0.225 0.182 45 51.983 0 0.1 0.087 

SSPOP_9 0.225 0.193 45 55.312 0.524 0.1 0.081 

 

 

Fig. 11. SSPOP piston motion curves 

 
Table 6. Geometrical engine parameters for ERCOP 

type VW VX Y ZT 

ERCOP_1 400 303 297.611 0.426 

ERCOP_2 350 253 247.611 0.477 

ERCOP_3 300 203 197.611 0.542 

ERCOP_4 250 153 147.611 0.625 

ERCOP_5 200 103 97.611 0.735 

ERCOP_6 150 53 47.611 0.875 

 

 

Fig. 12. ERCOP piston motion curves 

 
Table 7. Geometrical engine parameters for BE 

type [ \ ] ^ _ 

BE_1 100 50 26.608 364.558 150 

BE_2 100 75 23.789 407.759 150 

BE_3 100 100 21.443 452.364 150 

BE_4 200 100 42.886 452.364 150 

BE_5 200 150 35.636 544.393 150 

BE_6 200 200 30.368 638.822 150 

BE_7 300 150 53.454 544.393 150 

BE_8 300 225 42.381 686.629 150 

BE_9 300 300 34.993 831.598 150 

 

It can be noticed that during one rotation of the 

crankshaft there are 2 cycles of the engine for the ERCOP 

configuration. Due to significant difference between this 

piston motion and the rest of the engines it was decided to 

carry calculations such as only one compression and one 
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expansion appears in the piston motion for whole engine 

rotation. This can be comapared to the situation as if the 

ERCOP engine was working with twice lower engine speed 

then the other engines so the number of cycles within a 

particular time remains the same.  

 

 

Fig. 13. BE piston motion curves 

 
Table 8. Geometrical engine parameters for DSOP 

type M N OS OT ` 

DSOP_1 0.03 0.2 48.626 48.700 –10 

DSOP_2 0.03 0.3 48.606 48.718 –10 

DSOP_3 0.03 0.4 48.585 48.734 –10 

DSOP_4 0.03 0.2 48.477 48.477 0 

DSOP_5 0.03 0.3 48.476 48.476 0 

DSOP_6 0.03 0.4 48.474 48.474 0 

DSOP_7 0.03 0.2 48.626 48.700 10 

DSOP_8 0.03 0.3 48.606 48.718 10 

DSOP_9 0.03 0.4 48.585 48.734 10 

 

 

Fig. 14. DSOP piston motion curves 

 
Table 9. Geometrical engine parameters for BEOP 

type a Z O b c 

BEOP_1 100 50 12.367 392.157 150 

BEOP_2 100 75 11.003 440.777 150 

BEOP_3 100 100 9.905 489.675 150 

BEOP_4 200 100 19.809 489.675 150 

BEOP_5 200 150 16.496 588.027 150 

BEOP_6 200 200 14.122 686.855 150 

BEOP_7 300 150 24.744 588.027 150 

BEOP_8 300 225 19.759 736.388 150 

BEOP_9 300 300 16.435 885.301 150 

 

Each of the engine piston motion curves for different 

geometrical parameters was presented in the Figures 8–15. 

Every equation for each engine was shifted in phase to 

maintain max gas volume at 0 deg CA. In most cases it 

resulted with the TDC apearing at 180 deg CA.  

 

Fig. 15. BEOP piston motion curves 

4. Model of the engine 
All engines have been represented by a closed-cycle 

numerical model. The incylinder paramters where based on 

the ideal gas properties. The gas model was built based on 

the ideal gas mixture of the following species: nitrogen (N), 

oxygen (O2), argon (Ar), carbon dioxide (CO2), water 

(H2O) and isooctane (C8H18). The molecular mass, volume 

and mass fractions where determined for each time step. 

The specific heat of the gas was determined based on the 

polynomal equations provided by NASA spec [10]. 

Pressure prediction was modeled by the following formula 

 
�de�fe � ��g6,e�fe � �ghi,e�fe � jeje4
 pl �me�fe� je4
me  (12) 

where: 
�de�fe – change of pressure at current step, 

�g6,e�fe  – heat 

release at current step, 
�ghi,e�fe  – heat transfer to walls at 

current step, 
�me�fe – change of gas volume at current step, pl 

– current gas pressure, Vl – current gas volume, γl – current 

gas ratio of specific heats. 

The model of the engine heat release was created based 

on the Woschni correlation with heat transfer coefficient 

described by the following formula: 

 h�,l � 5brhi4
plrhiwlrhiTlu.wx4
.y�rhi (11) 

where: b – pistone bore, pl – pressure in current step, wl – 

cylinder gas velocity in current step, Tl – gas temperature in 

current step, m$& – constant equal to 0.8. 

The combustion of the fuel mixture was based on 

complete combustion of isooctane with heat release based 

on the Wiebe expotential function: x;!�,l � 1 � 

exp {� |}2.302 A~6�A � 0.105 A~6�A� �fe4f68i��if6��� ��r6�
�  (12) 

where: x;!�,l – amount of the fuel burned in particular time 

step, m� – constant equal to 0.7, Θl – current angle (time), Θ�#& �& – angle when 10% of fuel burned, Θ����  – duration 

of combustion from 10-90% of burned fuel. 

The complete combustion model was based on the 

chemical reaction:  

 C�H
� 	 12.5O� → 8CO� 	 9H�O  (13) 
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Fuel vapors were injected into the cylinder at the 

beginning of the engine cycle. The species’ fractions and 

gas specyfic heat was updated for each additional fuel mass 

injected and timestep. The amount of fuel injected into the 

cylinder cycle starting paramters (p0, T0) and air-fuel 

equivalence ratio (λ�. Based on that approach the amount of 

fuel injected for each engine is exactly the same when 

starting parameters are the same. Thus the power and 

efficiency of the engines depends mostly on the piston 

motion curve and combustion parameters. The power and 

efficiency were calculated based on the presented integral: 

 η& � � de��e���8i��ir����<�m   (14) 

where: pl – is current gas pressure, dvl – change of volume 

in calculation time step. 

While the power of the engine was calculated based on 

the formula (2-stroke engine):  

 P � η&m%�;� LHV N/60  (15) 

where: m%�;� – mass of fuel injected in one cycle, LHV- 

lower heat value of the fuel, N – engine speed. 

There were 8 different configurations of engines 

investigated. Most of them were presented by 9 geometrical 

variations. In total there were 69 different piston motion 

curves implemented into the closed-cycle model. Two 

additional parameters have been selected to run calculations 

connected with the shape of the pressure profile in the 

cylinder: combustion duration (Tcdur) and start of 

combustion (Tcstart). The rest parameters remained 

unchanged. The Table 10 presents constant parameters for 

all engines calculations, while Table 11 presents 5 different 

setups for each piston motion curve, so in total there were 

345 engine cases analyzed. 

 
Table 10. Constant parameters for engine cycle simulations 

Parameter value unit 
Fuel lower calorific value (LHV) 47 MJ/kg 

Air-fuel equivalence ratio (§� 1.1 – 

Engine speed 1500 rpm 

Starting pressure 4 bar 

Starting temperature 350 K 

Mean piston surface temperature 580 K 

Mean liner surface temperature 480 K 

Volume content of water in air 1 % 

 
Table 11. Variable parameters for engine cycle simulations 

Setup Tcdur (deg) Tcstart (deg) 

1 50 170 

2 50 180 

3 50 190 

4 30 180 

5 70 180 

 

The closed cycle model did not include the scavenging 

process of the cylinder. The closed portion of volume of gas 

for each engine was exactly the same. The gas was 100% of 

fresh air (no residual gases) at the beginning and 100% of 

burned gas after combustion process. 

5. Results 
For each of the engine configuration and setup it was 

possible to plot the pressure, temperature, volume and all 

derivatives of the parameters for all timesteps. The major 

attention was paid to the engines’ efficiency and power 

which were calculated with the equations 14 and 15. 

From all results obtained for all engine configurations 3 

of them were excluded. Those which excluded regarded 3 

engine variations of configuration EE (particularly EE_4, 

EE_5 and EE_6). The calculations of these engine resulted in 

extremely high peak pressures (~700 bar) and peak 

temperatures (> 3000 K). For that high temperatures the 

amount of heat was so high that the heat losses exceeded fuel 

heat delivered. This unique engine design requires separate 

discussion to explain the reason of so high gas parameters. 

Figure 16 presents a comparison of different engine 

configurations in regards to the efficiency. The presented 

efficiencies are the avarage efficiency of all engine 

geometrical variations for the particular combustion 

parameters setup (Tcdur,Tcstart). For instance first column in 

Figure 16 presents the average efficiency of all gemetrical 

variations of STDE engine (STD_1, STD_2, …, STD_9) 

for the Setup 1 described in Table 11 (so for the Tcdur = 50 

deg and Tcstart = 170 deg). 

 

  

Fig. 16. Comparison of different setups on engine efficiencies 

 

It can be noticed that the lowest engine efficiency was 

presented for the setup 5 by the EE engine (32.0%). The 

second lowest efficiency was also noticed for the setup 5 

for the SSPOP engine configuration (32.6%). The highest 

efficiencies were observe for the SSOP engine and the 

second for the SSPOP, both for the latest combustion start 

(efficiency were equal to 40.3% and 40,0% respectively). It 

can be noticed that the behavior of the models was not 

linear. Higher impact on the efficiency was observed for the 

combustion duration (±20 deg variations) parameter than 

for the start of the combustion parameter (±10 deg varia-

tions). The BE engines presented lowest variations of effi-

ciency which range was 33.7–36.0% for different setups. 

The highest efficiency for the single engine configura-

tion and variation was noted for the SSPOP_1. This model 

reached 40.6% for the setup 4. The lowest efficiency (ex-

cluding EE_5 to EE_7) for the particular variation was 

noted for the EE_8 configuration, setup 5 27.2%.  

Figure 17 presents the comparison of averaged efficien-

cy for all setups and variations for each design. Three low-

est averaged efficiency are represented by the not opposed-

piston configurations (STDE, EE, BE). This is connected 

with the reduced area of heat transfer for a cylinder (lack of 

engine head for OP designs). The difference between the 

BE and BEOP reaches 2.3 percentage points what gives 

6.5% difference in regards to BE efficiency. Very similar 
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relative difference is between STDE and DSOP configura-

tions. For those configuration the difference reaches 6.2%. 

The highest average efficiency was noted for the BEOP 

configuration (37.5%) with small difference to the DSOP 

engines (37.4%) and ERCOP engines (37.2%). 

 

 

Fig. 17. Comparison of different engine configuration on efficiencies. 

 

For each calculation maximum temperature and maxi-

mum pressure was collected. The plots presented at Figures 

18 and 19 are showing the peak temperatures and peak 

pressures for each engine variation for setup 1 (Table 11). 

  

 

Fig. 18. Maximum gas temperatures for all designs 

 

 

Fig. 19. Maximum gas pressures for all designs 

 

In general the engine configurations shows that for low-

er peak values of the pressure and temperature the engine 

shows higher efficiency. Some of the configurations present 

very good trend for both parameters (BEOP, ERCOP, BE, 

SSOP, DSOP). The biggest variations are visible for the EE 

engine and it can be explained by the very different shape 

of piston curves in comparison to the rest of the engine 

designs. 

The level of peak pressures for the conducted analysis 

reaches 390 bars while the peak temperatures are for most 

cases above 2000 K. 

Average efficiency of all engine configurations and ge-

ometrical variations for setup 4 was 33.8% while for setup 

5 was 38.3%. 

6. Summary and conclusions 
All engine configurations showed that it is beneficial to 

lower the time of combustion duration. The difference of 

the average efficiencies between setup 4 and setup 5 

reached 5 percentage points. Those setups differs by one 

parameter which is combustion duration (70 deg CA, 30 

deg CA respectively).  

Most of the engines configurations presented trend that 

the lower combustion peak temperature appears in the 

closed cycle analysis the higher efficiency is. This phenom-

ena can be connected with lower heat losses for the lower 

gas temperatures. For the whole cycle the wall temperature 

of the liner, piston and head (not OP engines) was set on the 

constant level and for those configurations where the peak 

temperature was higher the more heat was lost to the cool-

ing system. 

Regardless of the engine configuration the opposed pis-

ton engines proved to have, in general, higher efficiency 

exceeding for some cases 6% difference. 

Optimization of piston motion curves may aid the pro-

cess if increasing engine efficiency. It was showed that 

some of the curves indicated lower fuel consumption. The 

impact of the piston motion curves may be affected by 

other parameters such us combustion duration or start of 

combustion. The dependencies between the parameters and 

efficiency are not linear and the impact of them should be 

analyzed at the same time. 

Acquired gas peak parameters were considered very 

high. This was connected with high starting pressure (4 

bars) and compression ratio on the level of 19. Because of 

the high temperatures the loss of heat to the walls affected 

efficiency. In order to increase the efficiency the wall tem-

peratures could be increase and the starting temperature 

could be lowered.  

Due to very unique behavior of EE engine it is recom-

mended to analyze this construction with separate parame-

ters selected for this particular engine. 

The construction of the ERCOP engine allows reaching 

the same number of cycles within particular time for twice 

lower speed than the other engines. This is a mitigation of 

the drawback of this construction. Since this design has a 

high inertia loads due to rotation of the cylinder lower 

speed may reduce the forces and stresses in this construc-

tion. 

 

Nomenclature 

CA crank angle 

TCD top dead center 

BDC bottom dead center 

LHV fuel lower heating value 

OP opposed-piston 
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Studying a construction of pistons for the aircraft CI engine 
 

This paper examines the selected constructions of piston for aircraft CI engines and discusses tendencies in a development of piston 

designs. The paper addresses the question of using new materials and coatings to improve quality of pistons and the study of heat 

transfer and methods to absorb heat from a piston by means of cooling ducts. The selected materials were examined in terms of their 

advantages and drawbacks. The paper discusses different shapes of piston heads and their impact on combustion as well as indicates 

other factors behind parameters of combustion and toxic emission like injector shape types, lubrication types and clearances in the 

combustion chamber. 

Key words: aircraft engine, piston, CI engine, opposed-piston engine, designing pistons 

 

 

1. Introduction 
Compression-ignition engines are not common aircraft 

drive units but for many years it has been often successfully 

attempted to install them in the aircraft. Recently, some 

new constructions of pistons for compression ignition en-

gines have been launched onto the market. In 2014, the first 

steel pistons for an automotive passenger CI application 

began to be sold [22]. Computational fluid dynamics ena-

bles heat transfer and combustion of a charge to be opti-

mized. These are the tools that were not available for con-

structors in the last century, so engine manufacturers take 

older proven designs to improve them. Civil light aviation 

also uses aircraft with engines previously verified in auto-

motive applications and which can become attractive solu-

tions in civil aviation satisfy as they satisfy very demanding 

toxic emission standards and show low fuel consumption. 

The paper investigates piston designs dedicated to diesel 

engines. Small aircraft engines are very often based on 

verified automotive solutions so the focus is put on advanc-

es in automotive engines of a potential aviation application.  

This paper follows an approach of critical analysis and 

investigates the known aviation and automotive piston 

constructions. Investigating non-scientific and commercial 

materials is purposeful to achieve a more comprehensive 

state-of-the-art about modern constructions of pistons as 

automotive applications to be successfully transferred to 

aviation. 

2. Aircraft CI engines 
When aircraft CI engines began to be developed in the 

1940s, there were first turbojet and turboprop engines that 

successfully satisfied the needs of aviation at that time. 

Progress in automotive CI engines was reflected in aircraft 

engines so diesel aircraft engines were rediscovered in the 

21
st
 century. 

Balicki et al. [1] claim that piston engines now frequent-

ly used in light and ultralight aviation by aeroclubs and for 

business, economic, rescue and recreation purposes techni-

cally represent a pre-war theory of operation, designing and 

technology of production, especially if regarded the pro-

gress in automotive engines. Low pressure injection en-

gines are rare and frequently carburetors of a quite primi-

tive construction are used. Ecological standards and climate 

change can significantly stimulate the progress in develop-

ing aircraft piston engines, even by transferring to them the 

achievements in automotive applications. Regardless of 

this, it is considered to introduce CI engines capable of 

running on one type of fuel.  

Thielert Aircraft Engine GmbH, until its insolvency an-

nounced in 2008, was a recognized manufacturer of aircraft 

engines, including the Centurion range of aircraft CI en-

gines. In 2013, the company was taken over by Continental 

Motors, Inc., owned in majority by China’s AVIC Interna-

tional and renamed Technify Motors GmbH. Thielert’s 

engines were mainly based on automotive turbo-diesel 

engines [14], however, for example, 180 original parts were 

designed for the Centurion 1.7, an inline-four engine [4]. 

The Centurion 1.7 was installed in the Piper, Cessna 172 

and Diamond DA42 "Twin Star". The latter airplane, when 

the production of the Centurion 1.7 was suspended in 2009, 

was adapted by its manufacturer, Diamond Aircraft Indus-

tries, to the Lycoming gasoline engine and the turbodiesel 

Austro Engine E4 (Austro AE300) by Austro Engine 

GmbH. The bankruptcy of Thielert Aircraft Engine GmbH 

largely impacted the sales of the DA42 which since its 

launch onto the market in 2004, constituted 80% of the 

sales of 2-piston engine aircraft [15]. 

In 2009, the Italian manufacturer of light aircraft pre-

sented the Gemini100, a British diesel engine by Power 

Plant Developments, installed in the Tecnam P92. The 

Gemini100 is a compact opposed-piston engine of similar 

parameters to petrol engines (Gemini100: capacity – 1.6 l, 

power – 100 KM, weight – 70 kg, fuel consumption – 11–

12 l of karosene/1h of flight; Rotax 912: 80-100 KM, 60 kg, 

5000-5500 rpm, fuel consumption 15 l of petrol/1h of 

flight). The Gemini100 has been modified since 2006, and 

in 2015, it was announced that the research on this engine 

had been continued [18]. 

The Diesel V-8 Graflight by Engineered Propulsion 

Systems is another engine installed in a single-engine pis-

ton aircraft, the Cirrus SR22. This aircraft typically oper-

ates on the Continental IO-550-N 310 HP. In 2014, there 

was its first test flight. Manufacturer’s representatives 

claimed that its time between overhaul (TBO) had been 

successfully extended up to 3000 hours and the engine 

would soon undergo certification procedures [17]. 
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Fig. 1. Gemini100 engine [16] 

 

The opposed-piston engine is a technologically interest-

ing aircraft CI engine. The first opposed-piston engine was 

built in 1890, and since then have been used in ground, 

marine and aviation applications. Unlike the four-stroke 

engine, this type of engine doesn’t need the head and valves 

which are considered to be the most expensive parts of 

standard engines. One of the most significant opposed-

piston engines is the Junkers Jumo, designed and developed 

by Professor Hugo Junkers for the German army and civil 

aviation and manufactured between 1930 and 1945. In 

those days, the Junkers 205 and 207 showed unusual per-

formance [13]. Other well-known opposed-piston engines 

include: Doxford (1920-1990), used in a wide range of 

ships, Kharkov 6TD (1932-current), used in Russian tanks, 

Fairbanks Morse 38D81/8 (1934-current), used in United 

States submarines, small marine freighters and trains, 

Rootes TS3 engine (1954-1972), used in the United King-

dom Commer truck, Napier Deltic engine (1954-current), 

used in high-speed trains and naval fast patrol boats, Rolls 

Royce K60 (1955-current), used in military applications, 

Leyland L60 (1960s-1995), used in the United Kingdom, 

produced Chieftain Battle Tank [13]. 

Junkers was working for 20 years to build an aircraft 

diesel engine and the Junkers Jumo 205 showed the best 

results and started the entire engine family. Figure 2 shows 

its design [24]. 

 

 

Fig. 2. Junkers Jumo 205 engine [24] 

Despite their many advantages, opposed-piston engines 

had one disadvantage, i.e. high toxic emissions which sus-

pended their progress for many years. Since the early 

1980s, emission standards for all motor vehicles have elim-

inated all of the engines available at that time, mainly for 

their poor fuel injection system and a non-optimized geom-

etry of their combustion chamber. Technological progress 

and up-to-date design methods have enabled this type of 

engine to be relaunched onto the market. With computa-

tional fluid dynamics and simulation software, these en-

gines have been revived as a viable alternative and a prod-

uct to fill a market gap [13]. 

In 2013, Achates Power was granted nearly U.S. $ 5 

million from the United States Army to improve and devel-

op a new engine based on the Junkers Jumo 205 design [2]. 

Actually, this engine can be further developed with today’s 

advanced technologies.  

3. Trends in designing pistons for CI engines 
The piston in the compression ignition engine has varied 

tasks. It transmits the forces from and to an air-fuel mix-

ture, shapes and seals the combustion chamber and releases 

heat generated by combustion. For many years, pistons 

have been typically made of aluminum alloys. In time, 

however, engines have been expected to be more efficient 

so their designs have had to be improved. Actually, the 

entire engine has been modified but this paper focuses on 

pistons and how they impact toxic emissions emitted by the 

CI engine. There are many methods to satisfy the increas-

ingly strict toxic emission standards but the most frequently 

regarded solutions to be applied in pistons focused on 

changing their design, modifying shapes of the combustion 

chamber, using innovative nano-coatings or finding a more 

appropriate material or manufacturing technology.  

David Adams, specialist from Ford’s Dunton engine 

R&D centre in the United Kingdom, claims that already in 

2012, there were strong tendencies to use steel pistons in 

diesel engines. Such a change, he says, is probably the most 

significant innovation in the use of new materials for auto-

motive pistons. There have been the attempts to optimize 

aluminum-silicon alloy pistons with the use of additional 

alloying elements that improve the microstructure, stability 

and strength of the casting. However, the density of the 

material prevented from achieving lighter pistons, so the 

focus was put to find stronger materials to manufacture 

thinner sections and create better casting technology. 

Graphite coatings, almost standard for all types of pistons, 

have managed to reduce friction on the skirt and, to some 

extent, wear. Composite carbon-nanotube coatings, so far 

used on piston rings, are now also on the piston [12]. 

AVL’s R&D work on pistons has been also focused on 

using steel for pistons, especially for high-power passenger 

car diesel engines where the maximum cylinder pressure 

reaches 200-220 MPa, whereas the limit for aluminum 

pistons is about 210 MPa. AVL has partially collaborated 

with suppliers to develop a steel piston as heavy as an alu-

minum one. They succeeded by special micro-friction 

welding processes in which the piston head and shaft were 

welded together under pressure by micro movement. AVL 

claims that welding two elements is more cost effective 
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than a complex casting. This type of technology is used for 

heavy-duty pistons [12].  

4. Materials for pistons 

Piston’s tasks and loads applied to the piston – varied-

load strength, correct thermal conductivity, rapid tempera-

ture changes, a correctly low friction coefficient – are the 

factors behind the choice of materials for the piston. If the 

piston is to be lightweight, low density materials are pre-

ferred. The most common material for pistons in most in-

ternal combustion engines is aluminum alloy which is pre-

ferred for its low weight, low mass production costs and 

strength under conditions that occur in the cylinder. Recent-

ly, CI engines have been more loaded so aluminum pistons 

frequently need to operate on the verge of their permissible 

loads. Therefore, designers have turned to steel which more 

high-temperature resistant and stronger. Rheinmetall Au-

tomotive Company reports that since 2014, the German 

company, Kolbenschmidt, has been the world's first suppli-

er of steel pistons for passenger car diesel engines [22] and 

steel pistons with aluminum piston heads are capable of 

reducing fuel consumption and engine weight [21]. Proper-

ties of steel and its better than aluminum stability enable 

pistons to be smaller though stronger to higher loads. In 

addition, frictional forces are weaker than those in alumi-

num pistons. Better combustion conditions result not only 

from a changed material for the piston but also from the 

innovative patented LiteKS piston design that is able to 

reduce weight but not deteriorate strength as well as the use 

of nanomaterials (NanofriKS coating on the shaft). 

 

  
a) Geometrical comparison of steel 

and aluminum pistons 

b) Steel piston dedicated to CI 

engine vehicles  

 

 
c) Steel piston dedicated to CI 

engine vehicles - cross section 

d) Flow of oil in steel piston cool-

ing channels  

Fig. 3. Steel piston dedicated to diesel engines [20] 

 

Rheinmetall Automotive AG’s steel pistons are dedicat-

ed to compression-ignition engines in which cylinder pres-

sure is more than 200 MPa and power higher than 100 

kW/dm
3
. Their weight is similar to that of aluminum pis-

tons, and their smaller dimensions can reduce lateral and 

frictional forces and reduce fuel consumption by 2-3%. For 

their special design, they can be installed in the engine with 

a reduced core height. The optimized configuration of pis-

ton cooling and adapting combustion parameters can com-

pensate for a relatively poor thermal conductivity of steel 

compared to that of aluminum and related higher tempera-

tures on the surface of the combustion chamber. A large 

closed cooling channel is directly next to the area of critical 

temperatures so optimal cooling is provided. Favorable 

temperature distribution that occurs in the area around the 

piston reduces both carbonization of the ring groove and 

piston ring’s wear. This patented design is a single-piece 

forged piston, which can guarantee a negligibly deformed 

ring groove [19]. 

Figure 4 shows the temperature distribution for two pis-

tons made of different materials, operating under the same 

conditions. The cooling channel in the steel piston protects 

the piston ring by lowering its temperature even by 50°C 

compared to that of the aluminum piston. The highest tem-

perature is in the upper and lower sections of the combus-

tion chamber but it is higher by 30°C than in the aluminum 

piston [8]. 

 

 

Fig . 4. Distributions of temperature in aluminum and steel pistons [8] 

 

Figure 5 shows the distribution of safety factor, calcu-

lated from the load applied to pistons as a function of tem-

perature. The stress in the aluminum piston is similar to the 

permissible stress level, whereas in the steel piston, there is 

a certain stress spare so there is no risk of surface cracks. 

The boundary temperatures on the combustion chamber 

surface in the steel piston start from 550°C [8]. 

 

 

Fig. 5. Distributions of safety factor in aluminum and steel pistons [8] 
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The temperature of lubricating oil is not insignificant. If 

correctly regulated, it can reduce fuel consumption because 

the constant optimum temperature of the piston enables us 

to achieve such oil viscosity so that friction losses are re-

duced. Piston temperature can be indirectly controlled by 

changing oil temperature by regulating the oil flow. By 

controlling the oil flow, piston temperature can be modified 

within the range up to 50°C. The simulations by [6] to 

compare the capabilities of steel and aluminum pistons 

operating under the same conditions showed advantages 

and disadvantages of these solutions, see Table 1. 

 
Table 1. Properties of steel pistons as in [6] 

Advantages of steel  

pistons vs. aluminum ones 

Disadvantages of steel  

pistons vs. aluminum ones 

− higher temperature on the piston 

surface improves combustion,  

− reduced friction losses resulting 

from the smaller bearing piston sur-

face and a lower thermal expan-

sion,  

− better strength,  

− better strength to tribological wear,  

− the ability to reduce fuel consump-

tion,  

− the ability to reduce toxic emis-

sions,  

− the ability to increase the maximum 

cylinder pressure. 

− lateral movements of the 

piston when the stroke 

begins and related piston 

strokes against the cylin-

der wall result in much 

wear of the piston skirt 

and a smooth section of 

the cylinder and increased 

noise,  

− high piston temperature 

can lead to carbonization 

of lubricating oil.  

 

MAHLE’s pistons are made of several different alumi-

num alloys. Pistons for CI engines are made of the eutectic 

alloy AlSi12Cu4Ni2Mg. The detailed composition and 

properties of this alloy have been provided in MAHLE’s 

technical book [10, p. 67]. Aluminum-silicon pistons are 

usually cast but for special purposes forged as well. Forging 

changes the microstructure and properties of the element. 

Strength of pistons can be improved by the use of compo-

site materials, namely aluminum alloys with a ceramic 

fiber, which can locally strengthen the most exposed sec-

tions, e.g. combustion chambers in the diesel engine. If 

aluminum pistons are not strong enough, iron-based materi-

als can be used. This type of material can only locally rein-

force the piston or iron or forged steel can be used for the 

entire piston. Pistons in heavy-duty diesel engines are chief-

ly made of cast iron. This material is used, for example, for 

monobloc pistons or composite piston skirts. Steel pistons 

can be made of two types of specially heat-treated steel: 

42CrMo4 and 38MnVS6. This type of pistons are ideal for 

temperatures up to 450°C. When engines are tested, even 

higher temperatures of 500-550°C are possible, and then 

iron begins to peel as the result of its reaction with excess 

oxygen from an air-fuel mixture. If pistons operate at such 

temperatures, antioxidant coatings or other heat-resistant 

steels can be applied then. Generally, coatings prevent from 

a local melting of a material or its rubbing. In typical oper-

ating conditions, extra coatings are not necessary, but if 

there is extremal load – insufficient clearance due to the 

deformation of the cylinder, insufficient lubrication (at cold 

start, for elevated-temperature operation or used-oil opera-

tion), a new, not run-in engine, protective coatings prevent 

engine seizure. Samples of the coatings used by MAHLE 

are described in its technical book [10, pp. 79-81]. 

Cerit and Coban [3] examine the distribution of temper-

ature and thermal loads acting on ceramic-coated aluminum 

pistons. The piston head was coated with magnesia stabi-

lized zirconia powders. The temperature of the so coated 

piston is much higher than that of the non-coated one. The 

following figures show the test results.  

 

 

Fig. 6. Piston in the research: a) piston, b) coating mesh, coating composi-

tion and its parameters [3] 

 

 

Fig. 7. Distribution of temperatures of the upper section of the coating for 

varied coating thickness: a) 0.4 mm, b) 0.8 mm, c) 1.2 mm, d) 1.6 mm [3] 

 

 

Fig. 8. Distribution of temperatures of the bottom section of the coating for 

varied coating thickness: a) 0.4 mm, b) 0.8 mm, c) 1.2 mm, d) 1.6 mm [3] 

 

Higher temperatures in the combustion chamber are 

possible if coatings are applied to be a thermal barrier so 

engine’s thermal efficiency increases. Decreasing piston 

temperatures under the coating improves engine perfor-

mance. Clearly, the maximum thermal stress is a function 

of coating thickness. Maximum standard and tangential 

thermal stresses occur where the coating connects.  

5. Cooling the piston 
The piston is exposed to higher thermal loads because 

modern internal combustion engines are usually very load-

ed. Safe and reliable operation is possible if there is effi-

cient cooling. A profile of CI engine piston temperature 

depends on the number and orientation of injection nozzles, 



 

Studying a construction of pistons for the aircraft CI engine 

COMBUSTION ENGINES, 2017, 168(1) 165 

injection pressure, injection timing and combustion cham-

ber geometry. Importantly, the increase in temperature is 

accompanied by the even by 80% decrease in material fa-

tigue strength, and iron-based materials are much less sensi-

tive to temperatures of up to 400°C. Depending on the 

method of cooling, the difference can be even up to 50°C. 

The method of cooling depends on the amount of heat to be 

released [10].  

Certain interesting research on cooling CI engine pis-

tons was done in China in 2016 [23]. The paper discusses a 

new method of theoretical calculations to design pistons. A 

model of a piston for the 16V280 CI engine was investigat-

ed. The highest temperature was on the edge of the combus-

tion chamber. 

 

  

 

Fig. 9. Distribution of temperatures on the piston surface and inside the 

piston [23] 

 

The distribution of piston head temperatures is very 

complex. The cooling method of cooling channels signifi-

cantly impacts on cooling efficiency, and most of the heat 

from the piston is released to oil. The distribution of ther-

mal stress in each measuring point is similar to that of me-

chanical stress so thermal stress cannot be ignored.  

In the paper [5] investigated different piston configura-

tions to find the most efficient cylinder air motion. Out of 

the examined shapes of the combustion chamber, the best 

one to achieve favorable conditions for combustion is a 

combustion chamber centrally mounted on the piston.  

 

 

Fig. 10. Vectors of speed at TDC for 5 types of combustion chamber [9] 
 

Payri et al. investigated in slightly more complex tests 

different configurations of the combustion chamber. Their 

research confirmed that piston geometry hardly impacts the 

in-cylinder flow during the intake stroke and the first part 

of the compression stroke unlike the shape of the combus-

tion chamber which is important near TDC and in the early 

outlet stroke [9]. 

Another authors [11] discuss how combustion chamber 

turbulence and toxic emissions are impacted by shapes of 

the piston head and the injector nozzle. The figure below 

shows the combustion chamber geometry and the shape of 

the injectors to have been investigated. 

 

 

Fig. 11. Geometry of the combustion chamber and the nozzle endings; 

standard version – left, modified version – right [11] 
 

 

 

Fig. 12. Distribution of flow speed in the piston central section and vectors 

of speed in the piston central section at TDC [11] 

 

The second configuration enabled lower toxic emis-

sions. The CFD simulations showed that the shape of the 

combustion chamber was not so important as the changed 

shape of the injector. The author concludes that a negligible 

impact of the changed shape of the combustion chamber 

results from, e.g. a larger surface area and a large central 

projection inside the combustion chamber. 

CFD tools have been used to develop further the shape 

of the combustion chamber, the geometry of the piston and 

fuel injection parameters in a new 2-liter ECOBlue CI en-

gine mounted in the Ford Transit. It was the first time when 

the Ford had a mirror layout of intake channels so air could 

reach the first two cylinders by clockwise swirling and the 

latter two by counterclockwise swirling. This method ena-
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bled better in-between cylinder air distribution, which sig-

nificantly helped reduce emissions and fuel consumption 

(by 13% relative to the previous version) [7].  

 

 

Fig. 13. CFD simulation in the ECOBlue [7] 

 

 

Fig. 14. Oil flow in the dual piston gallery [20] 

 

Federal-Mogul Corporation has created a new piston 

design with a dual coolant loop gallery. The heat from the 

piston head is released more efficiently and operating tem-

perature of the piston is lower. The following figure shows 

the oil flow. The figure depicts the upper and lower piston 

position when the coolant fills alternately the right and left 

piston gallery section. This type of solution has been ap-

plied in the Mercedes-Benz OM 500 [7]. 

6. Summary 
The investigation on the construction of pistons dedicat-

ed to the compression-ignition engine focused on the de-

velopment trends, especially in material applications and 

cooling improvement. The paper overviewed the history of 

aircraft compression-ignition engines and the factors behind 

the revived interest to improve this type of engines, and 

particularly piston-opposed engines. The higher permissible 

engine load has led to the solution of steel as alternative 

material. Steel pistons enable, among others, better com-

bustion as higher temperatures on the piston surface and 

higher maximum cylinder pressure could be achieved. Such 

changes also require us to improve piston cooling. This 

paper discusses the solutions followed by certain automo-

tive companies. 
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Study on operating load of the compression ignition engine  
 

Operation of car engines definitely shows varied values of parameters such as crankshaft speed or load. This paper presents the re-

search and results on load and crankshaft speed in a compression ignition engine. Therefore, the research focused on an operation of a 

passenger car under urban and non-urban conditions. Our NI Diadem Analysis-based research referred to the data acquired by an 

OBD-II system. The results obtained enabled some layered charts to depict a frequency of operating states as specified by engine load 

and speed as well as histograms of these parameters in individual rides. Our investigation showed that operating conditions have an 

impact on engine operating states. In urban conditions, our engine operated within the range of 700-2000 rpm but idle was more than 

50% of the time and load in most cases was not higher than 20%. In non-urban conditions, our engine operated within the range from 

700 to 3000 rpm and load was up to 70%. 

Key words: compression ignition engine, load, operating condition 

 

 

1. Introduction 
The share of car traffic in urban areas in developed and 

developing countries is increasing. This tendency has been 

confirmed by the release on road traffic in 2016 by the 

Great Britain’s Department for Transport. This document 

shows that vehicle motor traffic (VMT) in urban areas was 

by about 5% higher than in 2007 and reached 31.4 billion 

vehicle miles, whereas vehicle motor traffic in non-urban 

areas increased by the same percentage to reach 58.5 billion 

vehicle miles [1]. 

Engine load and speed have an impact on service life of 

various engine components and fuel consumption [2, 3]. 

Moreover, toxic emissions of, e.g. particulates or nitrogen 

oxides are largely impacted if these operational parameters 

vary. A typical method to achieve combustion with low 

content of soot and nitrogen oxides and highly efficient 

operation is the use of the diesel particulate filter (DPF) and 

the exhaust gas recirculation (EGR) valve capable of in-

creasing air fuel ratio. Another method is the RCCI burning 

which is a variation of the HCCI method and is capable of 

reducing toxic emissions and maintaining high thermal 

efficiency for medium and large loads [4]. It is, therefore, 

important to examine the most frequent operating states of a 

car engine in urban and non-urban conditions. 

Toxic emissions emitted by various drive units can be 

compared by means of a CADC test driving cycle which 

relies on the statistical analysis of European real driving 

patterns, developed in an European project – ARTEMIS. 

Such a driving cycle covers three traffic situations: urban, 

non-urban and motorway. The authors [5, 6] claim that this 

approach is more reliable than the NEDC test procedure 

which is a laboratory-based defined speed change and a 

measurement of fuel consumption and toxic emissions. 

While driving a car, there are varied loads so engine op-

eration should be properly controlled. Such a control relies 

on transition from one to another operating point defined by 

speed, load and fuel consumption to achieve the best possi-

ble dynamic transition between operating states and the 

lowest possible specific fuel consumption [7]. 

 

The car engine operates under steady-state conditions 

but only in few traffic situations, e.g. in non-urban areas. 

The most frequent traffic operating conditions are transient 

conditions, e.g. the vehicle often speeds up and slows down 

in urban areas [8]. Certain experiments on how transient 

conditions impact the operation of a turbocharged diesel 

engine are discussed in [9]. 

Engine load is also impacted by ambient conditions, es-

pecially crosswind and headwind so a correct engine opera-

tion control should be accompanied by vehicle aerodynam-

ics. The work [10] discusses the correlation between the 

coefficient of drag and speed and direction of wind for the 

truck. 

Measured by means the PEMS system, emissions of ni-

trogen oxides and carbon dioxide have turned out to be 

higher for more varied topographically routes and more 

dynamic driving styles [11]. The PEMS system is a varia-

tion of the RDE test that relies on measuring emissions of 

toxic substances during real driving, regarding factors such 

as: speed, topography, ambient temperature, load. The NOx 

emission is also reduced in non-urban areas [12]. The study 

[13] shows that energy consumption calculated from the 

TTV analysis for an up-and-down route is larger for com-

pression-ignition engine than the electric engine. 

This paper discusses the research results on engine op-

erating states, i.e. load and crankshaft speed in urban and 

non-urban areas. The measurements were performed with a 

recording device that cooperates with an EOBD protocol 

compatible diagnostic connector. 

2. Research object 
The research object was a four-cylinder diesel engine 

2.0 MZR-CD with a power of 100 kW (Fig. 1). The engine 

was mounted in the passenger car Mazda 6 wagon. The 

engine is directly fuel injected with a Common Rail system. 

The Euro 3 emission standards are satisfied by the solution 

of the engine cooperating with the diesel particulate filter 

(DPF). The engine is fitted with a variable-geometry turbo-

charger. The basic engine technical parameters are in Table 

1. 
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Fig. 1. Research engine 2.0 MZR-CD 

 
Table 1. 2.0 MZR-CD basic technical parameters  

Year of production 2004 

Cylinder capacity 1998 cm3 

Ignition type CI 

Injection type Common Rail 

Charge type Variable-geometry turbocharger 

Power  100 kW/136 hp (3500 rpm) 

Torque 310 Nm (2000 rpm) 

Engine mounting transverse 

Number of cylinders 4 

Arrangement of cylinders in-line 

Camshaft location  SOHC (OHC) 

Number of valves 16 

Compression ratio 18:1 

Bore 86 mm 

Piston stroke 86 mm 

Emission standard Euro 3 

3. Test bench 
Load in the compression-ignition engine passenger car 

in urban and non-urban traffic is measured with the TEXA 

OBD Log (Fig. 2). Engine load value is directly available in 

OBD II information and it is expressed by percent. The 

recording device is capable of real-time registering engine 

parameters such as vehicle speed, crankshaft speed, coolant 

temperature, engine load, air mass flow, air temperature, 

intake air pressure, fuel pressure and battery voltage. There 

are also registered route-specific data like a vehicle identi-

fication number, route numbers, starting and ending hours. 

The recording device supports the following EOBD proto-

cols which are in line with the J1850-41.6, J1850-10.4, ISO 

9141-2 K/L, CAN (Control Area Network ISO 11898). 

 

 

Fig. 2. TEXA OBD Log [14] 

 

The device has been connected to the vehicle with an 

EOBD diagnostic connector. Entering the selected parame-

ters was followed by transferring the data into the computer 

by a special software of OBD Log SW Suite. Data analysis 

were performed in NI Diadem software. A general diagram 

of data collection and investigation is depicted in Figure 3.  

 

 

Fig. 3. Diagram of data collection and investigation 

4. Research methodology 
The vehicle with the connected DVR TEXA OBD Log 

operated on urban and non-urban routes of different lengths 

and varied loads. The recording device recorded the follow-

ing parameters: engine load, coolant temperature, intake air 

pressure, crankshaft speed, vehicle speed, air temperature, 

air mass flow, pressure in the fuel rail, battery voltage. 

A one-week driving tests were performed in urban and 

non-urban traffic and the data was recorded with a 5 Hz 

frequency. Ambient conditions were similar during each of 

the driving tests, and each of the drives was not less than 10 

min. The tests were carried out in Lublin city and in Lublin 

province. Mean vehicle speed was 21 km/h in urban cycle 

and 52 km/h while driving non-urban cycle.  

The NI Diadem software created the distribution of en-

gine operating density at a specific engine speed and load. 

Our calculation was in line with a special script.  

The results are given as histograms and contour plots. 

The load ranged from 0 to 100%, whereas the speed from 

700 to 3,200 rpm. During analysis the measurement ranges 

were divided for load is 5%, whereas for crankshaft speed 

is 100 rpm. 

5. Result examination 
The first part shows the registered engine load and 

crankshaft speed as a function of driving time for the se-

lected non-urban driving test. 

The second part shows the contour plots of the frequen-

cy of engine load and the histograms of the engine load and 

the crankshaft rotational speed for the selected urban and 

non-urban driving tests. Because of many testing drives, 

this paper shows the data for one driving test under given 

traffic conditions only. 

 

 

Fig. 4. Load as a function of driving time 
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Fig. 5. Crankshaft speed as a function of driving time 

 

The engine was at idle at first (about 750 rpm) and then 

the crankshaft speed increased as the vehicle accelerated to 

about 2,500 rpm (Fig. 4). Speed in the further part of the 

drive was not relatively constant as in the first period of 

time, i.e. 250-750 s it ranged from 1,400 to 1,700 rpm and 

later, i.e. 1,000-1,300 s increased and ranged between 2,300 

and 2,600 rpm (Fig. 5). 

 

 

Fig. 6. Engine load frequency as a function of engine speed and load for 

urban traffic 

 

Fig. 7. Histogram of the engine load for urban traffic 

 

Fig. 8. Histogram for crankshaft speed for urban traffic 

The load frequency as a function of speed and load is in 

Fig. 6 and the histograms of the frequency of engine load 

and speed for the selected urban test drive are in Figures 7 

and 8, respectively. 

The most frequent load of 0-10% corresponds to the 

idling speed of 700-900 rpm, which results from the fact 

that the vehicle often stopped during the urban drives be-

cause of heavier traffic, signal lights and other traffic dis-

ruptions. The most frequent load range for the research 

engine was 5-10% and the frequency of this range was 

about 68%. The urban engine load reached 80%, but the 

lowest frequency was in the load range of 75-80%. Idling 

speed, i.e. about 750 rpm, was most frequent, and the least 

frequent speed range was 1,875-2,000 rpm. The frequency 

of idling speed was about 63%. The urban engine speed 

range was 700-2,000 rpm. 

 

 

Fig. 9. Engine load frequency as a function of engine speed and load for 

non-urban traffic 

 

Fig. 10. Histogram for engine load in non-urban traffic 

 

Fig. 11. Histogram for crankshaft speed in non-urban traffic 

The load frequency as a function of speed and load is in 

Fig. 9 and the histograms of the frequency of engine load 

and speed for the selected non-urban test drive are in Figs 

10 and 11, respectively. 

The most frequent load ranges are: 0-10% – this range 

corresponds to the idling speed of 700-900 rpm and 20-30% 

– this range corresponds to the speed of 2,450-2,600 rpm. 

The former frequency results from the fact that the vehicle 
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often stopped in the non-urban drives because of traffic and 

other traffic disruptions. The latter one reflects constant-

speed driving. The frequency of the 5-10% load range 

reached about 22%, whereas that of 20-30% was about 

29%. The non-urban traffic engine load was nearly 100%, 

but the load range of 90-95% was least frequent. The most 

frequent speed was 1,875-2,000 rpm, and the frequency of 

this range was about 12,5%. The non-urban traffic crank-

shaft speed was within the range of 700-3,000 rpm.  

6. Conclusions 
The research aimed at specifying loads of the passenger 

car CI engine that operated in urban and non-urban traffic. 

It should be also noticed that obtained results concern one 

type of engine. 

Installed in the Mazda 6 passenger car, the OBD Log 

device measured engine load. 

Regarding the results, it can be claimed that the engine 

is loaded less in urban than non-urban traffic because of 

road conditions in the city like heavy traffic, signal lights 

and road works. 

It can be concluded that the engine operates in urban 

traffic mainly at idle and a negligible load of about 5-10%, 

whereas in non-urban traffic it more often operates at high-

er speeds, i.e. 1,800-2,100 rpm and the larger load of 20-

35%. 

 

Nomenclature 

DPF  diesel particulate filter 

EGR exhaust gas recirculation 

EOBD  European On-Board Diagnostics 

HCCI homogeneous charge compression ignition 

OBD  on-board diagnostics 

PEMS  portable emission measurement system 

RCCI reactivity controlled compression ignition  

RDE real driving emission 

TTW tank-to-wheel 

VGT  variable-geometry turbocharger 

VMT vehicle miles traveled 

 

 

Bibliography 

[1]  Provisional Road Traffic Estimates, Department for 

Transport, Great Britain: January 2016–December 2016 

Summary. 

[2]  QUIANFAN, X. Diesel engine system design. Woodhead 

Publishing Limited, 2011, 115. 

[3]  HEYWOOD, J.B. Internal combustion engine fundamentals. 

McGraw-Hill Education. 1988, 839. 

[4]  WANG, Y., YAO, M., LI, T. et al. A parametric study for 

enabling reactivity controlled compression ignition (RCCI) 

operation in diesel engines at various engine loads. Applied 

Energy. 2016, 175, 389-402. 

[5]  BLANCO-RODRIGUEZ, D. Modelling and observation of 

exhaust gas concentrations for diesel engine control. Sprin-

ger. 2014, 62-63. 

[6]  ANDRÉ, M. The ARTEMIS European driving cycles for 

measuring car pollutant emissions. Science of The Total En-

vironment. 2004, 334-335, 73-84. 

[7]  POSTRZEDNIK, S., STOPA, P., CIESIOŁKIEWICZ, A. 

The analysis of loading state of combustion engine in differ-

ent variants of its work. 26 Międzynarodowa Konferencja 

Naukowa Silników Spalinowych. Nałęczów, 2000, 235-244. 

[8]  RAKOPOULOS, C.D., GIAKOUNIS, E.G. Diesel engine 

transient operation – principles of operation and simulation 

analysis. Springer. 2009, 4. 

[9]  YUM, K.K., LEFEBVRE, N., PEDERSEN, E. An experi-

mental investigation of the effects of cyclic transient loads 

on a turbocharged diesel engine. Applied Energy. 2017, 185, 

472-481. 

[10]  BARDEN, J., GEROVA, K. An on-road investigation into 

the conditions experienced by a heavy goods vehicle operat-

ing within the United Kingdom. Transportation Research 

Part D. 2016, 48, 284-297. 

[11]  GALLUS, J., KIRCHNER, U., VOGT, R., BENTER, T. 

Impact of driving style and road grade on gaseous exhaust 

emissions of passenger vehicles measured by a Portable 

Emission Measurement System (PEMS). Transportation Re-

search Part D. 2017, 52, 215-226. 

[12]  KWON, S., PARK, Y., PARK, J. et al. Characteristics of 

on-road NOx emissions from Euro 6 light-duty diesel vehi-

cles using a portable emissions measurement system. Sci-

ence of the Total Environment, 2017, 576, 70-77. 

[13]  TRAVESSET-BARO, O., ROSAS-CASALS, M., JOVER, 

E. Transport energy consumption in mountainous roads. A 

comparative case study for internal combustion engines and 

electric vehicles in Andorra. Transportation Research Part 

D. 2015, 34, 16-26. 

[14] motofocus.pl/informacje/nowosci/6135/bez-zadnych-

tajemnic-obd-log-texa 

 

Łukasz Grabowski, DEng. – Faculty of Mechanical 

Engineering at the Lublin University of Technology. 

e-mail: L.Grabowski@pollub.pl 

 

 

Damian Rudzik, MEng. – Faculty of Mechanical 

Engineering at the Lublin University of Technology. 

e-mail: damianrud@gmail.com 

 

Paweł Karpiński, MEng. – Faculty of Mechanical 

Engineering at the Lublin University of Technolo-

gy. 

e-mail: Pawel.Karpinski@pollub.edu.pl 

 

 

 

 



 
Article citation info:  

OSIPOWICZ, T., ABRAMEK, F. The analysis of temperature disintegration on the body of fuel injector during research on test bench. 

Combustion Engines. 2017, 168(1), 172-177. DOI: 10.19206/CE-2017-128 

172 COMBUSTION ENGINES, 2017, 168(1) 

Tomasz OSIPOWICZ CE-2017-128 

Franciszek ABRAMEK  
 

 

The analysis of temperature disintegration on the body of fuel injector  

during research on test bench 
 

Article describes the results of researches fuel injectors on the test bench with using infrared camera. During researches has been 

verified various fuel injectors (working order and faulty). In results inner leaks fuel injectors have increased return dosages. Few ele-

ments influence on this. It is difficult to determine which element could be uses after disassemble. It is possible to determine the source of 

leaks during analysis decomposition of temperature fuel injector body. 

Key words: infrared camera, Common Rail system injector, injection and return dosages, fuel high pressure pump, CI engines 

 

 

1. Introduction 
Using infrared camera by diagnosing Common Rail fuel 

injectors is innovative project and belongs to without inva-

sion method of diagnostic.Without invasion method of 

diagnostic are effective, fast and not expensive. Normal 

diagnostic procedure of repairable injectors consists in 

disassemble and microscope researches. Microscope re-

searches are very effective but time – consuming and ex-

pensive. This method is very helpful when it is noticeable 

that injector leaks but engineer is not sure where the leaks 

appear. It is possible to localize very fast damage area. 

There are many possibilities to use infrared camera to diag-

nose fuel system in CI – engines. It could be used to diag-

nose high pressure section in the fuel pump, adjusters and 

sensors, high pressure fuel pipes and rails. The good point 

of this type researches are short time and cheapness. 

2. Infrared camera as diagnosing tools CI – engine 

injection systems 
The main task of infrared camera is temperature meas-

urement of researched object [7]. These type of researches 

are contactless and don’t disrupt device work. So that it is 

very good diagnosing element. Temperature illustrates 

technical condition of device especially elements of fuel 

injection system such fuel pump or injectors [2]. The leak-

ages on precision elements of injection system cause tem-

perature rise. Main reason of faulty fuel injector work are 

leaks [3]. Injector during research on test bench heats up 

but in defect areas is very hot. Research protocol presents 

magnitude of injection and return dosages [4]. If dosages 

are wrong research worker don’t know what is wrong. 

There are many elements in fuel injector which could be 

faulty. But when it is known the area of defect it could be 

very easy wrong element to diagnose. Defects of fuel injec-

tors concern the precision elements and inner sealers usual-

ly. These parts are responsible for correct injector work. If 

something wrong is with these elements injectors dosages 

are wrong. The temperature on the injector body rise de-

spite of leaks. When infra camera is used it could be easy 

find faulty elements because there will be higher tempera-

ture. Figure 1 presents electromagnetic Bosch fuel injector 

disassembly on spare parts. There are marked elements 

where temperature rises during leaks (A, B, C). Higher 

temperature occurs in injector coil because of work [5]. 

 

Fig. 1. Electromagnetic Bosch fuel injectors. A – precision element on 

injector needle, B – fuel injector steering valve, C – valve sealer, D – fuel 

injector coil 

 

Figure 2 presents electromagnetic Bosch fuel injector 

researched infrared camera during test bench. There has 

been marked on the figure precision element on injector 

needle (A), fuel injector steering valve (B), valve sealer (C) 

and fuel injector coil (D). It is noticeable that higher tem-

perature is on precision elements due to leaks and in the 

solenoid.  

 

 

Fig. 2. Electromagnetic Bosch fuel injector on the infrared camera picture 

during test 
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There is possibility to analysis temperature injected fuel 

(Fig. 3) using infrared camera. Fuel temperature influences 

on corrosion, cavitation, erosion and friction phenomena. 

This parameter could be useful to determine phenomena 

inside injector nozzle.  

 

 

Fig. 3. Temperature of injection fuel 

 

There is opportunity to research fuel injection pump es-

pecially high pressure section. If there are leaks it would be 

visible using infrared camera. Figure 4 presents the picture 

of high pressure injection pump during research on the 

bench. 

 

 

Fig.4. Temperature of fuel injection pump 

3. Laboratory test 
During laboratory tests has been used electromagnetic 

Delphi fuel injectors. Figure 5 presents researched injector 

disassembled on spare parts. There has been sectioned two 

areas. The first injector nozzle (A) and the second steering 

valve and electromagnetic coil areas (B). This areas deter-

mine fuel injector work parameters (injection and return 

dosages and injection delay). Catalogue number researched 

fuel injector were EJBR02201Z [6]. Researches has been 

made on STPiW 3 test bench (Fig. 7) by using infrared 

camera (Fig. 6). Infrared camera Flir i3 measures the tem-

peratures 273–523 K (0–250
o
C). Measure deviation is 

±2˚C. 

 

 

 

Fig. 5. Electromagnetic Delphi fuel injector dismantled on spare parts: A – 

injector nozzle area, B – steering valve and electromagnetic coil area 

 

 

Fig. 6. Infrared camera Flir i3 

 

Table 1 shows standard test of researched fuel injectors. 

There is noticeable that injectors 1 and 4 are damage. There 

are huge return dosages what influence on theirs parame-

ters. Figure 7 presents test bench STPiW 3 with researched 

Delphi injectors and magnitude of return dosage test. There 

was taken two injectors third and fourth during researches 

with infrared camera. Studies has been taken into consid-

eration two areas of injectors body nozzle (Fig. 8, 9) and 

steering valve with coil (fig. 10, 11). Tests have been made 

with 50, 80, 110 and 140 MPa system pressures. Figure 12 

presents measured return dosage by pressure 140 MPa for 

faulty and good working injectors. There is noticeable in all 

instances considerable difference temperatures between 

injectors. Figures 13 and 14 present damage fuel injector 

precision elements: needle and steering valve. 
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  A        B 

Fig. 7. A – researched fuel injectors on test bench STPiW 3, B – the magnitudes of return dosages researched fuel injectors 

 
Tab.1. Injection and return dosages standard test results 

No. 
Injection 

pressure [MPa] 

Injection 

time [μs] 
 Range Inj. 1 Inj. 2 Inj. 3 Inj.4 

1 165 
0 Injection 0.00–0.00 0.0 0.0 0.0 0.0 

60 s Return 0.00–40.00 110.23 32.97 33.86 112.74 

2 160 930 
Injection 49.00–55.00 39.8 53.21 54.11 40.40 

Return 0.00–56.00 111.30 36.18 38.26 119.40 

3 120 220 
Injection 0.30–4.50 6.3 1.85 2.06 9.6 

Return 0.00–56.00 81.08 33.10 35.32 87.23 

4 80 780 
Injection 27.10–34.50 31.00 30.10 27.80 31.80 

Return 0.00–56.00 79.23 31.76 33.42 82.34 

5 25 480 
Injection 2.70–7.45 3.80 3.80 3.60 4.20 

Return 0.00–56.00 42.70 10.86 14.97 58.60 

    Test pass No Yes Yes No 

 

   
     A     B 

Fig. 8. Pictures of nozzle areas from infrared camera for third and fourth injectors: A – fuel pressure 50 MPa, B – fuel pressure 80 MPa 

 

 

   
    A     B 

Fig. 9. Pictures of nozzle areas from infrared camera for third and fourth injectors: A – fuel pressure 110 MPa, B – fuel pressure 150 MPa 
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  A     B 

Fig. 10. Pictures of steering valve and electromagnetic coil areas from infrared camera for third and fourth injectors: A – fuel pressure 50 MPa, B – fuel 

pressure 80 MPa 
 

   
  A     B 
Fig. 11. Pictures of steering valve and electromagnetic coil areas from infrared camera for third and fourth injectors: A – fuel pressure 110 MPa, B – fuel 

pressure 140 MPa 
 

   
  A           B 

Fig. 12. Temperature of return dosage: A – correct fuel injector, B – faulty fuel injector 
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 A         B 

Fig. 13. A, B Precision elements on damage injector needle 

 

   
  A        B 

Fig. 14. Damage injector steering valve A – valve section, B – piston 

 

4. Conclusion 

It is possible to state during analysis of research results 

that infrared camera could be useful during researches fuel 

injectors on the test bench. There happen very often that 

fuel injector is researched and the standard test shows its 

damage but engineer don’t know where it occur. Fuel injec-

tor has few areas: nozzle with needle, steering valve with 

sealer and coil. When return dosage is to high it is hard to 

determine where the fault occurs. There is possibility to 

disassemble injector and use microscope to check precision 

elements but sometimes it is hard to find where the leaks 

are. It is easy to change all elements but then repair costs 

increase. Using infrared camera is very effective method 

without invasion of diagnostic during researches. There 

have been researched two areas of injectors during test. The 

first area was injector nozzle area. If the precision element 

on the injector needle is damage it will increase leaks. 

Temperature would be higher there (Fig. 8, 9). Infrared 

camera registers it. The same situation is with steering 

valve. Figure 12 presents the temperature difference be-

tween good working and faulty injectors. Return dosages 

amount 119.40 mm
3
/H for faulty fuel injector and 38.26 

mm
3
/H for good working by 160 MPa test pressure. This 

difference is visible on infrared camera because the faulty 

injector has temperature of returning fuel 88°C (361 K) and 

good working 47°C (320 K). This is the result of internal 

leaks caused damages precision elements. The return dos-

age temperature increased about 87% by system pressure 

160 MPa. For lower pressures 80 MPa temperature in-

creased about 40%.  

Figure 13 and 14 show damages precision elements. 

There are noticeable a lot of pollutants, metal filings, corro-

sion, temperature damages and pieces of fuel filter. Metal 

fillings come from fuel injection pump. In this case diag-

nostic process was very easy. Everything were visible. But 

sometimes there are instances where theoretical all ele-

ments are in norms but injector leaks. Using infrared cam-

era to find this area is very helpful. There were researched 

injection fuel temperature on the test bench and fuel return 

dosages temperature for good working and faulty injectors. 

Injection temperatures were similar for both but return 

various due to leaks. The measurements have been carried 

starting through 40˚C intake fuel to injectors. Than has 

been made one fuel injectors standard test to stabilize the 

temperature inside. After the test is it possible to make 

researches by using infrared camera. There is possibility to 

use this method to all modern fuel injectors. Every electro-

magnetic and piezoelectric fuel injectors start to heat during 

inner leaks.  
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Nomenclature 

CI compression ignition 

CR common rail system 

μs micro seconds 
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Hydroxyl radicals as an indicator of knocking combustion in the dual-fuel  

compression-ignition engine 
 

The occurrence of knocking combustion is one of the basic problems of dual-fuel compression-ignition engines supplied with diesel 

oil and gaseous fuel. In order to detect this phenomenon and evaluate its intensity, several methods are commonly used, including the 

analysis of pressure of working medium in the combustion chamber of the engine or vibrations of certain engine components. This paper 

discusses the concept of using mass fraction of hydroxyl radicals as the indicator of the occurrence of knocking combustion. Current 

knowledge on the conditions of hydroxyl radical formation in the engine combustion chamber has been systematized and the results of 

research on this subject have been presented. Theoretical considerations are illustrated by exemplary results of simulation studies of the 

combustion process in a dual-fuel compression-ignition engine supplied with diesel oil and methane. The conclusions drawn may be 

useful for the development of dual-fuel engine control systems. 

Key words: knocking combustion, dual-fuel engines, radicals, hydroxyl radicals 

 

 

1. Introduction 
Compression-ignition (CI) engines, due to their favora-

ble durability and efficiency, have been widely used in 

various applications, starting from industrial stationary 

power generators and engineering equipment, through agri-

culture, and ending up in the land and marine transportation 

sector. The market share of vehicles equipped with CI en-

gines is continuously rising, especially in Europe, and the 

current trends show that they are getting more desirable in 

the foreseeable future across different categories, including 

light, heavy-duty and off-road vehicles [36]. 

However, despite clear advantages of CI engines, their 

emissions are difficult to control by classic aftertreatment 

of the oxygen-rich exhaust gases through the use of cata-

lysts [16, 31]. Of all the substances formed in cylinders of 

CI engines, the most problematic are nitrogen oxides (NOx) 

and particulate matter (PM) [23]. They cause air pollution, 

which is linked to serious health problems, especially res-

piratory and cardiovascular diseases [18]. The contribution 

of CI engines to total air pollution has been growing as a 

consequence of their increasing numbers in fleets and in-

creasing distances travelled. Moreover, even with excellent 

fuel economy CI engines add to the increasing intensity of 

consumption of natural resources. The proven oil reserves, 

according to various studies [1, 12], will not sufficiently 

meet the expected growth of worldwide demand for the 

upcoming years. Environmental pollution problems, in-

creasing energy demand and depleting oil reserves, associ-

ated with the use of fossil fuels, create growing opportuni-

ties for the use of alternative fuels [6, 7]. 

In the past few decades, valuable breakthroughs in the 

study on combustion and emission characteristics of various 

fuels have been made [11] and an increasing number of CI 

engines have been adapted to dual-fuel mode [25]. Numer-

ous theoretical and empirical investigations have drawn 

attention towards gaseous fuels, i.e. natural gas (NG) and 

liquefied petroleum gas (LPG), as very promising candi-

dates to play the role of essential energy source in the 

transportation sector in the near future [16]. 

In comparison with other alternative fuels, NG and LPG 

have some distinct and desirable advantages. Both gases 

can be supplied to the in-use engines without significant 

modifications [2, 14]. The dual-fuel mode can easily be 

reverted back to diesel-only operation [28]. CI engines 

supplied with NG or LPG have good thermal efficiency at 

high output. Unfortunately, at part load conditions there is a 

drop in efficiency and power output, when compared to 

engine supplied with diesel oil. With respect to ecological 

aspects, studies have shown that the use of NG and LPG in 

CI engines results in producing less polluting exhaust gases, 

if appropriate conditions are satisfied for its mixing and 

combustion [32]. In general, the greatest benefits can be 

achieved from reduction of NOx and PM emissions. Anoth-

er positive aspect of supplying CI engines with gaseous 

fuels is a big potential to lower noise emissions. All these 

advantages have prompted researchers to intensify their 

work on the further development of dual-fuel CI engines. 

The combustion process in a dual-fuel engine is com-

plex and combines the features of CI and spark-ignition (SI) 

engines [38]. Gaseous fuel, when inducted into the intake 

manifold or directly into the cylinder, easily mixes with 

fresh air and forms a homogeneous phase, which then can 

be ignited by a small amount of diesel oil called the pilot 

dose. Gaseous fuel acts as primary fuel since it is the main 

source of energy input to the engine. When compressed 

with air, it should not ignite spontaneously due to its high 

autoignition temperature. Diesel oil, injected near the end 

of compression stroke, should autoignite first and become a 

source of ignition for the combustion of gaseous fuel. How-

ever, if the percentage of inducted gaseous fuel is increased, 

the combustion process in dual-fuel engines can suffer from 

knocking, especially at high load [20, 21, 24, 30, 34, 42]. 

Knocking combustion involves autoignition of gaseous 

fuel-air mixture ahead of the advancing flame originated 

from the burning of diesel oil. Generated pressure oscilla-
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tions cause deterioration of engine efficiency, increase in 

exhaust emissions and engine noise [22]. Severe knock 

leads to excessive wear of the engine and, in extreme cases, 

results in damage of the engine [22]. 

The problem of knock is widely recognized as a major 

obstacle for further improvement of dual-fuel CI engines 

supplied with gaseous fuels. Therefore, efficient methods of 

knock detection and evaluation of its intensity are needed. 

So far, several methods have been developed [22]. In the 

mass-produced engines the most commonly used method of 

knock detection employs vibration sensors, attached to 

certain engine components (typically engine block or head). 

The main drawback of this method is the susceptibility of 

the vibration signal to noise, especially at large engine 

speed [5]. Similar problem applies to the methods of engine 

knock detection based on direct measurement and analysis 

of in-cylinder pressure. In this case however, the fact of 

autoignition cyclic variability, even at the same in-cylinder 

pressure, must be taken into account [4]. One of the promis-

ing techniques used in engine knock detection involves 

determination of the quantity (e.g. mass fraction) of radicals 

existing in the in the combustion chamber [3, 15, 17, 19, 

26, 27, 29, 33, 37, 40]. In order to acquire information 

about the quantity of radicals, chemical luminescence 

methods are widely used [3, 15, 17, 19, 29, 33, 37]. 

The focus of this paper is to discuss the mass fraction of 

hydroxyl radicals as an indicator of knocking combustion in 

the dual-fuel CI engine. Current state of the research on this 

issue has been reviewed and the results of simple simula-

tions of the combustion process in dual-fuel CI engine, with 

particular emphasis on hydroxyl radicals formation, have 

been presented. 

2. Hydroxyl radicals as an indicator of knocking 

combustion 
The oxidation of hydrocarbon fuel in engine combustion 

chamber involves a variety of intermediate compounds, 

which reactions, in ideal conditions, lead to the final prod-

ucts, i.e. carbon dioxide (CO2) and water (H2O) [27]. The 

whole process is known to develop through a complex 

radical chain mechanism. The significant feature of this 

mechanism is branching of the chain, which makes com-

bustion easy to self-accelerate, especially if intensified by 

the exothermic character of reaction. The autoignition of 

organic substances is strongly related to their exothermic 

oxidation chemistry, but the specific course of reaction is 

determined by the physical properties of the environment 

within which it takes place. The majority of alkanes follow 

a mechanism of oxidation, which is presented in Figure 1. 

Complete mechanisms, which determine the existence 

of specific substances, have not been fully recognized yet, 

but the most important chemical reactions have been identi-

fied [10, 13, 29]. Initiation step of the mechanism of alkane 

oxidation, can be triggered by molecular oxygen (O2), hy-

droxyl radical (OH) or hydroperoxyl radical (HO2) accord-

ing to the following reaction [27]: 

 RH + O2/OH/HO2 → R + HO2/H2O/H2O2  (1) 

Subsequent stages of alkane combustion involve large 

number of other radicals, e.g. hydridocarbon (CH), hydri-

dooxidocarbon (HCO) and formaldehyde radical (HCHO) 

[29]. They have been identified as markers of different 

combustion phases, what makes it possible to detect engine 

knock based on intermediate radicals analysis [41]. 

As can be seen from previous studies, even though most 

of them concern SI engines, the concentration or mass frac-

tion of hydroxyl radicals is found to be good indicator of 

knocking combustion. Shoji et al. [33] analyzed chemical 

luminescence emission of hydroxyl and other radicals in-

side engine cylinder. Under knocking combustion, hydroxyl 

radicals emerged earlier compared to normal combustion, 

and their quantity increased up to the occurrence of au-

toignition. Kawahara et al. [19] found that the fluctuations 

of hydroxyl radical emission intensity is synchronized with 

the in-cylinder pressure fluctuations (Fig. 2). Zhen et al. 

[40] observed that the changes of hydroxyl radical quantity 

were virtually the same with the changes of temperature. 

They stated that hydroxyl radicals play a major role during 

the transition from low-temperature chemistry to high-

temperature autoignition. Merola and Vaglieco [26] proved 

that hydroxyl radicals were detected and correlated to the 

onset and the duration of knocking combustion. In the re-

search of Azimov et al. [3], hydroxyl radicals emission 

intensity was evaluated as strong for knocking combustion 

cycles while in conventional combustion it could barely be 

detected. A similar conclusions were reached by Hashimoto 

et al. [15] and Itoh et al. [17], who reported that under non-

knocking conditions hydroxyl radicals show relatively 

weak emission intensities, but for autoignition and knock-

ing cycles these intensities gradually increase, compared to 

conventional cycle. 

 

RH R
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X
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QO2H
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+ OH
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Fig. 1. Mechanism of alkane oxidation: RH – alkane, R – alkyl radical, OH – hydroxyl radical, HO2 – hydroperoxy radical, X – various radicals, AO, 

 BO – molecular oxygenated species [27] 
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Fig. 2. Oscillation of the hydroxyl radical emission intensity – IOH• with the 

in-cylinder pressure [19] 

3. Simulation of hydroxyl radicals formation  

during combustion in a dual-fuel engine 

3.1. Model assumptions 

As an example of the dependence of mass fraction of 

hydroxyl radical on engine operating conditions, simulation 

of the combustion process in a dual-fuel CI engine supplied 

with diesel oil and methane was performed. Numerical 

analysis was carried out using a one-dimensional model, 

developed in AVL BOOST software. The model was para-

metrized based on the specifications of Cummins B6-T590 

engine (Table 1) and validated by comparison with empiri-

cally determined data. 

 
Table 1. Specifications of Cummins B6-T590 engine [8, 9] 

Parameter Data 

Type Four-stroke, compression-ignition, 

turbocharged, water-cooled 

Cylinder layout In-line 

Number of cylinders 6 

Displacement volume 5883 cm3 

Bore 120 mm 

Stroke 102 mm 

Maximum power 103 kW @ (1,700–2,200) rpm 

Maximum torque 565 N·m @ (1,500–1,600) rpm 

 

Fuel supply system of the engine was modified to allow 

the delivery of gaseous fuel to the intake manifold, while 

pilot dose of diesel oil was injected directly into the cylin-

der. The idea behind the modifications was to make the 

engine run in dual-fuel mode, without introducing major 

changes of the construction. The general structure of the 

engine model developed in AVL BOOST is shown in Fig-

ure 3. 

The main assumption for modeling of combustion in the 

proposed model was the differentiation of the combustion 

of diesel and methane. The parameters of the working me-

dium in the cylinder, energy-related effects and mass frac-

tions of species were the superposition of two individual 

combustion processes of varying dynamics. This approach 

is often used in research works on the combustion process 

of fuels with different physicochemical properties (e.g. 

Stelmasiak and Matyjasik [35]). 

 

Fig. 3. The structure of the engine model developed in AVL BOOST: 

SB1, SB2 – system boundaries; MP1–MP8 – measuring points; TC1 – 

turbocharger; CO1 – air cooler; R – reference point for volumetric effi-

ciency; I1 – gas injector; PL1–PL3 – plenums; C1–C6 – cylinders; E1 – 

engine, 1–18 – connecting pipes 

 

The heat release rates were imposed by three-phase 

Wibe function, parametrized individually for the specific 

properties of methane and diesel oil. This function involves 

the fractions of heat for the kinetic combustion, diffusion 

combustion and afterburning stages, according to the gen-

eral formulas [39]: 

 
xb = b1∙ �1 – exp �–a∙(

α – SOC

αz

)

m1+1�� + 
 

  
� +  b2∙ �1 – exp �–a∙(

α – SOC

αz

)

m2+1�� + 
 (2) 

 
+b3∙ �1 – exp �–a∙(

α – SOC

αz

)

m3+1�� 
   

 b1 + b2 + b3 = 1  (3) 

where: α – crank angle, SOC – crank angle corresponding 

to the start of combustion, αz – crank angle corresponding 

to combustion duration, a – completeness of combustion 

(for complete combustion a = 6.908), b1 – mass fraction 

burnt coefficient for kinetic combustion, b2 – mass fraction 

burnt coefficient for diffusion combustion, b3 – mass frac-

tion burnt coefficient for afterburning, m1 – combustion rate 

for kinetic combustion, m2 – combustion rate for diffusion 

combustion, m3 – combustion rate for afterburning. 

The crank angle corresponding to combustion duration 

(αz), coefficients for mass fraction burnt (b1–b3) and com-

bustion rates (m1–m3) were assumed separately for each 

fuel. The angle of the start of combustion, the same for both 

fuels, was determined by autoignition delay angle of diesel 

oil. The angles of the end of combustion of diesel and me-

thane were different and set arbitrarily. The variables used 
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in the model allow independent simulation of the course of 

heat generation, separately for diesel oil and methane. 

3.2. Model validation 

The validation of the model was accomplished by com-

paring the simulated course of pressure of the medium 

inside the cylinder with the pressure measured empirically 

on the engine test bed. The empirical data used for model 

validation was obtained by the research team of Kruczyński 

et al. at Institute of Vehicles of Warsaw University of 

Technology. The data was published in papers [20, 21], 

where detailed conditions of the tests have been described. 

The comparison was made for the same engine working 

conditions, defined by engine speed and load, with diesel 

oil, methane and air consumption as well as the parameters 

of the working medium introduced to the model. The inde-

pendent variable parameters were described in section 3.1 

of this paper. Their values were modified in order to ensure 

that the simulated course of pressure was sufficiently close 

to the measured one. Sample results of the comparison have 

been presented in Figure 4. They refer to engine speed of 

1800 rpm, maximum load and two modes of fuel supply: 

single-fuel, with diesel oil only, and dual-fuel, with a mix-

ture of diesel oil and 30% (w/w) of methane. The crankshaft 

rotation angle of 0 deg corresponds to the Top Dead Centre. 

 

 

 

Fig. 4. Comparison of the pressure simulated and measured empirically 

(engine speed 1800 rpm, maximum load) for two cases of engine supply: 

a) with diesel oil – D, b) with a mixture of diesel oil and 30% (w/w) of 

methane – D + CH4 

 

The comparison of the course of pressure has shown 

a sufficient conformity in all analyzed points. However, for 

a more in-depth assessment of the accuracy of the estima-

tion of measured in-cylinder pressure by the model, abso-

lute and relative errors have been calculated using the fol-

lowing formulas: 

 Δp = pm − ps  (4) 

 δp = (pm − ps)/pm (5) 

where: Δp – absolute error, δp – relative error, pm – meas-

ured in-cylinder pressure, ps – simulated in-cylinder pres-

sure. 

Example error values, calculated for the pressure pre-

sented in Figs 4a and 4b, are shown in Fig. 5. Generally, for 

both engine supply modes, the absolute and relative errors 

can be rated as not large – their values do not exceed the 

range of (−0.15–0.2) MPa and (−3.0–3.0)% respectively. 

The smallest errors occur within the crankshaft angle corre-

sponding to the compression stroke, while the largest fol-

low active combustion and relate to the cylinder pressure 

drop. The analysis of absolute and relative errors confirms 

good quality of estimation of measured pressure by the 

developed model. 

 

 

 

Fig. 5. Absolute (a) and relative (b) errors of the accuracy of the estimation 

of measured in-cylinder pressure by the model for two cases of engine 

supply with diesel oil – D and with a mixture of diesel oil and 30% (w/w) 

of methane – D + CH4 

3.3. Simulation results and discussion 

AVL BOOST contains a general species transport mod-

el, which allows the implementation of a kinetic model. The 

software solves species transport equations for an arbitrary 

number of chemical species. In this simulation, default 

kinetic model was extended to enable determination of 

hydroxyl radicals mass fraction. It has been proved, that 

increased quantity of hydroxyl radical in the interval be-

tween the initial point of ignition and the end of combustion 

indicates the higher probability of knock occurrence. The 

aim of the simulation was to evaluate the dependence of 

hydroxyl radicals mass fraction on the operating conditions 

of the engine, determined by the following parameters: 

methane content in fuel, engine speed and engine load. 

The influence of methane content in fuel on mass frac-

tion of hydroxyl radicals was investigated for five cases: 

D100 – pure diesel oil, 20CH4 – diesel oil with 20% (w/w) 
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of methane, 40CH4 – diesel oil with 40% (w/w) of me-

thane, 60CH4 – diesel oil with 60% (w/w) of methane and 

80CH4 – diesel oil with 80% (w/w) of methane. Figure 6 

shows mass fraction of hydroxyl radicals obtained for en-

gine working at 1800 rpm and 80% of maximum load. 

 

 

Fig. 6. Mass fraction of hydroxyl radicals – WOH for various methane 

content in fuel supplying the engine (engine speed 1800 rpm, engine load 

80%) 

 

As shown in Fig. 6, it is clear that the increase in the 

mass fraction of hydroxyl radicals can be associated with an 

intensive combustion inside the cylinder, while the reduc-

tion is due to the ending of the combustion reaction chains. 

The mass fraction of hydroxyl radicals increases with the 

increase in methane content in engine fuel. A similar ten-

dency can be observed for knocking intensity and methane 

content. According to the results of measurements per-

formed on a test bench [21], under the same conditions of 

engine speed and load, knocking combustion occurred for 

40% (w/w) of methane in fuel. 

The effect of engine speed on the mass fraction of hy-

droxyl radicals was investigated within engine speed from 

the range of (1200–2200) rpm with 200 rpm step. Sample 

results, referring to 80% of maximum engine load and 40% 

(w/w) of methane content in fuel, are presented in Fig. 7. 

 

 

Fig. 7. Mass fraction of hydroxyl radicals – WOH for various engine speed 

(engine load 80%, methane content in fuel 40% (w/w)) 

 

The difference in simulated mass fractions of hydroxyl 

radicals for various engine speed is not as significant as in 

the case of methane content of fuel, suggesting that the 

impact of engine speed on the knock is rather small. The 

same observation was made for all other cases of methane 

contents in the fuel. It should be noted, however, that the 

intensity of knocking in CI engines normally increases with 

engine speed, while in SI engines it is the other way round 

[42]. Dual-fuel CI engines combine the properties of both 

of them, and in this complex combustion process, other 

factors affecting knocking must be taken into account [32]. 

The relation between hydroxyl radical mass fraction and 

engine load was analyzed for 20%, 40%, 60%, 80% and 

100% of maximum engine load, as shown in Fig. 8. The 

results refer to engine speed of 1800 rpm and 40% (w/w) 

methane content in the fuel. 

 

 

Fig. 8. Mass fraction of hydroxyl radicals – WOH for various engine load 

(engine speed 1800 rpm, methane content in fuel 40% (w/w)) 

 

The impact of the engine load on hydroxyl radical mass 

fraction is significant. As the load increases, the mass frac-

tion of hydroxyl radical increases. Analyzing the results 

shown in Fig. 8, it can be concluded that the knock proba-

bility decreases at the partial load. In the case of measure-

ments performed on a test bench [21], under the same con-

ditions of engine speed and methane content in fuel, knock-

ing combustion occurred at 80% load. If the relationship 

between hydroxyl radical mass fraction and engine knock is 

considered, reduction of engine load would help to avoid 

knock. 

Further examination of the effect of engine load in-

cludes variable content of methane in fuel. The results of 

the simulation, combining these two parameters, are shown 

in Fig. 9. The engine speed was set at 1800 rpm. Analysis 

of the results allows to state that engine working with (60–

70)% of maximum load probably would not experience 

knocking combustion, since hydroxyl radical mass fraction 

is very low, regardless methane content in fuel. For other 

engine speeds similar results were obtained. 

 

 

Fig. 9. The dependency of maximum hydroxyl radical mass fraction 

– WOH on engine relative load and methane content in fuel (engine speed 

1800 rpm) 
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3.4. Limitations of the study 

Although the developed model has demonstrated good 

validity and reliability, providing sufficiently accurate esti-

mations of the measured in-cylinder pressure in a certain 

dual-fuel CI engine, there are several limitations of this 

study that merit attention. 

Like most of the engine knock simulation studies [39], 

this work is based on the semi-empirical model as well as 

simplified chemical reaction kinetics model implemented 

into commercial software. The implicit assumptions under-

lying the adopted model or simplified chemical reaction 

kinetics models may neglect some crucial factors determin-

ing the results of the simulation. For example, some chemi-

cal reaction species, involved in the combustion process, 

can be omitted. Therefore it is necessary to employ the 

detailed chemical reaction kinetics mechanisms to precisely 

investigate the autoignition mechanisms and combustion 

process. 

Another aspect worth mentioning is the lack of quantita-

tive dependence, of satisfactory accuracy, between knock-

ing combustion and the mass fraction of hydroxyl radicals 

in engine cylinder. Previous studies have significantly con-

tributed to general understanding of the connection between 

these two issues and confirmed a major role of hydroxyl 

radicals during knocking combustion. However, due to 

highly reactive and consequently short-lived nature of hy-

droxyl radicals, their mass fraction or concentration can be 

measured only in the flame zone directly in the combustion 

chamber [29]. Therefore the most widely used methods 

used to acquire information about the quantity of radicals 

are luminescence methods [29]. Optical emission accompa-

nying combustion process cannot be however unequivocal-

ly identified with the quantity of radicals 

In the context of the above, present study can be regard-

ed as a preliminary work, that highlights some qualitative 

tendencies in terms of the relationship between mass frac-

tion of hydroxyl radicals and the occurrence of knocking 

combustion. 

4. Conclusions 
The present state of research on the application of gase-

ous fuels in CI engines shows that it is one of the prominent 

and effective measures to overcome the crude oil scarcity 

and reduce exhaust emissions. While some technical as-

pects of dual-fuel CI engines have already reached proper 

degree of maturity, others are still in need for further devel-

opment. Those include knocking combustion detection and 

evaluation. Based on a review of literature, concerning the 

formation of hydroxyl radicals during combustion process 

in engine cylinder, and results of numerical simulation of 

dual-fuel engine, supplied with methane and diesel oil, the 

following conclusions can be drawn: 

– Hydroxyl radicals can act as an indicator of knocking 

combustion. With an increase in the mass fraction of 

hydroxyl radicals in the time interval between autoigni-

tion of diesel oil and the end of the combustion process, 

the probability of the occurrence of knock is also in-

creasing. 

– The amount of gaseous fuel, with respect to the dose of 

diesel oil, is a crucial factor determining the intensity of 

hydroxyl radicals formation in dual-fuel engine and – in 

consequence – the intensity of knocking combustion. 

– Low to moderate load operation of dual-fuel engine 

restrains hydroxyl radicals formation and allow to re-

duce or avoid engine knock, even if gaseous fuel con-

tent is high. 

– Simulation results suggest that engine speed has a minor 

effect on the hydroxyl radical mass fraction, despite the 

generally accepted fact that the effect of engine speed 

on the knocking combustion of conventional SI and CI 

engines is significant. This may mean that the devel-

oped model requires further improvements. 

 

 

Nomenclature 

20CH4 diesel oil with 20% (w/w) of methane 

40CH4 diesel oil with 40% (w/w) of methane 

60CH4 diesel oil with 60% (w/w) of methane 

80CH4 diesel oil with 80% (w/w) of methane 

α crank angle 

αz crank angle corresponding to combustion dura-

tion 

Δp absolute error 

δp relative error 

A completeness of combustion 

AO, BO molecular oxygenated species 

b1 mass fraction burnt coefficient for kinetic com-

bustion 

b2 mass fraction burnt coefficient for diffusion 

combustion 

b3  mass fraction burnt coefficient for afterburning 

C1–C6 cylinders (AVL BOOST model) 

CH hydridocarbon 

CI compression ignition 

CO2 carbon dioxide 

CO1 air cooler (AVL BOOST model) 

D diesel oil 

D100 pure diesel oil 

D+CH4 mixture of diesel oil and methane 

E1 engine (AVL BOOST model) 

H2O water 

HCO  hydridooxidocarbon 

HCHO formaldehyde radical 

OH hydroxyl radical 

HO2 hydroperoxyl radical 

I1 gas injector (AVL BOOST model) 

IOH• hydroxyl radical emission intensity 

L engine relative load 

LPG liquified petrolum gas 

m1 combustion rate for kinetic combustion 

m2 combustion rate for diffusion combustion 

m3 combustion rate for afterburning 

MP1–MP8  measuring points (AVL BOOST model) 

NG natural gas 

NOx nitrogen oxides 

O2 oxygen 

p pressure 
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PL1–PL3  plenums (AVL BOOST model) 

pm measured in-cylinder pressure 

PM particulate matter 

ps simulated in-cylinder pressure 

R  alkyl radical 

R reference point (AVL BOOST model) 

RH alkane 

SB1, SB2  system boundaries (AVL BOOST model) 

SOC crank angle corresponding to the start of 

combustion 

SI spark ignition 

TC1 turbocharger (AVL BOOST model) 

WOH mass fraction of hydroxyl radicals 

X  various radicals 

xb heat release rate 
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Multifaceted diagnostic inference process for identifying the causes of self-ignition 

engine faults resulting from PM sediments 
 

Optimization of the fuel combustion process in a self-ignition engine with the multi-stage HPCR injection system sets the main trends 

in research on the thermodynamic stability of fuels, and the mechanisms of PM formation. The stages were indicated of the multifaceted 

diagnostic inference on the causes of failures of a turbocharger with variable geometry (VTG) which occur as a result of PM 

sedimentation in the nozzle area. An evaluation of the engine performance was conducted using a dedicated tester and an additional 

recording of the injector coil current characteristics with parallel readings of the fuel pressure variation in the reservoir. The indicated 

procedure established the underlying cause of the VTG compressor failure despite the absence of a recorded error code. 

Key words: VGT turbocharger, PM particulates, diagnostic tester, spectral analysis, error codes 

  

 

1. Introduction 
The chemical formula of motor fuels is constantly 

evolving due to the requirements for combustion processes 

improvement, engine components cleanliness, and envi-

ronmental protection, including propulsion system devel-

opment [12]. 

Optimization of the fuel combustion process in a self-

ignition engine with the multi-stage hydrocarbon fuel injec-

tion and fuels with added FAME biocomponents sets the 

main trends in fuel thermodynamic stability research, as 

well as the development of engine structures equipped with 

HPCRS. Oxidation resistance is one of the most important 

properties of fuel containing FAME components because of 

their low stability, resulting in products that jeopardize the 

sound functioning of the engine systems [13]. 

Fuels for compression-ignition engines, which meet the 

high requirements of modern diesel engine units equipped 

with HPCR high pressure fuel injection systems and cata-

lytic exhaust after-treatment systems, must have appropriate 

physicochemical and utility properties. 

The evolution of fuel quality, including biocomponents, 

requires continuing research which allows the identification 

of the quality and usability issues and indicates the possibil-

ities for solving them. One of the important quality parame-

ters closely related to the structure-group composition of 

fuels intended to power engines with self-ignition is their 

tendency for sediment formation. Some fuel properties such 

as high viscosity, low volatility, olefin content, aromatic 

compounds, and FAME biocomponents facilitate the for-

mation of carbon deposits in the injector hole area, the 

combustion chamber, the turbocharger and the DPF system. 

A gradual growth of PM layers results in the loss of proper 

fuel spraying capability, the immobilization of the VTG 

turbocharger nozzle positioner, and the flue gas duct block-

age in the DPF system [13].  

The effects of these processes result in the occurrence of 

engine failures related to the record in the error code con-

troller, the MIL indicator signaling, and switching to the 

engine's substitute operating characteristics. The complex 

nature of the error codes recording requires undertaking a 

multifaceted diagnostic inference process, as illustrated in 

the example of determining the causes of damage to a tur-

bocharger with variable geometry (VTG). The profound 

analysis of the error codes recorded in the controller's 

memory conducted with the use a dedicated tester, along 

with a comparative evaluation of the “frozen frame” record 

and the current characteristics of the injector coil supply 

system against the backdrop of the fuel pressure record in 

the reservoir, allows to determine the cause of the fault. 

2. Diagnostics of the self-ignition turbocharged 

engine (VTG) 
The EDC system developed by Bosch is designed to 

control a self-ignition engine. This system, which monitors 

the turbocharger operation and controls the timing and the 

opening phases of the injectors, has been subject to contin-

uous modifications (EDC 15, EDC 16, EDC 17) due to the 

introduction of further versions of the HPCRS. The vehi-

cle's IT bus is used to communicate the EDC with the other 

controllers installed in the vehicle, and also to cooperate 

with external diagnostic testers through the OBD connector. 

In the case of the G9U 2.2 DCI engine which is being ana-

lyzed, the vacuum control system was used for the VTG 

turbocharger, consisting of a vacuum pump, a reservoir, an 

electrovalve, and an actuator which controls the nozzle 

positioner. The vehicle test run demonstrated a significant 

decrease in power and low acceleration values on each 

gear, indicating the VTG turbocharger damage. However, 

the identification of the faults of the indicated engine sub-

assembly must be confirmed by a parametric analysis con-

ducted with the use of the Clip probe with a dedicated inter-

face for the vehicle of this make (Fig. 1) [9].  

 

 

Fig.1. CLIP probe with the interface unit 

 

The DF 301 error code referring to the “inlet air circuit” 

has been recorded in the controller memory. In the "infor-
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mation" tab, the 1.DEF explanation indicates the low mass 

air flow in the engine air intake system. The "frozen frame" 

parameter reading was performed for the analysis of the 

engine’s operating parameters at the time when the control-

ler detected the fault (Fig. 2), which occurred at full load of 

the engine. 

 

 

Fig. 2. Frozen frame recording when DF 301 error occurs 

 

The difference was observed between the desired super-

charging pressure values and the actual value generated by 

the pressure sensor in the air intake system behind the tur-

bocharger. There was a large discrepancy between these 

values, with the difference increasing as the engine load 

increased. The condition is not always signaled by the MIL 

indicator, as it responds to the specificity of the engine 

controller software (EDC) [6]. The software differences 

correspond not only to the injection or turbocharger map, 

but also to the autodiagnostic system and the threshold 

value for error generation. Therefore, in case of a difference 

in supercharging pressures - actual and expected, the MIL 

indicator will not light up in each case. It is also necessary 

to know about the possible modifications to the original 

software for engine tuning purposes or for blocking a DPF 

bit frame or EGR valve [14]. Thus, checking the actual and 

expected supercharging pressures is an effective method for 

the initial confirmation of a fault in the engine charging 

system. 

An important control parameter is also the voltage at the 

signal output of the flow meter, which allows to determine 

the possible power supply leaks when the turbocharger is 

operating properly. In the analyzed example (Fig. 3), with 

the air tight intake system, too low voltage of 3.56V oc-

curred, compared to the required voltage of approx. 5V at 

the specified rotational speed.  

The analysis conducted directly points to the possibility 

of VTG turbocharger’s nozzle seizure as a result of accu-

mulated particulate matter sediments, thus limiting their 

mobility. The tested engine did not show excessive lubricat-

ing oil consumption, which excludes the possibility of the 

sediments being formed from the residue of the excess 

lubricant burned. In this case, it is necessary to extend the 

scope of the diagnostic inference to the fuel injection regu-

larity issue in the HPCR system despite the absence of an 

error indicating a system fault. The representative parame-

ters of the system, primarily the corrective dose of the in-

jectors, have been checked to assess the correctness of their 

operation. The increase in the corrective doses affects the 

excessive formation of solid particles, which also settle 

inside the turbine and contribute to the nozzle seizure. [7]. 

The measurement (Fig. 4) showed a large difference in the 

corrective doses of the injectors, but this does not directly 

imply their emergency condition. However, this fact is not 

indifferent to the VTG compressor and is undoubtedly one 

of the reasons behind the blocking of the nozzle controlling 

mechanism. Dose differences between injectors may also 

be related to the dynamic tightness of individual engine 

cylinders. The high value of the fuel correction for the 3rd 

cylinder is noteworthy. 

 

 

Fig. 3. Low voltage level of the flowmeter measuring system 

 

 

Fig. 4 Correction doses control for CR injectors. 

 

An EDIA-5 analyzer (Fig. 5) which allows for the regis-

tration of injection control signals was used to investigate 

the causes of the fault. [11]. It is possible to view the con-

trol current characteristics for the four injectors with the 

reference of these values to the high pressure fuel sensor 

signal on the fuel rail (Fig. 6). The measurement allows the 

analysis of signal timing, amplitude and high pressure rise. 

Profound observation and interpretation of the injection 

timing characteristics and the pressure drop allows for the 

quick fault diagnosis. 

The recorded characteristics show the high pressure 

maintenance conditions for the 3rd cylinder injector over 

the extended periods of time, suggesting the possibility of 

"clogging the atomizer openings". In this case, one aspect is 

worth noting of the injector damage condition in the ab-

sence of fault indications generated by the MIL indicator 

[15]. Contaminated fuel and improper filtering quality lead 

to permanent defects of the injector’s ball control valve, 
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which cannot close the cross-channel leakage despite the 

EDC controller's failure to control the valve. The lower 

pressure in the control chamber of the injector causes an 

uncontrolled fuel injection. In this case, the controller will 

not register any fault, and the excess fuel contributes to the 

exhaustion smoke increase. Despite such a serious fault in 

the system – the MIL indicator on the instrument cluster 

[14] will not be activated. 

 

 

Fig. 5. Connection diagram of EDIA-5 analyzer [11]. 1 – injector, 2 – 

injector wires or dedicated connector, 3 – measuring probe, 4 – pressure 

sensor connection cable 5 – pressure sensor 

 

 

Fig. 6. Current characteristics of injector coils and pressure in the fuel rail. 

 

The last step is to erase the errors recorded in the con-

troller's memory. This is an action that must always be 

performed after a repair or replacement of damaged com-

ponents. Disassembly of the turbocharger confirmed the 

expected excess of the sediment in the lever and steering 

vanes area, and also the excessive deposits were found in 

the injector outlet zone (Fig. 7). After error deletion and a 

test run, the tester record showed no error codes. 

 

 

Fig. 7. Residual sediments in the area of the levers positioning the exhaust 

nozzle blades and in the zone of injector outer openings 

The above stages of the engine diagnostic process indi-

cate the need to extend the interpretation of the fault states 

resulting from the recorded error codes with the use of a 

dedicated diagnostic kit. In this case replacing or repairing 

the VTG turbocharger would lead to a short-term improve-

ment in the engine's operating condition, as the major mal-

function results from improper fuel injection by the injector 

due to the sediment deposition in the exhaust zone. It is 

therefore desirable to fully visualize the performance pa-

rameters of interdependent systems and not to focus solely 

on the identified errors codes. The diagnostician should 

have the necessary knowledge to allow for accurate as-

sessment of the engine damage, especially in the case of 

multi-mode functional analysis of engine systems. 

3. Causes of IDID formation 
The dangers arising from the formation of IDIDs in-

volve the limitation to operation of the internal injectors' 

work units or their total blockage which results in the hy-

draulic dysfunction of these important engine components. 

FAME's share in the diesel fuel also contributes to the 

formation of IDID by acid impurities, formed by the auto-

catalytic division of fatty esters with metal ions [1, 2]. De-

posits formed this way can cause the surfaces of the inter-

locking elements to stick together, and intensify the corro-

sion processes. [8]. 

Particularly susceptible to the formation of the underly-

ing sediments are PIBSI (Polyisobutylene bis Succinic 

Anhydride) with a high primary amine content in interac-

tion with carboxy dimers of fatty acids. The resulting de-

posits are not soluble in commonly used organic solvents, 

which makes it difficult to analyze and determine their 

chemical structure. 

Previous studies have also shown the potential for the 

formation of IDIDs from oxidation products of fuels. These 

products may especially occur in unstable diesel fuels con-

taining FAME or may be a result of the aging of fatty acid 

esters present in lubricants [3, 4]. Multifunctional deter-

gent-dispersant packs for diesel fuels, which contain a lot of 

additives, can interact and exhibit incompatibility manifest-

ed by turbidity and delamination. These issues require re-

search into the component compatibility and stability. 

It should be emphasized that the multifunctional deter-

gent-dispersant additive package consists of a lubricant 

component, a corrosion inhibitor, a demulsifier, an anti-

foam additive, a cetane boost additive, an oxidation inhibi-

tor, and a biocide. 

The progress in the technology of detergent dispersant 

additives and their dosing level solves many of the prob-

lems discussed [2]. 

The multifunctional detergent dispersant package for 

advanced diesel engines must fulfill many functions pro-

tecting the HPCR high pressure fuel injection systems 

against internal IDIDs, atomizer blockage, wear and seizure 

of the high pressure fuel pump and also against corrosion of 

the fuel system. In addition, it should protect diesel fuel 

from oxidation, demonstrating the ability to wet metal sur-

faces and create a protective film that prevents highly ad-

herent deposits and lacquers from settling, thereby keeping 

multi-turbo injectors clean [8]. 
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4. Spectral analysis of sediments  
Spectral analysis was performed of sediments from the 

fuel outlet openings of the HPCR injectors and from the 

turbocharger exhaust nozzle levers in order to determine the 

PM composition and their causes.  

In the microscopic analysis of the deposit collected from 

the levers (Fig. 8), the sediment grains were observed, 

which were stained with a tarry substance. The sediment 

from the injection zone of the 3rd cylinder injector was 

characterized by a finer and "dry" structure with a visible 

fraction of the mineral material. The XRF ED X-ray fluo-

rescence spectra were taken from the Oxford Instruments 

ED 2000 recorder, while the infrared IR spectra (FTIR) 

were recorded on the BIO-RAD FTS 175. 

XRF (X-ray fluorescence) method was applied in the 

qualitative analysis and the sample of the sediments was 

taken after washing the analyzed zones with hexane (Fig. 

9). On the basis of the assessment of band intensity changes 

for the identified elements, a qualitative assessment of the 

sedimentation was conducted. The presence of metals such 

as iron, zinc, chromium, nickel, and copper was found in 

the analyzed sediments. In addition, the presence of such 

elements as calcium and phosphorus and sulfur was noted. 

The presence of zinc, calcium and phosphorus results from 

the engine oil degradation, including the additive package. 

In addition, depressants also contain iron ions [8]. In the 

XRF spectrum for the sediments taken from the levers, a 

high intensity of iron bands was recorded. These impurities 

are mainly due to the corrosion processes of steel elements, 

whose structure is more susceptible to corrosive FAME. 

The relatively high intensity of the calcium and zinc bands 

was noted, indicating engine oil contamination as well as a 

significant share of the spectrum indicating nickel. 

 

 
Fig. 8. XRF spectrum for sediments from the injector openings and nozzle 

levers 

 

 

Fig. 9. Microscope image (magnification 100 ×, reflected light) of the 

sediment collected from the exhaust nozzle levers 

 

After the sediments from the outer surface of the ana-

lyzed zones were washed with chloroform, the sample was 

analyzed in the infrared spectrum. The fuel residue and the 

engine oil residue were observed, as well as degradation 

products. The IR spectrum for the substances isolated in the 

3rd opening of the injector is poorer (Fig. 10). At first a 

comparative analysis was conducted of hydrocarbon bands, 

i.e. the range of wave numbers: 2850–3000 cm
–1

, 1464  

cm
–1

, 1377 cm
–1

, 722 cm
–1

 [10]. In both cases, the back-

ground was more raised, which is related to the presence of 

soot. In addition, vibration bands typical for hydroxyl 

groups (about 3400 cm
–1

) are present, which may be de-

rived from the absorbed water, and also from the alcohol 

and carboxylic acids structures [10]. 
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Fig. 9. Infrared spectrum of the soluble sediment from the injector open-

ings (green) and nozzle levers (red) 

 

The band in the range of about 1655 cm
–1

 in the diag-

nostic area of 2000–1600 cm
–1

 is also intensive, which 

indicates the presence of oxidation processes of organic 

compounds to carbonyl and carboxylic structures. The 

effects of these compounds on nitrogen oxides are related to 

the presence of hydrated carboxylic acid salts. These sub-

stances may also be derived from the oxidation and degra-
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dation processes of the basic additives present in the engine 

oil. 

The approx. 1630 cm
–1

 band is derived from other com-

pounds containing C-O-NO2 bonds, resulting from nitro-

oxidation of engine oil components and fuel in contact with 

nitrogen oxides. The observed intense 1747 cm
–1

 band is 

related to the presence of esters, for which the representa-

tive ones are the relations of C=O (aliphatic) carbonyl 

groups with the bands in the 1750–1735 cm
–1

 range [5]. 

Conclusions  
1.  The presented stages of the diagnostic tests and infer-

ence for multi-symptom engine failure states, together 

with a wide analysis of the recorded error codes, guide 

the inference procedure towards the correct diagnostic 

decision. 

2.  An analysis of X-ray fluorescence spectrum with the 

energy dispersion in relation to determining the propor-

tion of sedimentary elements, together with the infrared 

recording of the spectroscopy spectrum showed the pro-

portion of organic compounds in solid PM. 

3.  Sediment retention leads to improper fuel spraying and 

dosing in the HPCR system, as well as blocking of the 

exhaust nozzle lever controllers, resulting in the OBD 

error code. 

4.  It is desirable to fully visualize the operating parameters 

of the interdependent systems and not to focus solely on 

the direct reading of the error codes indicated by the di-

agnostic tester. 
 

Nomenclature 

VTG variable turbine geometry 

PM  particulate matter 

HPCRS   high pressure common rail system 

FAME   fatty acid methyl esters  

 

DPF    diesel particulate filter  

EGR    exhaust gas recirculation 

IDID   internal diesel injector deposits 
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Optimizing the geometry of the connecting rod in opposite pistons engine 
 

The article presents the results of simulations research carried out, using Finite Element Method. The simulations were made in the 

Abaqus software. Studies were related to the reduction and improving of stress distribution in the connecting rod of opposite pistons 

combustion engine. The connecting rod has been developed in a 3D environment in the Catia software, then imported into the simulation 

tool, in which stress tests were performed. The connecting rod was subjected to a compression and stretching tests. Boundary conditions 

of forces used in simulation tests have been developed on the basis of the dynamic model created in the MSC Adams software. The study 

included nine iterations of geometric changes of connecting rod. Shape as well as properties such as parametric dimensions (rod length) 

were changed. The changes were dictated by the reduction of the maximum values of the stresses and the size of the fields with large 

stress values. As a result of the simulations, the improvement of the connecting rod strength was obtained by its geometrical change 

(which was obtained by reducing the stress fields). 

Key words: connecting rod, simulation, FEM, Abaqus, Catia v5 

 

 

1. Introduction 
In aircraft propulsions systems, the new trends are for 

searching the solutions to reduce operating costs and mass 

of engines, while maintaining reliability. In the case of 

ultralight aircrafts, the essential feature of the propulsion 

system is the type of fuel that engine will be supplied. Par-

ticularly important feature, is its affordability and price of 

the fuel. Currently, most of the piston engines used in avia-

tion are powered by AVGAS100LL fuel, which is expen-

sive and increasingly difficult to access. Fuels available for 

most airports are JET-A and automotive fuels, such as 

ES95 and diesel fuel [2]. 

Some of aircraft engines used in aviation can be pow-

ered by diesel fuel and JET-A fuel. The advantage of those 

fuels is also low flammability and lower price compared to 

AVGAS100LL fuel. In addition, the specific fuel consump-

tion in diesel engines is lower than in spark-ignition en-

gines, which reduces the mass of fuel required to be used 

for the same fly mission distance, allowing greater mass to 

be carried in, despite the increased mass of the propulsion 

unit. These are the main advantages for the use of this type 

of the propulsion systems. 

In addition, after analyzing the use of ultralight engines 

in aviation, in case of their cylinder system, it turned out 

that the dominant configuration of the engine, was the flat 

boxer cylinder system and the system with opposed pistons. 

The engines of this type are lighter, because the aligned 

cylinders/pistons counterbalance the inertia forces and there 

is no need to use additional balancing masses improving the 

rotation speed uniformity [8, 9]. Therefore, a system with 

opposing pistons was chosen based on the analysis for the 

engine design. 

The designed connecting rod will be used in a Diesel 

engine. This engine will be characterized by opposing pis-

tons positions. Ultimately, the propulsion unit will be used 

in the ultralight aircraft. 

Because of the engine design, where the cylinders are 

located flat with pistons placed opposite, engine has to have 

two short crankshafts orientated against each other, which 

indirectly determines the connecting rod construction [3]. 

Because the engine is designed from the beginning, it is 

necessary to use advanced simulation tools to determine the 

dimensions and geometry of the main components of the 

crank-piston system. 

2. Simulation research 
The strength tests of the connecting rod were based on 

the Abaqus software, using the Finite Element Method. 

This method consists of solving differential equations based 

on the division of the domain (so-called discretization) into 

finite elements for which the solution is approximated by 

specific functions, and performing real calculations only for 

the nodes of that division [5]. This software allows to calcu-

late the reduced strengths values for all compute nodes 

according to the mesh grid. To perform full strength calcu-

lations of a given element, it is needed to go through sever-

al steps necessary to build the correct model: 

a) import of engine parts solid models, 

b) modernization of solid models, 

c) adding material properties, 

d) arrangement of solid models, 

e) interaction and correlation between elements, 

f) adding restraints and forces acting on elements, 

g) constructing a mesh grid, 

h) computing process, 

i) visualization and analysis of results. 

At each stage, it is necessary to maintain the appropriate 

quality of research, so that reliable simulation results can be 

obtained. In order to optimize the connecting rod's shape, it 

has undergone several stages of strength calculations, any 

change in the design or geometry of the connecting rod 

resulted in the need to repeat all of the above mentioned 

steps. 

In the first stage of the work, only the initial strength 

analysis was performed to verify the accuracy of the geom-

etry and the selection of the appropriate mesh grid. The 

initial part of the article presents an introduction to simula-

tion research involving the construction of a mesh grid and 

its verification in the form of a maximum load resulting 

from the force acting on the main engine components from 
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the combustion process. After the mesh grid was verified, 

the target model was constructed, based on the preliminary 

results [1]. 

2.1 Initial model 

In the preliminary stage of the study, the model consist 

of the upper connecting rod part, cap, rod bushing, rod 

bearing inserts. All of the listed parts are shown in Fig. 1 

and were previously imported into the Abaqus software. 

 
 

 

Fig. 1. Elements and assembly of the connecting rod  

 

Due to the assembly of the connecting rod from several 

components it was necessary to give the contact properties 

on the contact surfaces between each elements. Contact 

properties were defined and assigned between such ele-

ments as: 

a) upper part of connecting rod – cap, 

b) upper part of connecting rod – rod bushing, 

c) upper part of connecting rod – upper rod bearing insert, 

d) cap - bottom rod bearing insert. 

Figure 2 shows all contacts occurring in the model with 

reference to the above list. 

 
 

 

Fig. 2. Contact surfaces between individual elements 

 

Due to the type of the connecting rod work process, it 

was decided to calculate its strength at the time of occur-

rence of the maximum force resulting from the combustion 

pressure. As conditions of restraint and conditions of forces 

acting on the connecting rod, it was decided to introduce 

the following: 

a) fixation of the inner part of rod bearing inserts, 

b) fixing the side surface of upper and lower part of the 

connecting rod, 

c) fixing of the upper side surface of the connecting rod 

upper part, 

d) fixing of the side surface of rod bushing, 

e) force acting on the inner bottom side of the rod bushing. 

All boundary conditions are presented in Fig. 3 with 

reference to the above list. 

 
 

 
Fig. 3. Boundary conditions of restraints and forces acting on the model  

 

As the material properties of the individual parts, it was 

decided to choose 40HNMA steel for the upper and lower 

connecting rods parts and Ti-3Al-8V-6Cr-4Mo-4Zr Beta C 

(TM) for all bushings [6, 4, 10]. The materials properties 

used in simulations are presented in Tables 1 and 2. 
 

Table 1. 40HNMA steel material properties used for calculations  

Material properties Value 

Poisson number 0.3 

Density 7850 kg/m3 

Young module 207 GPa 

 

Table 2. Ti-3Al-8V-6Cr-4Mo-4Zr Beta C (TM) material properties used 

for calculations 

Material properties Value 

Poisson number 0.341 

Density 8860 kg/m3 

Young module 110 GPa 

 

In order to select the appropriate mesh grid, it was de-

cided to conduct the optimization process of the grid in 

subsequent calculation steps. The initial size of the grid 

element was 4 mm and the final 1.1 mm (as shown in Fig. 

4). Table 3 shows the size of the components and their 

number for all parts of the connecting rod. 

For each of the cases, the generation of the mesh grid 

was performed and initial strength calculations were made 

to determine the accuracy of the mesh. 

 
Table 3. Size and number of elements 

Element 

size 

Elements number 

Upper 

part 
Cap 

Rod 

bushing 

Upper 

rod 

bearing 

instert 

Bottom 

rod 

bearing 

instert 

4 mm 19535 8260 415 702 702 

3 mm 27356 12221 683 1216 1216 

2 mm 47686 23602 1488 2547 2547 

1.5 mm 81415 43133 2782 5992 5992 

1.2 mm 180374 92551 4763 11042 11042 

1.1 mm 180374 92551 4763 11042 11042 
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Because some part of the connecting rod (bush and 

bearings inserts) are characterized by a small thickness, for 

the correctness of the calculation, the local density compac-

tion of the mesh grid was decided in the next step. It is 

assumed that at least 3 mesh elements must be at the thick-

ness of the thin-walled body, in order to avoid erroneous 

results, it was decided to use 5 elements. This operation 

was performed for all bushes and bearing inserts. Figure 5 

shows the mesh grid view, generated for these parts using 

the local mesh compaction process. 

 

 

Fig. 4. Mesh grid view for 4 mm and 1.1 mm size of elements 

 
 

 

Fig. 5. Mesh grid with local density on bushing and bearing insertions 

 

The rest of the elements have not been changed, and for 

the rod bushing, the new grid elements number was 10767 

and for the upper and bottom rod bearing inserts was 

17530. The prepared model has been subjected to the same 

calculation process. The main result of the presented initial 

simulation calculations is to determine the accuracy of the 

mesh grid. As it is clear from the preliminary calculations, 

the size of the element at 1.2-1.1 mm along with the local 

mesh density in the thin-walled components allows for 

reliable results. This means that the size of the grid element 

does not negatively affect the results of the simulation tests. 

The same model was used in the publication [7]. 

2.2 Main models 

This section contains the results of the connecting rod 

strength calculations together with the history of changes in 

its geometry to reduce zones, where there is a dangerous 

stress area. Calculations were made in Abaqus software, 

and geometry changes after each calculation cycle were 

performed in Catia v5 software. In total, 8 connecting rod 

models and one target model were presented. 

In order to reduce the time to optimize its geometric 

shape, it was decided to calculate the connecting rod only 

for compression. This mainly helped to change the shape of 

the constriction of the connecting rod I-beam. Boundary 

conditions and material properties are identical to those 

previously accepted for initial strength calculations. The 

same is the visualization of the computational grid selected 

for the models below. During the work on changing the 

geometry of the connecting rod, length of the rod has 

changed. In each case, the conditions of the loading force 

acting on the connecting rod were redefined and introduced 

into the calculation model. 

To clearly presents the geometry changes of the con-

necting rod, it was decided to firstly present the results of 

the strength simulation of all 8 connecting rod models. 

After each model, geometric changes were included in the 

next release and all geometry models are presented together 

with the history of changes in their geometry, as well as 

final verification calculations for the target model at the end 

of the paper. 

In order to shorten the calculation time in all models, it 

was decided to apply the restriction condition at the point of 

contact with the crankshaft and to give the compressive 

force acting along the connecting rod to the lower surface 

of the rod bushing. For a clear presentation of data, it was 

decided to set the same visualization parameters, i.e. the 

maximum stress was set at 300 MPa and the minimum at 

0 MPa. This review, make it possible to compare the simu-

lation results of the various models between each other. 

Connecting rod – model 1 

The model 1 contained a very small cross-sectional area 

of the I-beam and did not take into account the geometric 

requirements for the size of the rod bushing or rod bearing 

inserts. As we can see, the stresses in this model signifi-

cantly exceeded 300 MPa, which was due to the too small 

cross-sectional area of the I-beam. 

 

  

 

Fig. 6. Results of simulation of connecting rod model 1 

Connecting rod – model 2 

Model 2 has been significantly changed in comparison 

to model 1. The cross-sectional area of the I-beam was 

enlarged. The shape of the rod small and big end were 

completely changed. The geometrical changes were shown 

in Fig. 7. As shown in the figures, the stress level is signifi-

cantly reduced but there are still local spots in the upper and 

lower parts of the connecting rod, where the stresses exceed 

300 MPa. 
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Fig. 7. Geometric changes between model 1 (gray) and model 2 (yellow) 

 

  

 

Fig. 8. Results of simulation of connecting rod model 12 

Connecting rod – model 3 

Model 3 has been changed in comparison to model 2 by 

changing the geometry of the rod small end and changing 

the geometry of the I-beam (mass reduction). The geometry 

changes are shown in Fig. 9. As shown in the figures, due 

to the mass reduction in the I-beam, the stress value is 

higher. By contrast, increasing the dimensions of the rod 

small end resulted in a more uniform distribution of stresses 

in this part. 

 

 
Fig. 9. Geometric changes between model 2 (gray) and model 3 (yellow) 

 

  

 

Fig. 10. Results of simulation of connecting rod model 3 

Connecting rod – model 4 

Model 4 has been changed in comparison to the model 3 

by changing the geometry of I-beam and changing the outer 

curves describing the transition between I-beam and cap. 

The geometrical changes are shown in Fig. 11. As can be 

seen in the figures, changes in the shape of the outer lines 

between the I-beam and rod small end and cap, resulted in a 

change in the stress distribution. 

 

 
Fig. 11. Geometric changes between model 3 (gray) and model 4 (yellow) 

 

  

 

Fig. 12. Results of simulation of connecting rod model 4 

Connecting rod – model 5 

Model 5 has been significantly changed in comparison 

to model 4 in the geometry of I-beam, cap and small end. It 

was decided to accept a different width of the rod small end 

and different shape of the cap. The geometric changes are 

shown in Fig. 13. As can be seen in the figures presented 

below, the geometric changes introduced in model allow for 

significant reduction of stresses in the entire connecting rod 

geometry. 

 

 
Fig. 13. Geometric changes between model 4 (yellow) and model 5 (grey) 

 

  

 

Fig. 14. Results of simulation of connecting rod model 5 
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Connecting rod – model 6 

Model 6 has been changed in comparison to model 5 by 

changing the connecting rod length (from 145 to 125 mm). 

This change resulted from the changed of engine design 

assumptions. The geometry changes are shown in Fig. 15. 

As shown in the figures, the changes in the length of the 

connecting rod caused changes in the stress distribution in 

the connecting rod and the presence of high stresses on the 

outsides surfaces of the connecting rod. 

 

 

Fig. 15. Geometric changes between model 5 (gray) and model 6 (yellow) 

 

  

 

Fig. 16. Results of simulation of connecting rod model 6 

Connecting rod – model 7 

Model 7 has been slightly changed in comparison to 

model 6 by changing the geometry of the connecting rod I-

beam. The presented geometric changes are shown in Fig. 

17. As can be seen in the figures, the changes in the geome-

try of the connecting rod have reduced the field of occur-

rence of the value of the maximum stresses on the outside 

surfaces of the connecting rod. 

 

 

Fig. 17. Geometric changes between model 6 (yellow) and model 7 (gray) 

 

  

 

Fig. 18. Results of simulation of connecting rod model 7 

Connecting rod – model 8 

Model 8 has been changed in comparison to model 7 by 

changing the geometry of the I-beam and changing the 

connecting rod length (from 125 mm to 130 mm). This 

change resulted from the changed engine design assump-

tions. The geometrical changes are shown in Fig. 19. As 

shown in the figures, the changes made to the connecting 

rod have changed the distribution of the stresses that have 

accumulated in the outside surfaces of the I-beam. 

 

 

Fig. 19. Geometric changes between model 7 (yellow) and model 8 (grey) 

 

  

 

Fig. 20. Results of simulation of connecting rod model 8 

 

Below, all intermediate versions of the connecting rod 

are shown as solid models. 

 

 

 

Fig. 21. All intermediate connecting rod models 
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5. Summary 
As a result of the simulations, the geometry of the con-

necting rod has changed. Part of the change, in particular 

the change in the length of the connecting rod was dictated 

by the design process of the entire crank-piston system, on 

which the authors of the article had no influence on. Chang-

ing the length of the connecting rod between successive 

modes significantly influenced the stress distribution. As 

can be seen from the results of the simulations, the level of 

stress, was significantly reduced. This was due, to the 

change in cross section of the connecting rod I-beam, but 

also to the introduced of geometric changes (change of the 

outer lines). During the design process, the fields with the 

maximum stress values on both sides of the connecting rod 

were reduced. All of the presented results had the same 

range of stresses as presented in figures, which makes pos-

sible to compare the results presented in the article between 

each other. The publication does not show results for the 

connecting rod extension. Those studies were carried out in 

the next research step and did not show any dangerous area 

of stress. 

The results of the research show that using modern nu-

merical methods helps to shorten the design process. In 

addition, it allows to reduce the mass of the tested element 

by changing its geometry. Compared to analytical methods 

(where only the cross section of the connecting rod I-beam 

can be calculated to the compression condition), computer 

methods allow for the visualization of the stress distribution 

and the determination of dangerous locations in the geome-

try of the examined element. 
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Unconventional vegetable oils as raw materials for biodiesel production 
 

The aim of the study was to determine the possibility of using the unconventional vegetable oils for the biofuel production. The 

research material were cold-pressed oils from the seeds of milk thistle, hemp and evening primrose. After conducting the initial physico-

chemical characteristics of oil samples, including the determination of sulphur content, acid number, viscosity at 40°C, density at 15ºC, 

oxidation stability and fatty acid composition, analysed oils have been subjected to the transesterification process. The produced methyl 

esters were further characterized by the above-mentioned features. Additionally, the temperatures of cold filter plugging point, cloud 

point and flash point were determined. On the basis of the conducted analyses it was demonstrated that the obtained oils, due to the high, 

far in excess of acceptable, values of the viscosity and density, and too low oxidative stability could not be used as a pure fuel. A similar 

conclusion was formulated in case of the produced methyl esters. 

Key words: unconventional vegetable oils, quality, fatty acids composition, biofuels production 

 

 

1. Introduction 
Vegetable oils are widely used in the food, cosmetic, 

pharmaceutical, chemical industries, as good as in the fuel 

industry [1, 2]. These products can be obtained from many 

kind of plant species, however the world consumption is 

dominated by the soybean, palm, rapeseed, and sunflower 

oils [3]. It is believed that only the plant seeds, that occurs 

abundant and are characterized by the high oil content of 

appropriate quality are feasible for the biodiesel production. 

One of the most important factor determining the choice of 

an individual plant is its location, include climate and feed-

stock availability. The rapeseed and sunflower oils are 

predominantly used in Europe, while the palm oil predomi-

nates in the tropical countries. In turn, the soybean oil and 

animal fats are used in the United States [4]. 

On the other hand, as Chung cited by Torrey, the con-

ventional sources no longer meet the increasing demands of 

the domestic and industrial sectors [5]. Therefore, the need 

for searching the other raw materials is existed. The useful-

ness of vegetable oils as raw materials for the biodiesel 

production is conditioned, among others, the species and 

variety, yield of seed and fat, and energy efficiency indica-

tors [6–8]. Among the unconventional vegetable oils are 

these pressed from the seeds of milk thistle, hemp and 

evening primrose, which are widely known from their bene-

ficial health properties. 

Generally, authors of the presented work found that us-

ing the raw materials, that are commonly used for the medi-

cal, pharmaceutical and nutritional purposes, should be 

reduced in fuel industry. However, it should be remem-

bered that these plants may occur on a contaminated soil, 

where different weed infestations and numerous pests are 

observed, and therefore their usage in the mentioned sectors 

would not be possible.  

The milk thistle (Silybum marianum L.) is well known 

medical herb that is popular in the European traditional 

medicine, especially using during the treatment of different 

liver diseases. One the other hand, in Maroko that plant is 

considered as weed, that is abundantly available and is 

suitable for the control of environment pollutants [2, 9, 10]. 

The average oil content in that plant seeds ranges from 20 

to 35%, what is similar to many other vegetable oils [11]. 

The evening primrose (Oenothera biennis L.) oil (18-

25%) is one of the most important health- promoting spe-

cialty oil, and is being used in increasing amounts in the 

nutritional and pharmaceutical preparations [12]. It is clas-

sified as a "dietary supplement" under the Dietary Supple-

ment Health and Education Act of 1994. As “Chemical 

Information Review Document for Evening Primrose Oil 

(Oenothera biennis L.)” reported nowadays it is cultivated 

in over 30 countries for its oil [13].  

The hemp oil is derived from the seeds of Cannabis 

sativa (ranged from 25 to 35%) and contains significant 

amounts of the linolenic acid and linolenic acids [14, 15]. 

The cultivation of that plant is legally in Canada as a 

niche crop and is used mainly in the health food market 

[16]. As Leizer et al. found the additional presence of 

gamma-linolenic acid (GLA) in the hemp oil ultimately 

makes its nutritional value superior to the most compara-

ble seed oils [17].  

Taking into account the above the aim of the presented 

work was to determine the possibility of use the unconve-

tional oils for the biofuels production. 

2. Material and analytical methods 

2.1. Material 

The research material consisted of three samples of the 

commercial, cold-pressed oils from hemp, milk thistle and 

evening primrose seeds. 

2.2. Analytical methods 

The oil samples were characterized in terms of a viscos-

ity at 40°C (PN-EN ISO 3104), density at 15°C (PN-EN 

ISO 12185), acid value (PN-EN14104:2004P), oxidative 

stability (PN-EN ISO 6885:2016-04P) and fatty acids com-

position (PN-EN ISO 12966-4:2015-07E). 

After conducting the physico-chemical characteristics of 

the oils the double-base transestrification process was car-

ried out. In the first stage of reaction 200 g of oil was heat-

ed to 60°C and then a solution of potassium methoxide was 
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added (by using methanol in a ratio of oil = 1: 6 (v/v) and 

KOH in an amount of 1% based on the weight of oil). The 

reaction was carried out in 60°C for 40 min. In the first 

stage of process ¾ of the total amount of potassium meth-

oxide was added and in second one ¼. Then the reaction 

mixture was subjected to the separation for 24 h. After the 

complete separation, the upper ester phase was poured into 

glass flasks and the second stage of reaction was conducted 

in 60°C for 30 min. After the second step of the transestrifi-

cation the ester phase was isolated as described above. 

The methyl esters obtained from different vegetable oils 

were determined in terms of the sulphur content (as above), 

acid value (ISO 14104), viscosity at 40°C (as above), the 

density at 15°C (as above), oxidative stability (ISO 14112), 

temperature of flash point (PN-EN ISO 3679) and tempera-

ture of cold point and the cold filter plugging point (EN 

116).  

3. Results and discussion 
The obtained vegetable oils were characterized by the 

high values of the viscosity and density, however typical 

for the oils pressed from seeds of these plant species. The 

oil sample obtained from milk thistle seeds was character-

ized by the highest value of mentioned parameters (respec-

tively, 59.54 mm
2
/s and 927 kg/m

3
). In turn, lower, howev-

er similar, values were noticed for the samples of evening 

primrose and hemp oils. A similar tendency was observed 

in case of the acid value, that determines the hydrolysis 

degree (Table 1). The oil of milk thistle was the most hy-

drolysed, as indicated the increased values of acid value 

(10.07 mh KOH/g) and %FFA (5.035%). The degree of 

hydrolysis of other two samples were lower, however ap-

prox. 2-fold higher that the recommended value (< 3 mg 

KOH/g) [18]. The stated for all samples the high hydrolysis 

degree allowed to decide, which method of the transesteri-

fication (single, double) should be used. Taking into con-

sideration a weak quality of oils and an economic aspect, 

authors of the presented work decided to use the double-

base transesterification.  

The oxidative stability and fatty acids composition were 

typical for the oils pressed from seeds of these plant species 

[2, 13, 14, 19–21] (Table 1). The hemp oil, with high share 

of polyunsaturated acids (especially gamma linolenic), was 

characterized by the lowest resistance to the oxidation, 

while significantly higher the milk thistle oil, that was char-

acterized by the highest share of saturated acids (palmitic, 

stearic, arachidic and behenic acids). It should be remem-

bered that the fatty acids profile of raw materials does not 

change during the transesterification process [22], there-

fore, stated for the analysed samples low oxidative stability 

will be determined the low value of that discriminant for 

the produced methyl ester samples. 

 

 
Table 1. Characterization of the analysed oils 

Discriminates  

 

Oil samples 

milk thistle evening primrose hemp 

Viscosity at 40 °C (mm2/s) 59.54 30.21 27.67 

Density at 15 °C (kg/m3) 927 924 925 

Acid value (mg KOH/g) 10.07 6.67 6.32 

% FFA  5.035 3.335 3.160 

Oxidative stability (h) 4.62 1.38 1.22 

Fatty acids composition (%): 
 

miristic  – 0.74 

palmitic 10.28 7.97 8.78 

palmitoleic - 0.03 0.11 

stearic  6.30 2.08 3.67 

oleic 23.09 6.75 15.49 

linoleic 50.72 76.08 52.90 

linolenic 0.44 7.09 
16.36 (include, 0.46 alfa-linoleic, and 

15.90 gamma-linoleic) 

stearidonic – – 0.34 

arachidic 4.72 – 0.71 

eicosenoic 1.06 – 0.40 

behenic 3.09 – 0.28 

erucic 0.19 – 0.22 

 

The transestrification process of the analysed oils signif-

icantly contributed to the reduction of the viscosity (approx. 

6.5-fold) and density values (Table 2), whereby two of 

samples (evening primrose and hemp oils) met the require-

ments of the UE standard EN 14214. On the other hand, the 

values of these parameters for the milk thistle oil signifi-

cantly exceeded the required values. That sample was also 

characterized by the highest, and therefore unacceptable, 

values of the temperature of cloud point and temperature of 

cold filter plugging point, which could contribute to the 

hindered engine work in lower temperatures. What is more, 

all of the analysed ester samples were characterized by too 

low oxidative stability and too high values of acid value. 

The only features that fulfilled the standard requirements 

were the temperature of flash point (> 101°C) and sulphur 

content (< 10 ppm).  

Sanford et al., analysing different unconventional 

sources for the biodiesel production, among others, oils 

from hemp and evening primrose seeds found similar re-

sults as these in presented work [23]. Additionally, the main 

features determined for the milk thistle biodiesel were al-

most on the same level, compared to these obtained by 

Ullah et al [24]. Moreover, Li et al., analysing the feasibil-

ity of converting Cannabis sativa L. oil into the biodiesel, 
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also found that methyl esters of that sample were character-

ized by the suitable values of the viscosity, density, sulphur 

content and flash point [25]. However, as it was also stated, 

values of the cloud point and temperature of cold filter 

plugging were too high. What is more, in Alcheikh work, it 

is presented, that the biodiesel produced from hemp oil was 

also characterized by the poor oxidative stability [26].  

 
Table 2. Characteristics of the prepared methyl esters 

Discriminants 

 

Methyl esters obtained from 

different oils 

milk 

thistle 

evening 

primrose 
hemp 

Viscosity at 40°C [mm2/s] 8.87 4.67 3.92 

Density at 15°C [kg/m3] 898 888 884 

Flash point [°C] > 160 > 160 > 160 

Cloud point [°C] –5 –4 –6 

Cold filter plugging point [°C] –6 –5 –7 

Acid value [mg KOH/g] 0.32 0.66 1.11 

Sulphur content [ppm] 1.96 2.23 2.54 

Oxidative stability [h] 4.78 1.44 1.32 

 

Rizwanul Fattah et al. found, that mentioned features do 

not disqualify analysed oils as a raw material for the fuel 

purposes, because these discriminants may be easily im-

proved with the chemical additives, such as antioxidants, 

that are commonly used to inhibit the oxidative degradation 

of biodiesel [27]. 

What is more, as Nwadike et al. found increased viscos-

ity of biodiesel (in case of milk thistle biofuel) may be 

decrease by either blending with a conventional diesel oil or 

other biodiesel characterized by the lower share of saturated 

methyl esters [28]. 

Conclusions 

Commonly used for the medical, pharmaceutical and 

nutritional purposes the hemp, milk thistle and evening 

primrose oils should not be generally used in the fuel indus-

try, due to their beneficial health properties. One the other 

hand, in case of the possible deficiency of widely used oleic 

raw materials, such as rapeseed, sunflower and soybean, 

seeds of that plant species could be used to the methyl es-

ters production. However, it should be remembered that an 

addition of different compounds, such as antioxidants, 

would be needed, due to the low oxidative stability of these 

oils, and therefore the produced methyl esters. What is 

more, in case of the milk thistle oil it would be necessary to 

prepare a blend with lees viscous diesel oil, because as a 

pure fuel characterized by too high viscosity it would not be 

suitable for the Diesel engines. 
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