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a theoretical thermodynamic analysis

This work presents a thermodynamic analysis of a six-stroke cycle implemented in Spark-Ignition (SI) engines.
The cycle configuration comprises two distinct combustion phases: (1) initial combustion of a methane-hydrogen
mixture under fuel-lean conditions (A > 1), yielding exhaust gases containing residual oxygen, followed by (2)
secondary hydrogen injection during the expansion phase to facilitate complete utilization of the remaining
oxidizer. The investigation evaluates the system's thermodynamic performance through parametric variation of
both the fuel composition (methane/hydrogen, CH4/H, ratio) and the equivalence ratio during primary combus-
tion. The results obtained indicate that the changes in the peak temperature of the second part of the cycle are
small, up to 60 K relative to the mean value. The fuel mixture with 2 = 3.0 showed the highest cycle efficiency at
50.73%, indicating the best performance among all cases. According to the data, better performance can be
achieved by optimizing cycle parameters such as regeneration, intercooling, pressure ratios, and component
efficiencies in addition to raising the maximum temperature. In conclusion, better outcomes are not always
guaranteed by higher temperatures. Increasing thermal input alone is not as important as designing and
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1. Introduction

As the global demand for cleaner energy builds momen-
tum, internal combustion engines (ICEs) remain a leading
point of energy conversion in transportation and distributed
power generation. However, their continued use falls under
increasing concern due to greenhouse gas (GHG) emissions
in the form of carbon dioxide (CO,) and nitrogen oxides
(NO,), which are accountable for climate change and air
pollution.

As a countermeasure, the combination of renewable en-
ergies with hydrogen-powered engines could be a promis-
ing path to a sustainable energy future, replacing the use of
conventional non-renewable energy. While the combustion
of hydrogen is carbon-free and increases thermal efficiency
[12], it occurs at very high temperatures, which can result
in high thermal NO, formation.

However, under certain conditions, a reduction in power
output can occur, and one reason for this is the need to burn
hydrogen at a high excess air ratio due to the propensity of
this fuel to experience excessively high cylinder pressure
and knocking combustion. The higher the excess air ratio,
the lower the calorific value of the fuel-air mixture feeding
the combustion engine [5]. In addition, the higher combus-
tion temperature of hydrogen can result in higher heat loss-
es from the internal combustion engine, further reducing its
efficiency, and also increasing NO, emissions [4].

At the same time, it is worth noting that enriching natu-
ral gas or biogas with hydrogen brings tangible benefits to
the performance of internal combustion engines. Previous
studies have shown that hydrogen enrichment contributes to
alleviating combustion instability issues in engines fuelled
with gaseous blends, leading to a significant reduction in
emissions [8]. Hydrogen, according to the literature, has the

ability to improve the coefficient of variation (COV) of
indicated mean effective pressure (IMEP) and other proper-
ties when mixed with other fuels, such as natural gas, the
latter being highly encouraged by several countries for use
in internal combustion engines with a view to reducing
global warming and pollutant emissions [2].

Within this framework, one alternative to sensibly im-
prove the performance of engines burning Hy-rich fuels or
pure H, is to modify the thermodynamic cycle of the en-
gine. Therefore, this paper presents a concept for imple-
menting a six-stroke thermodynamic cycle for hydrogen
combustion in an Sl engine. The cycle parameters were
calculated when using a hydrogen-methane mixture as fuel.

2. Properties of selected gaseous fuels

2.1. Main properties of Hy, biomethane and biogas
Governments around the world are paying closer atten-
tion to hydrogen, methane, and biogas as cleaner fuels for
internal combustion engines, particularly in the context of
the movement towards sustainable energy. One notable
feature of hydrogen is that it burns cleanly, releasing no
CO, when it is used. Produced from various energy sources,
it is considered a form of energy carrier. With unique prop-
erties, it is seen as promising for use in engines, such as its
low density, wide flammability limits, and low minimum
ignition energy. Also, certain mixtures can improve com-
bustion stability. Special attention should be paid to its
laminar burn rate, which under certain conditions can be up
to six times higher than that of gasoline or methane [6, 13].
Biomethane, an upgraded form of biogas that increases
its energy content, is a fuel that can be directly used in
natural gas vehicles. Moreover, it can be injected into exist-
ing natural gas infrastructure and be used in transportation
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in different regions [7], making it a convenient and cleaner-
burning alternative to non-renewable fuels in Sl engines.
On the other hand, biogas is made through the anaerobic
digestion of organic matter, a process that happens without
oxygen. Before being used in engines, it must be upgraded
to remove carbon dioxide and other impurities, the above-
mentioned biomethane. It is an added benefit of being re-
newable, turning organic waste into a valuable source of
clean energy. It stands out as a promising fuel in diesel
engines, in addition to its potential for reducing emissions,
although with lower performance values [1, 11].

Some of the main properties of H, and CH, include the
Lower Heating Value (LHV) which range from ~120
MJ/kg; ~10.8 MJ/Nm?; ~50 MJ/kg; ~35.8 MJ/Nm?* and the
density at NTP (0°C, 1 atm), equals to 0.0899 kg/m* and
0.656 kg/m?, respectively [14]. Furthermore, another desir-
able property is the very fast flame propagation from H,,
which reduces combustion duration, leading to high iso-
choric efficiency [10]. As for biogas, with its wide range of
energy applications, trace compounds can impact its use,
with special attention to concentrations of volatile organic
compounds (VOCs), for example [9].

Finally, in spark ignition (SI) Engines and other types of
engines, it is important, among other things, to control the
rapid increase in pressure within the engine, which can lead
to knock. Knock is undesirable and a major challenge in the
field [13], especially with fuel blends containing H..

2.2. Characteristics of the fuel-air mixture

The stoichiometric air—fuel ratio for hydrogen is 34.3
(kg/kg) compared to 14.3 for diesel and 17.2 for methane
fuels. The engine's power output for a given fuel depends
on the calorific value of the fuel-air mixture and the en-
gine's thermodynamic efficiency. According to Fig. 1, the
relative difference (Aeqy in %) of the calorific value of the
hydrogen-air mixture in relation to selected fuels like bio-
gas (with 60% of CH,4 by vol.), methane, petrol and diesel
oil in a range of air excess ratios. The relative difference in
calorific value of the hydrogen-air mixture (eqy+2) compared
to other fuel-air mixtures (eq.s) is defined in Equation 1.

- M) 100% )

€d,vH,

Aed,v = (1
where: eq v, JINm® — calorific value of selected fuel-air
MIXture, €qyHz, JINm?® — calorific value of the hydrogen-air
mixture.
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Fig. 1. Relative difference in calorific value of the fuel-air mixture of four
selected fuels compared to hydrogen

The Aey, results are expressed in % of the calorific val-
ue of the hydrogen-air mixture under normal conditions.
From the data presented in Fig. 1, it is evident that hydro-
gen has the same energy potential in the combustible mix-
ture (Aed,v = 0%) for different values of the excess air
ratio. These are 1.3 for methane, 2 for diesel and 2.2 for
gasoline, respectively. For a mixture of biogas and air, the
calorific value is lower than that of pure hydrogen, even for
a stoichiometric mixture.

3. Implementation of the six-stroke cycle in the SI
engine

3.1. Introduction

The first conception of a six-stroke internal combustion
engine was reported by Samuel Griffin in 1883, and many
authors have since described and worked on six-stroke
engines.

The basic idea from the literature is that waste heat is
recovered, allowing a proportion of it to perform extra
work. In a traditional six-stroke approach, the exhaust gases
from the fourth stroke are not entirely exhausted into the
environment (or are only partially exhausted) before com-
pression occurs, followed by water injection to evaporate,
which removes heat from the exhaust gas and the walls of
the combustion chamber. Therefore, additional work is
performed in the fifth stroke, and the charge is discharged
to the environment in the sixth stroke [3].

3.2. Hydrogen-rich fuel utilization in a six-stroke cycle

One of the ways to sensibly improve the efficiency of
engines burning Hy-rich fuels or pure H, is to modify the
thermodynamic cycle of the engine. The research proposed
in this paper focuses on replacing the classic four-stroke
cycle (4SCE) with a new six-stroke cycle (6SCE), as illus-
trated in Fig. 2.

The implementation of the six-stroke cycle in the Sl en-
gine is proposed as follows:

a) 1% stage of the cycle — in the first part of the cycle,
the engine is fuelled with a lean air-fuel mixture. Various
gaseous fuels, including those with hydrogen in their com-
position or pure hydrogen, are preferred. If pure hydrogen
is used, a very lean mixture is required (an excess air ratio
of at least three is assumed in this case). The fuel supply to
the engine can be provided by a gas/air mixer or by using
a gas injector in the engine intake manifold. The first part
of the so-called ECO-CYCLE is realized analogously to the
classic 4-stroke Sl engine. After the engine is filled with
a mixture of fuel and air, it is compressed and then ignited
before the piston reaches top dead center (TDC). Subse-
quently, after the piston has passed through TDC, work is
carried out in the engine cylinder, and torque is generated at
the crankshaft.

b) 2" stage of the cycle — after the work of the first part
of the cycle has been carried out, the intake and exhaust
valves remain closed and the exhaust gases containing
oxygen are not released into the environment. At the end of
the combustion process (e.g., in the expansion stage) or at
the beginning of the next compression stage of the resulting
exhaust gas, water injection is proposed to decrease the
cylinder temperature. A partial reduction in temperature
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should be achieved by injecting another dose of fuel. Dur-
ing this part of the cycle, direct injection of hydrogen into
the engine cylinder is proposed, in such a quantity as to
ensure a stoichiometric mixture with the oxygen remaining
from the previous cycle in the exhaust. The resulting mix-
ture undergoes compression, and another ignition is initiat-
ed before the piston reaches the TDC. Subsequently, anoth-
er expansion occurs, and work is done in the engine cylin-
der, resulting in torque generation at the crankshatft.

1t stage 2 stage
Lean combustion A>>1 Stoichiometric
T combustion A=1

2nd gpark

15t spark

In-cylinder pressure p, Pa

Second fuel dose
Firstfuel dose ./ |- direct injection

< - port injection
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Fig. 2. The concept of six-stroke cycle implementation in a hydrogen rich
fuel Sl engine

To calculate the thermodynamic parameters of the 6-
stroke cycle, it was necessary to determine the values of the
input data. To determine the combustion stability of natural
gas-hydrogen mixtures, experimental tests were carried out
on a four-stroke spark-ignition engine with a compression
ratio of 12.5. The content of hydrogen co-fired with me-
thane was changed during the tests. The fuel mixture for
which the engine operated stably, even with an excess air
ratio above 2.5, was a mixture with 60% hydrogen by vol-
ume. For this work, simulation studies of the 6-stroke cycle
were conducted for a fuel mixture of 60% H, and 40% CH,.
Additionally, it was assumed that the range of variation for
the excess air ratio would be between 1.3 and 3.

3.3. Calculation of thermodynamic parameters

of a six-stroke cycle

The following assumptions and simplifications were
made to determine the thermodynamic parameters of the
six-stroke cycle:

a) the compression and expansion of the load (i.e. the
fuel/oxidant mixture and the exhaust gas) are isentropic

b) the combustion process is simulated by isochoric
heat input (in the first as well as in the second stage of the
cycle), without heat losses to the environment.

The shape of the 6-stroke cycle on the pV diagram,
along with its characteristic points, is shown in Fig. 3.

In the first stage of the cycle the fuel is a mixture of hy-
drogen and methane. Considering the mole fraction of each
component, they will be defined in the following equations

as H, and CHy,, respectively. Based on stoichiometry and
considering the variable value of the excess air coefficient
(), the actual amount of air needed to burn the fuel is pre-
sented in Equation 2:

(2CH,+3H,)

kmol¢ (2)

!
n =
a1 kmoly

Zoz,a

where: H,, CH,, — molar content of H, and CHj, in the fuel,
Zo,, — molar content of O, in the air.
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Fig. 3. The characteristic points of six-stroke cycle in p, V diagram

Using the initial cycle thermodynamic parameters, the
molar quantity of working medium in the point “1” can be
calculated from the Equation of state as bellow:

p1Vi
MR)T,’

kmol,
Nymix = o 3)

cycle

where: p;, V1, T1 — in cylinder parameters when the piston

is in the BDC (suction stroke of 1% cycle stage).
Considering Equations (2) and (3), and the substance

balance equation, the air and fuel mass for one engine cycle

can be expressed by the following Equations:

’ Ma( Mu,0 kga
my; = mgn,; —(1+ X 4
al f1'la1 Mg M, za ) cycle ( )
3
_ py V(@) m kgr 5
My = X(ZCH4+1H2)(1+)&Za) 7 cycle ( )
1+ZZO—J(MR)T1
2,a

where: M,, M, M0, kg/kmol — molar weight of air, fuel
and H,0, X,,, kmoly,o/kmol, — air moisture content.

The pressure during the compression and expansion
stroke is calculated based on the isentropic transformation
and expressed as a function of engine crank angle. These
calculations finally yield the results of pressure at the 2™
and 4" points of the cycle. Cylinder volume changes for
variable crankshaft angle were calculated based on the
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geometry of the engine piston-crank system. In Table 1, the
engine geometry adopted in the calculations is shown.

Table 1. Engine geometry

Bore, D, mm 86.0
Stroke, S, mm 69.0
Connecting rod, L, mm 117.0
Swept volume, V,, m* 0.000401
Number of cylinders 1.0
Compression ratio, & 125

Once the pressure p, is calculated, the temperature T, is
determined using the thermal equation of state. The energy
balance is then used to calculate the temperature value Tj
using the following Equation:

mgq LHVfl

Mymix Cv(T2-3)

T; = +T, (6)
where: LHVy, ki/kg — lower heating value of the fuel,
Cu(T23), kilkgK — specific heat of the working medium
during the heat supply process under constant volume,
Mymix, Kg/cycle — mass of the working medium, the sum of
fuel mg and air my;.

Then, the pressure in the circuit after the heat input is
calculated by Equation 7:

_ mlmix(MR)TS
p3 = T oMav, (7)

where: V, = V3 m® — the min cycle volume (clearance
volume), Ms, kg/kmol — molar mass of the working medi-
um for its current molar composition.

The pressure p, and temperature T, are then calculated.
In the current analysis, water injection was not implement-
ed; hence, the temperature T, is derived from the pressure
at the end of the expansion and the amount of heat taken
away by the hydrogen introduced at this point as fuel for
the second part of the cycle.

The parameters for the second stage of the cycle are cal-
culated analogously, but the oxidant is the residual oxygen
from the exhaust of the first stage.

4. Results

Using the calculation methodology given in section 3,
a six-stroke cycle was simulated, assuming variable com-
bustion conditions in the first part of the cycle. The variable
parameter was the excess air ratio in the 1-st cycle stage.
The values were changed from 1.3 to 3 with a value step of
0.2. In Figure 4, the post-combustion temperature values
are shown in the first and second stages of the 6-stroke
cycle. The results are shown as a function of the excess air
factor used in the first stage of the cycle. Combustion in the
second cycle stage was stoichiometric. The results obtained
indicate that the changes in the peak temperature of the
second part of the cycle are small, up to 60 K relative to the
mean value.
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Fig. 4. Temperature after combustion of 1% and the 2™ stage the 6-stroke
cycle as function of the excess air ratio in the 1% cycle stage
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Fig. 5. Specific work of 1%, 2" stage the 6-stroke cycle and whole cycle
(6SCE) as function of the excess air ratio in the 1% cycle stage
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In Figure 5, the specific work of the 1%, 2" stage of the
6-stroke cycle and the whole cycle (6SCE) is shown as
a function of the excess air ratio in the 1% cycle stage. The
specific work was calculated as the ratio of the work per-
formed by the working medium in the 1% and 2™ cycle
stages to the engine's swept volume. As the excess air ratio
increased, the specific work of the 1% stage decreased,
while the specific work of the 2™ stage increased. The total
specific work of the 6SCE increased slightly and then re-
mained constant, indicating improved overall efficiency due
to increased excess air.

Figures 6 to 8 express the comparison of the chosen pa-
rameters among the 4-stroke pure CH,, 4-stroke pure H,
combustion and the 6-stroke cycle with 60 H, and 40 CH,; %
by vol. in the first stage and pure H, stoichiometrically
combusted in the second stage. From Fig. 6, the mix with
A = 3.0 showed the highest cycle efficiency at 50.73%,
indicating the best performance among all cases. The pure
H, result could be used as a baseline or a less effective
configuration that might not have all the improvements.
Depending on the application, the 3.33 percentage point
difference in efficiency between the lowest (case H,) and
the highest (mix with A = 3.0) can be substantial. The mix
with A = 3.0 also produced the highest specific cycle work

at 20.25 bar in Fig. 7, demonstrating the most efficient
work output per cycle swept volume. The specific cycle
work expresses the equivalent of the indicated mean effec-
tive pressure of a real engine. A higher value for this pa-
rameter also means a higher output power of the engine.

The combustion of the fuels analyzed in the 6-stroke cy-
cle allows a higher power output to be achieved relative to
the 4-stroke cycle without the need for supercharging or
turbocharging. In addition to the previous figures on cycle
efficiency and specific cycle work, Fig. 8 shows the maxi-
mum cycle temperatures for the five distinct cases (1-5).
Despite having the highest temperature in the 4-stroke cycle,
pure H, also had the lowest specific cycle work (14.79 bar)
and efficiency (47.4%). On the other hand, mix with A = 3.0
combusted in 6-stroke cycle at a moderate maximum temper-
ature (3072 K) and had the highest efficiency (50.73%) and
specific work (20.25 bar). According to the results of simula-
tion calculations, better performance can be achieved by
using a 6-stroke thermodynamic cycle. However, better out-
comes are not always guaranteed by higher temperatures, due
to thermodynamic and operational implications, thermal
stress, etc. Increasing thermal input alone is not as important
as designing and optimizing cycles efficiently.

Finally, to improve thermal efficiency in engines, in ad-
dition to the thermodynamic control and optimization of the
process performed in this study, other approaches and solu-
tions need to be developed.

Therefore, according to researchers, one such approach
could be the use of multilayer coatings in the engine cham-
ber. This technology could achieve greater thermal effi-
ciency in internal combustion engines, and the literature
points to the potential of this solution and the need for fur-
ther research and analysis [15].

5. Conclusion

The mix with A = 3.0 (in the first stage of the six-stroke
cycle) exhibited the best overall performance, reaching the
highest specific work (20.25 bar) and cycle efficiency
(50.73%) at a moderate maximum temperature (3072 K).
On the other hand, H, performed the worst, despite having
the highest temperature (3526 K). This is less than 500,000
lower than the stoichiometric combustion of pure hydrogen
in a 4-stroke cycle. As the combustion in the second part of
the 6-stroke cycle is stoichiometric, the use of such a solu-
tion in an actual internal combustion engine enables the use
of a three-way catalyst converter in the exhaust system.
This will allow the operation of the hydrogen-burning en-
gine with high IMEP and efficiency, as well as reduced
emissions of NO,, CO, and HC.
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Nomenclature

BDC  bottom dead centre
BMEP brake mean effective pressure

methane
coefficient of variation

CH,
cov
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H, hydrogen Sl spark ignition engine

IMEP indicated mean effective pressure T temperature

l, specific cycle work TDC  top dead center

LHV  lower heating value v volume . .

P pressure A excess air ratio
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